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Preface 

The last two years have witnessed a continuation in the breakthrough shift toward pulse tube 
cryocoolers for long-life, high-reliability cryocooler applications. New this year are papers de
scribing the development of very large pulse tube cryocoolers to provide up to 1500 watts of 
cooling for industrial applications such as cooling the superconducting magnets of Mag-lev trains, 
coolmg superconducting cables for the power mdustry, and liquefymg natural gas. Pulse tube 
coolers can be driven by several competing compressor technologies. One class of pulse tube 
coolers is referred to as "Stirling type" because they are based on the linear Oxford Stirling-cooler 
type compressor; these generally provide coolmg m the 30 to 100 K temperature range and 
operate t̂ frequencies from 30 to 60 Hz. A second type of pulse tube cooler is the so-called 
"Gifford-McMahon type." Pulse tube coolers of this type use a G-M type compressor and lower 
frequency operation (~1 Hz) to achieve temperatures in the 2 to 10 K temperature range. The third 
type of pulse tube cooler is driven by a thermoacoustic oscillator, a heat engine that functions well 
in remote environments where electricity is not readily available. All three types are described, 
and in total, nearly half of this proceedings covers new developments in the pulse tube arena. 

Complementing the work on low-temperature pulse tube and Gifford-McMahon cryocoolers 
is substantial continued progress on rare earth regenerator materials. These technologies con
tinue to make great progress in opening up the 2 -10 K market. Also in the commercial sector, 
continued interest is being shown in the development of long-life, low-cost cryocoolers for the 
emerging high temperature superconductor electronics market, particularly the cellular telephone 
base-station market. At higher temperature levels, closed-cycle J-T or throttle-cycle refrigerators 
take advantage of mixed refrigerant gases to achieve low-cost cryocooler systems in the 65 to 80 K 
temperature range. Tactical Stirling cryocoolers, the mainstay of the defense uidustry, continue to 
fmd application in cost-constrained commercial applications and space missions; the significant 
development here is the cost-effective incorporation of Oxford-like flexure spring piston supports 
so as to achieve an extended-life, low-cost product. 

The objective of Cryocoolers 13 is to archive these latest developments and performance 
measurements by drawing upon the work of the leaduig international experts in the field of 
cryocoolers. In particular, this book is based on their contributions at the 13th International 
Cryocooler Conference that was held in New Orleans, Louisiana, on March 29 - April 1, 2004. 
The program of this conference consisted of 123 papers; of these, 88 are published here. Although 
this is the thirteenth meeting of the conference, which has met every two years since 1980, the 
authors' works have only been made available to the public ui hardcover book form suice 1994. 
This book is thus the sixth volume in this new series of hardcover texts on cryocoolers. 

Because this book is designed to be an archival reference for users of cryocoolers as much as 
for developers of cryocoolers, extra effort has been made to provide a thorough Subject Index that 
covers the referenced cryocoolers by type and manufacturer's name, as well as by the scientific or 
engineering subject matter. Extensive referencing of test and measurement data, and application 
and integration experience, is included under specific index entries. Contributing organizations 
are also listed in the Subject Index to assist in finding the work of a known institution, laboratory, 
or manufacturer. To aide those attempting to locate a particular contributor's work, a separate 
Author Index is provided, listing all authors and coauthors. 



Vi P R E F A C E 

Prior to 1994, proceedings of the International Cryocooler Conference were published as 
informal reports by the particular government organization sponsoring the conference — typically 
a different organization for each conference. A listing of previous conference proceedings is 
presented ia the Proceedings Index, at the rear of this book. Most of the previous proceedings 
were printed in limited quantity and are out of print at this time. 

The content of Cryocoolers 13 is organized into 15 chapters, starting with papers describing 
the development of a new class of space cryocoolers to provide cooling in the 4-18 K temperature 
range. The next several chapters address cryocooler technologies organized by type of cooler, 
starting with regenerative coolers; these include Stirling cryocoolers, pulse tube cryocoolers, Gifford-
McMahon cryocoolers, thermoacoustic refrigerators, and associated regenerator research. 

Next, recuperative cryocoolers including Joule-Thomson, and sorption cryocoolers are cov
ered. The technology-specific chapters end with a chapter on unique sub-Kelvin, magnetic, and 
optical refrigerators. The last three chapters of the book deal with cryocooler integration tech
nologies and experience to date in a number of representative space and conmiercial applications. 
The articles in these last three chapters contain a wealth of information for the potential user of 
cryocoolers, as well as for the developer. 

It is hoped that this book will serve as a valuable source of reference to all those faced with 
the challenges of taking advantage of the enabling physics of cryogenics temperatures. The 
expanding availability of low-cost, reliable cryocoolers is making major advances in a number of 
fields. 

Ronald G. Ross, Jr. 

Jet Propulsion Laboratory 
California Institute of Technology 
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Ball Aerospace 4-10 K Space Cryocoolers 

D.S. Glaister', W. Gully', R.G. Ross, Jr^ R. Stack', E. Marquardt' 

'Ball Aerospace and Technologies Corporation 
Boulder, CO 80306 
•̂ Jet Propulsion Laboratory 
California Institute of Technology 
Pasadena, CA 91109 

ABSTRACT 

This paper describes the design, development, testing and performance at Ball Aerospace of 
long life, 4-10 K temperature space cryocoolers. For temperatures down to 10 K, Ball has 
developed long life Stirling cycle cryocoolers. For temperatures to 4 K and below, Ball has 
developed a hybrid Stirling/J-T (Joule-Thomson) cooler. The hybrid cooler has been verified in 
test to 3.5 K on a Ball program and a 6 K Development Model is in development on the 
NASA/JPL ACTDP (Advanced Cryocooler Technology Development Program). The Ball 
ACTDP cooler Development Model will be tested in 2005. The ACTDP cooler provides 
simultaneous cooling at 6 K (typically, for either doped Si detectors or as a precooler for sub-
Kelvin refrigerators) and 18 K (typically, for optics or shielding), with cooling stages also 
available at 40 and 180 K (typically, for thermal shields or other components). The ACTDP 
cooler is under development for the NASA James Webb Space Telescope (JWST), Terrestrial 
Planet Finder (TPF), and Constellation X-Ray (Con-X) missions. The 4-10 K coolers are highly 
leveraged off previous Ball space coolers including multiple life test and flight units. 

INTRODUCTION 

Ball Aerospace has specialized in space cryogenics, and specifically low temperature 
applications (<60 K) for over 40 years. This includes over 150 space flights of cryogenic 
hardware to date, 18 years of mechanical refrigerator or cryocooler development, and over 11 
years of development of multistage Stirling coolers. 

Consistent with the application trend to replace cryostat or dewar cooling systems with 
cryocoolers. Ball has concentrated their technology developments in the cryocooler area over the 
last decade. This has resulted in multiple cryocooler product lines. Each product is optimum for 
different application envelopes, and each is based on proven long-life designs. Our Stirling 
cryocoolers are very compact and power efficient. Our Joule-Thomson coolers have inherent 
load leveling capability and are optimum for providing stable temperatures over distributed 
cooling interfaces. Our hybrid cryocoolers combine the advantages of both Stirlings and J-Ts and 
are optimum for low temperature (<10 K) applications. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. 2-Stage SB235 is designed for simultaneous cooling of detectors at 35 K and 
optics at llOK 

\ . -

& 

Figure 2. 2-Stage SB235E is a higher capacity model derivative of the SB235 and is designed for 
simultaneous cooling of detectors at 35 K and optics at 110 K. 

STIRLING CRYOCOOLERS 

Coolers for Moderate to Higher Cryogenic Temperatures 

Ball Aerospace has been building long life, multi-stage Stirling coolers since 1989. These 
include flight qualified 1, 2, and 3-stage coolers. 

At temperatures above about 60 K, our 1-stage SB 160 cooler is preferred. Two SB 160 units 
(flight and engineering model/flight spare) were delivered (in 1999 and 2000) for the HIRDLS 
(High Resolution Dynamic Limb Sounder) instrument on the NASA (National Aeronautics and 
Space Administration) Aura EOS (Earth Observation System) platform scheduled for launch in 
June 2004.' To date, several thousand hours have been accumulated on the HIRDLS engineering 
model and over 27,000 hours on the SA160 development unit predecessor. 

Below 60 K and/or for simultaneous cooling of two different temperatures, our next 
generation 2-Stage coolers are more optimum and include the SB235 model and the SB235E 
derivative, shown in Figures 1 and 2, respectively. These are build-to-print, qualified coolers that 
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Figure 3. 3-Stage SB315 is a high capacity cooler optimized for cooling below 15 K. 

are designed for simultaneous cooling of detectors at 35 K and optics at about 110 K and were 
the baseline for the TRW/Raytheon Space Based Infra-Red System-Low (SBIRS-low) Program 
Definition and Requirements Review (PDRR) program. The SB235 has a nominal performance 
of 1.0 W at 40 K and 2.0 W at 110 K for 85 W of motor power.^ The SB235 has passed 
qualification level environmental test verification and is in life test at the Air Force Research 
Laboratory (AFRL) with about 2500 hours of accumulated run time. The SB235E has a nominal 
performance of 1.0 W at 41 K and 7.0 W at 110 K for 100 W of motor power. The SB235E is 
currently in assembly at Ball. 

Our previous generation 2-stage cooler, the 30 K or SB230, was environmentally qualified 
and delivered to NASA GSFC (Goddard Space Flight Center) for life test.^'' It currently has 
accumulated over 20,000 hours with over 11,000 hours on the displacer after a design change. 

Low Temperature Stirling Coolers 

Ball's 3-stage Stirling coolers are optimum for cooling of multiple stages and/or below 
30 K. For the Air Force Research Laboratory (AFRL), Ball developed a 3-stage cooler, the 
35/60 K or SB335, which was highly leveraged off the GSFC SB230 design. This cooler has a 
nominal performance of 0.4 W at 35 K simultaneously with 0.6 W at 60 K for about 60 W of 
motor power. An SB335 unit completed environmental testing and is on life test at AFRL with 
close to 25,000 hours accumulated to date.' 

A development unit of the SB335 was also employed on the Ball NASA 6 K Explorer 
Cooler program to develop technology advances for cooling to below 15 K. The 6 K Explorer 
Program demonstrated cooling with a relatively small cooler to temperatures below 12 K.* These 
enhancements were incorporated into the current SB315 or Advanced Cryocooler Technology 
Development Program (ACTDP) precooler shown in Figure 3. The SB315 combines the high 
capacity of our SB235 coolers with the 3-stage cold tip design from the SB335 to produce a high 
capacity <15 K low temperature cooler. A Development Model of the SB315 cooler is being 
built on NASA/JPL's ACTDP program.'''" On the ACTDP program, the SB315 will serve as a 
precooler for a Joule-Thomson (J-T) cooler that provides simultaneous cooling at 4-6 K and 
18 K. The nominal performance of the ACTDP SB315 is 0.3 W at 15 K simultaneously with 
1.0 W at 40 K and 2.0 W at 180 K for 180 W of motor power. 

A Breadboard (BB) of the SB315 is also being built on an internal Ball program. This BB 
should verify the thermodynamic performance of the ACTDP precooler. In addifion, the BB will 
be modified and tested for 10 K cooling. Predictions indicate that the SB315 should be capable 
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Figure 5. Ball 4-6 K Cooler integrated into TPF type application. 

of 100 mW or more of cooling at 10 K. Initial verification with the BB of both the ACTDP 
precooler and 10 K performances should be completed by August 2004. 

HYBRID CRYOCOOLERS 

Introduction 

For very low temperature (<10 K) cooling, Ball has combined our Stirling and J-T products 
to create a line of hybrid coolers.'''"'" As shown in Figs. 4 and 5, Ball's latest ACTDP hybrid is 
a cooling system that combines the best features of each thermodynamic cycle to produce low 
temperature cooling. The system uses the mass and power efficient Stirling as a precooler to 
perform the bulk of the cooling to temperatures around 15 K. Then, it uses the low temperature 
efficiency of the recuperative (vs. regenerative for the Stirling) J-T cooler to perform the last 
stages of cooling to 6 K and below. An additional benefit is the ability of the J-T to provide 
remote cooling (for both the 4-6 K and 18 K stages) through long, very thin, flexible lines. Thus, 
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the J-T allows the cooling system to remotely locate the compressors over 20 meters from the 
cryogenic instrument. 

4-6 K or ACTDP Cooler 

The hybrid J-T/Stirling design is the baseline for the NASA/Ball ACTDP cooler. The 
nominal performance of the Ball ACTDP cooler is 30 mW at 6 K (or 20 mW at 4 K) 
simultaneously with 150 mW at 18 K for 125 W of motor power. Figure 5 shows a potential 
integration of the Ball ACTDP cooler into the NASA Terrestrial Planet Finder (TPF) mission. As 
shown in Figure 6, a key aspect of the ACTDP cooler is that it is highly leveraged off previous 
developments at Ball. In fact, every component in the system has been proven in test at some 
level. During the ACTDP Study Phase, this culminated in the successful integration and test of a 
breadboard cooling system (refer to Fig. 7 for hardware photos and Fig. 8 for test data plot). This 
breadboard has demonstrated cooling at 6 K (35 mW), 5 K (21 mW), and 4 K (12 mW). 
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Figure 8. 6 K Breadboard Cooler testing showing simultaneous 6 and 18 K cooling with temperature 
stability even through a step change in the 18 K load. 

Integration Features 

Unique features in our hybrid coolers facilitate their mission integration. As previously men
tioned, they have capabilities for very remote heat transport (and with no moving cold head parts). 
Our hybrids have also been designed to not require cryogenic radiator precooling assistance. This 
allows them to be equally applicable to Earth and non-Earth orbit missions and to minimize stray 
light and thermal back load on the cryogenic instruments. As a result of integration studies per
formed on the JWST'2, Constellation-X, and other systems, we have developed relatively mature 
thermal/mechanical integration designs, including structural supports and thermal insulation that 
have been accounted for in the thermodynamic performance. Understanding that the integration of 
a 4-6 K cooler will usually cross several system interfaces, we have built-in quick disconnects with 
proven heritage on our Cryogenic On-Orbit Long Life Active Refrigerator (COOLLAR)'^ and 
NICMOS flight programs. Our hybrid coolers use only a single phase, gaseous working fluid and 
have no zero-g concerns or 1-g testing limitations. We also have independent control of 6 and 18 K 
heat loads and the capability, in real-time on-orbit, to adjust to factor of two changes in the ratio of 
the 6 and 18K loads. 

CONTROL ELECTRONICS 

Ball imderstands that a cryocooler is the combination of a mechanical refrigerator system and 
the control electronics to drive it. We have paid special attention to the development of high reli
ability electronics for over a decade. This covers three generations of electronics. The ElOO is in 
life test with the SB230 and SB335 coolers. The E200 (shown in Figure 9) was delivered with the 
SB 160 on the HIRDLS program. The E300 is our electronics for SB235, SB315, and hybrid cool
ers. The E300 features include closed loop temperature and vibration control, high reliability (95% 
at 10 years), radiation tolerance to 100 krad and beyond, a comprehensive set of telemetry, an 
isolated power supply grotmd, and active current ripple suppression. 
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Figure 9. Ball E200 electronics delivered on the HIRDLS flight program. 
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ABSTRACT 

The NGST ACTDP cooler system features a three-stage integral pulse tube cooler coupled, as 
a precooler, to a 6 K Joule-Thomson (JT) cooler. The system is configured to provide remote 
cooling (12 m) at 18 and 6 K. The cooler is being developed under contract to the Jet Propulsion 
Laboratory with the objective of providing cooling for future NASA space observatory missions 
such as Terrestrial Planet Finder (TPF), Constellation X, and James Webb Space Telescope (JWST). 
The cooler development effort is to deliver an engineering model cooler with rack electronics that 
provide a flight-simulated interface. 

This paper presents a cooler system overview and data collected during cooler development 
testing to date. Designed conservatively for a 10-year life, the hybrid cooler is required to provide 
150 mW of cooling at 18 K together with 30 mW of cooling at 6 K while rejecting to 300 K and 
minimizing input power to the electronics. The total mass of the cooler and electronics system is 
less than 40 kg. The software driven control electronics provide the cooler control fiinctions that are 
fully re-configurable and based on the NGST flight-quaUfied Advanced Cooler Electronics (ACE) 
with minor modification to measure and control temperatures in the 6 K range. 

INTRODUCTION 

The NASA Advanced Cryocooler Technology Development Program (ACTDP) objective is to 
develop active cooling systems for cooling remote sensors of space applications in the 5 to 10 K 
temperature range.' Additionally, the ability to provide a second cooling temperature in the 18 K 
range is required. The NGST ACTDP cooling system consists of a three-stage pulse tube precooler, 
a JT cooler, and control electronics—all based on flight heritage NGST hardware that has been 
adapted to the sub-10 K cooling requirements of the ACTDP program. The NGST effort is under 
contract with the Jet Propulsion Laboratory, with the current phase 9 months into a program sched
uled for 31 months. 

A schematic representation of the key components of the NGST ACTDP cooler system is shown 
in Figure 1. A valved compressor is used for the JT loop and incorporates the use of reed valves 
integrated with a flight qualified HEC (High Efficiency Cooler) compressor.^ The pulse tube pre
cooler also uses an existing HCC (High Capacity Cooler) compressor design^ integrated with a 
three-stage pulse tube that provides gas precooUng at 85, 35, and 17 K for the JT cooler. The JT 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. Schematic of NGST ACTDP cooling system. 

precooling is achieved with the use of tliree recuperators operating from 300 K to 85 K (recuperator 
R4), 85 K to 35 K (recuperator R3), and 35 K to 17 K (recuperator R2). A 17 K to 18 K recirculat
ing gas heat exchanger (HX) is used to provide cooling at 18 K with the exiting gas connected to an 
18 K to 6 K recuperator (Rl). The 6 K cooling for the sensor is provided by expansion through a JT 
valve. The 18 K cooling stage and JT valve are remotely located (12 to 20 m typically) from the 
pulse tube gas precooler. Also included in the JT cooler are room temperature getters, room tem
perature and cryo particulate filters, a JT decontamination heater, and a 100 K to 18 K bypass valve. 
The bj^ass valve is required to cool down potentially large (90 kg) thermal masses associated with 
the sensor. The JT cooler also has field joints that allow integration of the JT cooler coldhead into 
instrument systems independent of the JT compressor and pulse tube precooler. The JT cooler and 
pulse tube precooler are controlled with the Advance Cryocooler Electronics (ACE).'' The ACE for 
the JT cooler and pulse tube precooler use an existing flight-qualified design with minor modifica
tion to replace the PRT thermometry with cemox thermometry and to interface with the auxiliary 
electronics. The auxiliary electronics is required to provide additional thermometry and heaters 
required for the cooling system. 

COOLER SYSTEM 

The three stage mechanical precooler (Figure 2) rejects heat at the centerplate of the compres
sor. Inside the compressor, flexure springs support the moving-coil linear motor that drives the 
pistons. The springs maintain alignment for the attached non-contacting pistons that oscillate and 
compress gas into the pulse tube cold heads. A small clearance between the cylinder and the piston 
seals the compression space. Two opposed compressor halves vibrationally balance the compres
sor. The compressor is operated at a fi-equency between 35 and 40 Hz. 

The pulse tube cold heads are bolted to the compressor centerplate and are sealed with metal 
seals. The centerplate conducts heat to the radiator. The cold head components are arranged coaxially: 
mounting flange, regenerator, cold block, with the pulse tube, and warm-end heat exchanger body 
(or orifice) internal to the mounting flange and regenerator. The cold heads are surroimded by the 
JT cooler recuperators and the 35 K and 17 K cold head are enclosed in an 85 K radiation shield. A 
stainless steel orifice line connects the gas fi'om the orifice to the reservoir tank that is either incor
porated into the compressor end cap (85 K and 35 K stages) or mounted on the 85 K cold head 
(17 K stage). 
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Figure 2. Integral vibrationally balanced pulse tube pre-cooler and JT compressor. 

The internal wiring in the compressor is stranded PTFE (cross-linked Teflon) insulated wiring. 
All wiring exits the centerplate through ceramic-insulated pins in a D-shell feedthrough for the 
cooler drive power. A separate connector is used for redundant cemox thermometers on the 17 K 
cold block and a thermistor attached to the centerplate. An accelerometer is mounted on the com
pressor centerplate. Together with the signal conditioning electronics, the accelerometer provides a 
feedback signal to the vibration control algorithm in the ACE. 

For the JT cooler (Figure 2) the compressor is as described previously for the precooler except 
it is the smaller HEC type. The compressor centerplate has been modified to incorporate reed valves 
to faciUtate the DC flow required for JT operation. The JT cooler operates at 2X the precooler 
operating frequency. The JT gas flows through a zirconium room temperature getter, stainless steel 
tubing recuperators and transfer lines to the 18 K and 6 K cooling stages. The 18 K and 6 K cooling 
blocks are copper and have redundant thermometry and trim control heaters. Additionally the 6 K 
cold stage has the JT restriction for gas expansion and a decontamination heater. 

An envelope for the bus-mounted cooler components, pulse tube precooler and JT compressor, 
is shown in Figure 3. 

One of the two identical electronics boxes that are used to drive and control the precooler and 
JT cooler is shown in Figure 4. The electronics are a next generation of advanced cooler electronics 
based on our high-reliability flight designs currently on orbit and integrated on multiple instru
ments awaiting launch. The ACE represent a smaller, lighter weight, radiation hard (300 krad), and 
more reliable evolution of our previous cooler electronics. The functions of the electronics are to: 
(1) convert the 28 Vdc primary power to the secondary isolated power, (2) provide primary bus 
current ripple suppression, (3) drive the cooler, (4) provide communication with the host, and (5) 
control the cooler with a processor using software resident in EEPROM. The software performs the 
following functions: 

• Transmits spacecraft command and cooler telemetry via the RS422 data bus, 
• Collects cooler state of health data, 
• Controls cold block temperature, 
• Balances vibration force by controlling the waveform of the pistons, 
• Provides safety protection to the cooler. 
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Figure 3. NGST ACTDP envelope for the mechanical cooler. 

Figure 4. Advanced Cryocooler Electronics (9.20 in x 7.85 in x 2.91 in). 

COOLER SYSTEM CAPABILITIES 

Table 1 summarizes the cooler system weight and capabilities. Figure 5 shows the load line for 
the pulse tube precooler with data collected from 3'̂ '' stage unit testing. The requirement shown is a 
derived requirement that includes the required net cooling at the remote cold head as well as the 
required gas precooling for the JT cooler. Figure 6 shows a cool down curve based on analysis with 
the system performance model. The thermal mass used is 90 kg of aluminum. Because of the large 
thermal mass, a by-pass valve is incorporated into the design to allow JT helium flow to by-pass the 
JT restriction at temperatures greater than 18 K. Without the by-pass, the system would not cool 
down. 

Figure 6 illustrates the system performance during cool down. Three key operating points on 
the cooling capacity specification define the system power. These points are steady state operation 
at 6 K and two pinch points during cool down at 18 K during the bypass mode and at 12 K during 
the JT orifice-controlled cool down. 
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Table 1. Cooler System Description. 

Instrument 
Mass 
PT Pre-cooler 
JT Cooler 
Electronics (2 ACE and AUX) 
Cables 
Intearatina Structure 
Total 
Nominal Operating Condition 
Cooling Load 18K 
Cooling Load 6K 
Heat Reject Temperature 
Bus Power steady state 
Peak cool down power 
Operating Temperature Range (TMU)* 
Non-operating Temperature Range (TMU) 
Operating Temperature Range (AGE) 
Non-operating Temperature Range (ACE) 
Launch Vibration (TMU) 
Launch Vibration (ACE) 
Launch Vibration JT cooler 18K and 6K comp. 
Bus Voltage Range 
Ripple Current 
Communication Protocol 
Lifetime 

Capabilities 
(Kg) 
18.5 
7.1 
7.8 
3.3 
0.7 
37.1 

150mW 
30mW 
300K 
228W 
236W 

-20 to 50"C 
-40 to 70°C 
-20 to 60°C 
-35 to 75°C 

14.2 Grms, 1 min 
14.2 Grms, 1 min 
25.8 Grms, 1 min 

21V to 42V 
100 dB micro amps 

RS422/1553B 
10 years 

*TMU = Thermal Mechanical Unit 
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Figure 5. Pulse tube pre-cooler third stage performance with 35 K reject temperature. 
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CONCLUSIONS 

Northrop Grumman Space Technology has demonstrated the feasibility of providing cooling 
for space scientific instruments at 6K. The system currently in development is an evolution of 
existing flight-proven designs and hardware. This approach minimizes the technical and schedule 
risks of developing new designs. 
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Figure 6. System performance during cooldowa 
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ABSTRACT 

The Mid Infrared Instrument (MIRI) of the James Webb Space Telescope (JWST) is a demand
ing application for the use of space cryocoolers. During calendar year 2003 an extensive study was 
carried out examining the application to this mission of hybrid 6K/18K J-T cryocoolers developed by 
NASA as part of their Advanced Cryocooler Technology Development Program (ACTDP). Among 
the most challenging requirements of the MIRI application were the requirements to cool down the 
—90 kg 6 K cooling load in less than 30 days and to restrict the location of the compressors with their 
heat dissipation and vibration generation to a remote spacecraft position some 12 meters away from 
the cryogenic load. Because the hybrid 6K/18K J-T cryocoolers have unique load-carrying capability 
as a function of temperature, the cooldown requirement was the primary consideration in cooler 
sizing. This paper presents the lessons learned and performance achieved in the MIRI cryocooler 
application. In the final proposed configuration, all of the MIRI/JWST design considerations were 
successfully met. Although the cryocooler option was eventually deselected in favor of a solid-
hydrogen stored cryogen system, the cryocooler study offered an important opportunity for under
standing and refining the performance and integration capabilities of this important new class of 
low-temperature space cryocoolers. 

INTRODUCTION 

Chosen to replace the Hubble Space Telescope (HST), which was launched in 1990, the James 
Webb Space Telescope (JWST) is designed to examine the Universe in wavelengths between 0.6 and 
28 microns during a mission lasting up to ten years. Unlike HST, which is in a Shuttle-accessible 
low-Earth orbit, JWST is designed to be located in deep space in an Earth-tracking L2 orbit. This 
location, a fixed 1.5 million km from Earth, will allow JWST's large ~6-meter telescope (illustrated 
in Fig. 1) to be passively cooled to ~35K to enable unique new science. 

The JWST instrument responsible for imaging the longest wavelengths is referred to as the Mid 
Infrared Instrument (MIRI). This instrument is being jointly developed by the European Space 
Agency (ESA) and NASA, with the Jet Propulsion Laboratory as manager. The MIRI instrument 
focal plane arrays require cooling to below 6.8 K, and its optics to below 15 K to suppress back
ground noise levels to acceptable levels. Thus, unlike the other JWST instruments, MIRI requires 
supplemental active cooling to achieve temperatures on the order of 6 K. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 1 5 
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Figure 1. Overall James Webb Space Telescope configuration. 

During the cryocooler/dewar trade study, two alternative approaches were examined by the 
MIRI team to provide the needed cooling: 1) a solid hydrogen cryostat, and 2) a 6 K/18 K mechanical 
cryocooler, the latter based on the cooler concepts being developed as part of NASA's Advanced 
Cryocooler Technology Development Program (ACTDP). Although the solid hydrogen stored cryo-
gen system option was eventually selected in favor of a cryocooler, the cryocooler study offered an 
extremely valuable opportunity for understanding and refining the performance and integration 
capabilities of the ACTDP cryocooler concepts in an actual flight application. 

THE MIRI CRYOCOOLER DESIGN CONCEPT 

The cryocooler design concept for the MIRI application derives from three distinct areas: 1) the 
MIRI instrument itself, which represents the cooling load, 2) the overall JWST observatory, which 
provides most of the structural, thermal, electrical, and configurational interfaces, and 3) the ACTDP 
cryocoolers, which provide their own individual performance constraints. During the course of the 
cryocooler study the JWST observatory, and the MIRI instrument in particular, underwent modest 
configurational iterations typical of this stage in any project's development. Thus, the details pre
sented here reflect the state of development in the spring of 2003, and are likely to be somewhat 
different from the design that exists at this time—a year later—or will exist in the future. 

JWST Integration Concept 

Figure 2 illustrates some of the configurational details of the JWST observatory at the time of 
this cooler integration study. In the JWST concept, the science instruments, including MIRI, are 
housed in the large —35 K Integrated Science Instrument Module (ISIM) enclosure on the back of 
the —35 K telescope. During launch, the telescope reflector is in a folded position with the telescope 
tower hard-mounted to the top of the spacecraft bus. After launch, the telescope reflector unfolds, 
and the entire tower and ISIM rise up approximately 1.5 m from the spacecraft bus to provide 
thermal and vibration isolation between the two. Thus, all cabling or plumbing connecting the ISIM 
instruments to the spacecraft must undergo this —1.5 meter deployment, must be highly flexible, and 
must have minimal thermal conductance. 

The overall JWST thermal compartmentalization places a constraint that any room-temperature 
cryocooler compressors be located in the spacecraft bus approximately 12 meters away from the 
cryogenic loads in the ISIM. Thus, the compressor-coldhead connection must also accommodate the 
1.5 meter in-space deployment of the telescope away from the spacecraft following launch. One key 
advantage of this deployment is a much relaxed requirement on cryocooler-generated vibration 
compared with, for example, HST. For JWST, the cryocoolers are assumed to be vibration-isolated 
from the spacecraft structure using standard vibration isolation mounts with perhaps a 15 Hz mount
ing frequency. 
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Figure 2. Overall James Webb Space Telescope configuration and cryocooler integration concept. 

In terms of reliability and redundancy, an important implication of JWST's orbital location is 
that periodic repair and refurbishment, like was successfully used many times on HST, will not be 
possible with JWST. Thus, reliability and long life will be particularly important for this mission. 

MIRI Instrument Concept 

Figure 3 illustrates the generic concept of the MIRI instrument at the time of this cooler 
mtegration study. Structurally, the instrument is supported from the Integrated Science Instrument 
Module (ISIM) on the back of the JWST telescope via three pairs of low-conductivity struts. Strictly 
speaking, the instrument consists of three relatively low-power focal planes (~1 mW each) that 
require cooling to <6.8 K, plus a ~90 kg Optical Bench Assembly (OBA) that has to be cooled to 
below ~15 K. However, to avoid requiring two cooling temperatures, the instrument design in 2003 
had the entire instrument integrated at roughly the same 6 K temperature. 

In terms of refrigeration capacity, the primary cryogenic load presented to the cooler is 
approximately 10 mW, associated with conduction down the struts from the ~35 K ISIM structural 
interface, plus approximately 12 mW of radiation load to MIRI from the ~40 K ISIM enclosure, plus 
5 mW (mc. margin) for the focal planes. The radiation loading assumes the presence of MLI blankets 
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Figure 3. MIRI instrument conceptual design. 
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on most of the instrument's surfaces, but does not include the application of an external radiation 
shield, which was ruled out by the instrument provider because of integration difficulties. 

A second key cryocooler capacity requirement was to cool the —90 kg mass of the instrument 
from —100 K to 6 K in less than 30 days in space, and quicker, if possible, during ground testing. 

ACTDP Cryocooler Concept 

In 2002, NASA initiated the Advanced Cryocooler Technology Development Program (ACTDP) 
as part of JPL's Terrestrial Planet Finder (TPF) project to develop the needed cryocooler technology 
for this class of space applications. The goal of the ACTDP activity is to build and test working 
models of up to three candidate cryocooler designs capable of providing 30 mW of cooling at 6 K 
together with 150 mW of cooling at 18 K.'^ Two of the ACTDP concepts, the Ball Aerospace and 
Northrop Grumman (formerly TRW) designs, are particularly well suited to the remote cooling 
requirements of the JWST application.^'' These two concepts, illustrated in Figs. 4 and 5, combine 
Stirling or pulse tube precoolers with a separate Joule-Thomson (J-T) stage that can provide simul
taneous 6 K and 18 K cooling to a remote load many meters away from the compressor suite. For 
the MIRI application, as noted in Fig. 2, the compressor suite would be located in the JWST space
craft bus, while the J-T coldhead would be mounted within the 35 K ISIM, adjacent to the MIRI 
instrument (see Figs. 2 and 4). This very clean mechanical interface allows the coolers and instru
ment to follow there own separate development and test paths and to be easily integrated together 
late in the ISIM integration and test phase. 

Because the ACTDP cryocoolers have an —18 K stage with greater than 150 mW of capacity as 
part of their design, this 18K stage was used to intercept heat flowing down the MIRI structural 
bipods and electrical cabling, thus lowering the 6 K cooling load by over 35%. These 18 K heat 
interceptors are schematically noted in Figs. 3 and 4. 

In terms of cooling performance, the ACTDP hybrid coolers have a unique cooling trend versus 
temperature, quite different from pure regenerative coolers such as pulse tube and Stirling coolers. 
This is caused by the very different cooling behavior of the helium J-T system, which decreases 
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ACTDP cryocooler compressor suite concepts. 
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Figure 5. ACTDP hybrid J-T cryocooler flow diagram. 

dramatically in cooling capacity with increasing precooling temperature as shown in Fig. 6. To 
provide augmented cooling capacity at elevated temperatures, the ACTDP coolers are fitted with 
valves that bypass the J-T working fluid around the J-T valve and the last recuperative heat-ex
changer stage as shown in Fig. 5. Thus, at elevated temperatures, the J-T loop serves as a helium gas 
heat transfer loop to transfer the cooling capacity of the Stirling or pulse tube precooler directly to 
the 6 K and 18 K loads. This vastly increased cooling capacity above the bypass-valve closure 
temperatures is noted in Fig. 6. Also visible in Fig. 6 is the point of least cooling capacity, which 
occurs at temperatures just below the bypass valve closure temperature. This dip in cooling capacity 
below the bypass valve closure temperature presents an important pinch-point that must be carefully 
addressed to insure that the cryogenic load—here the MIRI instrument—can be cooled down to its 
final 6 K operating temperature. 

MIRI CRYOCOOLER COOLING LOADS 

Given the conceptual cooler configuration discussed above. Table 1 tabulates rough estimates of 
the expected cooling load contributions in the final 6 K equilibrium operating state of the MIRI 
instrument. It also includes a column of margined loads that include a 2x contingency factor to 
cover the uncertainties that exist in the load estimates this early in the design process. The largest 
loads on the 18 K stage are seen to be the heat interceptor loads from the MIRI graphite reinforced 
plastic (GRFP) struts, and the parasitic loads on the 18 K refrigerant lines, shown in Fig. 7, that run 
between the JWST spacecraft and the ISIM. 

The far right column of Table 1 includes any end-of-life (EOL) load additions expected from 
load elements that can be expected to increase over the course of the JWST mission. These EOL 
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T a b l e 1 . M I R I C o o l e r Base l ine L o a d s w i t h 18 K H e a t I n te rcep to r . 

ITEM 
6K Stage Loads 

MIRI radiation load from ISIM (4aK) 

MIRI Focal plane electrical dissipation 

MIRI Electrical Harness conduction from 18 K intercept 

MIRI Structural support conduction from 18K intercept 

Radiation load on flexbraid connecting 6K stape to MIRI OBA 

Radiation load on 6K stage from 18K stage (1500 cm^) 

Support conduction from 1B K stage to 6K stage (0.5 kg) 

Redundant cooler J-T & bypass valve lines from 18 K stage (3) 

Conduction from redundant cooler J-T heater and temo sensor leads 

Total 6 K cryocooler load 

18K Stage Loads 

MIRI structural conduction Intercept Load 

MIRI harness conduction Intercept Load 

Radiation load on 18K flexbraid to MIRI structure intercept 

18K coldstage support conduction from 35K ISIM 

Redundant cooler JT lines from 35 K ISIM (2 lines, each SO cm) 

Harness conduction for J T heater and temp sensors 

Quick'Cooldown & defrost-mode bypass valve harness conduction 

Radiation load on 18K stage from 40K ISIM (1200 cm^l 

18K line conduction from 35K ISIM feedthrough 

Heat conducted down to 6K stage from 18K stage 

18K line support conduction external to ISIM (10 m) 

Radiation load on 18K lines external to ISIM 110 m) 

Total 18K cryocooler load 

BOL Best Estimate 

7.2 
3.0 

* 8^3 .5 

6=32.0 

0.05 

0.1 
1.15 

0.1 
0.05 

17.15 

10.0 

15.0 

0.05 

2.2 
0.1 

0.04 

0.1 
1,0 
1.0 

-0.35 

10.0 

18.1 

57.2 

Cryocooler Load (mW) 
BOL w| Margin 

11.8 

4.9 
43^5.8 

44^4.3 

0.1 
0.2 
2.3 
0.2 
0.1 

29.7 

20.0 

30.0 

0.1 
4.4 
0.2 
0.1 
0.1 
2.0 
2.0 
•0.7 

20.0 

36.2 

114.4 

EOLwIMargln 

12 
4.9 
5.8 
4.3 
D.l 
0.2 
2.3 
0.2 
0.1 

- 3 0 . 0 

20.0 

30.0 

0.1 
4.4 
0.2 
0.1 
0.1 
2.0 
2.0 
-0.7 

20,0 

72.0 

- 1 5 0 

*Crossed out numbers are original loads prior to inclusion of 18K heat interceptor 

increases are dominated by increased radiation loading on the —18 K refrigerant lines. Figure 7 
describes the effective background radiation temperature seen by the refrigerant lines as a function 
of position up the JWST observatory tower. The resulting thermal radiation load is proportional to 
the fourth power of this background temperature and linearly proportional to the surface emittance 
of the lines and their external surface area. Also important is the conductance of the standoffs 
required to support the refrigerant lines from the tower structure. These and other conductance 
loads in Table 1 were estimated based on scaling previously proven cryogenic support designs.' 
Although the conductance is not subject to increase over time, the surface emittance of the lines can 
be expected to increase due to gettering of water vapor on the external surface of the 18 K lines over 
the course of the mission,'' 
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Figure 7. Radiation enviroimient for the 18 K fluid lines that run between the spacecraft and the ISIM. 
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Two approaches to dealing with the radiation load increase have been considered: 1) wrapping 
the refrigerant lines with adequate multilayer insulation (MLI) to limit load growth over the JWST 
mission to the design level, or 2) incorporating a periodic defrost mode whereby warm, uncooled gas 
is passed through the lines to raise their temperature sufficiently (> 160 K) to evaporate condensed 
moisture when the design load level is reached. The 72 mW line radiation load at EOL in Table 1 is 
felt to be an achievable goal for this EOL radiation design load for the refrigerant lines. 

In reviewing the 6 K loads, it is seen that they are dominated nearly equally by the MIRI 
instrument radiation loads from the —40 KISIM, and by the MIRI conduction loads down the GFRP 
bipods from the 18 K heat-interceptor temperature. Because the 40 K ISIM will effectively getter all 
water vapor to negligible levels, increased surface emittance of the MIRI instrument should be very 
small. The only contribution would be from gases such as nitrogen and oxygen that are immobile at 
6 K, but have vapor pressures above 10 * torr at 35 K, and thus are not gettered by the ISIM surfaces. 

CRYOCOOLER SIZING TO ASSURE THAT MIRI CAN BE COOLED DOWN 

Because of the unique thermal performance of the hybrid ACTDP cryocoolers versus tempera
ture, the cooldown performance of the overall MIRI cryogenic system must be carefully engineered. 
As shown in Fig. 5, the most critical temperature range for this type of cooler is between the bypass 
valve turnoff temperature and the uhimate 6 K load temperature. Figure 8 details the estimated 
MIRI loads and the ACTDP refrigerator performance over this temperature range. Also shown is a 
conceptual estimate of the input power required and how it might be throttled back as the final 6K 
operating point is achieved. Better power data must await breadboard testing of the ACTDP coolers. 

In Fig. 8, the refrigerator is sized to provide approximately 50% more capacity than the sum of 
the total 6K loads in Table 1 in the critical 12 to 18 K temperature range. Note that when this is 
done, the refrigerator has substantial over capacity at 6K (>70 mW) compared to the 6K opera
tional load of 30 mW. Thus, for this type of application, the 6 K operational load is not the sizing 
condition; the critical sizing condition is the ability to cool down from 18 K to 12 K. 

Note also that the lack of an 18 K radiation shield around the MIRI instrument exacerbates the 
cooldown issue by allowing a near-constant radiation load to exist in this critical 18 to 12 K tempera
ture range. In contrast, the presence of the 18 K heat interceptor on the support structure causes the 
structural conduction loads to be zero at 18 K, and to climb relatively linearly between 18 and 6 K. 
Thus, the radiation loads on the MIRI instrument dominate the sizing of the cryocooler's 6K stage. 

This unique thermal behavior of the hybrid ACTDP-type cryocoolers requires that the thermal 
load be managed more thoughtfully than with a conventional regenerative cryocooler, where the 
sizing condition is invariably at just the lowest operating temperature. 

, Cooler is throttled back to limit power to that 
requited by MIRI instrument 

J-T Capacity "• 
without throttling 

J-T Cryocooier Capacity 
throttled to match MIRI 

30 mW operating load at 6K 

Max Allowable 
MIRI 6K OBA Load " 

300 g 
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Temperature of OBA, K 

Figure 8. ACTDP cooling performance compared to the MIRI cooling loads. 
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Figure 9. Example maximum allowable load requirement for ACTDP-type hybrid cryocooler. 

Figure 9 displays an example design requirement for the maximum MIRI instrument load to be 
presented to the cryocooler. This plot presents the requirement as a 'not to be exceeded' load 
envelope as a function of temperature below 18 K, together with a simultaneous not-to-be-exceeded 
allocation for cooling from the cryocooler's 18 K stage. The numbers in this requirement are consis
tent with the margined MIRI loads presented in Table I. 

As a complement to the maximum-load requirement given in Fig. 9, the minimum allowable 
cryocooler performance must also be specified over the entire temperature range to insure that a 
positive margin exists between the cryogenic load and the cooler performance at all temperatures. 
An example of such a 'minimum allowable' cryocooler cooling performance for the MIRI application 
is shown in Fig. 10. 

Predicting Instrument Cool-Down Time 

Given the instrument's heat capacity, the instrument loads as detailed in Fig. 8, and the esti
mated cryocooler performance as shown in Fig. 6, one can estimate the predicted time for initial 
instrument cooldown. Figure 11 presents data on the specific heat of representative spacecraft 
materials as a function of temperature. For the 90-kg MIRI instrument the cooldown estimates can 
be based on the properties of aluminum, which is the dominant material in its design. Note that the 
specific heat of aluminum drops by a factor of 1000 between room temperature and 6 K. 
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Figure 11. Specific heat versus temperature for representative spacecraft metals. 

Figure 12 illustrates the predicted cooldown dynamics of the MIRI instrument from a starting 
temperature of 100 K In flight, the MIRI instrument vifould be allowed to cool passively through 
radiation and conduction to the ISIM until the ISIM approaches its equilibrium temperature of 
around 40 K. At this point it is estimated that the MIRI instrument would have cooled to around 
60 K. Thus, the predicted cooldown time after the cryocooler is energized would be approximately 
7 days, with roughly equal time spent before and after the bypass valve is closed. 

This calculation illustrates that, even with a very large (—90 kg) cold load, the cooldown time is 
quite acceptable with this type of cooler, largely because the specific heat of materials drops so 
precipitously at these low temperatures. 

Predicting Instrument Warm-up and Re-cooldown Times 

During the course of any space-science mission, there are events that may require power to the 
instruments to be turned off These can be safety shutdowns or planned warm-ups for decontamina
tion. With such an event, it is important that the instruments return to normal operation as soon as 
practical to maximize the science data collection. Figure 13 predicts the warm-up dynamics of the 
MIRI mstrument in the event that the ACTDP cryocooler is turned off. Note that the low heat 
capacity of the instrument at 6 K results in a relatively rapid warm-up, with the instrument approach
ing the ISIM background temperature in a day or two after it is turned off From Fig. 12, it can be 
seen that the cooler can return the instrument to operating temperature in about four days, which is 
felt to be quite reasonable. 
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Figure 13. Predicted warm-up of the MIRI instrument versus time when the cryocooler is turned off. 

SUMMARY 

Because the MIRI Instrument on JWST is a demanding, yet representative application for the 
future use of space cryocoolers, it offered an important opportunity for understanding and refining 
the performance and integration capabilities of the hybrid J-T 6K/18K coolers being developed by 
NASA as part of their Advanced Cryocooler Technology Development Program (ACTDP). Among 
the most challenging requirements were the requirement to cool down the —90 kg instrument in well 
less than 30 days and to restrict the location of the compressors to a remote spacecraft position some 
12 meters from the cryogenic load. In the final analysis, the ACTDP cryocoolers successfully met all 
of the MIRI/JWST design considerations and were shown to provide an attractive option for meet
ing the cooling needs of future NASA missions. 
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ABSTRACT 

Under contract with the Jet Propulsion Laboratory (Advanced Cryocooler Technology 
Development Program), Lockheed Martin's Advanced Technology Center (LM-ATC) is 
developing a four-stage pulse tube cryocooler and electronic controller to provide simultaneous 
cooling at 6 K and 18 K. LM-ATC successfully completed the design phase of the program, 
where a robust, simple pulse tube cryocooler system was designed to meet JPL's cryocooler 
needs. The simplicity of LM-ATC s approach, with a single compressor, coldhead and 
electronic controller, makes it very appealing for the large observatories (Constellation-X, 
Terrestrial Planet Finder, and the James Webb Space Telescope) that require high reliability. 

The cryocooler is designed simultaneously to provide 20 mW of cooling at 6 K and 150 mW 
cooling at 18 K while conductively rejecting heat at 290K. The Lockheed Martin pulse tube is a 
simple four-stage coldhead with no moving parts, driven by a linear flexure-bearing compressor, 
powered by a high-efficiency electronic controller. The controller provides simultaneous 
temperature control at both 6 K and 18 K, vibration cancellation, and bus current ripple 
suppression. 

This paper summarizes the characteristics of the system and the status of the program. 

INTRODUCTION 

In March 2002, LM-ATC and three other cryocooler teams began study contracts with the 
Jet Propulsion Laboratory (JPL) to examine the feasibility of building a long-life mechanical 
cryocooler capable of meeting the cryogenic needs of several large NASA programs. These 
needs include providing cooling simultaneously at both 6 K and 18 K, low mass, low power 
consumption, high reliability, fast cool-down time, and long separation between the cooler's 
moving parts and the cold parts of the spacecraft. Lockheed Martin chose a simple cryocooler 
design based on our recent success with low-temperature pulse tubes.' 

Cryocoolers 13, edited by R. G. Rosa, Jr. 
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Following successful completion of the study contract September 2002, LM-ATC was one 
of three teams selected to enter a risk reduction phase of the program, wherein prototype 
hardware is being built and tested. 

STUDY PHASE 

Requirements 

The study phase began March 2002. The system requirements were defined by JPL, and are 
shown in Table 1. The requirements stem from a number of cryocooler features desired by the 
primary NASA customers, Constellation-X (Con-X), Terrestrial Planet Finder (TPF), and the 
James Webb Space Telescope (JWST). These programs all had cooling needs at approximately 
the same temperatures, 6 K and 18 K. TPF and JWST had the need to deploy the cold section of 
the spacecraft, requiring a long separation between the cold parts and any heat- or vibration-
generating component (namely, the compressor and electronics). It was initially thought that the 
observatories would require redundant cryocoolers in order to achieve sufficient reliability, so a 
specification was included to minimize the redundant cooler's off heatloads. There was an 
option during the study phase to include the use of a radiator at approximately 1OOK in order to 
increase the cooler's efficiency, but this option was dropped by LM-ATC because it added 
unnecessary complexity for only a modest improvement in efficiency. 

Cryocooler System 

The LM-ATC cryocooler design is very simple, and is shown in Figure 1. The system 
consists of 3 main components, the pulse tube coldhead, the compressor, and the electronic 
controller. A looped heat pipe is used to remove heat from the pulse tube coldhead. 

The coldhead design is based heavily on previous cryocoolers developed by LM-ATC with 
IRAD funding. ' The coldhead is a four-stage pulse tube with no moving parts and no tight 
tolerances. The coldhead is structurally robust and efficiently packaged. Such a coldhead is 
more complex than a single-stage pulse tube, but the complexity and reliability of pulse tube 
cryocoolers is determined primarily by the compressor and electronics, not by the relatively 
simple coldhead, so the additional complexity of four stages is of only minor importance. 
Furthermore, a four-stage pulse tube is simpler than proposed hybrid systems that mate a 
multiple-stage pulse tube or Stirling cooler to a Joule-Thomson cooler, because it does not use 
the more troublesome cryocooler components: the J-T expander and the moving displacer. 
Finally, systems that utilize a J-T expander to do the final stage of cooling require the the use of 

Table 1. ACTDP requirements. 

Requirement 

Cooling @ 6 K / 1 8 K 

System Power 

System Mass 

Off Heat Load @6K 

Off Heat Load @18K 

Cooldown Time with 50g/250g Cu 
added mass at 6K/18K 

Transfer Line Length 

Specification 

20mW/150mW 

150 W 

40 kg 

<1 mW 

<25mW 

50 hours 
(24 hours goal) 

1.5-5 m 

LM-ATC Design 

2 0 m W / 1 5 0 m W 

156 W 

24.5 kg 

6mW 

52 mW 

23 hours with lOOOgCu 
added mass at each stage 

1.5 m baseline 
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Condenser 

Looped Heat 
Pipes 

/ 
Compressor 

A' Transfer 
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Cold Head 
(4 stage puise tube) 

Figure 1. LM-ATC's chosen configuration for the ACTDPcryocooler system. A simple 4-stage pulse 
tube coldhead is driven by a standard flexure-bearing clearance-seal compressor, powered by an electronic 
controller. The split system design allows a separation of several meters between the compressor and 
coldhead. 

a by-pass valve to avoid slow cool-down times when cooling a large thermal mass, whereas the 4-
stage pulse tube has a large cooling capacity when the system is warm, allowing it to cool kilograms 
of material to 6 K in just a few days time. 

The pulse tube coldhead is driven by a linear flextire-bearing clearance-seal compressor that is 
identical in complexity to compressors used on LM-ATC's single-stage and two-stage pulse tubes, 
and thus adds no additional complexity to the system. LM-ATC uses a moving magnet design that 
places the electrical coil outside the working gas space, eliminating the primary source of contami
nation from the working fluid. Furthermore, the moving magnet configuration eliminates flexing 
electrical leads, and eliminates all hermetic electrical feed-throughs into the pressure vessel. The 
ACTDP program uses our MEGA-series compressor, which has a swept volume in excess of 30 
cm^ and an operating frequency of approximately 30 Hz, and is similar to the compressor used for 
our high capacity two-stage pulse tube cooler.'' 

The compressor is powered by a simple high efficiency electronic controller. The elec
tronic controller includes vibration control, a passive launch lock circuit that prevents the pis
tons from hitting the end stops while unpowered during launch, and current ripple suppression 
which limits ripple current to less than 1 amp peak to peak during nominal operation. In 
contrast to the hybrid systems, LM-ATC's system requires just a single controller, leading to 
reduced mass and increased reliability. Controller studies were funded as part of the study 
phase. 
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Results 
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LM-ATC successfully completed the study phase in September 2002. We designed a 
simple, efficient system with a robust coldhead, with high reliability even in a non-redundant 
configuration. The design results are shown in Table 1. 

The predicted system power to deliver 20 mW at 6 K + 150 mW at 18K is shown in 
Figure 2 as a function of transfer line length. Based on these results, we concluded that transfer 
line lengths in excess of 5 m require prohibitively large system power for the simple 4-stage 
pulse tube system, and so we selected a baseline length of 1.5 m. 

RISK REDUCTION (PROTOTYPE HARDWARE) PHASE 

Requirements 

Following the completion of the study phase, and based on input from the three funding 
sources (Con-X, TPF, and JWST), the system requirements were refined by JPL, and design 
work began in earnest. The cooling load requirements were made firm at 20 mW at 6 K and 
150 mW at 18 K (they were only guidelines during much of the study phase). A heat rejection 
temperature goal of 288 K was added in order to prevent condensation during laboratory testing, 
but otherwise the specifications remained unchanged. 

The Con-X program found it desirable for the 1'' stage to operate at 90 K, so we redesigned 
the coldhead to decrease the temperature of that stage. During the study phase, the design 
predicted a 1 '̂ stage temperature of 110 K, so only modest modification was required to decrease 
this to 90 K, and this modification only increased the predicted system power by 3 W. 

At the time of the completion of the study phase, both the JWST and TPF programs had a 
need for a deployable coldhead, requiring approximately 20-meter separation between the 
compressor and coldhead. The biggest disadvantage of our simple pulse tube approach is that it 
does not allow a separation greater than a few meters without excessive power (see Figure 2) and 

275 
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§"225 

I 
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CO 175 

150 

125 

LM-ATC 4-Stage Pulse Tube 
288K Heat Rejection 
20 mW@ 6 K + 150 mW@ 18K 

0 1 2 3 4 5 

Transfer Line Length (m) 

Figure 2. Predicted system power as a function of the separation between the compressor and 
coldhead. The 4-stage pulse tube is an efficient system for the ACTDP requirements. The cooling 
powers and heat rejection temperature are constant. Transfer line lengths in excess of 3 m require a 
prohibitively high system power. Our baseline design point is shown as a gray circle. 



LOCKHEED MARTIN 6K/18K CRYOCOOLER 29 

so we were instructed by JPL to focus instead on the Con-X configuration, where the separation 
is likely to be less than one meter. The cooler being built for the risk mitigation phase has a 
1.5m long transfer line between the coldhead and compressor. In the time since completion of 
the study phase, JWST has officially baselined a solid cryogen cooler, and TPF has changed their 
configuration to allow for much shorter separation distances, so the decision to focus on the 
shorter transfer line seems in hindsight a very prudent one. 

Cryocooler System 

No major conceptual changes were necessary during the risk reduction phase. We matured 
the coldhead design using technology used on our GIFTS and RAMOS cryocoolers, so that the 
coldhead is an all-welded design that is readily flight qualifiable for future program needs. 

One major benefit of the 4-stage pulse tube system is fast cooldown time. Unlike a J-T 
cooler, the cooling power is very large at higher temperatures. For example, with the entire cold-
head at 100 K, the 4* stage has 500 mW of cooling power at nominal system power. For this 
reason, the cryocooler can cool large thermal masses in a relatively short time. The requirement 
is to cool 50 g of Cu to 6 K and 250 g of Cu to 18K in less than 50 hours; the predicted time to 
cool 1000 g of Cu at each stage is 23 hours, limited in part by the heat capacity of the regenerator 
matrices, which is comparable to or greater than the heat capacity of that mass of copper. With 
10 kg of Cu on the 6 K stage, the predicted cooldown time is 7 days, as shown in Fig. 3. 

Program Status 

At this time we are building a prototype cold head and an engineering model compressor. 

120 

100 

I 

0 

Predicted cooldown, assuming: 
1.0 kg copper thermal mass attached to 18K stage 
10.0 kg copper thermal mass attached to 6K stage 

1 St stage 

6K stage 

3 4 

Time (Days) 

Figure 3. Cooldown curve for the LM-ATC 4-stage pulse tube cooler, assuming a lOOK 
temperature when the cooler is turned on. The coldhead reaches its operating temperature in 7 days, 
despite cooling 10.0 kg of copper to 6 K and 1.0 kg of copper to 18K. 
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The development of the electronics has been deferred until later in the program at JPL's request. 
We have received nearly all of the parts for the coldhead and compressor, and assembly of these 
elements has been initiated. 

CONCLUSION 

Lockheed Martin's Advanced Technology Center has designed a robust, simple, high-
efficiency 4-stage pulse tube cryocooler to meet the needs of NASA's powerful observatories. 
The cooler is designed to provide 20 mW of cooling at 6K simultaneously with 150 mW of 
cooling at 18K. The predicted system power is 156W, with a 288 K heat rejection temperature 
and a 1.5 m separation between the compressor and coldhead. We anticipate testing the 
prototype hardware in April of 2004. 
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ABSTRACT 

Sunpower, Inc. and Gedeon Associates continue to develop linear-compressor driven pulse 
tube cryocooler technology under SBIR funding from NASA Goddard Space Flight Center. The 
first Phase II development effort between November 1999 and November 2001 established that a 
single-stage pulse tube driven by Sunpower's manufactured linear compressor technology achieves 
efficient performance and promises to reach mass production costs similar to Sunpower's commer
cial Stirling cryocoolers. In addition, efficient cooling with a two-stage cold head was demon
strated at 3 OK. Sunpower and Gedeon Associates recently completed another SBIR program Irom 
NASA Goddard Space Flight Center to develop a three-stage, high frequency, linear-compressor 
driven pulse tube cryocooler for cooling below 10 K. 

This paper reviews the development history of pulse tube technology at Sunpower Inc., up
dates the status of the single-stage pulse tube cryocooler, and presents the results of the three-stage 
pulse tube cryocooler development program. 

INTRODUCTION 

Sunpower, Inc. has been developing Stirling cycle cryocoolers for nearly fifteen years and 
currently manufactures the CryoTelTM commercial line of low-cost, high-efficiency Stirling cryo
coolers. The Stirling cryocoolers make use of a linear compressor, which is well suited for driving 
a pulse tube cryocooler. Sunpower's linear compressor technology can also be found in domestic 
household refrigerators and cryosurgical devices. 

Gedeon Associates has developed modeling and optimization software for twenty years, and 
introduced the commercial "Sage" software ten years ago. The Sage graphical interface allows the 
user to assemble a single or multistage pulse tube cryocooler model from interconnected compo
nent pieces, then to optimize that model interactively. 

Combining the relative experience in linear compressors and pulse tube modeling and design, 
Sunpower and Gedeon Associates have worked together for over four years developing high-effi
ciency, linear-compressor-driven pulse tube cryocoolers (PTC's). To date, NASA Goddard Space 
Flight Center in Greenbelt, MD has funded two collaborative Sxmpower/Gedeon SBIR Phase II 
programs. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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The goal of the first research effort was to demonstrate high efficiency in a single-stage PTC 
driven by Sunpower's linear compressor technology, which at that time was being manufactured 
for Sunpower's model M87 Stirling cryocooler.' The single-stage approach was to build a u-tube 
configuration after gaining experience with an in-line configuration. As a secondary goal, a second-
stage u-tube cold head was to be constructed as an add-on to the single-stage u-tube configuration 
for a two-stage PTC. Each build incorporated inertance-tubes functioning as acoustic tuning de
vices between the pulse tube and reservoir volume. Performance for each configuration (in-line, u-
tube and two-stage) was demonstrated at lOOW electrical input power. The ultimate objectives 
were to establish the commercial potential of linear-compressor driven PTC's and whether they 
could be cost-competitive with the Sunpower M87 Stirling cryocooler. 

The recently-completed SBIR Phase II program focused on the development of a high-fre
quency, linear-compressor driven three-stage PTC for cooling below 1 OK. Building on the multi
stage construction experience gained in the previous program, a new cryocooler was designed, 
fabricated and tested. Testing of particulate regenerators was conducted on an oscillating-flow 
regenerator test rig located at Sunpower on loan from NASA Glenn Research Center. Empirical 
data from this testing was used in the design and optimization of the second and third-stage cold 
heads which employed particulate regenerators. A 30 Hz, 300 We dual-opposed linear compressor 
was fabricated early in the program while the regenerator testing was underway. The cold head was 
built and tested sequentially: the first-stage cold head was tested as a stand alone single-stage PTC, 
then the second-stage cold head was added for a two-stage cryocooler. Finally the third-stage cold 
head was fabricated and tested to conclude the program. 

SINGLE AND TWO-STAGE PULSE TUBE DEVELOPMENT REVIEW/UPDATE 

Figures 1 through 3 show the pulse tube configurations that were constructed and tested. De
tailed results from this effort were presented previously' and Table 1 summarizes the findings of 
the single and two-stage pulse tube development program. 

Figure 1. In-line PTC configuration. 



PULSE TUBE CRYOCOOLER DEVELOPMENT AT SUNPOWER 33 

Table 1. Summary of single and two-stage PTC development program (100 We input for all tests). 

1st stage Lift 

2nd Staqe Lift 

In-line Configuration 

5.2 W @ 77K 

U-Tube Configuration 

4.8 W ^ 77K 
2-Stage Configuration 

No-load @ ~80K 

260 mW @ 30K 

Figure 2. U-tube configuration. 

Figure 3. Two-stage PTC configuration. 

At the beginning of the three-stage PTC development program, the hardware from the single 
and two-stage PTC program was used as a test bed for design improvements. One such design 
improvement increased the performance of the single-stage hardware. The original design of the 
heat exchangers used woven copper screens soldered to a copper housing. Dr. Ray Radebaugh at 
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Figure 4. Performance of in-line PTC, before and after heat exchanger improvements. 

NIST suggested that we try diffusion bonding to join the screens and their housing. We wanted to 
try the new bonding process simply to allow greater flexibility in the assembly technique of the 
three-stage cold head. However, we found that this new bonding procedure also increased the per
formance of the in-line PTC as shown in Figure 4. The in-line configuration now lifts 5.8 W at 77 K 
with 100 We input. Diffiision-bonded heat exchangers were never implemented into the u-tube and 
two-stage configurations from the original SBIR program. 

Since the ultimate objective of the program was to establish the commercial potential of the 
single-stage u-tube PTC versus the production M87 Stirling cryocooler, we performed a prelimi
nary cost study on a production design of the u-tube prototype. The component cost of the single-
stage PTC was very similar (within a few percent) to that of the M87 Stirling cryocooler. Assembly 
costs should be similar to, if not lower than, those of the M87. So the preliminary analysis sug
gested that a single-stage u-tube PTC should be cost competitive with the Sunpower Stirling cryo
cooler. 

THREE-STAGE PULSE TUBE DEVELOPMENT 

As a result of the success of the first SBIR program, NASA Goddard Space Flight Center 
awarded a second SBIR Phase II contract to develop a three-stage PTC for cooling below 1 OK. The 
two-year contract, beginning in January 2002, involved the design, fabrication and testing of a 
three-stage cold head driven by a high-frequency, dual-opposed linear compressor. We employed 
the multi-staging u-tube design and construction techniques derived in the first SBIR program, with 
improvements in the bonding of heat exchangers as discussed earlier. Additionally, there were new 
challenges in the design and fabrication of low-temperature particulate regenerators. The cryo
cooler was constructed sequentially, allowing us to test the first stage as a stand-alone single-stage 
cryocooler to compare to the simulated results. Then we added the second-stage cold head and 
tested a two-stage PTC, followed by the three-stage PTC. 

Linear Compressor (Pressure Wave Generator) 

After evaluating design trades between performance of the cold head and compressor require
ments relating to its size and mass, we decided on a 200 We, 30 Hz, dual-opposed-piston linear 
compressor. Actually, the linear motors are 150 We per side, 300 We total for the dual-opposed 
unit but the design point was targeted at 200 We. The 200 We level was more acceptable for the 
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Table 2. Features of the dual-opposed linear compressor. 

35 

Mass 
Physical Envelope 

Frequency 
Electrical Power 

Total Swept Volume 
Charge Pressure 

11kg 
141(|) mmx335mmOAL 

30 Hz 
300 W (150 W per side) 

100.8 cc 
25 Bar 

Figure 5. Dual-opposed linear compressor for three-stage PTC. 

normal operating point of a spaceflight cryocooler and also allowed for some reserve power during 
cooldown. The prototype linear compressor is shown in Figure 5, with its features listed in Table 2. 

Low Temperature Regenerators 

Sunpower had no prior experience with packed-particle regenerator matrices that would be 
needed for the second and third stages of the cryocooler, so the program began by recommissioning 
an existing oscillating-flow test rig for use in characterizing regenerator flow resistance and heat 
transfer. Oscillating-flow testing gave us a way to directly compare the pressure-drop and heat-
transfer correlations used in the Sage simulation with experiments. The test rig was originally de
veloped by Sunpower and Gedeon Associates under NASA funding. It was designed to measure 
thermal energy flow down a regenerator sample subject to oscillating helium flow, similar to that 
which occurs in actual cryocooler operation. Data reduction software takes the results from a large 
number of data points at varying frequency, pressure, flow amplitude, and other data points, and 
derives general-purpose correlations for friction factor and Nusselt number using parameter esti
mation techniques. The hardware and data-reduction software are documented in a NASA contrac
tor report.2 The rig was last operated in 1993 and it was necessary to spend some time bringing the 
various pieces up to date and learning how to use them again. Once the hardware and software were 
functional, a few shakedown pressure-drop tests were run to verify that the rig was operational. 

After studying construction designs for particulate regenerators, we established an epoxy-bond-
ing technique similar to the process described by E. Luo, et al.̂  Initial testing of regenerator samples 
in the oscillating flow test rig required us to modify our overall regenerator design and bonding 
technique until we arrived at a robust design that could withstand substantial pressure amplitudes 
across the structure. To optimize the epoxy technique and address the effects of epoxy bonding on 
gas flow we first ran some nitrogen steady-flow pressure-drop tests on a number of matrices. Steady-
flow tests are much simpler to conduct than an oscillating-flow test and quickly allowed us to 
evaluate the quality of a particular process. After several design and test iterations we had a satis
factory design and construction technique for the epoxy-bonded particulate regenerator matrix. The 
oscillating-flow testing was completed and the results were used for correlation of the Sage model-
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Figure 6. Simulated third-stage heat lift as a function of frequency. 

ing software. Once this was done we were able to model and optimize the second and third stages 
of the cryocooler. 

Spherical lead particles were used in the second stage regenerator and ErjNi rare-earth par
ticles were used for the third-stage regenerator. Due to the expense of the Er^Ni, no oscillating-flow 
testing was conducted with this material, only with the lead material. 

Cold Head Modeling and Design 

Initial studies of the effect of operating frequency suggested that lower frequencies would 
yield better results. For example, Figure 6 shows simulated third-stage cooling power as a fiinction 
of frequency. Each data point represents a completely optimized machine. At 6 K, cooling power 
goes up from about 66 mW to 82 mW as frequency goes from 40 Hz down to 30 Hz. Below 30 Hz 
the size and mass of the compressor start to become issues, so we chose 30 Hz as our design-point 
frequency. These optimizations took place before we had oscillating flow characteristics for par
ticulate regenerators, so only general trends were valid, not absolute cooling powers. For subse
quent optimizations we lowered third-stage temperature down to 4.5 K and found that there was an 
even larger dependence on frequency as the low temperature decreased. These preliminary cold-
head optimizations also highlighted the need for better understanding of packed-particle 
regenerators. 

Our approach was to optimize the three-stage cold head for some design point and then inves
tigate the performance at selected off-design conditions. We felt that the most important design 
condition was with the pulse tube orientation other than in the favorable cold-end-down position. 
Sage has the capability to simulate pulse tube orientation by way of a gravitational-stabilization 
factor included in the calculation of the manifold-induced pulse tube convection loss. Without the 
gravitational-stabilization factor the manifold convection loss corresponds to weightless operation. 
It also roughly corresponds to terrestrial horizontal orientation, except for an unknown amount of 
free-convection with the gravitational field acting perpendicular to the axis of the pulse tube. Origi
nally we optimized the cold head for coldend down performance, then checked the performance in 
a weightless environment. We foimd the off-design performance was drastically less than the opti
mized performance. So the gravitational-stabilization factor was turned off during cold head opti
mization, making the design point a weightless environment. The hope was that a cold head de
signed for weightless operation would not perform too much worse than one optimized for cold-
end-down orientation. This did indeed turn out to be the case. The main difference between the two 
optimizations was that the pulse tubes are somewhat thinner in the weightless optimization and the 
turning-manifold flow areas somewhat larger. 

The second-stage regenerator was designed as an entirely lead matrix. In the third-stage regen
erator we considered two options: 1) a layered structure of lead and Er3Ni, with lead for the first 
30% of volume then Er3Ni for the remaining 70%, and 2) a monolithic packing of only Er3Ni. Due 
to the expense of the Er3Ni we decided on the layered regenerator. Table 3 shows the final simu
lated results of the performance of the optimized three stage cold head as well as the simulated 
design of stand-alone two and single-stage cold heads, all with 200 W PV power. 
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Table 3. Final predicted performance results of Sage simulation (200 W PV power). 
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^sf Staqe Lift 
2nd Staqe Lift 
3rd Stage Lift 

3 Stage Cold Head 
4.8W@80K 

270 mW @ 27K 
10mW@5.5K 

2 Stage Cold Head 
4.9W@80K 

600 mW @ 20K 

1 Stage Cold Head 
15.8W@80K 

\ 

J. 
Figure 7. Assembled three-stage cold head without inertance assemblies. 

Fabrication 

The machining of the manifold components of each stage were outsourced to a precision CNC 
machine shop specializing in the use of CAD/CAM technology. Other than those components, all 
parts were machined at Sunpower, Inc. Most joining processes, such as the diffusion bonding of the 
heat exchangers, brazing and welding were also outsourced. However, some specialized joining 
techniques of the inertance assemblies were developed in-house. 

Figure 7 shows the assembled three-stage cold head without the inertance assemblies. Figure 8 
shows the entire pulse tube cryocooler test setup. The first-stage inertance tube is wrapped around 
the first-stage reservoir mounted perpendicular to the linear compressor. 

Figure 8. Experimental setup of three-stage PTC. 
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Figure 9. Frequency-dependent performance of single-stage cold head. 

First-Stage Testing 

The first stage consistently achieved about 9.2 W of lift at 80 K with 200 We input power. 
Compressor PV power was also measured and the compressor was found to be operating very 
efficiently, typically from 87% to 90%. With equivalent piston amplitude between Sage and experi
ment. Sage predicted compressor PV power quite closely, but predicted a higher cooling power. 

Testing suggested that efficiency would increase by running at a higher operating frequency. 
Figure 9 shows the single-stage experimental performance for fixed piston amplitude versus vary
ing operating frequency. Later testing of the first-stage inertance assembly revealed some insight 
into the performance by showing that the inertance assembly was optimally tuned around 35 Hz. 
This means that for a given piston amplitude, the largest amount of PV power produced was at 
35 Hz. Of course the inertance assembly is only one piece of the system, so as the frequency in
creases to gain performance in the inertance assembly, other factors can change such as the me
chanical tuning of the linear compressor. 

Second Stage Testing 

Figure 10 shows the experimental measurements and Sage predictions for second-stage cool
ing power as a function of temperature. During the testing the first-stage temperature remained 
close to 85 K, the compressor piston amplitude was about 11.3 mm (corresponding to about 160 W 
PV power input) and the first-stage cooling power ranged from about 0.5 W down to 0.1 W. The 
plot shows that Sage and experiment are similar. 
Part of the discrepancy is due to Sage over-predicting the pressure amplitude in the compression 
space. When the pressure amplitude in Sage is decreased, simply by decreasing the piston amplitude, 
the agreement to the experimental load curve is much better. Conversely, increasing the experimen
tal compressor pressure amplitude should bring the experimental cooling power close to the Sage 
prediction. 

Third-Stage Testing 

Unfortunately by the time we had the three-stage PTC assembled and ready to test, our funding 
for the program was virtually depleted. Therefore we were only able to run one three-stage PTC 
performance test and the performance was less than the target performance for the cryocooler. Our 
most plausible explanation of what happened is that we had underestimated the load imposed on 
the second stage by the presence of the third stage. As a result the second stage stalled at a tempera
ture higher than 27 K as designed. This lef̂  the third-stage inertance assembly out of tune with the 
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Figure 10. Comparison of experimental data and Sage-predicted performance on second-stage cooling 
power. 

result that the third stage also stopped cooling at a temperature higher than anticipated. We feel the 
resolution to the problem is simply a matter of diverting less PV power from the second stage by 
suitable modification to the third stage regenerator, possibly something as simple as increasing its 
flow resistance. The result of that should be to allow the second stage to continue cooling to its 
intended operating temperature, at which time the third stage should also begin to perform as in
tended. 

CONCLUSIONS 

Sunpower, Inc. and Gedeon Associates have completed two SBIR Phase II development pro
grams under ftinding from NASA Goddard Space Flight Center. The first SBIR program demon
strated that single and two-stage pulse tube cryocoolers driven by the same commercial linear com
pressor technology used in Sunpower's Stirling cryocoolers have high efficiency and are commer
cially viable. In the second SBIR program a three stage pulse tube cryocooler driven by a dual-
opposed linear compressor was constructed and tested. There were many benefits to this develop
ment program including the modeling and fabrication of low-temperature regenerators and the 
design and construction techniques for multistage cold heads. Performance of the two-stage cold 
head was verified to be in close agreement with simulation. Available program resources were 
exhausted prior to completion of the technical goals. The next steps in the troubleshooting of the 
three-stage PTC have been identified and fUrther funding is being pursued. 
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ABSTRACT 

Future spacecraft cooling and sensing systems will require advanced multi-stage cryocoolers 
capable of providing continuous cooling at multiple temperature levels ranging from lOK to 95K. 
A multi-stage lOK cryocooler is under development that applies microelectronic sophistication to 
achieve high efficiency in a reliable, compact design. The cryocooler is based upon a novel modi
fication of the Collins cycle, a cycle commonly used in many high-efficiency terrestrial cryogenic 
machines. Innovations of the design include floating piston expanders and electromagnetic smart 
valves, which eliminate the need for mechanical linkages and thereby reduce the input power, size, 
and weight of the cryocooler in an affordable modular design. The floating piston expander and 
smart valves have been successfully developed in room temperature experiments using a series of 
proof-of-concept component prototypes. These experiments enabled the development of a sophis
ticated Lab View based control algorithm. In parallel to this effort, a manufacturing method was 
developed to enable production of very long continuous lengths of small bore finned tubing. This 
tubing is used in the highly effective recuperative heat exchanger associated with each stage of the 
cryocooler. A three stage engineering prototype has been designed that integrates Hoe floating pis
ton expander and recuperative heat exchanger as a functional cryocooler. The engineering proto
type has been assembled and is currently undergoing development testing. This paper will present 
the results of the room temperature component development testing, the design of the engineering 
prototype, the results of initial engineering prototype development testing, and the direction of 
future development. 

INTRODUCTION 

Many current cryocoolers, most notably Stirling and pulse-tube types, have achieved compact
ness and reliability by adopting mechanically simple cold head configurations at the expense of 
thermodynamic efficiency. Large multi-stage terrestrial cryogenic refrigerators are able to achieve 
higher thermod3Tiamic efficiencies, but do so by employing mechanically complex designs that are 
not feasible at a small scale. The ideal 10 K spacecraft cryocooler would have an efficiency com-
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parable to that of large terrestrial machines, i.e., a power requirement less than 1 kW per watt of 
cooling at 10 K, with the compactness and reliability of a pulse-tube or Stirling cryocooler. An 
efficient multi-stage 10 K cryocooler with many of the above attributes is currently under develop
ment by AMTI in collaboration with the Cryogenic Engineering Laboratory at MIT. This design 
achieves compactness and reliability by using modem microelectronics to enable complex valve 
timing in a mechanically simple yet efficient cold head design. The cryocooler is based upon a 
novel modification of the Collins cycle that is used in many high-efficiency terrestrial cryogenic 
machines. The technology concepts enabling this innovative design were presented previously'. A 
system schematic is illustrated in Fig. 1. 

A comparison of the thermodynamic performance of reirigeration at 4 K clearly shows the 
potential for successful cryocooler design using the new paradigm. The large-scale, high-effi
ciency machines based on the conventional Brayton and Collins cycles routinely operate with input 
powers of about 740 W per Watt of refrigeration, which is only 10 times the ideal Camot power at 
4 K. Small commercial sub-10 K Gifford-McMahon and pulse tube cryocoolers capable of about 
1W of cooling at 4 K have been available for several years (Daikin, Aisin Seiki, Cryomech, Sumitomo, 
Leybold). These devices typically require about 5 kW - 8 kW per Watt of cooling at 4 K ,̂ which is 
about 70 to 100 times the Carnot requirement. The modified Collins cycle under development is 
particularly well suited for cryocoolers operating ftom 4 K up to about 30 K, above which tempera
ture the thermodynamic losses of the mechanically simpler cryocoolers become less dominant. 

FLOATING PISTON EXPANDER 

The floating piston expander (FPE), first studied by Jones^ and further developed by Smith'*, 
is a key element in the cryocooler concept. By employing a floating piston, the expander provides 
a highly effective expansion at a high-pressure ratio without the size, weight, and geometric 
constraints of a mechanical crosshead to stroke the piston and operate the cold valves via pull 
rods. The expander consists of a piston (or displacer) that floats with the gas in a closed 
cylinder. At the cold-end of the cylinder, high-pressure gas is admitted through a smart 
electromagnetic inlet valve, and low-pressure gas exits through a smart electromagnetic exhaust 

300K, 1500kPa 

FPE : Floating Piston Expander 
HX : Counterflow Heat Exchanger 
Q : Cooling Load 
W: Work Input 

Figure 1. Modified Collins Cycle 
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valve. A microprocessor controls the opening and closing of the valves to achieve efficient expan
sion of the gas, and to minimize losses in the valves. The piston floating in the cylinder moves to 
keep the pressure in the warm-end displacement volume nearly the same as the pressure in the cold-
end volume. The warm end has multiple electronic solenoid valves that connect to reference-
pressure reservoirs. The warm end valves are flow-control throttling valves that control the veloc
ity of the floating piston by controlling the rate of gas flow into and out of the warm cylinder 
volume. With this configuration, the helium pressure on the warm end of the piston is always 
essentially the same as the pressure on the cold end. The piston floats quasi-statically on the gas in 
the cylinder with low velocities set by the throttling of the gas in and out of the warm cylinder 
volume. The cold valves always open when there is essentially no pressure difference across the 
valve. This reduces the actuating force required of the cold valve actuators. 

Figure 2 illustrates the general configuration of the first prototype FPE built for this project. 
Four valves at the warm-end control gas flow in and out of the warm-end volume. The high pres
sure gas source acted as the highest reference-pressure reservoir, and the atmosphere acted as the 
lowest reference-pressure reservoir. A single intermediate-pressure reservoir was provided that 
was connected to the warm-end volume by two valves. (For clarity in Figure 2, only one valve is 
shown connecting to the reservoir.) With warm-end connections to the high-pressure source and to 
atmosphere, a significant amount of high pressure gas bypassed the cold-end expansion volume. 
This configuration had been chosen so that at the start of both the intake and exhaust events, the 
pressure difference across the piston would be nearly zero. This would prevent rapid and uncon
trollable piston acceleration. 

Experience with the first FPE configuration demonstrated that piston dynamics were con
trollable even with small pressure differences across the piston. An alternative warm-end con
figuration was built that eliminated the connections to the high-pressure source and to atmo
sphere. It is clear that the Figure 2 configuration can be approximated in a closed warm-end 
configuration if a large number of reservoirs are connected to the warm-end volume with pres
sure levels cascading down from just less than system high pressure to just greater than system 
low pressure. With a large enough number of warm-end pressure levels the differential pressure 
across the piston at the start of the intake and exhaust events can be minimized. With four 
warm-end valves available, four reservoirs were installed so that the warm-end was closed. This 
configuration is illustrated in Figure 3. Pressure in each of the four reservoirs was pre-set, with 
the highest pressure reservoir set to slightly less than the system high pressure level and the 
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lowest pressure reservoir set to slightly higher than the system low pressure level. The other two 
reservoirs were set to a high-intermediate pressure and low-intermediate pressure, respectively. 
In operation, the four reservoir pressures self-adjusted to steady state levels based on the valve 
timing criteria. 

The ideal steady-state expansion cycle is shown as a PV diagram in Figure 4. The cycle 
starts with the piston in a position where the cold volume is a minimum and the pressure in the 
warm volume is equal to the pressure in reservoir A (state 1 on the diagram). At this point, all 
valves are closed. The cycle proceeds as follows: 

• Process 1-la (Blow-in) The inlet valve is opened. Helium at high pressure (Ph) enters the 
cold volume. The pressure in the cold end is driven up to Ph. The piston moves up, 
compressing the gas in the warm volume. 

• Process la-2 (Intake) The inlet valve is kept open and the warm end valve Vi (leading to 
reservoir A) is opened. Helium flows from the warm volume into reservoir A. High pressure 
helium continues to flow into the cold volume, maintaining the pressure inside the cylinder 
at Ph. When the cold volume has reached a cut-off volume Vco, the inlet valve is closed. 

• Process 2-3 (First expansion) Warm valve Vi is kept open. Helium from the warm volume 
flows into reservoir A. The pressure in the cylinder decreases. The helium in the cold 
volume expands so that the pressure in the cold end matches the pressure in the warm end. 
When the pressure in the cylinder falls to PA, valve Vi is closed. 

• Process 3-4 (Second expansion) Warm valve V2 is opened. Helium now flows from the 
warm volume into reservoir B. The helium in the cold volume expands further. This process 
continues until the pressure in the cylinder reaches PB, at which point valve V2 is closed. 

• Process 4-5 (Third expansion) Warm valve V3 is opened. Helium flows from the warm 
volume into reservoir C, while the helium in the cold volume expands. V3 is closed when the 
pressure in the cylinder equals Pc-

• Pressure 5-6 (Fourth expansion) Warm valve V4 is opened. Helium flows from the warm 
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volume into reservoir D. The helium in the cold volume continues to expand. V4 is closed 
when the cylinder pressure equals PD. 

• Process 6-6a (Blow-down) The exhaust valve is opened. Because the pressure in the 
cylinder (PD) is greater than the outlet pressure (P|), helium from the cold volume flows 
through the exhaust valve. The pressure in the cylinder falls, and the helium in the warm 
volume begins to expand. This process continues until the pressure in the cylinder equals Pi. 

• Process 6a-7 (Exhaust) The exhaust valve is kept open, and the warm valve V4 is opened. 
Helium from reservoir D (at a pressure PD) flows into the warm volume. The piston moves 
downwards forcing the helium in the cold volume out through the exhaust valve. Through 
this process, the pressure in the cylinder stays at P|. This process continues till the cold 
volume has reached the recompression volume Vrc, at which point the exhaust valve is 
closed. 

• Process 7-8 (First recompression) Valve V4 is kept open. Helium from reservoir D 
continues to flow inside the warm volume. The piston moves down, compressing the helium 
in the cold volume. The process continues until the pressure in the cylinder equals PD. At 
this point, V4 is closed. 

• Process 8-9 (Second recompression) Warm valve V3 is opened and helium from reservoir 
C enters the warm volume. The piston moves down and the pressure in the cylinder rises to 
Pc, at which point V3 is closed. 

• Process 9-10 (Third recompression) Warm valve V2 is opened and helium from reservoir 
B enters the warm volume until the cylinder pressure reaches PB. V2 is closed at the end of 
the process. 

• Process 10-1 (Fourth recompression) Valve Vj is opened and helium from reservoir A 
enters the warm volume. The pressure inside the cylinder rises to PA, at which point the 
valve is closed and the cycle is repeated. 

It is possible that the piston will reach bottom dead center at some point during one of the 
four recompression processes. If this happens, the pressure in the cold volume will not change 
until Process 1-1 a begins. The pressure in the warm volume will continue to increase as 
described above. Thus there will be a pressure differential across the piston until the cycle 
reaches state 1. 

The original prototype was modified to connect each of the four warm-end valves to 
individual reservoirs. The initial charge in each reservoir was supplied by gas from a common 
high pressure manifold. Fill and purge valves allowed pressure levels to be pre-set in each 
reservoir. In practice it was important to carefully set the pressure levels in reservoirs A and D 
since these determine the duration of the blow-in and blow-out steps. The pressure for reservoirs 
B and C only needed to be preset to reasonable intermediate pressures. In operation, the pressure 
levels in reservoirs B and C settled to "natural" steady state levels based on overall cycle timing. 
Some adjustment of the pressures in reservoirs A and D was required in operation to maintain the 
desired differentials to system high and low pressure. Eventually the control system will be 
developed to self-monitor and adjust those pressures using slight variations in valve timing. 

The performance of the four reservoir prototype is shown in Figure 5. Several cycles are 
plotted on a P-V diagram. All have the same characteristic shape and closely match the ideal P-
V diagram shown in Figure 4. Piston acceleration and velocities during the blow-in and blow-
down steps proved to be very reasonable and controllable. As with the earlier single reservoir 
prototype, the four reservoir protot5^e was operated as an open system where expanded gas was 
vented to the atmosphere. As expected, the overall rate of gas consumption was significantly 
diminished. Based on the success of this prototype, all further expander development will be 
based on this configuration. 
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Figure 5. Four Reservoir Prototype PV Diagram 

ELECTRO-MAGNETIC SMART VALVES 

The FPE prototypes were supplied with prototype electro-magnetic smart valves at the cold 
end. As shown in Figure 6, the valve arrangement is a concentric design, with the exhaust valve 
located concentricly outside of the inlet valve. For both the inlet and exhaust valves, action is by 
the motion of a valve disk relative to a valve plate, which is also the cylinder head of the 
expander. When against the plate, the valve disk is held against the valve seats by the gas 
pressure difference across the valve ports and by permanent magnets acting as a valve spring. 
The valve is opened by a magnetic field that pulls the valve disk away from the plate. The valve 
port area of each valve consists of three small-diameter holes through the plate equally spaced on 
a circle. As in compressor valves, multiple ports with small dimensions result in a small valve 
lift for the required flow area. The small lift allows an optimum magnetic design for a quick 
opening and closing valve wdth minimum impact stress. 

A toroidal yoke of ferromagnetic stainless steel surrounds a ring coil of copper wire. The 
valve disk of ferromagnetic stainless steel is separated fi-om the flat face of the yoke by a small 
air gap that decreases as the valve disk moves to open the valve. When current flows in the coil, 
magnetic field flows through the yoke, across the air gap, through the valve disk and back to the 
yoke creating closed flux lines around the coil. The magnetic field crossing the air gap causes an 
attractive force between the valve yoke and the valve disk that is sufficient to lift the valve disk 
off of the non-magnetic cylinder head against the gas pressure difference across the valve. When 
the current is turned off the attractive force between the yoke and the disk is near zero (there is 
some residual magnetic flux in the yoke). The disk is pulled back to the cylinder head plate by 
permanent magnets mounted in the plate and by the pressure difference generated as the gas flow 
is interrupted. 

The circuits that supply current to the valve actuator coils are designed to minimize the 
resistive (I^R) heating in the cold valve coils. A high current pulse is supplied for a few 
milliseconds to crack the valve open. As the valve opens, the pressure differential across the 
valve decreases rapidly as does the force from the permanent magnets. This allows a much 
lower current level to complete the valve opening and hold the valve open for the 70-100 
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milliseconds required to complete an intake or exhaust event. (The small air gap in the magnetic 
flux path when the valve is open requires only a low current level to produce a sufficiently high 
magnetic force between the valve disk and the yoke so that the valve is held open.) Since 
resistive heating in the coil is proportional to the square of the current level, this approach 
reduces the resistive heating load integrated over a complete intake or exhaust event to less than 
ImW. 

A typical current-voltage response is shown in Figure 7. To initiate actuation of the intake 
valve, the voltage is driven to its extreme negative potential which results in a rapid current rise 
to about 140 mAmps which was the pre-set peak current pulse level. After about 6 msec, the 
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voltage is driven to its positive extreme to rapidly reduce the current from the peak level to its pre
set holding level of 20 mAmps. Only a nominal voltage is required to supply the holding current. 
To close the valve, the voltage is again driven positive to pull the current down to zero, at which 
point the voltage rapidly decays to zero. Transients can be seen in the voltage trace at the valve 
opening that are related to the dynamics of the valve disk and its effect on the magnetic field and 
coil inductance. 

SINGLE CRYOCOOLER STAGE PROTOTYPE TESTING 

Over the course of this project four distinct prototype expanders were assembled for room 
temperature testing. These early protot5T)es enabled the development of Lab View based software 
to control the expansion cycle, the development of lightweight pistons and a piston position sensor, 
demonstration of the smart electromagnetic valves and the high-speed switching current supply for 
the smart valves. During testing of these prototypes a significant cooling effect could be sensed by 
touching the cold end of the expander, and on humid days there was an obvious build up of conden
sation and even frost. However, since the tests were conducted in the open, it was not possible to 
measure thermodynamic performance because heat transfer to the ambient environment was an 
overwhelming loss mechanism. 

A new prototype has been fabricated and assembled which will be the first prototype cryo-
cooler. This prototype is designed to be the lowest temperature stage of a three-stage cryocooler 
arranged as illustrated in Figure 1, and will be used to measure the thermodynamic performance 
potential of the cycle. The warm and cold end configurations are identical to that of the most recent 
room temperature prototype, but this prototype will include an integral heat exchanger and the 
entire apparatus will be installed in a an evacuated cryostat. The pre-cooling stream from the 
second stage will be simulated by helium gas supplied from a dewar. Where the previous proto
types had all operated as open systems in which expanded low pressure gas was exhausted to the 
atmosphere, a packaged two-stage compressor is used to supply up to 15 bar helium to the proto
type cryocooler. 
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Figure 8. Schematic of Prototype Tliird Cryocooler Stage 
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The prototype single-stage cryocooler is illustrated schematically in Figure 8. Pressure 
transducers are provided to measure cylinder pressure, the reservoir pressures and the 
compressor suction and discharge pressures. A total of 10 silicon diode temperature sensors are 
also provided. Only cylinder pressure, the reservoir pressures and piston position are required 
for cycle-to-cycle control of the expansion cycle. The remaining pressure transducers and the 
temperature sensors are provided to measure thermodynamic performance and to characterize 
cryocooler performance. The heat exchanger for this prototype was designed in such a way that 
the expander can initially be assembled without the heat exchanger to enable measurement of the 
expander efficiency. Copper tubes connect the warm-end connections to and from the 
compressor to the cold-end intake and exhaust valves. After the expander efficiency data has 
been collected, the FPE assembly can be removed from the stage enclosure and the heat 
exchanger can be added to assembly. 

As of the writing of this paper, the expander, less its heat exchanger, has been assembled 
and instrumented. Shakedown testing of the test apparatus has been completed such that 
repeatable cyclic operation of the expander has been achieved. A P-V diagram (Figure 9) has 
been obtained and the performance of this expander is observed to be very similar to that of the 
previous prototype, and to more closely match the characteristic shape of the ideal P-V diagram 
illustrated in Figure 7. During this preliminary testing a minimum cold-end temperature of 
about 245 K was measured with a pressure ratio of about 9:1 and a high pressure warm-end 
temperature of 300 K. The cold-end temperature was measured by a temperature sensor 
intended to measure the temperature of the high-pressure gas at the discharge of the heat 
exchanger. In the configuration used for shakedown testing it was the best positioned sensor to 
assess the cold-end temperature. The actual minimum temperature is assumed to have been 
lower. The configuration used to measure expander efficiency will provide for a direct 
measurement of the expanded low-pressure gas. 

160 

Figure 9. P-V Diagram for Single Cryocooler Stage Prototype 
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FUTURE WORK 

Expander efficiency will be measured shortly and operation as a single-stage cryocooler should 
begin by mid-to-late Spring 2004. Data from the single-stage prototype will guide the design of a 
complete 3-stage cryocooler prototype. The current control system will be developed to enable 
dedicated microprocessor control of cycle-to-cycle operation with supervisory control by a higher 
level algorithm. It is expected that the 3-stage prototype will be assembled and under test by the 
Summer of 2005. 
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ABSTRACT 

The mission of Superconductor Technologies Inc. (STI) is improving the quality of wireless. 
Through the use of its patented High Temperature Superconductor (HTS) technology, STI has 
created a cryogenic receiver front-end (CRFE) used by major wireless operators to enhance their 
network performance. The "Sapphire" cryocooler is a key component in the STI SuperLink product 
family. Since 1999, more than 4,000 Sapphire cryocoolers have been deployed with over 44 mil
lion hours of accumulated run time. The current generation of cryocooler has an efficiency of 
16.7 W/W and a 6 W lift at 77 K with 100 W input power and 35°C heat rejection temperature. 

STI's Sapphire cryocooler is not only suitable for wireless industry products, but for other 
applications where low cost, high efficiency, and field-proven reliability are decisive components 
for enabling product commercialization. The wireless communication industry demands products 
that are cost effective and extremely reliable, typically with MTBF requirements in the hundreds of 
thousands of hours. Field data confirms that the Sapphire cryocooler has met and even exceeded 
these requirements. 

Performance data are presented along with reliability data from the field and in-house testing. 
Various methods of thermal management of the cryocooler in systems are also discussed. 

INTRODUCTION 

For seven years, STI has been producing Stirling cycle cryocoolers as part of their CRFE 
products for the wireless communication industry. The free piston, gas-bearing cryocooler is a 
critical component that contributes to the overall receiver system's lifetime and reliability. Cryo
cooler reliability data, therefore, is continuously tracked and updated. To date, the product has 
demonstrated an MTBF of greater than 500,000 hours based on reliability data from the field and 
in-house lifetest results. This has far surpassed STI's original goal of 50,000 hours. The extraordi
nary MTBF of > 500,000 hours has remained consistent over the last two years even with an in
creased number of deployed systems. The "Invisible Cooler," which is small, lightweight, and 
highly reliable has become a reality. STI's unique cryocooler design has a new name: "Sapphire." 

Figure 1 shows STI's flagship product, the SuperLink Rx 850, one of over 4,000 
maintenance-fi-ee SuperFilter and SuperLink Rx units deployed worldwide. In this figure, the Sap
phire cryocooler is surrounded with a shroud to optimize forced-convection cooling of the unit 
using a fan. 
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Figure 1. STI's flagship product, SuperLink Rx 850. 

Cryocooler Performance 

The Sapphire cryocooler is used in conjunction with a dewar and HTS RP filters based on 
"thin-film" technology that operates at a temperature of 77 K. The cooler has a heat load of 3.5 W 
from the dewar and is designed to operate over the complete ambient temperature range of-40°C to 
+60°C. The coldfinger temperature is regulated with the electronics board shown in Fig. 1. 

STI's cryocooler has more than sufficient heat lift even under the worst-case conditions. The 
performance and physical characteristics of the Sapphire cryocooler are listed in Table 1. Figure 2 
shows the heat lift of the Sapphire cryocooler as a function of input power for three different heat 
rejection temperatures. 

RELIABILITY DATA FROM THE FIELD 

STI has more than 4,000 units operating in the field. The combined run time is over 44 million 
hours. Of these units, 460 coolers have each > 26,280 accumulated hours (three years). Table 2 
shows summary statistics for the STI imits in the field. Figure 3 shows the accumulated run time 
and the number of coolers in the field as a function of time. 

As part of STI's rigorous reliability and continuous improvement program, a thorough Pareto 
analysis is conducted on a regular basis to identify potential cryocooler design and reliability im
provements. This resulted in cryocooler design changes in Ql 2002. Since that time over 2,600 
coolers have been built, accumulating over 15 million hours in the field. Only three of these units 
have failed, and these failures were not wear-related. 

Table 1. Performance and physical characteristics of the Sapphire cryocooler. 

Heat lift 6 W of lift at 77K and 35°C heat reject temperature 
Nominal input power 100 W input power at 6 W, 77 K and 35°C 
Maximum input power 140 W, 60 Hz 
Weight 7,5 lbs. 
Dimensions 3.5 inches OD x 11.5 inches length 
Operating orientation Any 
Ambient temperature -40''C to +60°C 
Vibration output 2.2 N with passive balancer 



STI'S HIGH QUALITY PRODUCTION OF STIRLING COOLERS 

12 

g 1 0 

fc 8 

5 6 

o 
£• 
O , 

53 

; 

: 

: 

—•—2*C 

—•—42*C 

A 75'C 

J^^^ J 

' i • • . \ , , . i , ^ , j . , , 1 ' ' ' i 
20 40 120 140 60 80 100 

Input Power, W 
Figure 2. Cryocooler lift at 77 K vs. input power for various heat reject temperatures. 

There are various ways to determine MTBF, such as Wiebull, exponential distribution, and 
lognormal. The method chosen depends on the nature of the product, and the types of failures that 
result. As part of the qualification of the cooler, tests were conducted to determine the Hazard Rate 
or Instantaneous Failure Rate (IFR) as a function of time. Commonly known as the "bathtub curve," 
the results clearly show no infant mortality in Fig. 4. In addition, the IFR does not change over time 
so there is no indication of wear out. By inspecting the units returned from the field as well as from 
ongoing reliability testing at STI (see next section), this has been validated. 

Table 2. Statistics for STI coolers in the field as of March 2004. 

Infant mortality 
Wear out seen to date 
Total number of coolers 
Average hours per cooler 
Cryocoolers with > 1 year run time 
Cryocoolers with > 3 years run time 
Cumulative hours 
MTBF 

No 
No 
> 4,000 
18,000 
>1,600 
460 
> 44 million hours 
> 500,000 hours 

Results of Continuous Improvement/Refinement: After Ql 2002 
Number of coolers > 2,600 
Cumulative hours 15 million hours 
MTBF Unknown (only 3 units failed) 

Sn Field Summary - 3/1/04 

3 S cv) 

Figure 3. Field summary: number of units shipped vs. time. 
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Figure 4. "Bathtub Curve" - Hazard rate or Instantaneous Failure Rate (IFR) vs. time; hazard rate or 
Instantaneous Failure Rate (IFR) equals the number failing in the next time period, having survived up to 
that time period. 

Typical MTBF calculations are done using the exponential distribution. This methodology 
only applies if the product shows no infant mortality and a constant failure rate (no wear out). Since 
the Sapphire cryocooler at this point has met these two main criteria, this methodology is appli
cable. The equation for calculating MTBF using the exponential distribution methodology becomes 
simply: MTBF (hours) = Total accumulated run time (hours)/number of failures. 

For units produced since Ql 2002, the MTBF is nearly 5 million hours. While this clearly 
demonstrates a highly reliable unit, ironically, not enough failures of this configuration have oc
curred to determine a statistically significant MTBF. However, the 500,000-hour MTBF number 
for the entire population of coolers in the field is statistically significant. 

IN-HOUSE LIFE TEST 

A few years ago, STI began additional in-house lifetime tests in order to determine the run time 
until wear out, thereby evaluating the latest design improvements. Ten optimized design coolers, 
introduced in Q2 2002, are currently operating at or close to worst-case conditions, defined as 
elevated cryocooler heat rejection temperature (between 35°C and 60°C) and maximum heat load 
or input power. Five of the ten lifetest coolers are operating with a regulated coldfinger tempera
ture of 77 K. The remaining coolers are tested with the maximum possible input power achievable 
by the limitations of the electronics board. Figures 5 and 6 show measurement results and the test 
setup for the five temperature-regulated cryocoolers. 

The heat reject temperature, input power, heat load, and cold-end temperature data for these 
lifetime coolers is recorded every 10 minutes on a continuous basis. This allows any variation in 
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Figure 5. Performance results of temperature regulated lifetime coolers. 
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Figure 6. One of STI's in-house lifetime test stations. 

cryocooler performance to become immediately apparent. Figure 5 shows the stable performance 
of all coolers within a range of 14% to 16 % of Camot. All units with a current run time of more 
than 12,000 hours have shown nearly no performance variations during the last 2,000 hours, and 
therefore result in no wear out. 

OUTDOOR CRFE SYSTEM - SUPERLINK RX 1900 

SuperLink Rx 1900 is STI's newest product, an integrated duplexed CRFE for outdoor appU-
cations. The fully weatherized imit includes a SuperLink receiver and up to six dual duplexers. 

The key requirement for SuperLink Rx 1900 (see Fig. 7) is that it operate outdoors without a 
fan for thermal management. This resulted in developing a Sapphire cryocooler with a modified 
heat rejecter and heat pipes as shown in Fig. 8 and described in the next section. 

Passive thermal management design of SuperLink Rx 1900 

The indoor imits (e.g. SuperLink Rx 850) operate in semi-protected, air-conditioned environ
ments in cellular service-provider shelters. This conditioned air safely circulates through the unit 
and the fins on the cryocooler heat rejecter. The use of forced convection greatly simplifies the 
thermal management while minimizing the system weight. 

Figure 7. STI's SuperLink Rx 1900 for outdoor applications. 
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Figure 8. Heat pipe version of the cryocooler."Sapphire." 

In contrast, the outdoor units (e.g. SuperLink Rx 1900) are exposed to a variety of ambient 
environmental conditions, including temperature extremes such as rain, snow, high humidity, and 
windblown dust. The requirement to operate reliably for a long period of time under these condi
tions eliminates the possibility of circulating air through the unit enclosure, pushing the design 
toward a sealed, insulated thermal heat management concept. 

Most of the heat generated by the system (65%) comes from the Stirling cryocooier. The re
mainder is generated from other unit components such as the second stage amplifiers, PCB, AC/DC 
power converter, and the amplifier power supply. All of these components are designed to mount 
directly on the flat surface of the heat sink to expedite heat removal. Some of the system compo
nents are shown in Fig. 8. 

To reject heat from the Stirling cryocooier to the outside environment, a temperature delta of 
no more than 20°C must be maintained between the cryocooier heat rejecter zone and the ambient 
air. To accomplish this requirement without circulating ambient air through the enclosure, a heat 
pipe/heat sink combination is used to remove the heat passively through conduction and free con
vection. A heat sink with fins is used to transfer heat to the ambient air. To replace the finned heat 
rejecters with an efficient heat pipe interface (< 1 °C temperature delta), a variation of the Sapphire 
cryocooier was designed. A heat pipe structure thermally connects the cryocooier heat rejecter zone 
to the firmed heat sink, which transfers heat to the ambient air. The use of a heat pipe/heat sink 
combination in place of relatively lower reliability fans results in a product with long life and high 
reliability. 

STl shipped over 50 SuperLink Rx 1900 systems last year, incorporating into its products the 
use of highly reliable passive cooling to serve the outdoor needs of the cellular industry. 

"NEMA" Standard 

The outdoor enclosure unit, including a thermal management system, is designed to meet the 
National Electrical Manufacturers Association (NEMA) 4X standard. NEMA 4X enclosiu-es are 
constructed for either indoor or outdoor use to provide a degree of protection to personnel against 
incidental contact with the enclosed equipment. In addition, the NEMA 4X enclosures provide a 
degree of protection against falling dirt, rain, sleet, snow, windblown dust, splashing water, 
hose-directed water, corrosion, and external formation of ice. 

ALTERNATIVE CRYOCOOLER APPLICATIONS 

The Sapphire cryocooier can be used for a variety of applications where low cost, high reli
ability, high performance, and long life are important or critical. Some examples include, but are 
not limited to the following: 
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• Medical devices 

• Cold electronics: microprocessors, infrcired detectors for focal plane 
arrays, and gamma-ray detectors 

• Freezers for biomedical specimens 

• Micro liquid Oxygen and liquid Nitrogen generators 

SUMMARY 

STI's Sapphire cryocooler has demonstrated field-proven reliability of greater than 500,000 
hours MTBF, combined with high efficiency, high power density, and cost effective manufactur-
ability. These critically important achievements are necessary to ensure STI's success in the wire
less commimication industry. To date, STI has delivered more than 4,000 cryo-cooled receiver 
units, accumulating over 44 million hours of run time. A total of 460 coolers have been operating 
for more than three years. The latest generation, of which over 2,600 units have shipped since Q2 
2002, has demonstrated even higher MTBF. This conclusion is also based on field test results as 
well as in-house tests at STI. The SuperLink Rx 1900 is equipped with a modified version of the 
Sapphire cryocooler where heat removal is managed by using heat pipes and convection cooling to 
serve the outdoor needs of the cellular industry. Sapphire can be used for a variety of applications 
where low cost, high reliability, high performance, and long life are important or critical. 

REFERENCES 

1. Hanes, M. and O'baid, A., "Performance and Reliability Data for Production Free Piston Stirling 
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ABSTRACT 

Over the past fifteen years Ra3^heon has developed a line of high reliability, long life, high 
efficiency flight qualified Stirling cryocoolers. Raytheon is currently manufacturing a low rate pro
duction lot of single-stage Stirling (RSI) cryocoolers to support its internal laboratory needs. The 
cryocooler features an Oxford-class design and is required to provide 3.3 W heat lift at 58K with an 
operational life in excess of 8 years. Initial testing indicates that this cryocooler has a measured heat 
lift capability in excess of 4 W at 58K. This paper will discuss performance trades on engineering 
units currently in test providing insight to effects of screen packing densities, transfer line configu
ration and operational charge pressure. Good correlation of performance with the analytical model 
is demonstrated with some path for improvement identified. Life test update of legacy RSI cryo
cooler designs is also provided. 

DESIGN OVERVIEW 

The RSI Cryocooler, as reported at SCW 2003', is the latest in a family of single-stage, 
split-Stirling cryocoolers. The design of the Raytheon RS1 Cryocooler (Figure 1) was described 
in detail at SCW 2003 convened in Girdwood, AK in September 2003. Since the last report on 
performance a number of engineering trade studies have been performed to establish sensitivity 

\J 
J^"^^.*!!**!! 

Figure 1. Raytheon RSI cryocooler. 
Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 5 9 
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to design and operational parameters and to further validate the accuracy of the analytical model 
used to predict performance. Results of this testing are reviewed and discussed in the 
following section. 

RSI PERFORMANCE OVERVIEW 

Performance mapping of the RSI was reported at SCW 2003.' Since this last report tests 
have been conducted to assess sensitivity to design features (regenerator screen packing density, 
and transfer line configuration) and a key operational variable (charge pressure). 

Performance vs. Screen Pack 

The initial assessment considered was the sensitivity of performance to screen pack. For this 
evaluation performance was predicted for screen counts of 1016 (36% fill factor) and 920 (33% 
fill factor). Figures 2 and 3 illustrate the effect of screen pack on RSI performance. Figure 2 
depicts heat lift performance; Figure 3, specific power performance. 

Figure 2 shows measured vs. predicted performance at 40 atm charge pressure operation. 
Both performance curves demonstrate compliance with the RSI heat lift requirement of 3.3 W at 
58K. There is excellent correlation between test data and predicted results from the 
thermodynamic math model. Correlation of predicted performance matches the lower fill factor 
performance within 5% over the data range reported. The analytical model also predicted the 
improved performance trend associated with the lower packing density that was demonstrated in 
the data, though the extent of the improvement was somewhat under predicted. 

Figure 3 compares operational efficiency of the two screen packs considered. Specific power 
for the lower packing density (920 screens) configuration demonstrates a small improvement in 
efficiency compared with the higher packing density (1016 screens) configuration. 

Performance vs. Charge Pressure 

The next study conducted was to assess performance vs. charge pressure. For this study the 
RSI cryocooler was assessed at two charge conditions: 40 atm and 36 atm. Results are provided 
in Figures 4 and 5. Figure 4 depicts heat lift vs. predicted results for the two charge conditions, 
and Figure 5 depicts specific power for the two conditions. 

60 70 80 90 100 

Cold Tip Temperature (K) 

Figure 2. Performance vs. screen count. Results are compared for screen packs of 1016 count and 
920 count; charge pressure is held constant at 40 atm. Results show improved performance levels are 
obtained with the lower packing density. Both configurations meet RSI performance requirement of 3.3 
W at 58K. 



RAYTHEON RSI CRYOCOOLER PERFORMANCE 61 

100 

90 

80 

g 

I 

_ • p 

40 atm, 

=40 atm 

1016 Screen Count 

920 Screen Count 

i ^ ^ ^ ' ^ ^ ^ s ^ 
• = * » , ^ 

40 50 60 70 80 90 100 110 120 

Cold Tip Temperature (K) 

Figure 3. Comparison of operational efficiency vs. regenerator screen pack. Specific power of 920 
screen count and 1016 screen count regenerator configurations are compared. Both configurations meet 
the RSI requirement of 38 W/W at 58K. A slight improvement associated with the lower packing density 
is observed. 

As expected, increasing the charge pressure increases capacity. The maximum capacity at 
58 K for 36 atm is 3.8 W, compared to 4.1 W for 40 atm. Figure 4 again reinforces the ability of 
the analytical model to predict performance; results are within 2% of measured at 60K and 
within 6% of measured at 120K. The performance curves demonstrate compliance with RSI 
requirements for both charge pressures. 

Figtire 5 depicts operational efficiency vs. charge pressure. A key observation is the gain in 
operational efficiency associated with the lower charge pressure. Whereas specific power for the 
40 atm condition is measured at 34.5 W/W, the corresponding specific power for the 36 atm 
condition is measured at 32.5 W/W, a 6% improvement. Thus a trade off between efficiency and 
capacity has been characterized in the charge pressure setting. For the stated requirement of 3.3 
W at 58K, the lower charge pressure is thus the better selection given that it meets the capacity 
requirement with substantial margin while achieving the better operational efficiency. 

Cold Tip Temperature (K) 

Figure 4. Performance vs. charge pressure. Results are compared at 40 atm and 36 atm for a 
regenerator pack of 920 screens. Results show excellent correlation with predicted values up to 120K. 
Both configurations meet RSI performance requirement of 3.3 W at 58K. 
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T=300K, P=40 atm, 920 Screen Count 

T=300K, P=36 atm, 920 Screen Count 

Cold Tip Temperature (K) 

Figure 5. Comparison of operational efficiency vs. charge pressure. Specific power at 40 atm 
charge and 36 atm charge are compared for a regenerator pack of 920 screens. Both configurations meet 
the RSI requirement of 38 W/W at 58K with substantial margin. The lower charge condition results in an 
efficiency gain of ~ 6% at 58K. 

Performance vs. Transfer Line Configuration 

The final trade considered was the impact of transfer line configuration on overall perfor
mance. Two conditions were assessed - an "S" configuration transfer line approximately 10" 
long with 4 bend radii of ~ 1" each and a bench test line configuration (T508) approximately 10" 
long with 2 bend radii of ~ Vr each. A comparison of test results with the analytical predictions 
is shown in Fig. 6. 

These results show a small impact on performance at 58K (~ 2%) and a larger impact at 
higher operational temperatures ( - 4% variation between line configurations at 120K). 

Overall these performance evaluations provide further validation of the anal}l:ical model to 
predict cryocooler performance. Results, in general are within a few per cent over the operational 
range of interest. The testing performed has highlighted a path to improved performance of the 

50 60 70 80 90 

Cold Tip Temperature (K) 

Figure 6. Comparison of performance vs. transfer line configuration. Heat lift comparison of S-
configuration vs T-508 configuration transfer lines. The observed impact at 58K is less than 2% from 
predicted results. 
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Table 1. Summary of Hughes/Raytheon Stirling Cryocooler Programs. 
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Program 

ssc 
ISSC 
PSC 
SBIRS Low 
RSI 

Year 
90-94 
93-97 
94-97 
95-99 
00-03 

Units 
2 
4 
1 
5 
2 (+15) 

Performance* 
2W@65Kfor55Win 
2.1W@60Kfor80Win 
3.1W@60Kfor90Win 
3.1W@60Kfor90Win 
3.3W@58Kforl08Win 

Mass 
18.5 kg 
18.5 kg 
12.6 kg 
17.2 kg 
14 kg 

Life Testing 
24,000+ hrs 

23,500 hrs X 2 
30,000+ hrs 
38,000+ hrs 

-
* with heat reject at 293K 

RS1 through tailoring of the regenerator packing density and operational charge pressure to achieve 
higher operating efficiency. 

RSI Life Test Update 

Life test summary of RS 1 legacy cryocoolers is included as Table 1. Two cryocoolers are 
currently in test, the PSC cryocooler in test at AFRL and the SBIRS Low cryocooler in test at 
Raytheon. Over 115,000 hours of life testing have been accumulated to date on all coolers listed 
with no observed failures. 

SUMMARY 

In summary, several engineering trade studies were conducted to assess potential performance 
gains versus configuration. Good correlation was established with the analytical model, both in 
absolute accuracy and in predicting subtle trends. This illustrated the model's utility for exploring 
parametric changes to improve overall performance margin. Analytical results, supported by mea
sured data, identified improvements in operational efficiency that were realized through tailoring 
of regenerator screen pack density and operational charge pressure. Life testing of the RSI legacy 
design cryocoolers continues without any observed life test failures. 

REFERENCES 
1. Barr, M.C., Price, K.D., and Pruitt, G.R., "Long-Life Cryocooler Performance and Production," 

genics. Vol. 44, Issue: 6-8, June - August, 2004, pp. 409-412. 
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ABSTRACT 

This paper describes the design, development, testing, and performance of the Ball 
Aerospace SB235 and SB235E long life, 2-stage space cryocoolers optimized for dual 
temperature simultaneous cooling at 35 K and above. The SB235 and its model derivative 
SB235E are 2-stage coolers designed to provide simultaneous cooling at 35 K (typically, for 
HgCdTe detectors) and 100 K (typically, for the optics) and were baselined for the Raytheon 
SBIRS Low Track Sensor. A qualification unit SB235 was developed and has accumulated 2500 
hours in a life test at the Air Force Research Laboratory (AFRL). The SB235 and its higher 
capacity derivative SB235E were designed for high cooling capacity, power and mass efficiency, 
and producibility for multiple unit build applications. 

INTRODUCTION 

Ball Aerospace has specialized in multi-stage low-temperature coolers from the beginning of 
our cryocooler program. We believe that the Stirling is the cryocooler of choice for high-
efficiency low-temperature cooling because of its unmatched low-temperature performance. Ball 
developed a series of multistage coolers on the NASA 30 K MLVC program and its Flight 
program derivatives. Building on that experience we have made a next generation 2-Stage cooler 
with twice the cooling capacity in the same size package in a highly-producible design.'"^ This 
cooler, the SB235, has undergone flight qualification vibration testing and is currently under life 
test at AFRL. 

The SB235 cooler was initially designed to match the cryogenic requirements of the SBIRS-
Low program, which were nominally 0.8 W at 35 K and 2.5 W at 115 K. Because these loads 
have tended to grow over time, we are now working on a higher heat lift version, the SB235E 
cooler, that we expect will carry 1 W at 41 K and 7 W at 110 K. 

Cryocoolers 13, edited by R. G. Ross, Jr 
Springer Science+Business Media, Inc., New York, 2004 6 5 
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Figure 1. SB235 Qualification unit with close-up of the cold head. 

SB235 MODEL CRYOCOOLER DESCRIPTION 

The SB235 is a 2-stage Stirling cooler with a split design separating the compressor and 
cold head, shown in Figure 1. Dual opposed pistons are used in the compressor with a flexure 
bearing supported clearance seal. The expander is also flexure supported, and has a two-stage 
piston to generate cooling at 35 K and 115 K. It employs a counterbalance for active vibration 
control. 

The cooler incorporates many features from our previous coolers. It includes a fixed regenera
tor that allows high side loads and protects the displacer clearance seal. Advanced EMI reduction 
techniques are used to achieve very low EMI emission levels for a system using a Pulse Width 
Modulated (PWM) power supply. Also, it employs the technology we have developed to insure 
non-contacting. On the 30 K program, where our research coolers were equipped with internal 
sensors that monitored the clearance gaps', we learned that low-frequency stiction tests were not 
sufficient to prove that a cooler was non-contacting during full power operation. We devel
oped a scheme, which includes mechanical design, methods of part fabrication, and a sensitive 
electronic aligrraient, that results in full non-contacting operation. We include the sensors in the 
cooler during its initial alignment, but eliminate them once proper performance has been ascer
tained. 

We show our simple two-stage cold interface in Figure 1 (right photo). Unlike a pulse tube, the 
Stirling requires only a single small diameter penetration in any radiation shield, and all warm end 
parts are removed ixom the cryogenic zone. The detailed design of the fixed regenerator displacer 
provides excellent thermal contact between the working fluid in the cooler and the external inter
face. 

The performance requirements for the cooler are shown in Table 1. The cooler meets these 
requirements in the area of thermal performance and vibration, but without our final version of the 
electronics we have not tested radiation hardness or completed the full set of EMI tests. 
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Table 1. SB235 2-stage cooler design performance requirements. 
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Specification 
Cooling Capacity 

Reliability 
Mass 
Cooler Volume 
Vibration 
Operating Temperature 
Range 
Survival Temperature 
Range 
Temperature Control 
Stability 
Radiation Tolerance 
Launch Loads 

Electronics Interface 
EMI/EMC 

SB235 
0 . 8 W @ 3 5 K 
2 . 5 W @ 115K 
99.5% cooler at 5 yrs 
10.5 kg 
14 cm X 28 cm X 40 cm 
<0.1 N 
-40 to 55 "C 

-60 to 80 °C 

0.01 K with varying heat 
rejection temperature 
>100 krad 
15 9 peak sine vibration 
13 grms random vib 
RS-422 
Mil-Std461E 

PERFORMANCE CHARACTERIZATION 

Performance Mapping 

Ball delivered the SB235 cooler to the Air Force Research Laboratory at Kirtland Air Force 
Base for extensive characterization. They are characterizing the SB235 by mapping the cooler 
performance at 12 different cold-stage and mid-stage temperature combinations under a variety 
of parameters including stroke, frequency, phase angle, and heat rejection temperature. This 

SB235 Nominal Performance Cold-stage Load (W) 

300 K Rejection - 85% Stroke - 36 Hz - 65° Mid-stage Load (W) 
Heat Lift IVIap and Motor Input Power Moter Power (W) 

m 50 - -

55 

175 

Mid-Stage Temperature (K) 
Figure 2. Nominal SB235 performance map. Contour plot shows available heat lifl for both the cold-

stage (solid lines) and the mid-stage (dot-dot-dash lines). Also included is the motor input power (dotted). 
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provides a large database of experimental data to allow cooler performance predictions for a 
wide variety of applications over a large temperature range. Testing is performed by setting the 
heat rejection temperature and controlling the heat loads on both cold-stages to maintain fixed 
temperatures. Next the phase angle, stroke, and frequency are varied in 75 different 
combinations. Performing this over 3 different cold-stage temperatures, 35 K, 50 K, and 65 K, 
and 4 mid-stage temperatures, 85 K, 115 K, 145 K, 175 K, results in 900 data points for each 
heat rejection temperature. 

Figures 2 and 3 are a sample of the 75 graphs that could be plotted. Figure 2 represents 
nominal operation, while Figure 3 represents the dramatic increase in cooling that can be 
obtained by commanding the cooler to run at higher stroke and operating frequency. In both 
cases they demonstrate how the mid-stage heat lift is almost unaffected by the cold-stage 
temperature, although the cold-stage heat lift is somewhat affected by the mid-stage temperature. 
If they were totally independent, the heat lift lines would form a rectangular grid. 

In a different type of experiment, we showed how the cooler could provide different 
amounts of heat lift at two fixed stages. We fixed the cold-stage and mid-stage temperatures at 
35 K and 115 K respectively and varied stroke and phase angle at fixed frequency. The results 
shown in Figure 4 demonstrate how the Stirling cooler can be adjusted to match a wide range of 
required loads at both stages. With a 0.5 W load at 35 K and by adjusting the stroke and phase 
angle, the heat lift at 115 K will be between 1 W and 3.5 W. This can be accomplished on orbit 
to adjust for the real conditions in space. This is a unique ability of the Stirling cooler. Changing 
the frequency is the only way a pulse tube can shift the heat lift ratio but the frequency will have 
a much smaller effect. Changing the frequency of the SB235 will also shift the curves shown in 
Fig. 4 to provide an even larger range of the heat lift ratio. 

In a final experiment we demonstrate how the heat rejection temperature affects the heat lift 
at the two stages. As shown in Fig. 5 the ambient temperature primarily affects the mid-stage, 
which makes sense since the regenerator loss term is proportional to the temperature gradient. 

6 5 • 

SB235 Higher Performance 
90% Stroke - 39 Hz - 65° 

Heat Lift Map and Motor Input Power 
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Cold-Stage Load (W) 
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Figure 3. Higher heat lift performance map. Contour plot shows available heat lift for both the cold-

stage (solid lines) and the mid-stage (dot-dot-dash lines). Also included is the motor input power (dotted). 
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SB235 Performance 
3 5 K & 1 1 5 K - 3 6 H Z 

Heat Lift Map 

Cold-Stage Load (W) 
Mid-Stage Load (W) 

Phase Angle (deg) 
Figure 4. Constant temperature contour plot shows available heat lift for both the cold-stage (solid 

lines) and the mid-stage (dot-dot-dash lines). 
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Figure 5. Temperature verses cold-stage heat lift plot with a fixed 2 W on the mid-stage. Solid filled 

markers are the cold-stage temperature; open markers are the mid-stage temperature. 
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Figure 6. SB235 under life test at AFRL. 

Life Test 

The SB235 qualification unit is currently under performance characterization and life test at 
AFRL, shown in Fig. 6. All the data shown in the earlier figures was taken at AFRL. The unit 
currently has over 2500 hours of life testing and testing will continue for the foreseeable future. 

SB235E MODEL CRYOCOOLER 

As mentioned, we are currently working on an 'enhanced' model designed for larger cooling 
loads. It is only slightly larger in size and mass while providing about twice the cooling power of 
the SB235; 3.2 W at 56 K and 14.6 W at 120 K. A thermal breadboard is currently under 
construction for performance testing in the fall of 2004. 
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ABSTRACT 

Thales Cryogenics has been working on high reliability cryocoolers since 1997. During this 
period two cooler series have been developed, the LSF91xx series for cooling powers up to 3 W at 
80 K and the LSF93xx series for cooling powers up to 8 W at 80 K. As a result of several design 
improvements, it was possible to decrease the length and mass of our flexure-bearing coolers. 
These improvements have been applied in the new LSF95xx series. With the length and mass 
reduction, the LSF95xx complies with the SADA II specification with respect to envelope and 
mass. Based on this, being the first manufacturer offering a full flexure-bearing supported cooler 
that fits within the SADA II envelope, Thales Cryogenics has been selected in several new (mili
tary) programs with their LSF coolers. 

By using a moving magnet configuration in all our flexure-bearing coolers, the risk with re
spect to contamination problems due to outgassing has been diminished because the coils are not 
part of the helium circuit. Furthermore, all connections in the LSF95xx are laser-welded, which 
means that there is no additional locking required inside the cooler. By using a different magnet 
design, no magnet segments have to be glued together, which decreases the risk of out gassing and 
increases the robustness even more. 

This paper describes the trade-offs that have been considered in the design phase, and gives a 
detailed overview of the test results, the status of the qualification program, and the resulting speci
fication of the LSF95xx cooler series. 

INTRODUCTION 

The first generation of Thales' LSF91xx flexure bearing compressors was introduced in 1999. 
The flexure-supported moving magnet concept is generally recognized as the most robust and reli
able implementation of a Stirling compressor. By making this concept available in volume produc
tion, Thales set a first and important step to introduce Stirling and Stirling-type pulse tube cryo
coolers into civil and industrial markets. Further, interest was raised in the space community, as the 
design and fabrication methods turned out to be suitable for making space-worthy coolers for a 
fraction of the cost generally associated with space cryogenics. 

From the world of military infrared systems, it was soon recognized that the significant in
crease in MTTF (as compared to conventional cryocoolers) gives a large potential in reducing 
cost-of-use and increasing maintenance intervals. Space constraints, as well as standards such as the 
SADA envelope, limited the applicability of the LSF91xx series cryocoolers in military applications. 
Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York. 2004 7 1 
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In four years of production of the LSF91xx, and in the design of compressors for a number of 
space programs, Thales has obtained extensive experience in building and designing flexure com
pressors. It was therefore decided to design a moving magnet flexure cooler using the cold finger of 
an existing Thales contact-seal SADA II cooler, but fitting into the SADA envelope. 

The compressor design is now used as the basis of the LSF95xx series of cryocoolers. The 
series contains the LSF9599, with a 1/2" SADA compatible cold finger, and the LSF9597, with a 
1/4" IDCA cold finger; the cold finger interfaces with the same dewar as Thales' rotary monobloc 
coolers. Ftirthermore, a number of slip-on coolers such as the LSF9580, LSF9587, LSF9588 and 
LSF9589 are available. 

DESIGN 

Magnetic Circuit Design 

A mass reduction study was conducted on the LSF93xx compressor in order to use it in the 
LSF9330 for the Cryosystem space application. In this study, it was found that it is advantageous to 
replace the 16 magnet segments used in the motor by a single magnetized ring. For the mass and 
size reduction of the LSF95xx, it was decided to use the same approach. The magnetized ring is 
more robust than separate magnet segments, thus making the design even more suitable for applica
tions where the cooler is subjected to severe shock and vibration. Furthermore, the segmented 
design may have trapped gas volumes in the gaps between the segments, thus requiring great care in 
cleaning and drying of the compressor in production. The magnetized ring is a single piece, thus the 
design further reduces potential outgassing into the helium space. The biggest advantage, however, 
is the fact that the design enables a reduction in moving mass for the same magnetic flux in the 
motor. 

Flexure Support Design 

In the first generation LSF91xx coolers, the pistons are supported at both ends by flexure 
packs. This gives the axial and radial stiffness required to support the piston even under high trans
verse loads. Each flextire pack consists of two flexures (thus eight flexures per compressor). Using 
a combination of FEM calculations and extensive fatigue tests,' Thales has continued to refine their 
Algor®-based FEM flexure optimization tool. A new spring steel material is found that has a 10% 
higher fatigue threshold than the old spring steel. Combined with the lower moving mass, this 
material made it possible to design flexures that can support the loads in a single-flexure arrange
ment, as shown in Fig. 1. Thus, in the LSF95xx, each piston is supported by one flexure at each 
end. Consequently, the compressor contains only four flexures, and the length has been reduced 
from 165 mm to 122 mm. 

Compressor Housing Design 

Having gained experience from the severe safety constraints in civil and space applications, 
the housing of the compressor is optimized to reduce stresses in the housing material. For general 
applications, the optimized housing is made of AISI 304L (yield strength = 170 N/mm^) and laser 

Figure 1. Single flexure arrangement (1 flexure per piston side) and LSF95xx compressor. 
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welded. This provides a robust housing with a burst pressure well above the required two times the 
maximum design pressure. For applications requiring compliance with MIL-STD-1522, the hous
ing can be made of AISI 321 (yield strength = 205 N/mm^) and electron-beam welded. 

Modularity 

Parallel to the approach chosen for the LSF91xx series, the compressor was designed as much 
as possible in a modular concept. Adaptation to the various Thales' cold fingers is possible with the 
exchange of a minimum number of parts. This makes it possible to build even small series of 
coolers for economically acceptable costs. 

SPECIFICATION AND PERFORMANCE 

In the design of the LSF95xx, special care was taken to make sure that the weight and size 
reduction did not impact compressor efficiency. Therefore, the performance specifications of the 
LSF95xx series were made identical to those of the LSF91xx series. A summary of the perfor
mance of the LSF95xx compressor with existing Thales cold fingers is given in Table 1. As many 
heatsink designs clamp around the center part of the compressor, the fact that the LSF95xx has the 
same diameter as the LSF91xx means that the two designs are to a large extend interchangeable. 

Dynamic Impedance 

For integration of a cooler in a system, the dynamic impedance Z=U2/P of the cooler often is 
important. For a cooler drive electronics that provides a fixed voltage, a too high dynamic imped
ance would imply that there is not enough power going into the cooler. With a too low dynamic 
impedance, the high power drawn by the cooler may cause problems in the system power supply or 
in the thermal budgets. For interchangeability, the dynamic impedance of the LSF95xx was de
signed to be equal to that of the LSF91xx. As the djoiamic impedance is influenced by many vari
ables—such as system damping, piston resonance conditions, friction, piston stroke and coil im
pedance—this proved to be an important constraint in the design process. 

QUALIFICATION 

As the cold fingers and the performance of the LSF95xx series are identical to the LSF91xx 
series, it was not necessary to re-qualify the coolers for their performance in combination with the 
various dewars and applications of our customers. Since the magnet circuit, moving mass, piston 
mounting and flexure material have changed, a delta-qualification was performed on radiated mag
netic field, induced vibration and acoustic noise, shock and vibration, and flexure fatigue / lifetime. 
The results of this qualification program are described in the next paragraphs. 

Table 1. LSF95xx performance summary. 

COOLER TYPE 

coldfinger/ approx dewar bore 

Dimensions compressor (diam x L) 

Cooling power @ 80 K, 230 

Input power 

Typical cooldown time to 80 K 

IDCA or slip on 

MTTF 

Mass 

UNIT 

mm 

mm 

mW 

W 

min 

hour 

<kg 

LSF9580 

5 

60x122 

600 

40 

9' @850J 

Slip on 

>20,000 

1.7 

LSF9597 

1/4" 

60x122 

650 

40 

8'@850J 

IDCA* 

>20,000 

1.7 

LSF9588 

10 

60x122 

1600 

160 

7' @850J 

Slip on 

>20,000 

1.8 

LSF95B9 

13 

60x122 

2800 

100 

5'@850J 

Slip on 

>20,000 

1.9 

LSF9599 

1/2" SAD A 

60x122 

1500 

60 

13'@1440J 

IDCA* 

>20,000 

1.8 
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Electromagnetic Interference 

Electromagnetic interference is measured according to M1L-STD-461D, as specified. The re
sults are given in Fig. 2. 

Induced Vibration 

Induced vibration is measured on two prototype compressors driving 1/4" IDCA cold fingers. 
Axial forces are below 1.7 'N^^, and radial forces are below 0.35 N^^ .̂ A typical vibration spec
trum for the compressor is depicted in Fig. 3 for operation near full stroke. 

Acoustic Noise 

Sound power measurements, as shown in Table 2, are performed in a reverberant room. From 
the sound power measurements, the resulting sound pressure at 5 meters distance is extrapolated 
assuming that at this distance, the cooler may be modelled as a monopole (point) source. It is found 
that at 5 m distance, in most frequency bands, the sound pressure is below the threshold of human 
hearing of 20 |j,Pa. 

Shock and Vibration 

In order to verify the robustness of the new flexure design, a shock and vibration test program 
was performed. A number of coolers were successfully tested in Thales' Environmental Test Lab 
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Figure 2. Magnetic interference of LSF95xx. 
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Figure 3. Typical vibration spectrum of an LSF9597. 
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Table 2. Sound power (0 dB =1' 10"'̂  W) and sound pressure (0 dB =2' 10"' Pa) measurements. 

f(Hz) 

63 
125 
250 
500 
1000 
2000 
4000 
8000 

Overall 
(dB (A)) 

Sound power (dB) 
LSF9588 

X 

10.0 
12.5 
21.1 
15.0 
19.5 
22.0 
25.2 
34.5 

LSF9597 
X 

3.9 
12.2 
21.5 
15.1 
13.5 
13.3 
34.0 
34.8 

Sound pressure ( ^ m (dB) 
LSF9588 

X 

-15.2 
-12.3 
-4.4 

-10.1 
-5.6 
-3.1 
-0.2 

9.5 

LSF9597 
X 

-21.1 
-12.9 
-3.5 
-10.1 
-11.5 
-11.7 
8.9 

9.8 

(ETL). For repetitive shock testing, the coolers are subjected to 2000 shocks of 20 g, 6 ms, in each 
direction, thus a total of 6000 shocks with the cooler non-operating. The resistance to shocks while 
operating is tested by subjecting the cooler to three shocks of 100 g, 11 ms, in each axis. 

Random vibration testing consists of a 12.2 g^^ random pattern in the frequency range of 
20-2000 Hz. This test is performed in two directions, for 3 hours in each direction. Finally, each 
qualification cooler is subjected to a sinusoidal vibration test where the frequency range of 5-2000 Hz 
is swept through 10 times at 1 octave per minute, in two directions. The level ramps up to 1 g peak 
from 14-23 Hz, and then ramps up further to 5 g peak from 52-2000 Hz. 

Flexure Fatigue and Lifetime Testing 

In the design phase of the flexures, FEM calculations and fatigue tests were performed in 
parallel. A large number of flexures, mounted exactly as they are in the compressor, are tested for 
more than 10' cycles (Wohler fatigue curve) to support the FEM fatigue calculations. In the com
pressor design, the actual stroke of the pistons is limited so that the flexures stay 35% below their 
fatigue limit. 

Apart from the mounting method of the flexures, the flexure material and the design of the 
magnet circuit, the LSF95xx is conceptually identical to the LSF91xx. The reliability of the flexure 
mounting is proven in the fatigue tests, as well as in the shock and vibration tests. The magnetic 
circuit of the LSF95xx is even less susceptible to outgassing than the moving magnet design used 
in the LSF91xx. Thus, the lifetime results of the LSF91xx can be extrapolated to the LSF95xx. An 
overview of on-going lifetime tests is given in Table 3. A number of LSF95xx coolers will be added 
to the lifetime test setup in the coming period. 

MTTF Calculation (Based on LSF91xx) 

The calculation procedure as described below is used to determine MTTF figures of long 
lifetime cryocoolers. First, a FMECA (Failure Mode Effects Criticality Analysis) analysis was 
performed based on the available experience in cryogenic coolers. The output of the FMECA is a 
list of identified critical parts or functions in the cooler from the MTTF point of view. 

For the parts subject to wear, we assume that the failure rate is constant (random failure). The 
tests results of lifetime tests already performed on similar parts are then considered. From these 
results, we determine the MTTF of the part or function with MTTF=X (running hours)/(number of 
failures). When no failures are observed, we take MTTF=X(running hours). 

For the calculation of the MTTF of the complete cooler, we again assume that the failure rate 
is constant (random failure). This simplification can be justified by the considerations that all the 
different components inside the cooler follow different distributions. As a consequence, the system 
behaves in a unpredictable way (random failure) with a constant failure rate. This is supported by 
experience figures. Therefore, we calculate the MTTF of the cooler as MTTF = 1/A with A being the 
summation of the failure rate of each component over the number of components in the cooler for 
which a A, is defined. Using the list of failure mechanisms as reported by Ross^ and filling it with 
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Table 3. Overview of lifetime tests on LSF91 xx coolers. 

Cooler 
type 

LSF9188 
LSF9188 
LSF9180 
LSr9180 
LSF9110 
LSF9320 
LSr9320 
LSF9188 
LSF9188 
LSF9320 
LSF9320 

total 

operating 
hours 

32799 
32602 
28229 
16273 
21446 
13234 
20142 
18371 
18391 
12427 
12667 

226581 

remarks 

Of which 400 hours in ccntrifiige (up to 10 g) 

Stopped for destructive analysis 
Pulse tube cold finger 

Table 4. Thales 9199 reliability and MTTF calculation. 

FAILURE MECHANISM 

Excessive Internal Cooler Contamination 
Hermetic Seal or Feedthrough Leak 
Comp. Flexure Breakage (fatigue) 
Comp. Motor Wiring Isolation Breakdown 
Comp. Piston Alignment Failure 
Comp. Piston Blowby due to Seal Wear 
Comp. Piston Position Sensor Failure 
Expander Structural Failure (launch) 
Expander Blowby (wear) 
Expander Motor Wiring Isolation Breakdown 
Expander Spindle Alignment Failure 
Expander / Balancer Position Sensor Failure 

total failure probability (%) 

conventional 
coolers^ 

Stirling + 
balancer w/ 
back to back 
compressor 

3 
2.5 
0.1 
1 

0.2 
1 
1 

0.2 
3 

0.5 
0.2 
1 

13.7 

Thales LSF 9199 

LSF 9199 
sliding 

1 
0.5 
0.1 
0.2 
0.2 
1 
0 

0.2 
3 
0 

0.2 
0 

6.4 

MTTF 

226581 
226581 
226581 
226581 
226581 
226581 

205135 

205135 

total MTTF 

= 1/MTTF 

4.41 E-06 
4.41 E-06 
4.41 E-06 
4.41 E-06 
4.41 E-06 
4.41 E-06 

4.87E-06 

4.87E-06 

27601.23 

figures from Thales experience, Table 4 gives the resulting figures for the reliability and MTTF. 
Note that the resulting MTTF of 27,601 hours is changing every day, as the lifetest coolers that are 
reported in Table 3 are all still operating. 

CONCLUSIONS AND FUTURE WORK 

The development of the LSF 95xx second-generation flexure bearing compressors has led to a 
35% reduction in mass and a 33% reduction in compressor volume. All other cooler performance 
characteristics have either improved or stayed the same. The shorter compressor design has slightly 
less margin with respect to hitting of the end stops. This implies that under axial acceleration, the 
input power to the cooler during cooldown may have to be limited. A test campaign will be started 
soon to establish the allowable values. 
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ABSTRACT 

The performance characteristics of CMC's One-Watt Linear Cooler (Model BIOOO) are pre
sented here for ranges of parameter values beyond the envelope defined by its commercial specifi
cation. CMC evaluated the BIOOO cooler for a new airborne platform with a challenging cooldown 
requirement. This paper illustrates the mapping of a cryocooler performance envelope to determine 
the optimal operating point for this application. A key component of this performance map is CMC's 
Linear Drive Cooler Electronics (LCDE). The versatility of the LCDE is demonstrated over the 
range of these tests. 

INTRODUCTION 

CMC Stirling-cycle cryocoolers are well suited for applications requiring high thermodynamic 
efficiency and from lightweight consideration. More specifically, CMC's BIOOO Cooler is further 
differentiated by its robust design margin to allow its operating range to be extended to meet fast 
cooldown requirement. This paper shows the process that CMC engineers followed to establish the 
operating envelope of the BIOOO Cooler. The presentation of the performance envelope is preceded 
by a brief introduction of the hardware. 

The cooler components, identified in Figure 1, consist of a dual-opposed-pistons linear com
pressor that generates an AC pressure waveform to drive a displacer within the dewar. The com
pressed helium refrigerant is cooled along the length of the moving regenerator and expanded in the 
volume formed by the tip of the regenerator and the dewar wall. The cold expanded gas absorbs 
heat fî om the load and returns to pre-cool the regenerator for the next cycle. Coupling of the regen
erator and pistons is achieved through a gas transfer tube. The Stirling-cycle is used to analyze its 
thermodynamic performance. Within the compressor, voice-coil linear actuator provides the force 
to compress the relrigerant. Alternating current flowing in the coil acts in concert with the magnetic 
flux within the airgap of the field assembly, to convert electrical to mechanical energy. The coils 
are driven at resonance to maximize efficiency. A hockey-puck electronics module is shown mated 
to one end of the cylindrical compressor. There are two main functions performed by the linear 
cooler drive electronics (LCDE): 1) DC to AC power converter and 2) temperature controller. 
CMC's LCDE features a programmable digital processor to allow greater flexibility in its opera
tion. More details of its capabilities are described in a following section. Figure 2 shows the next 
level of integrated dewar cooler assembly (IDCA). 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. Exploded view of the integrated dewar cooler assembly (IDCA). 

GENERAL CHARACTERISTICS 

Cryogenic temperature operation is only possible with good thermal isolation of the refrigera
tion source from the hot environment. Thermal isolation is accomplished with a supporting struc
ture that has low heat conduction and high vacuum to eliminate convection. Radiation heat transfer 
is minimized with the use of highly reflective coatings. All these features are embodied within the 
dewar shown above in Fig. 1. There's also the need for effective heat rejection to produce good 
thermodynamic performance. The sources of heat include cooler electronics, losses in the motor, 
and the heat of compression. Primary surfaces for heat rejection are: the compressor outside diam
eter, gas transfer tube, and expander endcap. The best efficiency is achieved by maintaining these 
surfaces at, or as close as possible to, the system heat sink temperature. These guidelines were 
applied in the design of the IDCA (Fig. 2) and in the performance map under a new set of operating 
conditions specified by the program. CMC set out to define the limits for its BIOOO Cooler by 
optimizing parameters including operating frequency, gas pressure, and piston stroke limits as a 
function of heat sink temperature. The results of these optimization efforts are described in subse
quent sections. 

COOLDOWN CHARACTERISTICS 

Factors affecting cooldown time include the thermal mass of the regenerator, the supporting 
structure within the dewar, and the refrigerated components, such as focal plane array (FPA), cold-
shield, and filter. Typical cooldown characteristic of the IDCA at 23 C ambient temperature is 

Figure 2. Integrated Dewar Cooler Assembly (IDCA). 
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Figure 3. IDCA cooldown characteristics at 23C ambient temperature. 

shown in Fig. 3. After a step increase in drive voltage after turn-on, the power consumption rises 
gradually until the operating set point is reached; at set point, the LCDE throttles the power back to 
a lower level required to maintain set point temperature. Other parameters plotted in the graph 
include the compressor and expander case temperatures. It is customary to design heat sinks to limit 
the temperature rise to less than 15 C above ambient temperature. Figure 3 shows that the expander 
was not adequately heat sunk with greater than 20 C rise. Figure 4 shows a longer cooldown from 
elevated temperature. Longer cooldown from elevated temperatiu-es are due to the greater amount 
of thermal energy that has to be ptunped. Figures 3 and 4 represent the performance baseline of the 
BIOOO cooler before the re-optimization for a new requirement. 

OPTIMIZATION APPROACH 

The characteristics of the cooler can be modeled with the classical equation of motion for a 
damped spring-mass system driven by a forcing function. A number of hypotheses and constraints 
for the optimization includes: 

1) Cooling efficiency is highest at the resonant frequency. 
2) Cooldown time is best at maximum piston stroke and resonance. 
3) Resonance frequency changes with ambient temperature. 
4) Resonant frequency is a function of operating pressure. 
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Figure 5. Steady-state input power at various ambient temperatures and frequency. 

5) Optimization for faster cooldown is at the expense of higher steady state power and reliabil
ity. 

6) Compressor size and weight should not exceed standard cooler envelope, and is to be re
duced if possible. 

The point of interest for this paper is to determine if faster cooldown time requirement can be 
achieved without violating size and weight constraints. A second point of interest is to determine 
the best balance between optimizing the parameters for fast cooldown while minimizing the ad
verse effect of higher steady-state power. Higher steady-state power reduces the life of the cooler. 

Figure 5 shows that the dependency of the cooler efficiency (steady-state input power) on drive 
frequency. The best range to operate the BIOOO cooler is between 55-65 Hz. This frequency range 
applies to the entire ambient temperature range for this product. For this test, the refrigeration 
temperature was maintained at 77 K while the input power was measured at successively higher 
frequencies beginning around 45 Hz. This frequency sweep was performed for the cooler at three 
ambient temperature conditions of-54C, 25C and 71C. Also note that the cooler charge pressure is 
500 psig for these tests. The next variable to be examined is the effect of charge pressure on input 
power. 

Figure 6 shows the best steady state performance for a range of charge pressures. For this cooler 
configuration, the lowest steady-state input power is attained with a 575 psig operating pressure. 
The input power is higher for pressures above and below this level. Again, the refrigeration tem-
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Figure 6. Steady-state input power at various charge pressures and frequencies; ambient temperature at 62C. 
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Figure 7. Input power at various charge pressures operating at 71 °C ambient temperature. 

perature was kept at a constant of 77K throughout these tests. The cooler was charged to each 
pressure level and evaluated for input power for frequency range between 45-75 Hz. Charge pres
sure started from the standard 500 psig and increased to 575, 650 and 725 psig, respectively. The 
conclusion from Figures 5 and 6 is that the optimum operating point for the CMC B1000 cooler is at the 
drive frequency of 62 Hz and a charge pressure of 575 psig at the ambient temperature of 62 C. 

Figure 7 shows the maximum not-to-exceed power, approximately 108 Watts, for the operat
ing points of 62 Hz and 575 psig. The maximum power is at the point in which the compressor 
pistons reaches full stroke and is touching the mechanical end stops. This physical limit can be 
altered only if the length of the compressor is increased. The LCDE is then programmed not to 
exceed this upper drive voltage (power) limit. 

Finally, after identifying the best drive frequency, operating pressure and maximum input power, we 
can now determine if the cooldown time specification can be met. Figure 8 confirms that the system speci
fication for cooldown time can be met with the previously chosen parameters. In summary, the optimized 
operating point for CMC's BIOOO cooler satisfies the new program specification for cooldown time and 
with sufficient end-of-life margin. Life test data, presented in References 1 and 2, is the subject of future 
update. An update set of BIOOO performance curves is provided in Figs. 9, 10 and 11. 

LCDE FEATURES 

CMC's LCDE is a microprocessor based controller and driver for all of CMC's cryocoolers. 
Some of the key features are as follows: 

500 700 550 600 650 

CHARGE PRESSURE, psig 

Figure 8. Optimized cooldown performance at 62 C ambient temperature 
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Figure 10. CMC BIOOO refrigeration capacity at 77 K with optimized parameters. 

1) Sinusoidal or (waveshaped) drive signals. 
2) Two (2) temperature set-points (Primary and Standby). 
3) Thermal shutdown. 
4) Adjustable drive frequency: 20-76 Hz. 
5) Dual frequency drive. 
6) Scalable steady-state drive frequency as a function of ambient temperature. 
7) Rate Power Output: 110 Watts. 
8) Power efficiency: > 85% at all power levels. 
9) Warranty timer. This unit has a built in digital hour meter. 
10) RS-422 serial interface. 
11) History data of temperature profile. 
12) Works with 17-32 VDC power input. This controller provides over-voltage and imder-

voltage and reverse voltage protection. 
13) Output current sense circuit protection. 
14) One milliamp current source and a 1 to 1 buffered temp diode output. 
15) Temperature ready indication. 
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Figure 11. CMC BIOOO cooler input power with optimized parameters at various ambient temperatures. 

Our linear coolers run most efficiently when driven with a sine-wave. The controller is pro
grammed for a standard sine-wave output and can be tailored for specialized waveform, if neces
sary. Two temperature set-points allows the IDCA to run in a standby mode, usually at a higher 
refrigeration temperature than primary mode. The advantages of a two-mode operation are power 
management, and faster cooldown to ready mode. The LCDE has an internal sensor that will shut
down if it gets too hot. The default temperature is 95 C. An LCDE feature that stands out is its 
flexibility with drive frequency. The drive frequency is set through software; additionally, a dual 
drive-frequency mode and a frequency versus ambient temperature mode can squeeze more effi
ciency out of the cooler. One drive frequency can be dedicated for faster cooldown and a second 
drive frequency can be used for steady-state operation throughout the ambient temperature range. 
The LCDE is rated for up to 110 Watts and delivers this power at better than 85% efficiency. A 
warranty timer can be accessed through a RS-422 serial interface as well as many preventive-
maintenance-health (PMH) features such as: number of cooldown cycles completed, accumulated 
run time, accumulated watt-hour consumed. Protection circuitry includes over-voltage and tmder-
voltage from 17-32 Vdc power input, and output current sense for catastrophic failure protection. 
The controller provides a one-milliamp constant current source for diode temperature sensor exci
tation; a one-to-one buffered output signal is available for temperature monitoring. Last but not 
least, an opto-coupled temperature ready signal is available for system management. 
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ABSTRACT 

The Air Force Research Laboratory (AFRL) Cryogenic Technology Research Facility (CTRF) 
is characterizing the performance of the Northrop Grumman Space Technology (NGST), previ
ously TRW, 150 K mini pulse tube (MPT) cryocooler. This cooler was developed under the AFRL 
150 K Frotoflight Spacecraft Cryocooler (PSC) Program supported by the Missile Defense Agency 
(MDA), then Ballistic Missile Defense Organization, (BMDO). Although this cooler has a smaller 
heat load capacity than other long-life space cryogenic coolers, it has been successfully used in a 
variety of scientific and military space applications providing cooling of focal planes, optics, and 
sensors for instruments such as SABER, CX, Hyperion, and the projected STSS Flight Demonstra
tion System (FDS). 

This paper presents the results of characterization of one of the NGST 150 K MPT cryocoolers 
performed at AFRL Cryogenic laboratory. The thermod3Tiamic performance of the cryocooler is 
described in terms of the performance envelope over a range of rejection temperatures and operat
ing parameters to provide system designers and mission evaluators with specific knowledge on the 
capability of this cooler. Analj^ical relations among variables such as input power, heat load, cold 
end temperature and rejection temperature are examined. 

INTRODUCTION 

The Air Force Research Laboratory managed and MDA sponsored 150 K MPT PSC cooler is 
one of the successful cryocooler development programs for space applications initiated in the early 
nineties. This cooler was built by NGST with a first engineering model' delivered in 1993. Since 
then eleven units plus spares have been built by NGST, six were launched and four are operational 
in space. Coolers were built for the following payloads: 

Cryocoolers 13, edited by R. G. Ro.ss; Jr. 
Springer Science+Business Media, Inc., New York, 2004 8 5 
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• HSI (Hyper Spectral Imager) and LEISA (Linear Etalon Imaging Spectral Array) (The 
Lewis satellite which included experiments with cryocoolers was de-orbited shortly after 
the launch), 

• SABER (Sounding of the Atmosphere using Broadband Emission Radiometry) for Utah 
State University's Space Dynamics Laboratory (SDL) and NASA Langley Research 
Center. (SABER is one of four instruments on NASA's TIMED, Thermosphere-Iono-
sphere-Mesosphere-Energetics and Dynamics, satellite which is still active in space. It is 
capable of obtaining a set of global measurements of temperature, pressure, winds, chemi
cal composition, and energy inputs and outputs.), 

• CX sensors on US military satellites, 

• Hyperion (NMP EOl New Millennium Program Earth Observing-1), and the 

• Track sensor on STSS FDS (Space Tracking and Surveillance System's Flight Demon
stration System) mission that is not launched yet. 

The MPT coolers on SABER, CX, and Hyperion have been in continuous operation since 
launch. The cooler was originally designed for focal plane cooling at 73K prior to its application at 
150K. Although initial AFRL design requirements called for efficient operation at the 150 K, 1 W 
load, the specifications were tailored to meet each mission's needs (e.g. Hyperion 0.84 W to 1.2 W 
maximum at 11 OK) 

It is to be noted that the "miniature" aspect of the cryocooler is no longer valid due to techno
logical improvements over the decade in compressors and regenerator materials, and better under
standing of the pulse tube and ancillary mechanisms. Recently, NGST developed a "miniature" 
pulse tube cryocooler^ for a design point of 1.5 W at 65 K that is smaller than the mini unit reported 
here. Lockheed Martin Advanced Technology Center in Palo Alto has developed a single stage 
NASA "mini" pulse tube cooler^ with design points of 0.3 W at 65 K (15 W input power) and 3 W 
at 80 K (76 W input power). A two-stage miniature pulse tube flight cryocooler (MPTFC) devel
oped jointly by the National Institute of Standards and Technology (NIST) and Lockheed Martin 
Astronautics Operations in Denver was flown twice in 1998 and 2001 on NASA space shuttle 
payloads.'' European consortiums under the European Space Agency have also developed two 
miniature coolers, one^ for 0.8 W at 80 K and another* for 1.2 W at 80 K. 

The Air Force Laboratory's interest in characterization of the older generation 150 K MPT 
cooler lies in its application for the STSS FDS to be laimched in 2007. In addition, there is interest 
in identifying potential failure modes (or anomalous behavior) with the cooler since different ver
sions of the cooler have shown unexpected behavior during acceptance and on-orbit testing. Anoma
lies have included minor performance changes, both improvement and reduction, and failure of a 
component in the electronics involving the position control sensor (Hyperion). The performance 
changes were tracked to residual particulate (Stop-off) remaining from a brazing process that af
fected the cold head tuning. The component failure on the Hyperion cryocooler'' electronics was 
quickly corrected with a software on-orbit patch installation. As a result of this patch the cooler 
continued to operate with nominal performance and the payload was able to provide five to six 
images per day. 

The unit under characterization here was designated by NGST as number 2 among the series of 
MPT coolers that have been produced. Earlier, the Air Force laboratory had received unit number 
6 based on the contractual agreement for the 150 K program, whereas number 2 was delivered to 
SDL for its preparation to be launched on SABER. Number 6 had been loaned to the FDS program 
for 10,000 hours of life testing at Raytheon facilities. The coolers are operated from stand-alone 
flight electronics custom made for individual coolers or rack electronics for ground use. During the 
acceptance testing of unit number 2 at SDL, it was found that the cooler data points were not 
repeatable for the same environment and control conditions due to the previously described re
sidual particulate. The non-repeatable nature of this particular unit required it to be replaced by 
another cooler for the mission. The Air Force unit number 6 that had completed testing at Raytheon 
was sent to SDL. It was subsequently further characterized and flown on the SABER mission 
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presently in operation. The exchanged unit number 2 was returned to AFRL from SDL for charac
terization in the 24-inch vacuum chamber and is the subject of this paper. 

Hardware Description 

The cryocooler is an integral type orifice pulse tube cooler with an in-line single compres
sor and balancer capable of minimizing vibration induced by the compressor piston. The pis
ton is supported by flexure springs maintaining alignment and providing non-contacting piston 
motion. An accelerometer with external signal conditioner and amplifier is placed on the sup
port plate of the cooler to monitor induced vibration during the normal operation. In the labo
ratory, the cooler is driven with manual drive electronics having separate control knobs for 
controlling magnitude and offset of the compressor piston. For normal ground-support and 
on-orbit operations, the cooler is equipped with drive electronics having both temperature and 
vibration control. More details on the 150 K MPT have been published previously.'•^•' 

In Figure 1, the MPT cooler is shown in the integrated configuration in the CTRF 24-inch 
vacuum chamber. The cold end is shown pointing upward in the "0" degree orientation. It is 
instrumented with a temperature-measuring diode and a heater. A set of thermocouples is 
placed at various locations to monitor rejection temperature on the support plate and tempera
ture distribution elsewhere on the unit. The central support plate also provides the thermal 
interface for the chiller fluid that maintains the rejection temperature. The support stand is 
specially designed to allow change in orientation of the cooler from the vertical-up position (0 
degrees) to the downward position (180 degrees) in selected intervals. 

The temperatures, input power to the compressors, compressor and balancer strokes, and 
applied heat load to the cold end are monitored with the help of instruments through the Gen
eral Purpose Interface Bus (GPIB) interface communication. A Lab VIEW based data acquisi
tion and monitoring software is developed with provision for round-the-clock operation. 

A typical characterization schedule consists of evaluating the cooler for different operational 
scenarios. Among them, the common ones are cool down, design point verification, load lines. 

'•• • • • T i f f l y ".•jJJfMw." 

Figure 1. NGST MPT integrated in a 24" vacuum chamber with a rejection interface plate. 
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performance envelopes, optimum-search for operational frequency and offset, transient response 
during orbital variation, and thermal cycle and thermal vacuum tests. A baseline parameter set is 
repeated between major tests to track any performance change. 

PERFORMANCE ENVELOPE 

A performance map (also known as Ross plot) is shown in Figure 2 for 300 K rejection tem
perature to depict in-depth information about performance of the cooler. The carpet plot or perfor
mance map is generated by interwoven lines of constant temperature and input power to help mis
sion planners estimate input power for expected equivalent load on the cold end at a temperature 
suitable to meet the sensor requirement. The data points required to generate such a map consist of 
load variation for fixed input power. They can also be obtained from constant stroke settings if it is 
more easily controllable than the input power. For the MPT, without the control electronics, con
stant power data points were obtained for cold end temperature below the desired 170 K limit for 
STSS application. Linearity or a close second order variation of cold end temperature versus heat 
load for constant power value is used to calculate constant temperature lines. The lines are drawn 
for a full range of coldhead temperature of 80 to 170 K at a rejection temperature of 300 K shown 
in Figure 2. The dotted lines indicate constant specific power in watts per watt. The circular dots 
are the measured data points for 150 K used to confirm the constant temperature calculation proce
dure. The lines are extrapolated moderately to indicate the trends in the behavior above 25 Watts 
although care must be taken since this does not mean that cooler settings will allow tests at those 
power values. 

In Figures 3-5, maps are presented for rejection temperatures of 320, 270, and 245 K to cover 
the operational range in orbit as specified for the thermal cycle and thermal vacuum tests. Due to 
stroke and offset limitations, the high power points at low temperatures of 270 K and 245 K were 
not attainable and hence the performance map is restricted in this region and should not be used for 
permissible cooler operation. The constant temperature data points at 150 K again verify the proce
dural accuracy of the performance map. The performance improvement at lower rejection tempera
tures is evident by the shift in constant temperature lines towards lower specific power. 

1.5 2 2.5 
Cold End Heat Load (W) 

Figure 2. Performance map at a rejection temperature of 300 K. 
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Figure 3. Performance map at a rejection temperature of 320 K. 

3.5 

150 100 70 50 40 35 30 25 20 18 

1.5 2 2.5 

Cold End Heat Load (W) 
Figure 4. Performance map at a rejection temperature of 270 K. 

PERFORMANCE MODELING 

The pictorial display of performance data at different rejection temperatures provides a quick-
look representation for cooler comparison and selection; however, it poses mathematical difficulty 
in building a cooler data model. The available measured data with variation of independent vari
ables as heat load (Q J , cold end temperature (T^), input power (Pj), and rejection temperature (T )̂ 
is sufficient for a multivariable model development. The difficulty lies in the selection of type of fit, 
powers, and combination of the variables when one variable is represented in terms of others. Due 
to complexity in thermodynamic modeling of any cooler, their representation in non-dimensional 
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Figure 5. Performance map at a rejection temperature of 245 K. 

form does not lead to elegant relations. The coefficient of performance (QL^PJ) as an inverse of 
specific power and its ratio with Camot efficiency Ty(T^ -T^) as percent (%) Camot efficiency are 
considered to be guiding terms for the model development. The % Carnot efficiency as a function 
of cold end temperature is highly nonlinear for the range of load capacity and rejection temperature. 
Assumptions have to be made for practical considerations and display. For example, the perfor
mance maps presented above assume that the constant power line between T̂ , and Q̂ ,̂ based on the 
visual inspection, can be represented in a quadratic relation. This allows a quantitative understand
ing of the cooler's behavior for particular cases as shown in Figures 2-5. 

Based on the available data, an attempt was made to represent input power in terms of T ,̂ T̂ ., 
and Qĵ . The variables and their coefficients for two possible sets or fits are given in Table 1. 

The two sets of terms chosen for the curve-fit are explained as follows. The first set is based on 
the rationale that the input power is zero when the cooler is not running and when T^=T^ with load 
Qĵ =0. The constant term is kept for adjusting off nominal values and the effect of parasitic losses 
while a minimum number of terms are provided to represent non-linearity. The second set of terms 
are selected based on another fit applied to limited data only for the 150 K constant temperature 
load lines at all four rejection temperatures (its coefficients are not suitable for extending to the 

Table 1. Input power curve-fit data variables and coefficients for mini-PT model representation. 

Set 1 Terms 

1 

QL 

QL^ 

QL*(Tr/T.-l) 

(QL*(TrrTA)f 
(Tr/Te-1) 
(T/T,- l ) ' 

Set 1 Coefficients 
2.9500 

0.4533 

0.6076 

7.0764 

-0.4601 

-1.3610 

2.6746 

Set 2 Terms 
1 

QL 

QL^ 

Tc 

T, 
QL*(T, /T , -1 ) 

(QL*(T/r,-l))' 

(T/To-l) 

(T/Tc-lf 
(J,n:,-if 
(T/Te-l/ 

Set 2 Coefficients 
26.353 

0.8477 

0.6129 

-0.2009 

0.0903 

6.4509 
-0.3622 

-31.695 

15.473 
-3.2443 

0.34942 
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3.5 

entire data and thus only the form is tried as a second set.) The calculated values from set 1 and 2 
terms in Table 1 along with the measured input power are shown in Figures 6 and 7. It appears that 
setl parameters (Rsquared correlation fit value ~ 0.979 for setl as against 0.988 for set2) are suffi
cient for most of the cases except in the low load and power ranges for all rejection temperatures. 
Considering the range of parametric values and their spread, the curve fit with set 1 terms is reason
able for general estimation of input power. Similar representation can be studied for estimating 
load Qĵ  as a function of (T ,̂, P ,̂ T̂ ,) and T̂ , as a function of (Qĵ , Pj, T̂ ) if desirable. Inverting one 
relation to another may not be feasible due to the involved nonlinearities. 

Parasitic self load was calculated based on a series of no load and loaded warm-up data from 
the lowest temperature at 300 K rejection temperature. The load value varied with the cold end 
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temperature, about 1 W at 95 K and 0.6 W at 150 K. The value obtained is high considering the 
cooler nominal operation condition to be 150 K at 1 W. Upon inspection, it was discovered that the 
heater lead wire used was of 26 gage instead of the twisted phosphorous-bronze pairs rated for 
cryogenic temperature. As a result, for given temperature and given input load, the required power 
is expected to be higher in the above discussion. The performance data presented above should then 
be viewed with this understanding. Further testing will be performed with lower gauge lead wires and 
the instrumentation heat leak will be reevaluated for its effect on the performance measurements. 

The angle orientation study on the MPT has not shown as dramatic an effect as was seen in 
previous tests on the High Efficiency Cooler"*, due to lower MPT input power requirement (at high 
end ~ 25 W for mini-pulse tube as against ~150 W for HEC.) For the MPT there was no preferen
tially high power at 135 degrees from vertical. The vertical-up position (0 degree) appeared to be a 
stable configuration with repeatable data. However at the horizontal position, 90 degrees, the load 
line appeared to follow two curves, indicating unstable performance. As indicated in the introduc
tion section, this anomaly was assumed to be due to debris in the bypass line. Future evaluation of 
the cooler will include thermal cycle and thermal vacuum tests to be followed by long term endur
ance evaluation to identify any other anomalies and failure mechanisms. 

The 150 K mini-pulse tube development program has already paved a way for a series of 
advanced pulse tube cryocoolers for space implementation. With the success, NGST has devel
oped high efficiency'' and high capacity'^ coolers with single or multistage applications. 
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ABSTRACT 

An Engineering Model (EM) of a Miniature Pulse Tube Cooler (MPTC) has been designed, 
manufactured and tested in partnership between AL/DTA, CEA/SBT and TFLALES Cryogenics. 
Prior to the EM manufacturing, a development phase was performed with an in-line architecture for 
the cold finger and using an existing flexure bearing compressor from THALES Cryogenics.' The 
optimized development model pulse tube cooler demonstrated a cooling capacity of 1 W at 82 K 
with 25 watts PV work and 288 K heat rejection temperature. Based on this experience, the EM 
cooler reported on here has been designed and manufactured with a U-shaped architecture to pro
vide a more compact cooler for improved integration. In this paper, thermal and mechanical test 
results for the new EM cooler are presented and analyzed for various heat sinking temperatures, 
input powers, and orientations. 

INTRODUCTION 

The objective of the work was to optimize, design, and manufacture, at pre-qualification level, 
a 50-80 K Engineering Model (EM) Miniature Pulse Tube Cooler (MPTC) which is commercially 
competitive in both performance and cost within the future space cryocooler market. It should offer 
significant advantages over the presently available technology and should require no, or only minor, 
delta qualification for direct use in future spacecraft applications. The overall performance 
specification was to demonstrate a cooling capacity of 1 W at 80 K with 32 W maximum electrical 
input power and with a heat sinking temperature of 288 K. The mass budget was limited to 3 kg, 
and the design should survive standard launch loads. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. Final assembly of the MPTC Engineering Model. 

MPTC DESIGN 

The final Engineering Model design is shown in Fig. 1. The total length of the MPTC is 
480 nun, including 200 mm for the interconnecting pipe. The overall mass of the EM is 2.8 kg. 

In the design of the cold finger, the regenerator and the pulse tube are mounted parallel to one 
another onto a flange in a U-shaped configuration. This configuration was selected for the EM to 
provide good cryogenic performance in a compact, robust, and simple design that enhances inte
gration compared to the in-line configuration. The flange is made of aluminium for high thermal 
heat transfer and mechanical stiffiiess. The hot flange is designed such that it integrates the buffer 
volume and the warm-end heat exchangers. The inertance tube is wound inside the buffer volume. 
Both the tube of the regenerator and the pulsation tube are made of thin-walled titanium alloy Ti-
6 A1-4V in order to reduce the parasitic heat leaks. The pulse tube EM incorporates a snubber that is 
used as a launch bumper to prevent any excessive lateral motion of both tubes and to significantly 
reduce the mechanical stress on the tubes at the flange location. This snubber is also made of 
aluminum. A low conductivity fiberglass part is placed between the cold block and the snubber 
cylinder to ensure low parasitic heat losses in case of contact during operation. In normal condi
tions, there is no contact between the snubber and the cold block of the pulse tube. 

The compressor design is built around a moving-magnet linear motor that drives the pistons in 
a dual opposed configuration into a common compression chamber. The moving magnet linear 
motor offers significant advantages over the conventional moving-coil design. This innovative 
concept allows the coils, which are the main source of gas contamination, to be placed outside the 
working gas. Additional advantages are the absence of flying leads and glass feedthroughs to sup
ply current to the coils. Flexure-bearings are used in order to have a radial clearance between the 
piston and the cylinder. These flexure-bearings are round discs made of spring steel with 3 arms. 
With this kind of flexure bearings, a very high radial stiffness can be achieved. The coil holders are 
made of titanium alloy in order to reduce eddy current losses and to combine high mechanical 
stiffness and low density. The two compressor halves are mounted on a dedicated nickel plated 
aluminium alloy "center plate" that contains all the mechanical, thermal and electrical interfaces of 
the compressor and the two cylinders. Bolted flanges are directly machined into the titanium alloy 
block of the coil holder. Gas containment is achieved by means of metallic seals. 

MPTC THERMAL VACUUM PERFORMANCE TESTS 

A dedicated thermal test bench has been built. The MPTC cold finger and compressor are 
mechanically and thermally anchored to separate cold plates in which ethylene glycol flows to 
allow for testing with various heatsink temperatures. The platform is attached to a flange that closes 
the vessel in order to perform the tests under high vacuum. 

For the test results described below, the connecting pipe is 200 mm long and the compressor 
drive frequency is 50 Hz. Also, the referenced heatsink temperature is defined as the set-point 
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Figure 2. Performance map of the MPTC (288 K heatsink temperature and 0° tilt angle). 

temperature of the coolant at the inlet of the cold-finger and compressor cold plates. The thermal 
vacutun test campaign consisted of tests over the following ranges of parameters: 

• Input power ranging from 35 to 65 watts 
• Cooling capacity from 0 to 2 watts 
• Heatsink temperature from 237 K to 310 K 
• Mounting orientation with respect to gravity vector: 0° tilt angle (cold finger vertical with 

cold tip down), 90° tilt angle (cold finger horizontal) and 180° tilt angle (cold finger vertical 
with cold tip up) 

Figure 2 presents the performance map for the MPTC plotted for various input powers and 
applied heat loads for a 288 K heatsink temperature (coolant inlet temperature) and for 0° tilt 
angle (cold finger vertical with cold tip down). For 80 K, the design point is 1 W cooling capacity 
with 35 W electrical input power to the compressor (35 W/W specific power). As shown in the 
figure, the performance decreases for high input powers (50 to 65 W) due to a decrease of the 
compressor efficiency and warm-up of the compressor and cold-finger flanges. The performance 
decreases also for low applied heat loads due to the predominance of parasitic heat losses. An 
optimum is found in the 30 to 40 W electrical input power region (design point). 

Taking the above performance of 1 W at 80 K for 35 W electrical input power for 288 K heat 
sinking and 0° tilt angle as the reference performance, various mounting orientations had the fol
lowing impacts (see Fig. 3): 

• An increase of 6.3 K with 180° tilt angle (cold finger vertical with cold tip up). The perfor
mance reduced to 1 W at 86.3 K / 35 W input which corresponds to 240 mW lost in cooling 
capacity (i.e. 24 %). That means also that the input power must be increased to 43.4 W to 
recover the 1 W cooling capacity at 80 K. 

• An increase of 2.7 K with 90° tilt angle (cold finger horizontal). The performance is then 
reduced to 1 W at 82.7 K / 35 W input power. This corresponds to about 105 mW lost in 
cooling capacity (i.e. 10%). 

As shown in Fig. 4, the impact of the orientation on performance losses is reduced for higher 
input powers and higher cooling capacities. For 65 W input power and 2 W applied heat load, the 
cold tip temperature is not affected anymore between 0° and 90° tilt angles for 288 K reference heat 
sinking conditions. The parasitic convective effect is obviously a function of the temperature gradi
ent between the warm end and the cold tip temperatures. Larger input powers lead to larger gas 
displacements in the pulsation tube, which reduce the convection as well. 
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Figure 4. MPTC performance for various orientations, cooling powers, and input powers. 

The natural convection heat transfer inside the pulsation tube while the cooler is not operating 
(OFF mode) has been studied. The pulsation tube is filled with 40 bars of helium and the tube wall 
is considered as adiabatic. The cold tip temperature is set at 80 K, while the hot end is set at 298 K. 
Using the simulation results to which we add the measured conduction and radiation contribution 
(determined to be 465 mW), we have plotted in Fig. 5 the predicted parasitic heat loss as a fimction 
of gravity orientation and compared it with the experimental results. The modelling of the natural 
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• 
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Figure 5. Parasitic heat loss measurements compared with predictions (80 K / 300 K). 
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Figure 6. Cold tip temperature stability for 180° and 0° tilt angle (35 W and 288 K heat sinking). 

convection allows for very good prediction of the MPTC parasitic heat losses in the horizontal 
orientation (less than 8% error). It indicates, also, that the parasitic heat losses for a non-operating 
cooler on the ground would be maximal for a tilt angle between 150° and 165° (about 2.5 W). 

As shown, for tilt angles above 120°, there is no stationary solution. For 180°, the heat flux 
varies between 1 W and 2.5 W (including 465 mW of conduction and radiation losses). During the 
experimentation (operating mode), we noticed temperature instabilities of 0.5 K with the 180° tilt 
orientation, while the temperature stability for 0° tilt was better than 0.1 K (see Fig. 6). 

MPTC MECHANICAL PERFORMANCE TESTS 

Induced vibrations 

The interface reaction forces produced by the MPTC have been measured directly with force 
transducers at the test article mounting interface against a seismic foundation (blocked force ap
proach). Induced vibrations are directly measured with the quadratic summation of the forces in 
each of the 3 axes. The environmental vibration level of the bench is controlled in order to obtain a 
convenient signal/noise ratio. Figure 7 shows the induced vibration in the three axes with 36 W 
input power delivered by the CDE (the cooler was not heat sunk during the tests). For the funda
mental driving frequency of 50 Hz, the levels are below 0.1 N in the cold finger axis (X), below 
0.8 N in the compressor axis (Y), and below 0.1 N in the radial axis (Z). However, the harmonics 
show higher levels and particularly in the 300-500 Hz region where the levels reach 1.5 N, 4 N and 
2.4 N, respectively, in the X, Y and Z axes. This evolution can be attributed to some coupling 
modes with the test fixture in the 500 Hz region, and to the excitation of some resonance frequen
cies of the cooler (the first resonance frequency of the compressor being calculated at 431 Hz). 

Modal Analysis 

The MPTC was equipped with six accelerometers and placed on a shaker. Sine surveys were 
performed with 0.5 g input before and after each high-loading test depicted herein in order to get 
the resonance frequencies of the MPTC cold finger. As shown in the Fig. 8, the resonant frequency 
in the Y-axis was found to be 151 Hz, which is in very good agreement with the predicted mode 
(respectively 153 Hz). For the Z axis, not shown, the measurement was 285 Hz (versus 283 Hz 
predicted). In the Y axis, the 0.5 g sine survey spectra indicates that contact is occurring between 
the cold tip and the snubber. An acceleration of 29 g for 150 Hz corresponds to a 0.31 mm displace
ment, which is the gap set between the cold tip and the snubber (0.3 mm). 

Sine Vibration 

Sine vibration tests were performed successfully in each of the three mutual axes with the 
following parameters: frequency bandwidth 5-100 Hz, amplitude +/- 12 mm from 5 to 20.5 Hz, 20 
g peak from 20.5 Hz to 60 Hz, 8 g peak from 60 to 100 Hz. During the test the MPTC was not 
operating and the drive coils were short-circuited. 
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Six accelerometers were placed on the cold tip, the snubber, the buffer (mechanical anchorage 
of the cold finger), the center plate (mechanical anchorage of the compressor), and at each extrem
ity of the coil holders (piston left and right). The platform was piloted and controlled with two 
separated accelerometers. Figure 9 presents the results for the high level sine test performed in the 
Y axis. 

Random Vibration 

After performance of the high level sine vibration tests in all three axes and the thermal vacuum 
verification tests, the MPTC was shaken with the following random vibration parameters in each 
axis: 

• Frequency bandwidth: 20-2000 Hz 
• Drive coil condition: shorted 
• Power spectral density: +3 dB/Oct from 20 to 100 Hz 

0.3 gVHz from 100 Hz to 300 Hz 
-5 dB/Oct up to 2000 Hz 

• Overall level: 13.1 g 
• Duration: 150 sec/axis 

Figure 10 presents the PSD vibration levels measured at the cold tip during loading in the 
Y axis. The flat aspect of the cold tip PSD output aroimd 150 Hz indicates that it is contacting at its 
150-Hz first-mode resonance frequency. Although this cold tip response corresponds to a high 
level of acceleration (95.9 grms), the MPTC successfully passed the random load in this axis. 
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CONCLUSIONS 

The MPTC EM demonstrates very good cryogenic performance of 1 W at 80.2 K with 35.3 W 
electrical input power at 50 Hz corresponding to 26.2 W PV work (considered as the measured 
input power minus the measured Joule losses). The cold finger warm end temperature was 301.6 K 
and the compressor flange temperature was 298.2 K. Parasitic heat losses of 465 mW have been 
measured between 80 K and 300 K. The impact of heatsink temperature, gravity orientation, input 
power, and heat load have been measured and analyzed over a wide range. The MPTC has been 
characterized to have less than 0.1 N of induced vibration in the cold finger eixis and 1 N in the 
compressor axis at the 50-Hz drive frequency. Finally, the MPTC has been submitted to high level 
sine and random vibration profiles. 

This extensive test campaign provides very good knowledge of both the operational and OFF 
performance of the MPTC for consideration in future projects. 
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ABSTRACT 

We report results from an experimental evaluation of Japanese Stirling-type pulse tube coolers 
operating at 60-80 K, with potential application to future satellite applications. Three commercial 
samples were driven under vacuum conditions of below ~ 10"̂  Pa. The cooling capacities, cooldown 
times, and the vibration generated by the cold heads and compressors were measured systemati
cally. With room-temperature heat-sink conditions, the cooling capacities at 77K ranged from 2 W 
to 3.4 W among the three coolers when driven with an effective input power of 100 W. The mea
sured coolers were estimated to be similar to those of US flight coolers used in a previous infrared 
mission, and the results strongly suggest that Japanese coolers are worth being developed for space 
use; though, the present input power of 100 W is somewhat large. Displacements of the cold heads 
during operation depended on the cooler mounting to the base plate and were measured to be ~3 to 
13 umpp—a value considerably larger than the displacement levels of US flight pulse tube coolers. 
The vibration of the cold head could be suppressed, even in the present integral-type configuration, 
if the cold head is placed at the node of vibrations. 

INTRODUCTION 

Mechanical cryocoolers are used to cool low temperature sensors aboard satellites. In particu
lar, conventional Stirling coolers have been used in several Earth observing missions. Examples 
are Terra/ASTER', Terra/MOPITT^ and ADEOS-II/GLI.^ The advantages of such mechanical cryo
coolers when compared to cryogens are small volume, light weight, and reliability. Since the 1990s, 
NASA has launched pulse tube coolers in orbit."* They work without any moving mechanics at their 
cold heads. 

In NASDA, IS AS and following JAXA, which started at 1 st of October 2003, several satelUte 
missions have been proposed for the near future. Many of them include cryogenic sensors as listed 
in Table 1. Although there are several kinds of commercial pulse tube coolers^-* in Japan, mainly 
developed for high-Tc superconducting filters for cellular phone systems on the ground, Japanese 
pulse tube coolers have not yet been used in space. Conversion of commercial coolers designed for 
ground applications to space use could lead to lowered costs compared to directly developing flight 
models. 

We have investigated the performance of Japanese commercial pulse tube coolers as candi
dates for conversion to Japanese flight coolers in the future. In particular, cooler induced vibration 
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Table 1. Japanese satellite missions already adopted or being proposed with cryogenic sensors. 

MTSAT-lR/JAMf 
Astro-EII** 
Astro-F'̂  
SELENE^" 
GOSAT ' 
JEM/SMILES^^ 
VSOP-2'^ 
SPICA" 
NeXT'' 

Expected launch 
Nov. 2004 
Feb. 2005 

2005 
2006 
2007 
2008 

>2010 
>2010 
>2010 

Cryogenic sensor 
IR detector 
X-ray spectrometer 
IR detector 
Y -ray spectrometer 
IR spectrometer 
SIS mixer 
Radio receiver 
IR spectrometer 
X-ray spectrometer 

Cooler (Temperature) 
Pulse tube (60K) 
Stirling (20K)+ADR (60mK) 
Stirling (20K) 
Stirling (80K) 
Pulse tube (60K) 
Stirling (20K)+JT(4.5K) 

TBD 
TBD 
TBD 

is one of the most important properties to be investigated for sensitive sensors, and should be 
suppressed to as low as possible. In the next section, three pulse tube coolers used in this evalua
tion are described. This is followed by a description of the experimental setup and the measure
ment results. Discussion and conclusions are presented at the end. 

PULSE TUBE COOLERS 

In 2002, we surveyed Japanese commercial pulse tube coolers that had a cooling capacity of 
about IW at liquid nitrogen temperatures for an electrical input power of 100 W. Such cooling 
capacity can match the cooling needs of infrared spectrometers with HgCdTe detectors, which are 
often used on board Earth observing satellites. The weight was desired to be less than about 10 kg, 
and a high-frequency 'Stirling-type' drive configuration was required. 

The selected coolers are shown in Fig 1. All three coolers control phase between the He gas 
pressure and its displacement using an inertance tube with buffer tank. The He gas is charged to 
2.5-3 MPa. The linear compressors have moving-coil driven twin opposing pistons to cancel 
vibration. One sample, SP2000, has a U-shaped pulse tube configuration, where the regenerator 
and pulse tube are aligned in parallel; the other two have in-line pulse tube configurations. To drive 
them in vacuum, metal blocks were attached to the compressors to transfer heat from their hot heat 
exchangers to a base plate. The basic specifications are listed in Table 2. The power factors r| (the 
ratio between the effective and the apparent power) were separately measured. They were: 0.85 
(SPR-02A), 0.92 (SP2000), and 0.99 (CZXl AOZl) at the lowest temperatures, respectively. 

EXPERIMENTAL APPARATUS 

The following measurements of the cooling characteristics were performed at JAXA Tsukuba 
Center. Each cooler was entirely enclosed in a vacuum chamber, where a vacuum level of ~10"^ Pa 
was maintained to simulate space operation. 

SPR-02A SP2000 CZX1A0Z1 

j f -m /-•= 
^?^... 

•...a 

» 

Figure 1. Three pulse tube coolers on base plates in the vacuum chamber. 
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Table 2. Basic specification of the three coolers. The weight includes that of the metal 
blocks to reject heat, which are shown in Fig. 1. 

Supplier 
Model 
Weight (kg) 
Height (mm) 
Width (mm) 
Compressor diameter (mm) 
Configuration 

AISIN Seiki 
SPR-02A 

8.7 
300 
250 
90 

Inline 

Daikin Industries 
SP2000 

16 
250 
300 
110 

U-shaped 

Fuji Electric 
CZXIAOZI 

10.2 
340 
190 
90 

Inline 

Vacuum Chamber 

Oscilloscope 

Function Generatoi 

Power Amp. 

Wattmeter 

Current Source 

Temperature Monitor 

Figure 2. Systematic drawing of the cooler drive and measurement system. 

The electrical input power to drive the compressor pistons was a sinusoidal wave supplied by 
a function generator and a power amplifier. The voltage, current and resultant effective power were 
monitored by a wattmeter placed between the compressor and the amplifier. Temperatures at the 
cold heads, copper base plates, and compressors were measured using PtCo, PtlOO resistive ther
mometers and T-type thermocouples, respectively. A load resistance of about 50 0 was also at
tached to the cold head to evaluate the cooling capacity. Heat from the hot heat exchanger was 
rejected to the base plate under the compressor, which was kept at a fixed temperature between 
about 272 and 313 K by circulating a mixture of water and ethanol. Vibration generated by the 
coolers during operation was measured using a 3-axis accelerometer, which also enabled measur
ing the displacements. Except during vibration measurement, the cold head was wrapped with 
multilayer insulation (MLI) to suppress parasitic radiation loads from the 300 K chamber. The 
experimental setup is shown schematically in Fig. 2. The driving frequency was selected to be 
50 Hz, which is the frequency commonly used for grid-based electrical appliances in Japan. 

COOLDOWN TIMES 

Figure 3 shows cooldown plots from a starting temperature of 273 K for various base plate 
temperatures. The coolers were driven with a fixed effective power of 100 W, which is the rated 
value of the three coolers. Times to 77 K differed by about 1000 sec, even for a single cooler, due 
to the wide range in base plate temperatures (~40 K). When the base plate temperature was 300 K, 
times ranged from 2000-2500 sec among the three coolers, and this was about 1.5 times longer 
than for the Japanese Stirling cooler flown on board the EOS-Terra satellite.' This is because the 
movement of He gas in the pulse tube cooler becomes worse at low temperature.'* However, this 
slower cooldown time won't matter very much for the long—order of a year—observations in orbit. 



104 SPACE PULSE TUBE CRYOCOOLER DEVELOPMENT 

Q- 300 SPR-02A 

01 
L _ 

CD 
1 

a. 
E 
0) 

1 -
"O 
03 
<U 

X 
•u 
o o 

100 
77 

30 

V. 

- ^ 
_ 

1 1 1 ; 

: Base 

• 
• 
A. 

T 

. : • O 

I I I , 

P l a t e 
,3.17 K_ 
307 K 
301 K 
2 92 K 
2 82 K-

^ 

CZX1A0Z1 

\^ 

\ 
^ 

- ^ 

Basa P l a t e 

• 3 04 K 
A 296 K 
T 289 K 

^ o 273 K-

i\ 
| i ^ 
\Ss,^ ^ 
v^ ^ ^ 

I I I , 

2500 
Time (sec) 

5000 0 2500 
Time (sec) 

5000 0 2500 
Time (sec) 

5000 

Figure 3. Cold head temperatures as functions of time from 273K. Base plate temperatures are 
shown by the symbols. Coolers are driven by 50Hz/100W. 

COOLING CAPACITIES 

The cooling capacity of each cooler was measured by measuring the power applied to a resis
tive heater attached to each cold head. The results are shown in Fig. 4. The cooling capacity is seen 
to increase almost linearly with cold head temperature in the measured temperature range between 
40 K and 80 K. The best cooling capacity at 77 K, with the base plate kept at room temperature, 
was 3.4 W. The flight pulse tube cooler for the EOS-Aqua/AIRS experiment is estimated to have a 
cooling capacity of 3.3 W at 77 K with a baseplate temperature of 297 K and with an input power of 
100 W.''' This suggests that the Japanese commercial pulse tube coolers have enough capacity to 
be used at least for a similar application, i.e., infrared HgCdTe detectors for Earth observation. 

SPR-02A SP2000 

40 50 60 70 80 90 
Cold Head Temperature (K) 

Figure 4. Cooling capacities as a 
function of cold head temperature and 
the temperature of the base plate shown 
by symbols. In each figure, the solid 
lines denote best-fit linear functions and 
the dotted line indicates the per
formance of the AIRS flight pulse tube 
cooler (S/N 301) on board the EOS-
Aqua satellite driven by 100 W. The 
data were adopted from a previous 
paper" by Ross, R.G., Jr. 
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Moreover, if we can obtain a lower heat rejection temperature for the pulse tube coolers, the cool
ing capacity will be significantly increased as shown in Fig. 4. 

In real missions, the available electrical input power to the compressors ranges from 45 W to 
several hundreds of watts.'* We also measured the cooling capacities when the coolers were driven 
by effective powers from 30 W to 150 W. Figure 5 shows the %Camot efficiency as a fimction of 
cold head temperature and effective input power. For each cooler, the larger the input power is, the 
better the %Carnot efficiency is. Below about 77 K, good performance was not obtained when the 
cooler was driven with an input power less than ~70 W. 

VIBRATION 

Each cooler was mounted to the copper base plate using metal blocks that were tailored for 
each cooler. Then, the generated vibration at the beginning of cooldown from room temperature 
was measured using accelerometers located on both the cold head and on the compressors. The 
three axes were defined as shown in Fig. 6, i.e., X is the direction of movement of compressor 
pistons, and Z is normal to the base plate. 

Results of displacements are shown in Table 3. The compressor of SPR-02A had very low 
vibration compared to that at its cold head; this behavior was not observed with the other two 
coolers. This is because the compressor of SPR-02A was directly fixed to the base plate through its 
bottom side, and the other two were fixed at rather high positions near the cold heads. However, the 
present |xm order displacements were about 10 times larger than those achieved on the flight pulse 
tube cooler of EOS-Aqua/AIRS (0.2|j.m)." Such high levels may cause degradation of the spectro-
graphic performance of the sensors. Thus, to achieve an order of magnitude smaller vibration level, 
the cold head should be placed at the node of vibration. It is not necessary to split the cold head 
from the compressor using a long capillary tube that will deteriorate the cooling capacity. Indeed, 
the flight pulse tube coolers of AIRS are integral-types. 
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Table 3. Displacement at the cold head and compressors. The units are |ampp. 

Cooler 
Accelerometer at 
X -displacement 
y -displacement 
z -displacement 

SPR-02A 
cold head 

3.4 
5.6 
3.8 

compressor 
2.8 
3.2 
2.8 

SP2000 
cold head 

8.3 
12.7 
3.7 

compressor 
6.4 
6.4 
5.9 

CZXIAOZI 
cold head 

4.5 
2.7 
4.2 

compressor 
2.9 
10.3 
9.2 

i^z 

Figure 6. Definition of the 3-axes in the vibration measurement. 

CONCLUSION 

We successfully drove three kinds of Japanese commercial pulse tube coolers operating at 60-
80 K under vacuum conditions. Cooling capacities, when driven with 100 W, were similar to those 
of previous flight coolers. We observed that vibration depends on cooler mounting to the base 
plate. An evaluation summary is presented in Table 4. We conclude that Japanese pulse tube 
coolers are worth being developed for future space use. 
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Pulse tube cooler 
Lowest temperature (K) 
Power factor 
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Cooling capacity per weight (W/kg) 
"/oCarnot at 77K in lOOW input 

SPR-02A 
48 

0.85 
25 
3.2 
0.37 
8.9 

SP2000 
56 

0.92 
37 
2.0 
0.13 
5.6 
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3.4 
0.33 
9.4 
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ABSTRACT 

The High Capacity Cryocooler (HCC) is being designed to provide large capacity cooling at 
35 K and 85 K for space applications in which both cold focal planes and optics require cooling. 
The compressor is scaled from the High Efficiency Cryocooler compressor and is capable of using 
input powers up to 700 W. The two linear pulse tube cold heads are integrated with the compressor 
into an integral cryocooler. Provision is made to provide a thermal strap between the cold heads in 
order to improve efficiency. The cooler is undergoing acceptance testing that includes thermal 
performance mapping over a range of reject temperatures and power levels, launch vibration test
ing and self induced vibration testing. 

INTRODUCTION 

The High Capacity Cryocooler (HCC) as shown in Figure 1 is a two-stage pulse tube cooler 
developed to provide a long life, low mass, higher efficiency space cryocooler on missions such as 
the Space Tracking and Surveillance System (STSS). The cooler has an objective to extend the 
performance of proven, high efficiency, lightweight pulse tube cooler technology to larger capac
ity, lower temperature and staged operation. 

tiff 

% 

Figure 1. Two-stage high capacity cryocooler. 
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Table 1. Typical cooler characteristics. 

Cooling load at 85 K 19.11 W 
Cooling load at 35 K 1.9 W 
Input power 500 W 
Reject temperature 300 K 
Maximum input power capability 700 W 
Cooler mass 14.3 kg 

Because of its high efficiency and very low mass/unit capacity, the HCC can be applied to 
simultaneously cool long wave infrared (LWIR) focal planes (as low as 30 K) and optics (60 K to 
150 K). The HCC performance is not restricted to the design point of 2 W at 35 K and 16.5 W at 
85 K and has a wide spectrum of cooling temperatures and cooling loads for various input power 
and heat reject temperatures. The HCC achieves low input power and large cooling load because of 
the efficiency of its pulse tube cold heads and its efficient compressor. The low mass results from 
the use of the second-generation flexure compressor technology developed with Oxford University 
and productionized for Northrop Grumman by Hymatic Engineering.' 

CRYOCOOLER 

The cooler characteristics are summarized in Table 1. The HCC two-stage cold heads are 
designed in an integral parallel configuration. In this design, the 1̂ ' and 2"'' stage cold heads are 
motmted directly on the compressor center plate. The oscillating flow from the compressor is split 
into the two cold heads in proportion to their required thermal design performance. The parallel 
two-stage cold head configtiration has many advantages. First, there is minimal interference in the 
thermal performance of the two stages, i.e., changes in cooling at one stage has a small effect on the 
other stage. Second, the regenerators are maintained at reasonable sizes even at the HCC high 
cooling requirements. This minimizes the performance issues associated with very large regenera
tor sizes. Third, the heat strap between the cold heads is a very effective tool to control the load 
balancing between the two stages. Fourth, the heat leak to the lower temperature stage is trapped by 
the upper temperature stage in both a single cooler and in a standby redundant configuration result
ing in improved efficiency. 

The two-stage cold head is mounted onto a back-to-back compressor designed to achieve both 
long lifetime and vibration balance. The flexure springs are very stiff in the direction perpendicular 
to the driven motion (much stiffer than gas or magnetic bearings) so that close tolerance gas gap 
seals can be maintained and wearing seals can be eliminated. The flexures themselves are designed 
for maximum stress levels well below the material endurance limits. Their reliability is validated in 
the compressor since over I C cycles are accumulated in 4 to 5 days with these compressors. The 
working fluid is dry helium with no lubricants. The drive is a direct voice coil motor similar to a 
loudspeaker drive, thereby eliminating linkages. 

The cooler components are shown in Figure 2. The linear cold heads are attached to the 
centerplate and hermetically sealed with a metal C-ring. The cold heads containing the regenera
tors, cold blocks, pulse tubes and orifice blocks are mechanically supported against launch loads by 
a support structure. The two 6.45 cm^ cold block interfaces are gold plated and located near the 
midpoint of the cold heads. The 35 K cold head is provided with redimdant calibrated platinum 
resistance thermometers used for temperature control. The thermal strap between the 85 K cold 
block and the 35 K regenerator provide overall system power reduction. Also located on the 
centerplate is an accelerometer that is used to sense cooler self-induced vibration. The accelerom-
eter preamplifier, which is mounted on the centerplate, amplifies the accelerometer signal for trans
mission to the control electronics. Here it is used as an error signal in a feedback loop to reduce the 
vibration to very low levels. The compressor end caps, which also enclose the reservoir, are her
metically sealed by metal C-rings. The centerplate incorporates simple and effective mechanical 
and thermal interfaces to payloads. The primary mechanical mounting interfaces of the compressor 
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Structural and 
thermal support 

Inertance lines 

Reservoirs 

Balanced / 
compressor 

Figure 2. HOC cooler components. 

can adequately remove up to 400 W of heat by direct conductive heat transfer to the mount surface. 
For greater input powers, a secondary thermal interface is provided for extra heat removal capabil
ity. 

After assembly, the bake out process performed on the cooler reduces volatile condensables 
and water in the machine to negligible levels. All Northrop Grumman coolers are hermetically 
metal sealed to have effective zero detectable leakage rates of helium fluid. The processes have 
been verified by hfe tests of similar pulse tube coolers and in flight history of the seven other 
Northrop Grumman pulse tube units that are currently in orbit. 

COOLER PERFORMANCE 

Figure 3 shows a t5T3ical performance map of the two-stage cooler at fixed stroke and reject 
temperature. Note that at fixed upper temperature load as the applied load on the lower temperature 
stage is reduced from the maximum value shown of 2.25 W to 0 W, the temperature of the upper 
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Figure 3. Two stage cold head performance map. 
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Table 2. HCC performance at different temperatures of first stage. 

Stage 1 Temperature Stage 1 Load Stage 2 Temperature Stage 2 Load Input Power 
85 K 
l l l K 

16.8 W 
12.55 W 

35 K 
35 K 

2W 

0.7 W 
501 W 
209 W 

2.3 

01 2.1 

c to 
S 1.9 

i^ 
U) 1.7 
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Figure 4. Two stage cold head performance as function of input power. 

stage is affected only by a few degrees. Similarly, when the load on the lower temperature stage is 
held fixed and the load on the upper temperature stage is varied from 17.4 W to 0 W, the lower 
temperature stage temperature varies by less than 1 K. This implies that the thermal performance of 
each cold head is independent of the other. 

In a parallel multistage configuration, there is little interference between the stages. This is 
very important in reducing risk for an immature payload design. Figure 4 shows the performance of 
the HCC cooler as a function of the input power. As the input power is reduced, the cooling loads 
are reduced while maintaining the efficiency of the system. In these measurements the HCC cooler 
maintains its efficiency as the input power is reduced from 500 W to 178 W. The HCC cooler can 
be optimized at different first stage cooling temperatures. Table 2 summarizes the performance at 
two cooling loads at 35 K and different temperatures of the first stage. 

The High Capacity Cryocooler is undergoing acceptance testing prior to its delivery to the Air 
Force. The complete suite of acceptance tests includes thermal performance mapping over a wide 
range of reject temperatures and power levels, launch vibration testing, and thermal vacuum tests. 
The engineering model cooler was tested under the random launch vibration shown in Figure 5, 
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Figure 5. Random vibration profile. 
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Table 3. Thermal, stress and dynamic margin for qualification levels. 

Components 

Center Plate 

85 K Cold Head 

35 K Cold Head 

H-Bar 

Temperature Rise @ 400W 
Interface Heat Flux @ 400W 

Safety Factor (Yield) 
Safety Factor (Ultimate) 
Margin of Safety (Q=90) 
l"Mode 

Safety Factor (Yield) 
Safety Factor (Ultimate) 
Margin of Safety (Q=90) 
l"Mode 

r 'Mode 

Requirement 

<20K 
< 25 W/in^ 

>1.5 
>2.5 
>o 

>250 Hz 

>1.5 
>2.5 
>0 

>250 Hz 

>250 Hz 

Capabilities 

16.7 K 
17.6 W/in^ 

4.4 
5.9 
1.55 

770 Hz 

2.8 
3.2 

0.27 
511 Hz 

594 Hz 

which are acceptance levels. The overall random vibration level is 8.65 Grms. The cooler was also 
acceptance tested under different thermal conditions. 

The thermal cycle profile is shown in Figure 6. Extensive thermal and dynamic analyses were 
conducted on the HCC. The results of the analyses are summarized in Table 3. 
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ABSTRACT 

Lockheed Martin's Advanced Technology Center (LM-ATC) is developing the cryocooler 
system for the United States infrared instrument on the Russian-American Observational Satellites 
(RAMOS) under contract to the Space Dynamics Laboratory. The project is presently fabricating 
the engineering model, which consists of the cryocooler and electronic controller. 

LM-ATC s cryocooler is robust and simple, consisting of a two-stage coldhead with no mov
ing parts, driven by a linear flexure-bearing compressor and powered by a high-efficiency elec
tronic controller that includes ripple suppression and vibration cancellation. A distance of up to one 
meter separates the coldhead and compressor. 

The controller provides temperature control at 75K. The cryocooler is designed simultaneously 
to provide 0.75 W of cooling at 75K and 6 W cooling at 130K while rejecting heat at 313K. Total 
system power is 117 W and the exported vibration is less then 0.2N. This paper presents the status 
of the engineering model and overall system characteristics. 

INTRODUCTION 

The RAMOS instrument requires system cooling at two different temperatures. The program 
selected LM-ATC's two-stage pulse tube based on its maturity and simplicity. The cryocooler con
sists of a compressor driving a two-stage pulse tube coldhead, powered by cryocooler control elec
tronics (CCE). 

The RAMOS instrument consists of two cryocooler systems (Figure 1). One cryocooler is 
utilized as a redundant system and is not operating under normal condition. The cryocooler is a split 
system with the coldhead mounted on the instrument vacuum shell and the compressor on a space
craft panel. This leads to a system with a long transfer lines between the coldhead and compressor. 
The primary cryocooler has the shorter line. Each cryocooler has a dedicated CCE. 

The coldhead is a simple two-stage pulse tube based on LM-ATC's cryocooler that was devel
oped under Independent Research and Development (IRAD) funding in 1998-1999'. The coldhead 
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Figure 1. RAMOS United States Subsystem. The subsystem instrament contains two cryocoolers 
with one acting as a redundant system. 

was redesigned to provide high efficiency thermodjTiamic performance at the RAMOS heat loads 
and operating conditions, and to allow flight-like featured such as weldability to be included in the 
design. 

The compressor is our MIDI size, an intermediate size from our series of LM-ATC developed 
linear flexure-bearing clearance seal compressors. The MIDI compressor provides a range of swept 
volumes of 6-10 cm'. This compressor, which is also used on the GIFTS program^, uses the moving 
magnet design favored by LM-ATC because it places the motor coil outside the working gas space, 
eliminating the coil epoxy (the primary sotirce of contamination) from the gas space, eliminating 
electrical feed-throughs into the gas space, and eliminating flexing electrical leads. 

The CCE is a high efficiency controller based on a design developed under IRAD at Lockheed 
Martin. It provides control for the compressor and contains innovative concepts for ripple suppres
sion and vibration cancellation from a feedback loop to an accelerometer. The CCE also includes 
the launch lock feature to prevent the pistons from striking the end stops during launch and a stroke 
limitation during operation. The CCE is designed to operate over an input voltage range of 20 - 40 
Vdc and suppress the conducted ripple current to less than 1.0 amp peak-to-peak at maximum 
cooling. The spacecraft interface for command and telemetry is RS-422. 

TWO-STAGE PULSE TUBE CRYOCOOLER 

The cryocooler heat map is shown schematically in Figure 2. The compressor operates near 
resonance and is driven by the CCE. The compressor is attached to the pulse tube coldhead with a 
transfer line between 0.6m and Im in length. The heat rejection of the CCE and compressor is 
performed at the mounting interface. Heat from the cold head is rejected by means of a heat pipe 
evaporator attached to its warm flange. 

TWO-STAGE PERFORMANCE PREDICTION 

The following predicted performance characteristics of the system were presented at the criti
cal design review during the development phase of the program in 2003. The predicted perfor-
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Figure 2. Heat map of cryocooler system. The cryocooler system provides 0.75W cooling at 75K and 
6W cooling at 130K with only 117 W system electrical power. This heat map is for the system with a i m 
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Figure 3. Cooling power versus system power at 75K and 130K and a 1 m transfer line. 

mance of the cryocooler is shown in Figure 3, which shows the cooling power at the two stages as 
a function of system electrical power. 

Figure 4 shows the sensitivity of cooling power with cold tip temperatures. The input power 
and compressor drive frequency were fixed at the nominal condition. 

As previously stated, the RAMOS system has a redundant cryocooler. The redundant cryo
cooler is nominally not operating and therefore the parasitic heat load must be removed from 
the operating unit. It is important that the parasitic heat load be minimized such to maximize 
the instrument cooling by the primary operating unit. Figure 5 shows the predicted parasitic of 
a non-operating RAMOS coldhead that is thermally grounded to the instrument while the pri
mary cooler is operating. 
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PROGRAM STATUS 

At this time, the assembly of the EM cryocooler is near completion. The compressor has been 
fully assembled and is under test. The coldhead is being assembled for integration with the com
pressor. The CCE brassboard has been assembled and tested and is presently being used to test the 
special test equipment that will be used to test and qualify the flight units. 

The EM compressor is shown in Figure 6 during induced vibration testing on a spring stand 
without a coldhead. This stand-alone compressor test showed promising results that the cryocooler 
being operated with vibration cancellation of the CCE would meet the 0.2 N requirement. In addi
tion the compressor has been successfully tested for a nimiber of performance characteristics such 
as miscellaneous losses, characteristics of the flexure-bearing system, and operation and survival at 
the required temperature extremes. The measured weight of the compressor is 4.1 kg. 
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Figure 7. Lockheed Martin cryocooler control electronics brassboard 

As previously stated, the CCE brassboard has been completed and tested and is shown in 
Figure 7. It consists of three circuit boards: the power supply board, the control board, and the 
ripple suppression board. The CCE also contain a passive launch lock circuit to protect the com
pressor during unpowered launch conditions. 

The testing of the CCE brassboard has been completed. The results of these tests show an 
efficiency of 80% over the range of input voltages while providing the required compressor power. 
Testing demonstrates the tare power consumption is below 5W. Thermal tests were performed over 
a range of-55 to 75 °C. Based on the brassboard, which physically duplicates the flight configura
tion, the weight of the flight CCE is 3.4 kg. 

The coldhead is in its assembly phase with all parts fabricated. The warm flange, which inter
faces with the heat pipe evaporator and vacuum shell of the instrument, is shown in Figure 8. The 
coldhead is an all welded and brazed system. The interfaces with the instrument consist of shrink 
fits with the female sides of the interface on the coldhead stages. The weight of the Coldhead is 
estimated at 1.8 kg including the longest transfer line. 
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ABSTRACT 

Lockheed Martin's Advanced Technology Center (LM-ATC) is developing the cryocooler 
system for the Geos)Tichronous Imaging Fourier Transform Spectrometer (GIFTS). This is a NASA 
New Millennium Program (NMP) Earth Observing-3 mission to demonstrate revolutionary science 
enabling technologies. One of the new technologies for future generation remote sensors is the two-
stage pulse tube cryocooler. 

Lockheed Martin is presently fabricating two cryocooler flight models, which includes the 
cryocooler and electronic controller. 

LM-ATC s cryocooler approach employs a unique staging arrangement, which results in high 
power efficiency, compact, efficient packaging and interfacing and excellent reliability. It is robust 
and simple, consisting of a two-stage coldhead with no moving parts, driven by a linear flexure-
bearing compressor and powered by a high-efficiency electronic controller that includes ripple 
suppression and vibration cancellation. The design is a "split" system in which the compressor and 
cold head are separated by a transfer line. 

The approach allows on orbit adjustment of the relative cooling loads and temperatures of the 
two stages. 

The controller provides precise temperature control at 55K. The cryocooler is designed to 
simultaneously provide cooling of 1.5 W at 55 K and 8 W at 140 K while rejecting heat at 300 K. 
Total system power is projected to be 150 W, and the exported vibration is expected to be less than 
0.2 N. This paper presents the status of the flight model and overall system characteristics. 

INTRODUCTION 

The GIFTS instrument requires system cooling at two different temperatures, one for the focal 
plane and one for the optics. The GIFTS program selected LM-ATC's two-stage pulse tube based 
on its maturity and advanced technology. The cryocooler consists of a moving magnet compressor 
driving a two-stage pulse tube coldhead, powered by cryocooler control electronics (CCE). 

Cryocoulers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 1 2 1 
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Table 1. GIFTS cryocooler system design point. 

Cooling load at 55 K 
Cooling loads at 140 K 

Input Power 
Reject Temperature 

Maximum Input Power Capability 
System Weight 

1.5 W 
8.0 W 
155 W 
300 K 
180 W 
9.1kg 

Although the program's initial formulation base-lined a redundant system employing two 
cryocoolers, one operating and one standby, the high reliability figures for the cryocooler system 
allowed the use of a single cryocooler without backup. 

A summary of the cooler system's design-point characteristics is given in Table 1. 
The coldhead is a two-stage pulse tube based on LM-ATC's cryocooler that was developed 

under Independent Research and Development (IRAD) funding in 1998-1999.' The coldhead was 
optimized to provide high efficiency thermodynamic performance at the GIFTS heat loads and 
operating conditions, and to provide flight design features including all welded or metal seals. 

The compressor is an intermediate size (MIDI) from our series of LM-ATC developed linear 
flexure-bearing clearance seal compressors. The MIDI compressor provides a range of swept volumes 
of 6-10 cm^ This compressor, which is also used on the RAMOS program^, uses the moving 
magnet design favored by LM-ATC because it places the motor coil outside the working gas space, 
eliminating the coil epoxy (the primary source of contamination) fi'om the gas space, eliminating 
electrical feed-throughs into the gas space, and eliminating flexing electrical leads. 

The CCE is a high efficiency second-generation controller based on a design developed under 
IRAD at Lockheed Mjirtin. It provides control for the compressor and contains innovative concepts 
for ripple suppression and vibration cancellation Irom a feedback loop from an accelerometer. The 
CCE also includes the launch lock feature to prevent the pistons from striking the end stops during 
launch and a stroke limitation during operation. The CCE is designed to operate over an input 
voltage range of 20 - 40 Vdc and suppress the conducted ripple current to less than 1.0 amp peak-
to-peak at maximum cooling. The spacecraft interface for command and telemetry is RS-422. 

TWO-STAGE PULSE TUBE CRYOCOOLER PERFORMANCE 

The cryocooler heat map is shown schematically in Figure 1. The compressor operates near 
resonance and is driven by the CCE. The compressor is attached to the pulse tube coldhead with a 
short transfer line. The heat rejection of the CCE and compressor is performed at the mounting 
interface. Heat from the cold head is rejected by means of a heat pipe evaporator attached to its 
warm flange. 

33 W heat 
rejection 

1 SOW electrical 
input power 

81 Wheat-
rejection 

117 W to compressor 

Conditions: 
12 cm transfer line 
300 K heat rejection 

Cold 
head 8W heat 

— input at 140 K 

1.5 Wheat 
- input at 55 K 

Figure 1. Heat map of cryocooler systeni The cryocooler system provides 1.5 W cooling at 55 K and 
! W cooling at 140 K with only 150 W system electrical power. 
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at the nominal operating frequency, system power and heat rejection temperature with a i m transfer line. 

Two-stage Performance Prediction 

The following predicted performance characteristics of the system were presented at the critical 
design review in 2003. The predicted performance of the cryocooler is shown in Figure 2, which 
shows the cooling power at the two stages as a ftmction of system electrical power. The nominal 
cooling conditions are satisfied with a stroke of 75 % of the maximum operating stroke, providing 
a large margin for increased cooling. 

Figure 3 shows the sensitivity of cooling power with cold tip temperatures. The input power 
was fixed at the nominal condition. The data shows the two stages are only weakly coupled; a 
change in temperature or cooling load on one has a relatively small affect on the other. 

Capability to Ciiange Relative Cooling Loads at the Two Stages 

Generally, advocates of the Stirling-cycle cryocoolers cite one of the advantages of Stirling 
coolers is the ability to change the relative cooling loads at the two stages by changing the phase lag 
between compressor and displacer by commands to the electronics. A properly designed pulse tube 
system also has this capability, and one example is shown in Figure 4. In many programs the relative 
cooling at the two stages of a cryocooler are not precisely Icnown until the sensor development is 
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Figure 4. On orbit controllability of heat loads at the two stages. 

well along, in many cases after the cryocooler design and operating parameters are well established. 
In this case, the optics heat load is fairly well known, but there is some uncertainty in the focal plane 
load. The effect of changing the operating frequency and the stroke on the cooling levels at the two 
stages is shown in Figure 4. The power input for this case is held constant, and the effect of frequency 
change is shown. The figure shows that the optics load at 140 K can be held essentially constant at 
8 W, while the focal plane load varies from 1 W to 1.5 W. This is one scenario of variation in loads; 
many other cases can be satisfied by variations in the stroke and frequency and power input. These 
changes can all be made by commands to the electronics while on orbit. 

PROGRAM STATUS 

At this time (April 2004), the assembly of the FM cryocooler is near completion. The compressor 
has been assembled and tested. The assembly of the two flight model cold heads are near completion. 
The CCE brassboard has been assembled and tested and is presently being used to test the special 
test equipment that will be used to test and qualify the flight units. 

The FM compressor is shown in Figure 5 during induced vibration testing on a spring stand 
without a coldhead. This stand-alone compressor test showed promising results that the cryocooler 

Figure 5. Engineering Model on spring stand facility testing for induced vibration. 
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Figure 6. Lockheed Martin cryocooler control electronics brassboard 

being operated with vibration cancellation of the CCE would meet the 0.2 N requirements. In 
addition, the compressor has been successfully tested for a number of performance characteristics 
such as miscellaneous losses, characteristics of the flexure-bearing system, and operation and survival 
at the required temperature extremes. The measured weight of the compressor is 4.1 kg. 

As previously stated, the CCE brassboard has been completed and tested and is shown in 
Figure 6. It consists of three circuit boards: the power supply board, the control board, and the 
ripple suppression board. The CCE also contain a passive launch lock circuit to protect the compressor 
during unpowered launch conditions. 

The testing of the CCE brassboard has been completed. The results of these tests show an 
efficiency of 80% over the range of input voltages while providing the required compressor power. 
Testing demonstrates the tare power consumption is below 5 W. Thermal tests were performed 
over a range of -55 to 75 °C. Based on the brassboard, which physically duplicates the flight 
configuration, the weight of the flight CCE is 3.4 kg. 

The coldhead is in its final assembly phase with all parts fabricated. The warm flange, which 
interfaces with the heat pipe evaporator and vacuum shell of the instrument, is shown in Figure 7. 

• • •1 ' : !•' s t a g e 
1 

T 
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55 K stage 

Mounting plate and 
heat rejection 

Figure 7. Cold head assembly. 
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The coldhead is an all welded and brazed system. The interfaces with the instrument consist of a 
bolted connection. The weight of the Coldhead is at 1.4 kg. 
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ABSTRACT 

Raytheon is in initial test of a second generation two-stage Stirling/pulse tube hybrid cold head 
for use in long life space cryocoolers. The Stirling/pulse tube configuration provides excellent 
thermodynamic performance by optimally combining the strengths of both technologies. The cold 
head is designed for optimal performance at a second stage temperature of 40 K and a first stage 
temperature of 110 K with nominal capacity of 1 W at the lower stage and simultaneous 7 W at the 
upper stage. The inherent load shifting capability of this configuration permits efficient operation 
of the cooler over a wide range of temperatures and heat loads. Load shifting is accomplished 
through varying the phase angle of the Stirling displacer piston relative to the pressure wave. Load 
shift data on the new cold head is provided. Lessons learned from the testing of the initial brass-
board regarding component sizing have been incorporated into this second generation design. The 
quantitative improvement provided by those design changes is presented. The second generation 
cold head design is currently being incorporated into a flight design warm-end expander motor 
assembly with Oxford-class flexure and clearance technology typical of Raytheon flight-qualified 
production cryocoolers for space. The expander is driven by an Oxford-class compressor of similar 
design legacy to other Raytheon designs. 

INTRODUCTION 

The testing and modeling efforts described herein represent the continuation of a roughly four-
year development effort to design a new type of space cryocooler, namely a Stirling /pulse tube 
hybrid. The initial concept and perceived advantages of the Stirling first stage/pulse tube second 
stage were first discussed at the 11* International Cryocooler Conference in 2000.''^ Brassboard 
test results were presented two years later at the 12* International Cryocooler Conference, in which 
measured capacity data from 35 K to 112K (second stage temperature) was presented.^ As dis
cussed in a recently presented and soon to be published paper from the 2003 Cryogenic Engineer
ing Conference, the brassboard effort was followed by extensive model correlation efforts which 
have led to an improved cold head design.'' The present effort documents the completion of the 
build of the improved expander, updates the previously published performance predictions with the 
as-built predictions, accounting for actual heat exchanger and regenerator porosities, final void 
volume measurements, etc., and provides some results from the very first stages of the testing, 
which commenced in March 2004. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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TEST CONFIGURATION 

The second generation Raytheon StirUng/Pulse Tube Two-Stage (RSP2) expander is shown 
in Fig. 1. As described in a previous paper, the primary differences between the expander shown 
and the initial brassboard unit are in the component sizing of the second stage components and 
the improvement of gas porting and heat rejection at the transfer hne port. The displacer motor 
assembly and end cap were reused from the original brassboard unit. The spiral flexures used in 
the expander have direct legacy to the Raytheon production line of single-stage Stirling 
cryocoolers and have been shown to be long-life, reliable, and consistent with the design goal of 
minimum vibration output in three axes. The expander is shown mounted to a tooling ring that 
mates with a vacuum dewar can to permit bench top testing, which is an improvement over the 
original unit with respect to testability. 

The original unit featured the surge volume as an integral part of the first stage manifold. 
The new expander permits operation with two different phase shift configurations. The first 
configuration to be tested, which is the configuration that corresponds to the data provided in the 
subsequent section, has the surge tank bolted and thermally sunk to the first stage manifold. The 
inertance tube is thus isothermal (nominally, neglecting friction heating) at the first stage 
temperature. Thermodynamically, this is the same as the original brassboard unit. The second 
phase shift configuration features the surge volume outside the vacuum dewar, at ambient 
temperature. Thus the inertance tube connects the warm end of the pulse tube at the first stage 
temperature to ambient. Modeling results indicate that properly optimized inertance tubes will 
yield roughly equivalent cryocooler performance using either configuration. Cryocooler 
integration is tj^ically eased by locating mass and volume away from the cryogenic zone, so the 
latter configuration is probably the most generally desirable, should the modeling predictions be 
validated by test. Photographs of the inertance tube and surge volume being used to test the "all 
cryogenic" configuration are provided in Fig. 2. 

The compressor, which is shown together with the expander in the test fixture in Fig. 3, is 
being reused from the initial testing. The RSP2 compressor can be configured for either 6.0 cc 
or 7.5 cc peak-to-peak swept volume, the adjustment being made by switching to a piston-
cylinder set of different piston diameter. Based upon the modeling optimization and the 
resulting desire to match the expander and compressor resonant speeds at about 50 Hz, the 
compressor has been configured in the small bore, 6.0 cc, configuration. The compressor design 
is discussed more extensively elsewhere. " 

Figure 1. Second generation RSP2 expander with tooling ring for vacuum dewar integration. 
Inertance tube and surge volume, which may be either cryogenic or ambient, not shown. 
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Pressure sensor 
Inertance port port 

- . / 

Figure 2. Cryogenic phase shift hardware. Inertance tube (left) and surge tank (right) for RSP2 
expander shown. Inertance tube constructed from standard tubing and gold plated to reduce parasitic 
loading due to radiation. Surge volume bolts to first stage manifold through four through holes clearly 
seen in the photo. 

PERFORMANCE PREDICTIONS 

The brassboard test data was used to develop and correlate a thermodynamic simulation 
model that provides simultaneous solution of the mass, momentum, and energy equations 
throughout the cryocooler. The model has been correlated using a fixed orifice phase shifter 
with cryogenic (first stage temperature) surge volume, a cryogenic surge volume and inertance 
tube, and an ambient surge volume with an inertance tube. Performance predictions based upon 
the nominal drawing dimensions were provided previously. Now that the cryocooler build has 
been completed, the model has been updated to accoimt for the as-built dimensions. This type of 

% • • 
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Figure 3. Complete RSP2 test configuration with compressor and expander mounted in test fixture. 
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correction has the potential for significant impact primarily with respect to the regenerator mesh, 
given the nominally +/- 10% manufacturimg and lot variation possible in wire diameter. This 
affects void volume, heat exchanger effectiveness, and pressure drop. The first test configuration 
utilizes the cryogenic surge volume and inertance tube, so the first model updates, and the only 
ones available as of this writing, are for that configuration. 

The updated performance predictions indicate that the material and manufacturing deviations 
from nominal should have a fairly benign impact on the cryocooler performance. The updated 
prediction is 1.1 W at 40 K, 6.6 W at 110 K, for 124 W pressure-volume (PV) power. The cold 
head performance is essentially the same, though it has been determined that the optimum inertance 
tube is roughly 50 cm longer than the one built. A 10% efficiency improvement is expected when 
that correction is implemented. A PV power instead of motor power prediction is reported because 
of a programmatic decision to reuse the less efficient compressor motors from the brassboard unit 
instead of upgrading to the new design. The new motors are in final assembly as of this writing. 
The decision to reuse the existing motors was made so that the only fiindamental differences be
tween this test configuration and the previous one are limited to the expander, recalling that the 
intent of the test is to characterize and measure the cold head improvements. The projected effi
ciency of the compressor with the new motors is 75%, which projects to a motor power of 183 W 
for the design point. 

Figures 4 and 5 show the projected performance of the new RSP2 cryocooler over a wide range 
of second stage temperatures for two selected first stage temperatures. These temperature regimes 
largely envelope the thermal control requirements of long wave infrared (LWIR) sensor systems, 
where the second stage cools the focal plane and the first stage cools the optics. The only param
eters permitted to vary between these plots are those that are easily controlled in test, namely, 
operating frequency, strokes, and phase angle, i.e., Figures 4 and 5 depict operation of the same 
cooler. This is illustrative of the wide operational range over which this cooler functions effi
ciently. 

Initial testing has commenced as of this writing. A preliminary, low power steady operating 
point of 4.3 Wat 150 K + 1.1 Wat 60 K for 72 W input PV power has been achieved. This agrees 
well with the corresponding model prediction for this operating condition (4.1 W a t l 5 0 K + 1 . 3 W 
at 60 K for 67 W input power, as shown in Fig. 5), particularly at this very early stage of the testing 
prior to any model correlation or cryocooler optimization. This agreement bodes well for the near 
term realization of the performance described in Figs. 4 and 5. 
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Figure 4. Second stage load and power curves with Tl (first stage temperature) held constant at 
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(thermodynamic) power. 
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Legend same as Figure 4. Note that this is a significantly lower power case than Figure 4, with the compres
sor running at about 50% stroke. 

SUMMARY 

The fabrication and final assembly of a second generation RSP2 expander has been completed 
and has entered initial testing. Test plans call for characterization of the cryocooler over a wide 
range of frequencies, charge pressures, phase angles, stroke amplitudes, and operating tempera
tures (first stage, second stage, and rejection temperature). Following the initial test phase with the 
cryogenic surge volume, the ambient surge volume configuration will be implemented and the 
characterization tests repeated. 

In parallel with these tests, efforts have commenced on the fabrication of a flight-qualified 
version of the RSP2. The compressor design is essentially the same as the one presently in test with 
the primary exceptions being the incorporation of piston position sensors housed within the pres
sure volume, the use of hermetic feedthroughs, and the incorporation of an improved motor electro
magnetic design that fits within the same envelope as the present motor. Thus the piston-cylinder, 
flexure assembly, internal mounting features, and basic housing designs are left imchanged. 

The flight version of the expander incorporates a new motor assembly design that permits 
greater flexibility in the sizing of the displacer piston diameter. This will permit the use of essen
tially the same expander warm end design for cryocoolers ranging from the size discussed herein up 
to substantially higher capacity. 

ACKNOWLEDGEMENTS 

The authors would like to acknowledge the support of Thom Davis and the Air Force Research 
Lab at Kirtland AFB, who have permitted use of the compressor in support of these test activities. 

REFERENCES 
1. Kirkconnell, C. S., Price, K. D., Barr, M. C, and Russo, J. T, "A Novel Multi-Stage Expander Con

cept," Cryocoolers 11, Kluwer Academic/Plenum Publishers, New York (2001), pp. 259-263. 

2. Price, K. D. and Urbancek, V., "95 K High Efficiency Cryocooler Program," Cryocoolers 11, Kluwer 
Academic/Plenum Publishers, New York (2001), pp. 183-188. 

3. Price, K. D. and Kirkconnell, C. S., "Two Stage Hybrid Cryocooler Development," Cryocoolers 12, 
Kluwer Academic/Plenum Publishers, New York (2003), pp. 233-239. 

4. Finch, A.T., Price, K.D., and Kirkconnell, C.S., "Raytheon Stirling/Pulse Tube Two-Stage (RSP2) 
Cryocooler Advancements,"^^, in Cryogenic Engineering, Vol. 49B, Amer. Institute of Physics, 
Melville, NY (2004), pp. 1285-1292. 



Efficient 10 K Pulse Tube Cryocoolers 

C. Wang 

Cryomech, Inc. 
Syracuse, New York, USA 

ABSTRACT 

Two 10 K pulse tube cryocoolers. Models PT805 and PT810, have been developed and com
mercialized at Cryomech to provide cooling from 8 K to 20 K. The PT805 provides 3.5 W at 10 K 
and 48 W at 80 K, simultaneously, for 4.6 kW power input. The PT810 provides 10 W at 10 K and 
40 W at 49 K, simultaneously, for 7.6 kW power input. These pulse tube cryocoolers have almost 
the same efficiency, cooling capacity, and cooling speed as that of 10 K Gifford-McMahon (GM) 
cryocoolers. A test demonstrated that the two-stage pulse tube cryocooler is less sensitive to the air 
contamination than 10 K GM cryocooler. The pulse tube refrigerators developed at Cryomech are 
expected to have mean time between maintenance (MTBM) > 5 years. The PT81 Os have been used 
for cryopumps and demonstrate their advanced features in the field. 

INTRODUCTION 

Cryomech, Inc. has developed a series of 4 K pulse tube cryocoolers, Models PT403, PT405, 
PT407 and PT410 to provide 0.3 W to 1.0 W at 4.2 K.'-̂  These 4 K pulse tube cryocoolers have 
opened many challenging applications in cooling Nuclear Magnetic Resonance (NMR) and and 
Magnetic Resonance Imaging (MRI) magnets, precooling dilution refrigerators, Adiabatic Demag
netization Refrigerators (ADR) and sorption coolers, cooling sensitive devices like Superconduct
ing Quantum Interference Device (SQUID) magnetometers, etc. These applications demonstrate 
the great advantages of pulse tube cryocoolers over GM cryocoolers with respect to vibration, 
temperature stability, reliability, and lifetime. 

Cryopumps have been the largest commercial application of cryocoolers in the past ten years. 
Because of their clean pumping, high vacuum (-10"" torr), and high pumping speed, cryopumps 
have been adopted widely by the semiconductor industry. The cryopump requires a -80 K cooling 
station to condense water and hydrocarbon vapors and a ~15 K cooling station to condense and trap 
air gases. Nearly all cryopumps use a two-stage Gifford-McMahon (GM) cryocooler as the cooling 
source. However, the vibration caused by the moving displacer in the GM cryocooler has become 
a problem in the last few years as the circuit line widths in semiconductor fabrication have become 
more and more narrow. In some applications, a complicated vibration eliminator has to be used for 
the cryopumps to reduce the vibration transferred to the fabrication equipment. 

10 K cryocoolers are still being used for cooling the radiation shield of superconducting mag
nets, laboratory cryostats, etc. Without rare earth materials in the 2"'' stage regenerator, 10 K pulse 
tube cryocoolers will be lower in manufacturing cost and will provide less magnetic distortion of 
sensitive measurements. A few groups^"*are working on 10 K two-stage pulse tube cryocoolers. 
Cryocoolers 13, edited by R. G. Roys, Jr. 
Springer Science+Business Media, Inc., New York, 2004 "f 3 3 
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In order to meet the cooling requirements from 8 K to 20 K, we have developed and 
commercialized two pulse tube cryocoolers, Models PT805 and PT810. The features and 
performance of these models are introduced in this paper. 

PULSE TUBE COLD HEAD 

The two-stage pulse tube cryocooler includes a pulse tube cold head and a helium 
compressor package. The PT805 uses a CP950 compressor with a nominal input power of 
4.6 kW. The PT810 uses a CP980 compressor with a nominal input power of 7.8 kW. 

Figures 1 and 2 show photos of the PT805 and PT810 pulse tube cold heads. The PT805 
and PT810 are very similar to the PT405 and PT410 4K pulse tube cryocoolers.^ Their 
schematics are given in Reference 2. The regenerator efficiency at the temperature above 8 K is 
much higher than at the temperature of 4 K. The 10 K pulse tube cryocoolers have shorter 2"** 
stage regenerators than that of 4 K versions. Only lead spheres are filled in the 2"'' stage 
regenerator of the PT805 and PT810. The first stage regenerators are packed with phosphor 
bronze screens. Both the PT805 and PT810 use a double-inlet configuration. 

It has been confirmed that the vibrations in the PTR cold heads mainly come from the 
stretching of the tubes generated by gas compression and expansion. The rotary valves of the 
PT805 and PT810 have been integrated in the warm end of the cold head. A special version with 
a remote rotary valve is also available at Cryomech for all two-stage pulse tube cryocoolers. In 
this version, the rotary valve and motor is separated from the pulse tube expander by three feet. 

Figure 1. Photograph of the PT805 cold head Figure 2. Photograph of the PT810 cold head 
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Figure 3. Cool-down characteristics of PT805 

PERFORMANCE 

1. Performance of PT805 

Figure 3 shows the cool down curves of the PT805. It takes 40 minutes for the 2nd stage to 
reach the bottom temperature of 7.6 K. The 1st stage reaches the bottom temperature of 31.8 K 
in -40 minutes. Figure 4 gives the cooling load map of the PT805. It can achieve 3.5 W at 10 K 
on the 2nd stage and 32 W at 65 K on the 1st stage simultaneously, or achieve 10 W at 20 K and 
48 W at 78 K, simultaneously. The input power of it is 4.3 kW at the temperatures of 7.6 K and 
31.8 K on both stages and 4.8 kW for the temperatures of 20 K and 78 K. 

The PT805 was tilted to test orientation effects with and without heat loads on both stages. 
The results are given in Figs. 5(a) and 5(b). After tilting the cold head over 30 degree, the 
performance of the PT805 on both stages dropped significantly. 

• I . I . I . 

25 30 35 40 45 50 55 60 65 70 75 80 85 90 

First stage temperature (K) 

Figure 4. Cooling load map of the PT805 
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Figure 5. Orientation effects on the performances of PT805: (a) without heat loads on both stages; 
(b) with heat loads on both stages 

2. Performance of PT810 

Figure 6 shows the cool-down characteristics of the PT810. The 2nd stage reaches a bottom 
temperature of 6.4 K in 35 minutes, and the 1st stage reaches a temperature of 31.4 K in 55 
minutes. Comparing the cooling speed of the PT805 and PT810 to that of the 4 K pulse tube 
cryocoolers, Models PT405 and PT4101,2, the PT805 and PT810 have a faster cooling speed. 

A cooling load map of the PT810 cooler is given in Fig. 7. This cooler can provide 10 W at 
10 K on the 2nd stage and 40 W at 49 K on the 1st stage, for which it consumes 7.6 kW of input 
power. It also provides 15 W at 16.2 K and 80 W at 72 K, simultaneously, for 7.8 kW input. 

The orientation effects on the performance of the PT810 are shown in Figs. 8(a) and 8(b). 
The PT810 appears to be a little less sensitive than the PT805. This might be due to the higher 
pressure differences in the PT810. Tilting the cold head greater than 40 degrees will cause 
significant degradation of the performances. For all of our two-stage pulse tube cryocoolers, we 
recommend that the tilted angle should be less than 30 degrees without significantly losing the 
performances. 

1 1 1 1 r-

10 20 30 40 50 60 70 

Coo l i ng t ime (min) 

Figure 6. Cool-down characteristics of the PT810 
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Figure 8. Orientation effects on the performances of the PT810 (a)without heat loads on both stages; 
(b)with heat loads on both stages. 

Table 1. Performance comparisons of pulse tube cryocoolers with GM cryocoolers 
(6OH2 power operation) 

Company & 
Cryocooler Model 

Cryomech 
PT805 
CTI 
1020 
APD 

M208S 
Cryomech 

PT810 
SHI 

SRDK-408S 

Type 

2-stage PT * 

2-stage GM* 

2-stage GM 

2-stage PT 

2-stage GM 

Compressor model 
& input power 

CP950 
4.7 kW 
9600 

5.0 kW 
HC8 

4.5 kW 
CP980 
7.6 kW 

CSW-71 
7.5 kW 

r '&2" ' ' s tage 
cooling capacity 

48W @ 80K with 
I0W@20K 

35W@77Kwith 
12W @ 20K 

35W@77Kwith 
10W@20K 

40W @ 49K with 
1 0 W @ 1 0 K 

35W@45Kwith 
6 . 3 W @ 1 0 K 

Cooling speed 

32rain 
From300Kto20K 

Not available 

40min 
From 300K to 20K 

31 min 
Frora300Kto lOK 

<60min 
From300Kto lOK 

* PT-Pulse tube cryocooler; GM-GM cryocooler 
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Figure 9. The world's first cryopumps using pulse tube cryocoolers, 
courtesy of XL Technology Systems, Inc. 

The performances, input powers and cooling speeds of the PT805 and PT810 are compared 
with the similar models of commercial GM cryocoolers in Table 1. The PT805 and PT810 have 
almost the same cooling capacities, efficiencies and cooling speeds as the GM cryocoolers. The 
performances of the GM cryocoolers of CTI, APD and Sumitomo Heavy Industry are obtained 
from their product catalogs. All the performances are given at the operations of 60 Hz power 
input. 

CRYOPUMP WITH THE PT810 PULSE TUBE CRYOCOOLER 

The world's first cryopumps with the PT810 pulse tube cryocooler have been successfully 
manufactured by XL Technology Systems, Inc. Their photograph is given in Fig. 9. Two arrays 
in the cryopump are cooled down to proximately 77 K and 15 K, and pump all gases to the 
vacuum of <10" Torr. These cryopumps have been used in thermal vacuum test facilities for 
space simulation as well as vacuum coating system and vacuum process system. They 
demonstrated their advanced features of extra low vibration and long MTBM over the traditional 
cryopimip with GM cryocoolers in the field. These cryopumps from XL Technology System, 
Inc. are in patent pending. 

MAINTENANCE INTERVAL OF 10 K PULSE TUBES 

Currently, the maintenance interval of the 10 K GM cryocooler is ~10,000 hours^. 
Cryomech's goal is to provide the 10 K pulse tube cryocooler with MTBM > 5 years (43,800 
hours). Three possible service requirements for the Pulse Tubes in five years are: 1. adsorber in 
the compressor package; 2. rotary valve and valve plate in the cold head; 3. contamination in the 
cold head. These three service requirements were investigated and given below. 

1. Lifetime of the Adsorber 

The lifetime of the adsorber was mainly determined by the oil carryover which passes 
through the oil separator and reaches the adsorber. We have redesigned the oil separator and the 
adsorber to improve their efficiencies for the pulse tube cryocoolers. A quality control process 
has been developed to monitor the oil carryover rate before the adsorber. This measurement is 
taken during the operation of the complete cryocooler, throughout several cool downs. Each 
system is monitored for nearly a week. Figure 10 shows measured oil carryover rates in some of 
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the CP900 series compressors from our production line. The CP900s are controlled to have oil 
carryover of less than 80 mg/day (29 g/year). In a test of an in-house pulse tube over a few 
months, a total of 250 g oil was allowed to pass through the oil separator and into the adsorber. 
We found there is no oil passing through the adsorber and no contamination in the cold head. 
The measurement of the maximum oil adsorption of adsorber is still undergoing. The statistic 
measurements of the oil carryover and the adsorber performance give us confidence that we will 
be able to recommend 5 years MTBM for the compressor. 

2. Lifetime of the Rotary Valve 

The rotary valve includes valve and valve plate. Without the moving displacers, the pulse 
tube cryocooler does not generate wear particles from the moving of the displacer seals in the 
GM cryocoolers. This results in less wear on the valve and valve plate. 

Also, the pulse tube is working at a lower speed of 1.4 Hz instead of 2 (50 Hz power) or 
2.4 Hz (60 Hz power) for the GM cryocoolers. This is a benefit to the lifetime of the rotary 
valve. Different valve and valve plate materials have also been studied at Cryomech to provide 
less wear and longer operation time. 

After 12,000 hours running, we checked one rotary valve of our two-stage pulse tube 
cryocooler. It was found that the valve wore only 0.03 mm and there was no significant wear on 
the valve plate. The valve is designed to have normal function with the wear < 1 mm. We 
predict that the valve and valve plate will last more than five years. 

3. Contamination Sensitivity of the Pulse Tube Cryocooler 

We have set up a procedure and process for the purification of the helium gas in the whole 
system. This process was verified to efficiently decrease the gas contamination to a very low 
level, which ensures the long term running of the pulse tube cryocoolers. 

A two-stage 4 K pulse tube cryocooler has been tested for contamination sensitivity. The 
impact of air contamination was studied and is shown in Fig. 11. The pulse tube cryocooler has 
less sensitivity than two-stage GM cryocoolers to air (78% N2, 20% O2) contamination. After 
adding 600 torrliter of air in the system, the first lost 2 W at the temperature of 65 K and the 2" 
stage temperature increased by 0.1 K. This feature enables the two-stage pulse tube cryocooler 
to operate for a long time without performing cold head service. 

Since the first PT405 pulse tube cryocooler was delivered to a user in July 1999, a few 
hundred pulse tube cryocoolers are working in the field. So far, we have not had any 
requirements of routing services for replacing the adsorber and the rotary valve. There has been 
no report on the performance degradation of our pulse tube cryocooler. All of this information 
supports us toward the goal of providing the Pulse Tubes with five years MTBM. 

0 25 50 75 100 125 150 175 200 225 250 
Number of compressor 

Figure 10. Oil carryover of CP900 series compressor package 
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Figure 11. Impact of air contamination in the PT405. 

CONCLUSION 

Efficient two-stage pulse tube cryocoolers, Models PT805 and PT810, have been developed 
and commercialized at Cryomech for cooling from 8 K to 20 K. The PT805 and PT810 provide 
almost the same cooling capacity, efficiency and cooling speed as the commercial GM 
cryocoolers. The 10 K two-stage pulse tube cryocoolers are expected to have MTBM greater 
than five years and open the applications for cryopump industry etc. 
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ABSTRACT 

We report on recent progress in the development of two versions of coaxial Stirling type pulse 
tube cold fingers that were designed for operation on commercial linear Stirling compressors with 
nominal input power of 200 W (Leybold Polar SC7) and of 100 W (AIM SL400), respectively. The 
coaxial cold finger driven by the AIM SL400 compressor at 100 W input power reaches a no-load 
temperature below 40 K and provides a cooling power of 3.6 W at 80 K. Between 50 W and 120 W 
input power, the COP (cooling power/input power) at 80 K is larger than 3%. The other coaxial 
cold finger driven by the Leybold POLAR SC7 compressor achieves a COP of 3.3-3.7% at 100-250 
W input power. For comparison, the performance data of the U-type and inline versions of the 
above pulse tube cold fingers are also presented in this paper. The cooling performance of the 
different pulse tube cold fingers is compared by means of the coefficient of performance based on 
the motor power of the linear compressors. 

INTRODUCTION 

In the past five years, we have been developing Stirling-type pulse tube cryocoolers (PTCs) for 
the potential replacement of commercial Stirling cold fingers.''' The PTC cold fingers were de
signed for operation with commercial linear compressors, i.e. the compressor of the SL200 or 
SL400 Split-Stirling cooler of AEG Infrared Modules (AIM) and that of the Polar SC7 Split-Stirling 
cooler of Leybold Vacuum. This development was part of the joint project "High temperature 
superconductors and novel ceramics for future communication technology" that was supported by 
the German Government (BMBF). 

For practical reasons, at the early stages of the development we have chosen a U-shaped con
figuration of pulse tube and regenerator.' Later on, for the purpose of comparison also inline ver
sions of the PTC cold fingers have been built and tested.^'' For many applications a coaxial geom
etry of the PTC cold head is desirable, because this most resembles the compact shape of a Stirling 
cold finger. Here we report on the development and test of two coaxial PTC cold fingers for opera
tion with the above-mentioned compressors. The cooling performance is compared to that of the 
corresponding of U-shaped and inline versions of the cold fingers. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 1 4 1 
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Compressor 

Regenerator \ 

•Inertance 

Tcold 

(a) (b) (c) 
Figure 1. Three typical configurations of pulse tube coolers; (a) U-shaped, (b) coaxial, (c) inline; Tcoid 

indicates the position of the cold tip. 

COOLER DESCRIPTION 

Fig. 1 illustrates the three t5fpical geometrical arrangements of pulse tube and regenerator in a 
pulse tube cooler. In inline configuration, there are no losses from curved gas flow at the cold tip. 
Therefore high performance pulse tube coolers^' * usually employ an inline configuration. 
However, in an inline PTC the cold tip is located in the middle of the cold finger, which makes 
thermal interfacing rather delicate. In contrast, the U-shaped and coaxial geometry allows easy 
access to the cold tip. For many applications, the coaxial arrangement, as shown in Fig. 1 b), is to 
be preferred, because this most resembles the compact shape of a Stirling cold finger. 

During the course of the project, we have realized all of the three PTC configurations in 
Fig. 1. Each PTC cold finger was built in a smaller and a larger version either designed for 
operation on the AIM SL200/SL400 or the Leybold Polar compressor, respectively. 

A more detailed description of the cooler design and test setup has been given previously.'"^ 
The inertance line'" ̂  between the warm end of pulse tube and the buffer volume (Fig. 1) consists 
of a series network of capillaries with different diameters and lengths. In addition, the smaller 
PTC cold fingers with SL400 compressor are operated with second inlet flow resistance to gain 
optimum performance.'"^ The larger versions with Polar compressor operate efficiently without 
second inlet.^' '* 

For all of the results presented below, the length of the transfer line that connects compressor 
and cold finger was 20 cm for the PTCs with SL400 compressor and 8 cm for the PTCs with Polar 
compressor. The warm end of the PTC cold fingers was cooled by water. The coolers were 
operated at a frequency of 40 Hz, which was found to be close to the optimum frequency. The 
helium charging pressure was 30 bar. 
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Figure 2. Cooling power versus temperature for the coaxial PTC with Polar compressor at different 
input power from 75 - 250 W; operation without second inlet; full symbols: horizontal cold finger, open 
symbols: vertical cold finger with cold end facing downwards. 

PERFORMANCE OF PULSE TUBE COOLERS WITH POLAR COMPRESSOR 

Coaxial PTC 

The coaxial PTC cold finger for operation with the Polar compressor was designed and 
fabricated following previous experience^''' gained with the corresponding U-shaped and inline 
PTC versions. 

Fig. 2 displays the cooling power as ftmction of temperature at different input power for 
vertical (with cold tip facing downwards) and horizontal orientation of the cold finger. In vertical 
orientation, upon increasing the input power from 75 W to 250 W, the minimum no-load 
temperature drops from 57.3 K down to 44.5 K and the available cooling power at 80 K increases 
fi-om 2.45 W to 8.8 W. 

As seen from Fig. 2, in horizontal orientation of the cold finger the cooling performance is 
slightly degraded. Fig. 3 shows the increase in cold tip temperature, Thorizontai-Tveiticai, upon 
changing the orientation of the cold finger from vertical to horizontal position either without 
applied heat load or at a fixed load of 3 W. It follows from Fig. 3 that the temperature rise is much 
more pronounced without heat load and at lower compressor input power. At input powers of 150 
W and higher the orientation effect on cooling power is rather small. For example, at 100 W input 
power the cooling power at 80 K is 3.34 W in horizontal orientation compared to 3.63 W in the 
vertical case, which corresponds to a reduction of cooling power by 8 %. 

The degradation in cooling performance in horizontal orientation can be related to an 
enhanced heat transfer from gravity-induced natural convection of helium gas in the pulse tube, 
which is superimposed on the oscillatory gas displacement. Streaming from natural convection in 
the pulse tube is dampened when the driving force for the oscillatory gas movement in the pulse is 
larger than the buoyant force from the density gradient in the gas column. This qualitatively 
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Coaxial PTC/Polar comp. 
-•-Without load 
- O - Load: 3 W 
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Figure 3. Difference of horizontal and vertical cold tip temperature as function of compressor input 
power at an applied heat load of 3 W and without load; coaxial PTC with Polar compressor. 

explains the reduction of the orientation effect with increasing load or increasing input power in 

Fig. 3. 

Performance Comparison of the Three PTC Configurations with Polar Compressor 

Fig.4 compares the cooling power of the coaxial PTC with that of the inline* and U-shaped^''* 
versions at an input power of 100 W and 200 W to the Polar compressor. All data in Fig. 4 were 
obtained with the cold finger oriented horizontally and at a filling pressure of 30 bar. 

As seen from Fig. 4, the cooling performance of the U-shaped and the coaxial cold finger are 
quite similar. With both cold fingers, the same cooling capacities of 3.35 W and 7.4 W at 80 K are 
available at input powers of 100 W and 200 W, respectively. The inUne PTC provides even higher 
cooling capacities of 4.0 W and 8.7 W at 80 K with 100 W and 200 W, respectively. 

These results suggest that the inline configuration is the optimum geometry of the pulse tube 
cold finger. However, as shown below, the performance data of the other set of PTC cold fingers 
driven by the SL400 compressor do not confirm such a conclusion. 

PERFORMANCE OF PULSE TUBE COOLERS WITH SL400 COMPRESSOR 

The previously fabricated and tested U-shaped^''' and inline PTC cold fingers that were 
designed for operation with the AIM SL200 compressor achieved cooling powers of 2.9 W and 
3.1 W at 80 K, respectively, at a compressor input power of 100 W. Recently an advanced version 
of the SL200, the SL400 linear compressor, has become available that promises a higher cooler 
efficiency. 

One essential improvement of the SL400 is the increased efficiency of the linear motors. The 
motor power of the compressor can be defined as electrical input power minus the ohmic losses of 
the lineeir drive coils. The compressor motor efficiency is then given by the motor power divided 
by the electrical input power. From experiments, we obtained a motor efficiency of about 80% for 
the SL400 and about 72% for the SL200 compressor. 

In the following, we present the cooling performance of the new coaxial PTC and of the 
previous U-shaped and inline PTC versions driven by the new SL400 compressor. 
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Figure. 4. Comparison of the cooling performance of three PTCs with different geometrical arrange
ment; cold finger versions with Polar compressor at 100 W and 200 W input power. 

Coaxial PTC 

Figure 5 shows cooling power versus temperature for the coaxial PTC with SL400 compres
sor at different compressor input power ranging from 30 W to 120 W. The data were obtained 
with the cold finger in horizontal position, and the second inlet was opened, except for one load 
line at 100 W input. With the second inlet opened, upon increasing the input power from 30 W 
to 120 W the minimum no-load temperature decreases from 63.3 K to 33.2 K and the cooling 
power at 80 K increases from 0.6 W to 4.3 W. 

This coaxial PTC achieves an appreciable cooling power at 80 K also without second inlet, 
as seen from the two load lines in Fig. 5 at 100 W input power. At 100 W input, the cooler 
provides 3.3 W of cooling power at 80 K without second inlet compared to 3.6 W with the 
second inlet opened. However, without second inlet the no-load temperature is higher by about 
12 K, so that the two load lines diverge at temperatures below 80 K. 

Figure 6 displays the coefficient of performance (COP = cooling power/compressor input 
power) at 80 K as function of compressor input power for operation with and without second 
inlet. For input powers ranging from 50 W to 120 W the COP at 80 K is larger than 3% for both 
modes of operation. In Fig. 6, the COP without second inlet is about 9% lower than with second 
inlet. An exception occurs at the lowest input power of 30 W where the second inlet becomes 
ineffective. 

Performance Comparison of the Three PTC Configurations with SL400 Compressor 

Figure 7 shows a comparison of the cooling power of the three PTC configurations as func
tion of temperature at an input power of 100 W. All data in Fig. 7 were obtained with the cold 
fingers in horizontal position and with the second inlet opened. Unlike the case in Fig. 4, for this 
set of PTC cold fingers the coaxial version attains the highest cooling power of 3.6 W at 80 K 
followed by the inline PTC with 3.53 W and the U-shaped PTC with 3.3 W at 80 K. This shows 
that a properly designed coaxial PTC can achieve similar or even better cooling performance 
than the corresponding inline PTC version.corresponding inline PTC version. 
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Figure 5. Cooling power versus temperature for the coaxial PTC witli SL400 compressor at different 
input power from 30 - 120 W; full symbols: operation with second inlet, open symbols: without second 
inlet; horizontal cold finger. 
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Figure 6. COP at 80 K as function of input power for the coaxial PTC driven by the SL400 compres
sor; operation with and without second inlet. 

In comparison with the earlier performance data^-'' of the U-shaped and inline PTC driven by 
the SL200 compressor, the cooling power of the same cold fingers driven by the SL400 compressor 
is increased by about 14% at 80 K, which indicates the higher efficiency of the SL400 compressor. 

COOLER EFFICIENCIES BASED ON MOTOR POWER 

For the PTCs with Polar compressor at nominal input power of 200 W, the COP based on input 
power ranges from 3.7% to 4.4%) at 80 K (Fig. 4). The corresponding COP for the coolers with 
SL400 compressor is 3.3% to 3.6% at nominal input power of 100 W (Fig. 7). The two new coaxial 
PTCs attain a highest COP of 3.6% to 3.7% at 80 K and nominal input power (Fig. 6). 
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Figure 7. Cooling performance of the three configurations of PTCs driven by the SL400 compressor. 

Since the two different compressors have different efficiencies, a more meaningful compari
son of the performance of the two sets of PTC cold fingers would be based on the p-V-power of the 
compressors. Unfortunately, in our test setup the p-V-power of the two commercial compressors 
cannot be measured. 

Therefore, for the purpose of comparison we have chosen the compressor motor power as 
reference, which is quite close to the p-V-power. From measuring the input power and the ohmic 
loss in the drive coils we deduced a motor efficiency of riĵ ^̂ ^̂  = 70% for the Polar compressor, and, 
as already mentioned above, a motor efficiency of 80% for the SL400 compressor. The coefficient 
of performance based on motor power is given by COP^„,„^p„^^^ = COP/ri„„,„^. 

Fig. 8 shows COPĵ ĵjĵ  ^^^^ at 80 K as function of motor power for the two coaxial cold fingers 
and for the larger inline cold finger with Polar compressor. COP̂ ĵĵ jj. ^^^^ attains highest values of 
6.3%) and 5.4% for the inline and coaxial PTC with Polar compressor, respectively. The smaller 
coaxial PTC with SL400 compressor reaches a highest COP^^^^ ^̂ ^̂ j. of 4.5%. This shows that the 
cold fingers with larger volume of pulse tube and regenerator can reach a higher efficiency than the 
smaller versions. 

CONCLUSIONS 

Our two newly developed coaxial PTC cold fingers, i.e. one larger version for operation with 
the Leybold Polar compressor and one smaller version for operation with the AIM SL400 compres
sor, achieve msiximum coefficients of performance based on compressor input power of 3.7% and 
3.6%) at 80 K, respectively. Compared to the corresponding inline and U-shaped PTCs with SL400 
compressor the coaxial cold finger exhibits the highest cooling performance. Moreover, the coaxial 
cold finger can operate without second inlet with only a slightly reduced cooling power of 3.3 W at 
80 K and 100 W input as compared to 3.6 W in second-inlet mode. 

All of the larger cold fingers with Polar compressor operate efficiently without second inlet, 
which makes the coolers mechanically simpler and more rehable. As opposed to the versions with 
SL400, iiom the PTCs with Polar compressor the inline cold finger reaches the highest cooling 
power of 8.7 W at 80 K and 200 W input, corresponding to a COP of 4.4% or COP„, = 6.3 %. 
^ tr y r o Motor power 

Therefore, for our PTC cold fingers the optimum geometrical configuration with respect to 
high cooling performance is not so evident. In this context, it should be noted that a preliminary test 
of the larger coaxial cold finger with a modified flow distributor at the input to the regenerator 
indicates an increased cooling power of 8.0 W at 80 K and 200 W input. The corresponding COP of 
4.0%) already comes close to that of the inline version with Polar compressor. 
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at 80 K as function of compressor motor power for three different PTCs. 

For all cold fingers, there is a certain input power range approximately between half and full 
nominal input where the coefficient of performance varies only slightly (Fig. 7 and 8). This makes 
the coolers useful for applications with different cooling requirements. 

The presently most efficient PTCs^- * that were designed for space applications reach a highest 
COP of about 6% based on compressor input power. For our PTCs, the existing transfer line be
tween compressor and cold finger and heat conduction along the stainless steel tubes of regenerator 
and pulse tube may degrade the final performance. 
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ABSTRACT 

A low-temperature stage pulse tube cooler is under development at CEA-SBT in partnership 
with Air Liquide (AL/DTA). This stage is designed to operate from an 80 K heat sink and to 
provide cooling power at 30 K. In a first phase, an experimental setup featuring a Gifford McMahon 
(GM) cooler as the precooling stage has been manufactured. The regenerator of the pulse tube stage 
includes a heat exchanger thermally coupled to the GM cold tip. The design is such that the tem
perature of this heat sink can be varied over a wide range of temperatures. A preliminary tuning of 
this experimental setup has been done. In this case, stainless steel meshes have been used even in 
the low-temperature area. The first results are encouraging, as a temperature lower than 30 K has 
already been achieved. Sensitivity to various parameters such as inertance, frequency, filling pres
sure and heat intercept temperature has been tested. The heat extracted at the intermediate heat 
exchanger has been measured using a shunt-type technique and is compatible with the use of our 
large-heat-lift pulse tube for precooling. For space applications, the precooling could be provided 
by a passive radiator. In order to increase the performance, we have examined the use of a regenera
tor material with better specific heat capacity in the cold area. Lead plated meshes have been 
manufactured and initial experimental results are presented. This cooler will provide inputs for the 
design of an integrated two-stage pulse tube cooler in the future. 

INTRODUCTION 

CEA / SET has considerable experience with the development of both high- and low-fre
quency pulse tube coolers based on single-stage expanders, and with two-stage expanders at low 
frequency. In the framework of a European project aimed at the development of an HTS Analog to 
Digital Converter (Super ADC), 80 K and 30 K cold stages are required for the amplifiers and the 
ADC, respectively. The development of a 30 K pulse tube has been engaged in partnership with 
Air Liquide / DTA. The cooling needs at 30 K are predicted to be 300 mW. In order to combine this 
need with the dissipation at 80 K (few watts), it was decided to design a 30 K stage with the 80 K 
precooling provided by a large-heat-lift pulse tube cooler already developed at CEA / SET. For 
simplification reasons, a single-stage pulse tube with an intermediate heat exchanger in the regen
erator cooled by a Gifford McMahon cooler has been designed. In a second step, we will develop 
the two-stage machine. These points are discussed. 
Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 1 4 9 
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Figure 1. Schematic of the overall cryocooler configuration. 

ARCHITECTURE CHOICE 

Background on high fi-equency pulse tube coolers suggests that it will be difficult to achieve 
significant cooling power at 30 K with a single stage. To decrease the operating temperature, a two-
stage pulse tube configuration can be used. This configuration is commonly used in low-frequency 
pulse tubes to achieve 4 K temperatures' and some high-frequency coolers have been reported.^ It 
is also possible to use a single stage pulse tube with intermediate precooling. The low temperature 
pulse tube cold finger is similar to a single-stage pulse tube, but an intermediate heat exchanger is 
mounted into the regenerator (see Figure 1). This heat exchanger allows reducing the thermal losses 
of the regenerator and limits the parasitic losses on the cold tip. This architecture is simpler than a 
two-stage pulse tube and is well adapted for development purposes. It allows focussing on the 
second regenerator and pulse tube characteristics. In our case, a large heat lift is needed in the 80 K 
range. The load at 80 K (the one necessary for the application and the one necessary for the 30 K 
pulse tube) is compatible with a large-heat-lift pulse tube developed by SBT that is able to provide 
more than 5.5 W at 80 K.^'' A solution for the final application will be to use two pulse tubes as 
described and to develop a two-stage machine in a future step. 

DESCRIPTION OF THE COOLER 

A photograph of the cold finger is shown in the Figure 2. Thin stainless steel tubes are used for 
the regenerator and pulsation tube walls. The heat exchangers are made of cooper and are fabri
cated using Electro Discharged Machining (EDM). The pulsation tube hot-end heat exchanger is 
located in the vacuum vessel and is cooled by a water cooling circuit, as is the main heat exchanger. 
This cold finger is coimected with a 300 mm transfer line to a conventional moving-coil linear 
compressor manufactured by Thales Cryogenics BV (UP 8220 type). This compressor is designed 
for about 200 W maximum electrical input power, and it is also water cooled. The regenerators 
were first filled with stainless steel meshes. Optimization of the phase shift is performed by an 
inertance tube located outside of the vacuum vessel. 

EXPERIMENTAL BENCH 

The cold finger is mounted into a vacuum vessel. The precooling of the intermediate heat 
exchanger is ensured by the use of a Ricor / Edwards 6-30 two stage GM cooler (see Fig. 3). The 
heat exchanger of the pulse tube is connected via a copper strap to the first stage of the GM cooler. 
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Figure 3. 3D view of pulse tube with the Gifford McMahon machine. 

The first stage GM is equipped with a heater in order to be able to control the temperature of this 
stage and consequently the temperature of the intermediate heat exchanger. A regulation loop has 
been used in order to operate at a given temperature of the pulse tube intermediate heat exchanger. 
The temperature of the intercept can be easily controlled over a large temperature range. A limita
tion occurs for temperatures lower than 50 K due to the lack of cooling capacity in the GM cooler. 
The Edwards GM 6-30 cooling capacity is the reason for its utilization rather than our large-heat-
lift cooler, as it is able to reach a larger range of temperatures on the first stage. The second stage of 
the GM cooler is not used in our application. 

The thermal copper strap has been calibrated prior to test with the pulse tube cooler through the 
use of a heater and two thermal sensors (see Fig. 4). For various temperatures of the GM first stage, 
the thermal gradient has been measured for a given applied thermal load at the strap extremity. 
Thus, by measurement of the gradient in the strap, it is possible to estimate the heat that is being 
extracted from the intermediate stage. 
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Figure 4. Calibration of the thermal copper strap. 

A thermal shield has been manufactured with copper foil to protect the cold tip of the pulse 
tube from thermal radiation. This shielding is mechanically and thermally linked with the interme
diate heat exchanger. The efficiency of this shielding is increased by the use of multilayer insula
tion (MLI). Some MLI has been installed directly on the tubes below the shielding and above this 
device. 

The cold tip is equipped with a heater and a thermal sensor (Cernox) in order to be able to 
characterize the cooler (ultimate temperature and cooling curve). The intermediate heat exchanger 
is also equipped with a thermal sensor that is used for the thermal regulation loop. 

REGENERATOR 

To start the development, standard stainless meshes were used in both parts of the regenerator. 
Due to its specific capacity (see Figure 5), it is evident that stainless steel is not a good candidate for 
a second-stage regenerator that must work at temperatures down to 30 K. Lead balls, which exhibit 
a larger specific heat than stainless steel, is commonly used in two-stage GM and low-frequency 
pulse tubes. For high-frequency pulse tubes, where pressure drop into the regenerator is more criti
cal, the ball shape is not well adapted due to the larger ratio of pressure drop to heat exchange 
(NPH/NTU).'' As lead meshes are not commercially available, some commercial stainless steel 
meshes have been coated with lead (10 and 5 microns). This technique has been proposed and 
developed in 1986 by Cosier et al.^ This allows a large increase in the specific heat while keeping 
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Figure 6. Stainless steel coated with lead. 

a good shape for pressure drop and heat exchange aspects. Figure 6 shows such a mesh. Lead-
coated meshes have been procured from JENA University with a deposit coating approximately 
10 |j.m thick on the stainless steel meshes. 

RESULTS AND ANALYSIS 

As has been mentioned, first tests were conducted using stainless steel meshes. This is not the 
best material, but the interest was to verify other parameters like volume, aspect ratios, resonant 
frequency, filling pressure, etc during the procurement of the lead-coated meshes. To achieve a 
good global efficiency, it is necessary to design a pulse tube cold finger that works at the compressor's 
resonant fi-equency. Several configurations have been tested; for the first one, the global volume of 
the cold finger was too small, so it was not adapted to the oscillator. The maximum electrical power 
of our oscillator is about 200 W, and its resonance frequency is roughly 50 Hz. With the first PT 
version, the maximal PV work that could be supplied to the gas was low (100 W), and it was 
decided to change the volume of the cold finger in order to increase the PV work maximal value. By 
increasing the volume of the pulse tube, its optimum frequency was reduced, and the oscillator is 
better adapted, thus allowing greater PV work to be achieved. 

In the framework of this development, it was decided to focus on the cold finger, and so the 
results are presented as a fimction of the mechanical power given to the gas (PV work). Figure 7 
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Figure 7. Performance with the second regenerator including stainless steel meshes. 
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Figure 8. Performance with the second regenerator including lead-coated meshes. 

presents our best results with stainless steel meshes. The optimum frequency of the pulse tube is 
52 Hz, which is not yet the resonant frequency of the oscillator. However, optimization of the pulse 
tube was stopped, because, with lead coated meshes, a lower temperature is expected, so the appar
ent volume of the cooler will increase. Under these conditions, the optimum frequency of the tube 
will decrease. With the intercept at 50 K, a limit (no-load) temperature of 27.3 K was obtained with 
a PV work of 129 W. With 300 mW applied heat load, a temperature of 29.9 K was reached with 
the same PV work. With the intercept at 80 K, the limit temperature was a little above 34 K, and 
with 300 mW applied, the temperature obtained was 36.6 K. Of course, the load on the intercept 
heat exchanger increases when its temperature decreases. At 80 K, a typical value of the load that 
needed to be removed is 2 W, which is compatible with the large-heat-lift pulse tube already devel
oped at CEA / SBT. 

Lead plated meshes were next manufactured and are currently under test. In parallel, the re
generator of the second stage was slightly increased. The first results are presented in the Figure 8. 
With the heat intercept at 50 K, in comparison with the regenerator with stainless steel meshes, all 
the temperatures decreased by approximately 4 K. The no-load temperature obtained with a PV 
work of 100 W was about 23 K, and, with 300 mW applied the corresponding temperature, was 
27 K. With the intercept at 80 K, the performance improvement was less. This can be explained by 
increased pressure drop in the regenerator. The thickness of lead deposit was a little higher than the 
specification, so the ratio between the pressure drop, the heat transfer coefficient, and the heat 
capacity of this device was not optimum. By increasing the intercept temperature, the loss due to 
the pressure drop was less balanced by the gain due to increased heat capacity. In the future, this 
point will be solved by using a lower lead thickness. 

With the modification of the regenerator, we continued to increase the volume of the cold 
finger. That allowed further reductions in the optimum frequency of the cooler. The oscillator is 
close to its resonant frequency, and it is now possible to inject more PV work into the pulse tube. 
The highest value injected was 173 W under these conditions. With the intercept at 80 K, an 
ultimate temperature of 30.3 K was obtained. With 300 mW applied, the temperature reached was 
33.2 K. For this test, the inertance tube was not yet optimized, and further improvements are fore
seen and will be presented later. 
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CONCLUSION 

A 30 K stage high-frequency pulse tube has been developed at CEA / SBT in collaboration 
with Air Liquide / DTA. The regenerator is divided into two parts separated by a heat intercept heat 
exchanger cooled down by another cooler (single stage pulse tube or other). This solution simpli
fies greatly the study of the second stage. Two types of low temperature regenerators have been 
tested (stainless steel meshes and stainless steel meshes coated with lead). A no-load temperature 
below 30 K has been reached with the first type of meshes and with the intercept at 50 K. With the 
second type of meshes and the same 50 K heat intercept temperature, all temperatures decreased by 
approximately 4 K. Currently, the ultimate temperature obtained is 23 K. With the heat intercept at 
80 K, a ultimate temperature of 30 K has been reached, and 33 K has been reached with 300 mW 
applied on the cold tip. Further improvements are foreseen in the near future. 

ACKNOWLEDGMENT 

This work, performed in collaboration with Air Liquide DTA, was supported by the European 
Community (Super ADC program). We thank them for their support of our developments. 

REFERENCES 

1. J.M. Poncet, A. Ravex and I. Charles, "Developments on Single and Double Stage GM Type Pulse 
Tube Cryorefrigerators," Cryocoolers 11, Kluwer Academic/Plenum Publishers, New York (2001), 
pp. 229-233. 

2. Wilson, K.B, Gedeon, D.R., "Development of Single and Two-stage Pulse Tube Cryocoolers with 
Commercial Linear Compressors," Cryocoolers 12, Kluwer Academic/Plenum Publishers, New York 
(2003), pp. 139-147. 

3. Charles, L. Duband, J-Y. Martin, J.C. Mullie and P.C. Bruins, "Experimental Characterization of a 
Pulse Tube Cryocooler for Ground Applications," Adv. in Cryogenic Engineering, Vol. 49B, Amer. 
Institute of Physics, Melville, NY (2004), pp. 1373-1379. 

4. Riihlich and H. Quack, "Investigations on Regenerative Heat Exchangers," Cryocoolers 10, Kluwer 
Academic/Plenum Publishers, New York (1999), pp. 265-274. 

5. J. Cosier and R.M. Silvester, "Rigid leaded regenerator matrix for small closed-cycle refrigerators," 
Cryogenics, vol. 27 (1987), pp. 88-89, 

6. I. Charles, J.M. Duval, L. Duband, T. Trollier, A. Ravex, J.Y. Martin, "High frequency large cooling 
power pulse tube," Proceeding of the ICEC19 (2002), pp. 395-398. 



Development of a Single Stage Pulse Tube 
Refrigerator with Linear Compressor 

J. Yuan and J. Maguire 

American Superconductor Co. 
Westborough, MA 01581 USA 

ABSTRACT 

High frequency Stirling type pulse tube cryocoolers offer significant advantages in 
efficiency, size and reliability, over conventional Stirling coolers or low firequency GM type 
pulse tube refrigerators. This kind of cooler has potential application for HTS motors and 
generators. A baseline single stage Stirling type pulse tube cooler has been designed and 
constructed based on a thermodynamic model. An oil-free, linear motor driven compressor is 
used. The cooler has been tested for its cooldown and cooling capacity, with heat rejected by 
chilled water at 290 K. Initial testing indicates that the cooler can reach the best no load 
temperature of 37 K within 30 minutes and has a cooling capacity of about 50 W at 55 K and 140 
watts at 80 K with an input power of 3.4 kW. 11% Carnot efficiency has been reached at 80 K. 
The dependency of cooler performance on pulse tube orientation and input power has been 
investigated. In addition, matching issues between cooler and compressor, and flow distribution 
issues within the pulse tube and regenerator, are discussed in the paper. 

INTRODUCTION 

High reliability, high efficiency, low cost cryocoolers are needed to cool commercial high 
temperature superconductor (HTS) devices. While practical Gifford-McMahon coolers are 
available today for most of these applications, Stirling-type pulse tubes offer an opportunity for a 
significant further improvement in reliability, efficiency and cost. As the cost of the HTS wire 
continues to drop, the performance continues to increase , and HTS systems are starting to be 
commercialized, the need for a better cryocooler continues to grow. 

The present paper describes design, construction and test results of a high power single stage 
Stirling type pulse tube cooler developed at American Superconductor for HTS motor and 
generator applications. The cooler was driven by an oil free, clearance seal linear compressor or 
pressure wave generator. The cooler has been tested for its cooldown and cooling capacity with 
heat rejected by chilled water at 290 K. Initial test indicates that the cooler can reach a best no 
load temperature of 37 K within 30 minutes and has a cooling capacity of 50 W at 55K and 
140 watts at 80 K with an input power of 3.4 kW. This resuhs in 11% Carnot efficiency at 80 K. 
The dependence of cooler performance on the pulse tube orientation and input power is 
addressed. The matching issues between cooler and compressor are discussed. 

Cryocoolers 13, edited by R. G. Ross. Jr. 
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Figure 1. Cooler configuration. 

COOLER DESIGN AND CONSTRUCTION 

A schematic of the cooler with the pressure wave generator is represented in Fig. 1. As illus
trated, the cooler utilizes an inline configuration with an inertance tube to provide a phase shift at 
the warm end of the pulse tube. To simplify the manufacturing process and minimize potential 
leaks, a unique aftercooler was designed and fabricated which can dissipate more than 4 kW heat. 
In this particular design, an aluminum core having a crossing pattern of holes for gas and coolant, 
respectively, has been brazed with an aluminum cage. The design allows us to scale up the aftercooler 
for a larger compressor without any difficulty. During the design process, special attention has been 
paid to the cold end heat exchanger to assure a smooth gas transition from the regenerator into the 
pulse tube and vice versa. A small water-cooled heat exchanger is placed at the warm end of the 
pulse tube. The warm-end heat exchanger contains a cavity through which cooling water circulates. 

The baseline single stage Stirling-type pulse tube cooler has been designed and built based on 
the following design specifications: 

Mean Pressure 
Pressure Ratio 
Frequency 
Sink Temperature 
Cooling Capacity 
Compressor Input 

2.5 MPa 
1.3 (inside pulse tube) 
60 Hz 
290 K 
100 Watts @ 55 K 
3.2 kW 

The design goal was to obtain lOOW at 55 K with an input power of 3.2 kW. The essential design 
parameter pressure ratio was used as a starting point. The cooler geometry, including the size of 
pulse tube and regenerator was optimized at 55 K. A rather large phase angle between the mass 
flow rate at the entrance of the inertance tube and the pressure wave was selected to reach this 
optimized design. Since a gas piston is utilized to separate the cold and hot gas within the pulse 
tube, careful control of the gas columns within the pulse tube is a key to a successful pulse tube 
refrigerator. Figure 2 illustrates the gas P-V diagram within the pulse tube of the current design. In 
this particular design, the cold gas column is about 30% of the pulse tube volume. 

Like the design of the other cryocoolers, the design of the pulse tube cooler required sev
eral iterations. During this process, particular efforts have been made on issues associated with 
a large scale Stirling type pulse tube cooler, such as flow distribution within the pulse tube and 
regenerator, and impedance matching between the pressure wave generator and the cooler.^ 
To address the flow mal-distribution problem, a commercial CFD code has been employed. The 
study indicated that flow mal-distribution within the pulse tube and regenerator could be caused by 
a changing flow direction as in the case of a poorly designed U-shape configuration or by a chang
ing flow area. This non-uniform flow could produce huge losses, which result in poor pulse 
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Figure 3. Cooler impedance as function of cold end temperature 

tube performance. This issue becomes even more vital in a large scale, high frequency pulse tube 
due to its high volume flow rate and its tendency to have mal-distributed flow within the large 
cross sectional area of the regenerator and pulse tube. 

Another key issue in designing a high frequency Stirling type pulse tube is the impedance 
matching issue between the compressor and the cooler. Theoretical investigation indicates that 
cooler input impedance is a function of cold-end temperature and compressor output impedance 
is coupled with cooler input impedance, especially when the compressor system stiffness is 
dominated by the gas spring. This makes the design of a cooler to operate over a wide range of 
temperature difficult, since in theory only one temperature can be perfectly matched with the 
compressor. As an example, our baseline cooler impedance as a function of cold-end temperature 
is illustrated in Fig.3. The plot suggests that a well-matched cooler system at operating 
temperature is not matched during the cool-down process. 

COOLER TEST AND DISCUSSION 

Cooling Capacity 

The cooler has been tested for its cooldown and cooling capacity with heat rejected by 
chilled circulating water at 290 K. Initial test indicated that the cooler can reach the best no load 
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Figure 4. Cooling capacity and Carnot efficiency as a function of temperature 

temperature of 37 K within 30 minutes. The optimized cooling capacity of the cooler as a 
function of temperature with a compressor input power of 3.4 kW is displayed in Fig. 4. The 
system has been designed to have a maximum cooling power at 55 K. As seen, the cooler 
produced 50 watts at 55 K and 140 watts at 80 K. Although, the cooler was designed with an 
operating frequency of 60 Hz, the overall system resonant frequency, when combined with 
compressor, was only 57 Hz. At this operating point, the PV power from compressor was about 
2.4 kW, which resulted in a compressor efficiency of about 70%. This suggests that additional 
fine tuning of the entire system is needed to reach a higher system efficiency. 

Orientation Dependence 

The performance of a pulse tube refrigerator depending on the orientation is a well known 
problem . The best performance is obtained when the pulse tube cold end is at the downward 
position, which we refer to as 0 degree in Fig. 1. Tests have been carried out to investigate this 
effect on a lager-scale pulse tube to determine the severity of the problem. A series of tests have 
been performed by varying input power, orientation angle, and heat load on the cold head. 
Figure 5 illustrates the percentage of cooling power at different inclination angles relative to the 
vertical nominal position as shown in Fig. 1. In general, pulse tube performance drops when the 
pulse tube is inclined. This effect, as observed in Fig. 5, is a strong function of operating 
temperature. The lower the operating temperature, the stronger this effect. For the case of input 
power of 3 kW, at 80 K the total cooling capacity drop is less than 5%, while at 50 K it drops 
more than 30% when pulse tube is in a horizontal position. However, one should notice that 
compared with a GM-type pulse tube (valved, low frequency), the orientation problem here is 
much less prominent. In particular, at 80 K the performance degradation of larger scale pulse 
tubes is almost negligible when the inclination angle is up to 90 degree. This is very encouraging 
for some HTS applications where the cooler is required to operate in an inclined position. 

An additional point to be noted is that the input power plays an important role in the 
performance degradation when the pulse tube is inclined. Comparing Fig. 5 (a) and (b), one can 
observe that for the given pulse tube, the effect of inclined angle on the system performance is 
much stronger when the input power is high and operating temperature is low. At 50 K, the 
cooling power remains 40%) with an input power of 3.6 kW, while the cooling power remains 
65%) with an input power of 3.0 kW when the inclination angle is 90 degrees. 
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Figure 5. Dependency of cooling capacity on inclination angle 
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Parasitic Losses 

As part of our efforts to identify the loss terms associated with the baseline pulse tube, 
investigations have been conducted into parasitic losses. Parasitic losses of the cooler have been 
measured based on cooler Vk'arm-up rate at 55 K with different heat loads. Figure 6 illustrates 
test data and projected parasitic losses at 55 K. A loss of 20 watts has been measured, which is in 
very good agreement with our prediction. 

Effect of Inertance Tube 

Experiments have been performed by adjusting the phase shift network at the warm end of 
the pulse tube. This adjustment directly affects the compressor performance, such as the resonant 
frequency, stroke and output PV power. Figure 7 shows cooler cooling capacity at 77 K and 
55 K as a function of inertance tube length for constant inertance tube diameter and input power. 
The results indicate that there is an optimized inertance tube length for a given diameter. One 
should notice that the initial design point is not far away from the final optimized point, which 
lends credibility to our ability to predict the system parameters. 

0.25 

-20 0 20 
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Figure 6. Parasitic losses at 55 K 
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Temperature Profile 

Two temperature profiles were measured during tlie experiments. The first one was the axial 
temperature profde along the regenerator and pulse tube wall, while the second one was the 
circumferential temperature profiles of the pulse tube and regenerator at different planes. These 
temperature profiles provided information that can be used to diagnose problems inside the 
regenerator and pulse tube, such as non-uniform flow and poor packing of the regenerator. 
Figures 8 and 9 illustrate those two temperature profiles of our two different regenerator and cold 
end heat exchanger designs, referred as Design I and Design II. In those particular tests, a set of 
thermocouples was uniformly distributed on the middle plane of the regenerator and along the 
regenerator and the pulse tube wall. The temperature was measured when the cold end reached 
its ultimate temperature. 

The temperature profiles of Fig. 8 demonstrated that the regenerator and pulse tube 
operation are perfectly normal. However, the circumferential temperature profiles of Fig. 9 
indicate that Design I has a serious mass streaming issue within the regenerator. This result 
suggests that the circumferential temperature profiles are more critical in a large-scale Stirling 
type pulse tube cooler. 

As expected, the ultimate temperature of Design II was 39 K while the ultimate temperature 
of Design I was only 62 K. 
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CONCLUSION 

A single stage Stirling type pulse tube has been designed and constructed. It has been found 
that the single stage Stirling tj^e pulse tube has the potential to produce a relatively high cooling 
capacity at 55 K. Theoretical and experimental studies indicate that a well-matched cooler 
system at operating temperature is not matched during the cool-down process. Tests have also 
shown that a mal-distribution problem in a large-scale pulse tube cooler could be avoided by 
carefully designing the regenerator and cold-end heat exchanger. At 80 K, the performance 
degradation of the large-scale pulse tube is almost negligible when the inclination angle is up to 
90 degrees. Furthermore, the parametric study has shown that there is an optimized phase shift 
network. Further work is needed to improve our baseline pulse tube cooler utilizing the data 
obtained from our current tests. 
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A Commercial Pulse Tube Cryocooler with 200 W 
Refrigeration at 80 K 
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ABSTRACT 

An electrically driven pulse tube cryocooler that produces 200 W of refrigeration at 80 K is 
now available from Praxair Inc. The unit can be used to provide refrigeration by de-superheating, 
liquefying and/or subcoohng a stream of nitrogen. The electroacoustic transducer used in the cryo
cooler is a dual opposed piston, moving magnet design from CFIC Inc. The pistons maintain a 
clearance seal and thus no lubricants are needed. The electrical power consumed by the driver at 
full refrigeration load is 4.3 kW giving an overall efficiency of 13% of Camot. The cryocooler as a 
whole is designed for high reliability and no routine maintenance. 

The paper will describe the rapid evolution of the cryocooler from a laboratory-based proto
type to a commercial offering. Experimental results from refrigeration performance tests and load 
curves will be described. A brief overview of continuing efforts to improve performance, efficiency 
and envelope size will also be provided. 

INTRODUCTION 

Large orifice pulse tube cryocoolers (OPTR's) offer the promise of the reliability and capacity 
required for operation of the new wave of high temperature superconducting (HTS) devices to be 
commercialized in the near future. These HTS devices include transformers, fault current limiters, 
motors, generators and cables. Truly commercial cryocoolers that satisfy the stringent availability 
and reliability criteria of electrical power HTS devices are rare. 

The pulse tube technology group at Praxair Inc. is actively involved in developing commercial 
OPTR offerings for the electrical power HTS industry. Such cryocoolers can also be conveniently 
integrated into other applications. A commercial OPTR that produces 200 watts of refrigeration at 
80 K, and consumes a nominal 4 kW of electrical power is now available. The unit is vertically 
oriented with the cold end of the thermal buffer tube lower than the warm end. Acoustic power is 
provided by a dual opposed piston pressure wave generator (PWG) from CFIC that produces acoustic 
power from 4200 Watts of electrical input power. The pistons use a clearance gap from the match
ing cylinder, hence there is no lubricant. The PWG is equipped with an internal water-cooling loop 
to remove heat generated by electrical losses in the coils and by viscous losses in the seal gap. 
Regenerator phasing is controlled by a dual valve inertance network. The 'cold-head' is insulated 
by an optional vacuum jacket. The cryocooler is mounted on a skid and an optional enclosure that 
includes connections for the cryogen, utilities and electrical power. An optional electrical controls 
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panel can be integrated into the enclosure: this provides voltage and frequency modulation capa
bilities. The electrical panel also houses safety shutdowns for electrical, vibration and over-tem
perature protection. A variable frequency drive inside the electrical panel provides the ability to 
control the cryocooler using customer process variables. 

A laboratory precursor to this commercial cryocooler was successfully built and tested in 2003.' 
Major challenges addressed in the precursor were scaleup, management and amelioration of pulse 
tube streaming and optimization of refrigeration efficiency. These are typical of the issues encoun
tered in laboratory scale OPTR's and quite different from the issues of developing a commercial 
cryocooler from a laboratory based unit. Reliability, continuous availability, ease of operation and 
integration were overarching requirements in the transition to the commercial unit. 

PRODUCT TRANSITION ISSUES 

Mechanical Design and Construction 

The working gas in the OPTR is helium at a mean pressure of 2.5 MPa. Gas leakage and seal 
integrity are perennial problems with laboratory based OPTR's that are often constructed by bolt
ing together flanged segments. Consequently, in the commercial product all individual segments 
were welded together to form a leak free envelope. The wall thickness of the envelope and welding 
procedures took into account the sfress exerted by high-pressure helium inside the OPTR. 

Three shell and tube heat exchangers were used in the OPTR. Since the tubes and shell were 
much smaller than traditionally encountered in the heat exchanger industry, a specialized fixture 
and brazing procedure was developed to join the tubes into the tube-sheets and subsequently, to 
join the tube bundle to the inside walls of the envelope. All brazing operations were performed per 
ASME specifications. Each heat exchanger was tested for leaks up to a pressure of 3.5 MPa and 
structural integrity (burst pressure) up to 4.3 MPa prior to brazing into the OPTR. 

The regenerator consisted of layers of stainless steel wire mesh. The assembly of the regenera
tor into the envelope was complicated by the delicate nature of the mesh. There were concerns 
about undesirable oxidation/melting of the mesh due to heating of the envelope caused by welding. 
Therefore, specialized welding techniques were developed to overcome this problem. 

The phase shift across the regenerator was confrolled by a dual valve inertance network and 
compliance tank as described by Swift et al.^ This allows freedom to access a range of complex 
impedances within the first and fourth quadrants. ASME code was also followed in fabrication of 
the inertance network and compliance tank. Once assembled (see Fig. 1), the entire helium enve
lope of the OPTR was burst tested to a pressure of 3.8 MPa and leak tested with helium to a 
pressure of 3.5 MPa. A second inertance network was later developed using only a single valve and 
a much smaller compliance tank. This had the advantage of providing the same phase shift (with 
reduced flexibility) with a much smaller profile, thus reducing the footprint and height of the cryo
cooler. 

Safety 

An insulating vacuum jacket was welded to the cold head. Cryogen inlet and outlet arms ex
tended out from the jacket providing an insulated passage into and out of the cold head. To address 
the possibility of accidental pressurization of the vacuum jacket by cryogen leakage or rupture of 
the heliimi envelope, a bursting disc was placed at the inlet arm of the vacuum jacket. 

The electrical controls panel also has monitoring equipment for temperatures of the process 
gas inlet and outlet, temperatures inside the PWG (for over-temperature protection in case of a 
cooling water failure) and vibration of the PWG. The dual opposed piston design of the PWG 
ensures complete cancellation of vibration, however in the unlikely case of a failure of a single 
piston, the resulting vibrations may cause damage to the cryocooler. The vibration monitor there
fore provides a shutdown at a high vibration set-point to protect the cryocooler. Electrical over-
current protectors were used for the PWG in compliance with NEMA electrical safety codes. Each 
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Figure 1. Left: the cryocooler in a stainless steel enclosure. Inlet and outlet lines for the cryogen can be 
seen. Right: a 3-D representation of the cryocooler inside the enclosure. The pressure wave generator sits at 
the base of the cryocooler, mounted on a skid. 

device inside the electrical panel was UL certified (Underwriters Laboratories Inc.). The aim is to 
obtain UL certification for the electrical panel and eventually for the entire cryocooler. 

PERFORMANCE 

Refrigeration performance tests were carried out using nitrogen as the cryogenic fluid. In gen
eral, the frequency of the pressure waves produced by the PWG was maintained at 60 Hz, although 
the capability to vary this frequency was present. The refrigeration, Q ,̂ was measured as the cool
ing power delivered to a stream of nitrogen flowing through the cold heat exchanger. This was a 
true measure of the actual useful refrigeration to an HTS device or process that uses a liquid cryo
gen. Since on many occasions the outlet nitrogen stream was at least partially liquefied, an in-line 
electric heater was employed to re-vaporize the nitrogen and bring it back up to the inlet tempera-
ttire. The lines and the heater were well insulated. Figure 2 is a simplified schematic of the setup 
described above. 

If temperatures 
Ti = T3, then Qe 
Qc 

Cold HX 
Rotameter 

Nitrogen gas 

Refrigeration, Q, 
Electrical power, Qe 

Figure 2. Schematic of the experimental setup for measuring the refiHgeration power of the cryocooler. This 
setup was used when the nitrogen at the cold heat exchanger (HX) outlet was either gas or at least partially 
liquefied. For subcooled nitrogen, the downstream heater was replaced by an insulated dewar mounted on a scale. 
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Figure 3(b). Load curve for sub-cooling a nitrogen stream. 

77 

A slightly different setup was used when the nitrogen was subcooled at the cryocooler exit. In 
this case, the heater was removed and the subcooled fluid allowed to flow into an insulated dewar. 
The rate of change of mass of the dewar was used to calculate the flow rate of the subcooled 
nitrogen. 

When the temperature of the stream exiting the heater equals the temperature of the gas going 
into the cold heat exchanger, using a heat balance, the electrical power consumed in the heater is 
equal to the refrigeration delivered to the nitrogen stream. Since the experimental setup involved 
manipulating the electrical power into the heater until the temperature, T̂  was equal to T,, a reason
able time was allowed in each run to reach thermal equilibrium (30-45 minutes). At a fixed cryo
cooler operating condition, the refrigeration temperature, T ,̂ could be varied by altering the nitro
gen flow rate at the rotameter. The resulting load-curves are shown in Figs. 3a and 3b. 

Optimization of Performance 

Maximizing performance in this particular cryocooler involves two different optimizations 
that are linked to each other by the cold heat exchanger. The first consideration is the thermoacous-
tic performance of the cryocooler. Secondary, but just as important is the heat transfer performance 
of the cold heat exchanger. 

Obtaining optimum thermoacoustic performance involves a delicate balance between opti
mum regenerator phasing and reducing pulse tube streaming. It is often the case that optimum 
regenerator phasing results in adverse phasing conditions in the pulse tube and the resultant stream
ing losses decimate the refrigeration. Following the work of Swift & Gardner-^, a pulse tube cryo-
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Figure 4. Variation in the regenerator heat pumping as a function of the phase angle, Phase(P-U) = 
Phase Z, across it. 

cooler can mimic an efficient Stirling cryocooler when the oscillating velocity phase leads the 
oscillating pressure phase at the warm end of the regenerator and lags behind it at the cold end. It 
has been further established through experimental experience that maximum regenerator perfor
mance is obtained when the phase (P, - U|) is equal in magnitude, but opposite in sign across the 
two ends of the regenerator. This observation is also noted in the work of Swift et al.^ Provided 
sufficient phase flexibility in the inertance network (using a dual valve inertance) the phasing across 
the regenerator can be adjusted very close to the optimum. The existence of this optimum can be 
experimentally investigated by placing dynamic pressure transducers on both sides of the regenera
tor. Knowing the dimensions and operating conditions of the cryocooler (frequency, mean pres
sure, etc.) the phase (P|-U,), or Phase Z, where Z is the impedance, on both sides of the regenerator 
can be calculated. Additionally, a careful energy balance will yield the net heat pumping by the 
regenerator after accounting for streaming and conduction losses in the pulse tube. Figure 4 shows 
the results of such an experimental investigation. When the Phase Z is equal in magnitude but 
opposite in sign across the end of the regenerator, A|PhaseZ| across the regenerator will be zero. In 
this case the heat pumping by the regenerator will be maximized. 

Work done on acoustic streaming in the pulse tube by Olson and Swift'* suggests a similar 
phase optimum in the pulse tube. Indeed, merely optimizing the regenerator does not necessarily 
lead to maximum performance in the cryocooler. This is often due to adverse phasing conditions in 
the pulse tube that drive a second order flow from the cold end to the warm end (or vice versa). In 
general, one can employ a suitably tapered pulse tube to reduce streaming losses, however in this 
case commercial cost considerations favored a imiform diameter pulse mbe. Careful sizing of the 
void volumes in the hardware and sufficient flexibility in the impedance of the inertance network 
during the hardware design process allowed a low cost, non-tapered pulse tube with a minimal 
streaming loss. 

Stall Temperature 

In order to carry out the stall/no-load temperature test a small silicon diode temperature sensor 
was placed inside the cold heat exchanger. The inlet and outlet arms were capped so that there was 
no cryogen flow. The cryogen side of the cold heat exchanger was filled with helium. Running the 
cryocooler in this manner quickly led to a steady state temperature of 62 K, as shown in Fig. 5. 

Cold Heat Exchanger 

The 'delivery of refrigeration' to the cryogen occurs as it flows through the cold heat ex
changer. The original design of this heat exchanger was carried out using the work of Seume & 
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Simon as a guide.^'^ The resultant shell and tube heat exchanger had sufficient area for de-super
heating a cryogen such as nitrogen down to its saturation temperature. However, for liquefaction 
and subcooling of the cryogen from ambient temperature, heat transfer limitations were seen. There
fore, the internal geometry of the heat exchanger was reconfigured to enhance the heat transfer on 
the shell side. Subsequent experiments suggested sufficient enhancement in the shell side heat 
transfer to produce subcooling in the cryogen (Fig. 3b). 

PACKAGING 

The cryocooler was packaged in a stainless steel 'all inclusive' cabinet with connections for 
cooling water, electric supply and cryogen flow. For better integration into a customer site, the 
cryocooler is also available as a bare, skidded imit without a vacuum jacket. Incremental, standard 
add-ons to the bare tmit are the vacuum jacket, electrical controls panel, protective cabinet or enclo
sure, pressure and temperature monitoring instrumentation—including shutdowns for vibration and 
over-temperature protection. 

With the benefit of the new, smaller inertance network, the standard package dimensions can 
be reduced significantly to an envelope volume of 20 x 30 x 60 inches. Additionally, for operation 
in countries with 60 Hz electrical supply, a variable frequency drive is not necessary and can be 
replaced with a suitably sized SCR (Silicon Controlled Rectifier) that is much smaller and lower 
cost. 

CONCLUSION 

Product engineering work on an electrically driven pulse tube cryocooler that produces over 
200 W of refiigeration at 80 K has led to a commercial cryocooler product from Praxair Inc. The 
unit delivers refrigeration by de-superheating, liquefying and/or subcooling a cryogen such as ni
trogen. Experimental tests using nitrogen as a cryogen have proven the refrigeration capability of 
the device. The electrical power consumed by the driver at full refrigeration load is 4.2 kW giving 
an overall efficiency of>13%of Camot. 

The unit has been engineered for long-term reliability and availability with a zero-maintenance 
philosophy. Considerable effort has gone into making the unit controllable, safe and durable for 
long term continuous or intermittent operation. The PWG used in the cryocooler is a dual opposed 
piston, moving magnet design from CFIC Inc. The pistons maintain a clearance seal and thus no 
lubricants are needed. There are, of course, no other moving or wearing parts. 
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The cryocooler can be configured with various standard options depending on customer re
quirements. The revised footprint of the unit allows it to fit through standard door frames. Addi
tionally, a total weight of 300 lb allows the unit to be conveniently mounted at the 'point of use' of 
the refrigeration. 
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NOMENCLATURE 

P[, first order pressure amplitude (Pa) 
Up first order volumetric velocity amplitude (mVs) 
Z, complex impedance (Pa-s-m"^) 
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ABSTRACT 

The Department of Energy is sponsoring work at Praxair for HTS-4 to develop cryocooler 
hardware for high temperature superconducting electric power applications. The HTS-4 program 
goals specify an oil-free cryocooler capable of producing 1500 W at 72.5 K and 1050 W at 65 K, 
with a targeted 30% Camot efficiency (minimum 25%). This highly reliable system's availability 
should be 99.9%) (99.8%o minimum) with a mean time to repair of 4 hours and a Mean Time Be
tween Failures (MTBF) of 17,520 hours. The target system cost is $40 /watt of cooling at 65 K 
($42K), and the maximum allowable cost is $60 /watt ($63K). 

This paper discusses the technical approach to these ambitious goals. The design will be based 
on the successful 200 W pulse tube cryocooler built and demonstrated by our group. Program 
development areas include pressure wave generator improvements to increase efficiency and de
crease weight and cost, as well as cold head development to increase efficiency and capacity. 

INTRODUCTION 

The Department of Energy (DOE) has selected Praxair, Inc. to develop advanced cryogenic 
refrigeration systems for High Temperature Superconducting power applications. Table 1 lists the 
goal and worst-case allowable values of key parameters as stated by the DOE for their cryocooler 
development program HTS-4 to support BSCCO or YBCO cable applications. The availability 
requirements noted in the table translate into a desired downtime of less than 9 hours per operating 
year, with a maximum down time of 17.5 hours per year. The MTBF requirements translates to a 
minimum of 2 years operation. 

TARGET DEFINITION 

The required Carnot efficiencies and refrigeration capacities of Table 1 translate into the elec
trical and acoustic power inputs summarized in Table 2. The rejection temperature, T̂ ^̂ ,̂ was as
sumed to be 300 K. The numbers presented in Table 2 are extremely aggressive targets, as the 
Camot efficiencies are much higher than those achieved in pulse tube cryocoolers to date. Our 
largest pulse tube cryocooler' produced 200 W refrigeration with 4200 W electrical input, corre-
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Table 1. Target system parameters for HTS-4 cryocooler development program. 
Range of Operation, K 
Capacity at 72.5 K (Mid-point temperature), W 
Capacity at 65 K (Low end of temperature range), W 
Efficiency, % Camot 

Goal 
Min 

Cryogenic System Availability 
Goal 
Min 

Mean Time to Repair, hours 
Mean Time between Failures hours 
Cost per cooling Watt at 65 K 

Goal 
Max 

Cost 
Goal (< S40 / W at 65K) 
Max (S60/Wat65K) 

Compressor / drive unit 
System Mass, kg 

Goal (< 0.5 kg / W at 65K) 
Max (0.75 kg / W at 72.5K) 

65 -80 
1500 
1050 

30 
25 

99.9 
99.8 

4 
17,520 

<S40 
$60 

S42K 
$63 K 

Oil free 

525 
788 

Table 2. Thermodynamic efficiency/power parameters for HTS^ cryocooler. 

Parameter 
Refrigeration temperature, K 
Capacity, W 
% Camot, electrical basis 
(W electrical input) / (W refrigeration) 
Electrical Input, kW 
Acoustic power, kW (80% PWG efficiency) 
% Camot, acoustic basis 

Goal Value 
72.5 
1500 
30 

10.5 
15.7 
12.6 
37.5 

65 
1050 
30 

12.1 
12.7 
10.1 
37.5 

Worst-Case Allow. 
72.5 
1500 
25 

12.6 
18.8 
15,1 
31.3 

65 
1050 
25 

14.5 
15.2 
12.1 
31.3 

sponding to a Carnot efficiency of slightly more than 13%. These requirements are near those 
demonstrated by kinematic Stirling cryocoolers. 

TECHNICAL APPROACH 

The development will build upon the successful development of a 200 W cryocooler, and will 
include team members from Qdrive (CFIC) and Los Alamos National Laboratory (LANL). The 
driver will be a Qdrive's zero-oil resonant Pressure Wave Generator (PWG). The PWG is driven 
by dual-opposed, STAR''"'̂  linear motors moimted nose to nose in a common vessel at mean pres
sure. Both motors use clearance seal pistons on Qdrive's patented thin-flexure suspension. 

To achieve HTS-4 performance, a three-phase project is proposed. It includes both cold head 
and PWG improvements to increase capacity and efficiency. 

Phase 1 includes both coldhead development and PWG improvements. Coldhead develop
ment will focus on scaleup challenges as well as efficiency improvements. Design starting points 
include the 200 W cryocooler, as well as an existing, large-scale cold head developed by LANL for 
refrigeration at 130 K.̂  >' These two cold heads represent the largest pulse tube cryocoolers devel
oped and built to date. The target refrigeration capacity for Phase 1 will be 1000 W, a five-fold 
scaleup of the current technology. 
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Figure 1. The 2x2 kW PWG before (left) and after (right) redesign to reduce size, weight and cost 

The new coldhead will be modular, allowing individual components to be easily changed. 
This will be crucial in extending beyond existing technology to increase capacity, and in particular, 
efficiency. The vacuum jacket housing will be constructed to accommodate components of vary
ing diameters and lengths, enabling a large range of conditions and components to be tested. The 
coldhead will be fully instrumented, including dynamic pressure sensors and external thermocouples 
along the length and circumference of the pulse tube and regenerator to monitor any streaming 
processes. An inertance line with a bypass valve and line will be used to easily modify the phasing 
and the inertance network impedance. Primary issues in Phase 1 will be those associated with 
scaleup, in particular, streaming. Axial and circumferential temperature measurements will moni
tor streaming. Potential remedies include the tapered pulse tube, impedance network optimization, 
as well as basic design considerations to reduce the driving force for streaming cells to form. 

The coldhead will be mounted on an existing, 2x10 kW Qdrive PWG. This PWG, one of the 
very first large PWGs developed by Qdrive, has demonstrated an electrical-to-acoustic conversion 
efficiency of- 72%. 

In parallel with cold head development, Qdrive will develop an improved, second-generation 
large PWG. One development goal is to increase the PWG electrical-to-acoustic conversion effi
ciency from ~ 72% to 80% or higher. This will be accomplished with further refinements to the 
clearance seal and suspension systems. Additionally, improved drift control technology^ will be 
extended to this larger range. Also, the entire PWG will be designed to reduce weight and manu
facturing cost. This builds upon a redesign of the 2x2 kW PWGs, shown before and after in Fig
ure 1, which significantly reduced the PWGs weight and cost. 

The PWG Phase 1 development work will culminate in production and testing of a prototype 
PWG. This PWG will be the platform for Phase 2 development. Phase 1 work also includes 
programs targeted at other specific cryocooler components, including heat exchangers and PWG 
reliability. 

Phase 2 will build upon the PWG and coldhead work in Phase 1 to further increase capacity 
and efficiency. The target capacity in this phase is a 1500 W cryocooler with a Carnot efficiency of 
25% or greater. It will incorporate the improved PWG developed in Phase 1, and continue building 
upon the coldhead improvements demonstrated in Phase 1. 

Phase 3 development will focus on meeting the cost, reliability and weight targets to complete 
the development of a fully commercial unit suitable for production and industrial use rather than a 
laboratory environment. 

CONCLUSIONS 

The DOE is sponsoring a cryocooler development program for High Temperature Supercon
ductivity applications with aggressive cost and efficiency targets. Praxair, Inc. has been selected to 
lead a team, including Qdrive (CFIC) and Los Alamos National Laboratory to develop large, 1500 W 
at 72.5 K cryocoolers for use in superconducting cable applications. The program will be carried 
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out in three phases and include coldhead and pressure wave generator work. The design will be 
based on the successful 200 W pulse tube cryocooler built and demonstrated by our group. Pro
gram development areas include pressure wave generator improvements to increase efficiency and 
decrease weight and cost, as well as cold head development to increase efficiency and capacity. 
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The Effect of Mean Pressure 
on Large Pulse Tube Cryocoolers 
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ABSTRACT 

We have been developing large scale, Stirling-type pulse tube cryocoolers. These cryocoolers 
are operated at or near 60 Hz and are directly powered by a dual-opposed linear motor pressure 
wave generator (PWG). The PWG is non-lubricated, requiring no oil removal from the helium 
working fluid. The PWG drives the unit directly, with no need for a rotating valve. The power 
input to the PWG and cryocooler can be scaled according to the refrigeration need, as opposed 
traditional refrigeration where capacity control is achieved by on-off operation. 

These cryocoolers are hermetically sealed. As ambient conditions change, or cooling water 
temperature varies, the mean pressure in the cryocooler can vary over time. If the power input to 
the cryocooler changes, this will change the amount of heat produced by the motor and the motor 
temperature, which will also change the mean pressure. 

Seemingly small changes in the mean pressure can affect cryocooler efficiency, capacity, and 
overall performance. 

This paper presents simulation results showing how variation in the mean pressure impacts 
large cryocooler performance, in particular, the amount of refrigeration produced by the cryocooler. 
The paper also discusses various strategies for compensating for performance losses caused by 
mean pressure fluctuations. 

INTRODUCTION 

The mean pressure plays an important role in cryocooler design and optimization. Initially the 
designer must select the optimum cryocooler temperature while optimizing numerous other vari
ables. While operating, the cryocooler may experience mean pressure fluctuations as a result of 
ambient temperature fluctuations or cryocooler input power level. 

This paper addresses how to compensate for mean pressure changes that may occur during 
operation. We begin with a fixed geometry and design conditions and explore the effect of pressure 
on performance and identify what parameters can influence cryocooler performance when it is 
forced to operate away from its design pressure. All work presented here is based upon simulations 
done in SAGE. The cryocooler is based upon a nominal 60 Hz, oil free Pressure Wave Generator of 
the type provided by CFIC. The cryocooler is a single stage unit employing a stainless steel mesh 
regenerator and shell and tube heat exchangers. The impedance network employs a single iner-
tance line of fixed length with an orifice to provide resistance. 
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Table 1. The impact of ambient temperature on mean operating pressure. 

Condition 
Cold Ambient Conditions 
Design Conditions 
Hot Ambient Conditions 

Temperature, F (C) 
30F(-1C) 
70 F (21C) 
110F(43C) 

Mean Pressure, MPa 
2.4 MPa 
2.6 MPa 
2.8 MPa 

THE EFFECT OF MEAN PRESSURE ON CRYOCOOLER PERFORMANCE. 

For a cryocooler design optimized for operation at 2.6 MPa and 60 Hz with a 70°F ambient 
temperature. Table 1 illustrates the mean pressure variations to be expected if the cryocooler is 
exposed to outdoor ambient temperatures from 30°F to 110°F. There may be other factors which 
might cause the operating pressure to deviate from the design pressure, such a slow loss of helium 
over time due to a small leak, or errors in pressurizing the cryocooler prior to operation. 

Simulations were generated to determine the effect of mean pressure variation on cryocooler 
performance. Since changing the temperature at which heat is rejected will also impact cryocooler 
performance, the heat rejection temperature was not varied so that the impact of mean pressure 
could be studied directly. Further, the pressure wave generator was assumed to be operating at full 
capacity at the design point, meaning that it was simultaneously maintained at full stroke and cur
rent limitations. If the cryocooler were not operating at fijll capacity, it may be possible to simply 
increase power to the cryocooler to restore refrigeration capacity, admittedly at a lower efficiency. 
It was further assumed in this work that the vessel's maximum allowable working pressure was not 
exceeded as the mean pressure increased. 

Figure 1 illustrates the effect of mean pressure variations on cryocooler performance under 
these conditions if no corrective action is taken. We see that the pressure fluctuation caused by 
ambient temperature variations are enough to cause a sizable performance degradation, up to 20% 
over the pressure range that may be experienced due to ambient variations, as measured by the 
predicted refrigeration capacity. In this plot, the cryocooler is assumed to be operating at full 
capacity, with both the current supplied to the PWG and stroke at their full allowed values. The 
effects of mean pressure changes impact the acoustic work delivered by the PWG to the cold head. 
If pressure is decreased at these conditions, the PWG will experience stroke limitations and the 
input power must be reduced to prevent the pistons from hitting each other or the back housing of 
the PWG. If the mean pressure increases, the stroke will decrease and work input fall, but the 
current cannot be further increased to restore full power to the cryocooler. 

In an operating cryocooler, only a few parameters, namely the orifice diameter (provided a 
valve rather than a true orifice is employed) and frequency, can be easily manipulated. This cryo
cooler was assumed to have a single inertance line with no bypass line. Thus, additional simula
tions were generated that allowed either the orifice diameter or frequency to be adjusted for optimal 
performance. 

Figure 2 compares the uncompensated cryocooler performance to that obtained by adjusting 
only the orifice diameter. We can see that there is only little to no improvement in cryocooler 
performance at off-design mean pressures. 

2.5 

Mean Pressure, MPa 

Figure 1. The impact of mean pressure fluctuation on cryocooler performance. 
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2.5 

Mean Pressure, MPa 

Figure 2. Use of the inertance valve to improve cryocooler performance when mean pressure 
fluctuations are present. The two lines are virtually indistinguishable, there is little improvement from 
orifice diameter optimization. 

2 2.5 3 

Mean Pressure, MPa 
Figure 3. Effect of adjusting the drive frequency to improve cryocooler performance (maximize 

refrigeration) when mean pressure fluctuations are present. The thin curve is the original unoptimized 
performance, and the heavy curve is the performance with the drive frequency optimized for each pressure 
conditioiL There is significant improvement from frequency optimization. 

Mean Pressure, MPa 
Figure 4. The optimum frequency as a function of mean pressure required to maximize cryocooler 

refrigeration when mean pressure fluctuations are present. 

Figure 3 illustrates the cryocooler performance obtained by adjusting the frequency. We see 
that a significant improvement in predicted refrigeration can be obtained by optimizing the fre
quency to compensate for mean pressure fluctuations. By adjusting the frequency, the PWG can 
again operate closer to the full stroke and current limitations, increasing the work input to the 
cryocooler. 

Figure 4 shows a plot of the optimized frequency versus the mean pressure with a fixed orifice 
diameter. At these points, the cryocooler is operating at or very near both full stroke and input 
current conditions. The area to the left and above of the line is an area where stroke limitations are 
encountered. In the area below and to the right of the line, current limitations are encountered. This 
line can be considered a "ridgeline" because both cryocooler input power and refrigeration capacity 
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fall as one moves away from this optimum line. Adjusting the frequency then, is a simple means of 
compensating for mean pressure fluctuations while the cryocooler is operating. 

CONCLUSIONS 

• Mean pressure fluctuations caused by ambient temperature variation can significantly im
pact the amount of refrigeration produced by a cryocooler operating at full capacity. 

• Adjusting mean frequency is an effective way to counter the effects of mean pressure fluc
tuations. 

• Adjusting the orifice diameter is not an effective way to counter the effects of mean pressure 
fluctuations. 



Operation of Thermoacoustic Stirling Heat Engine 
Driven Large Multiple Pulse Tube 
Refrigerators 

Bayram Arman, John WoUan, and Vince Kotsubo 

Praxair, Inc. 
Tonawanda,NY 14150 

Scott Backhaus and Greg Swift 

Los Alamos National Laboratory 
Los Alamos, NM 87545 

ABSTRACT 

With support from Los Alamos National Laboratory, Praxair has been developing thermo
acoustic Stirling heat engines and refrigerators for liquefaction of natural gas. The combination of 
thermoacoustic engines with pulse tube refrigerators is the only technology capable of producing 
significant cryogenic refrigeration with no moving parts. A prototype, powered by a natural-gas 
burner and with a projected natural-gas-liquefaction capacity of 500 gal/day, has been built and 
tested. The unit has liquefied 350 gal/day, with a projected production efficiency of 70% liquefac
tion and 30% combustion of an incoming gas stream. A larger system, intended to have a liquefac
tion capacity of 20,000 gal/day and an efficiency of 80 to 85% liquefaction, has undergone prelimi
nary design. 

In the 500 gal/day system, the combustion-powered thermoacoustic Stirling heat engine drives 
three pulse tube refrigerators to generate refrigeration at methane liquefaction temperatures. Each 
refi-igerator was designed to produce over 2 kW of refrigeration. The orifice valves of the three 
refi-igerators were adjusted to eliminate Rayleigh streaming in the pulse tubes. This paper describes 
the hardware, operating experience, and some recent test results. 

INTRODUCTION 

Praxair has been developing thermoacoustic liquefiers and refrigerators for liquefaction of 
natural gas and for other cryogenic applications. The liquefier development program is divided into 
two components: 1) pulse tube refirigerators driven by combustion-powered thermoacoustic Stirling 
heat engines (TASHEs), and 2) pulse tube refrigerators driven by linear motors. For the foreseeable 
future, the linear-motor-driven technology will be limited to low-power refrigeration and liquefac
tion applications. 

Praxair's efforts to develop practical high-power combustion-driven thermoacoustic natural-
gas liquefaction to eliminate the need for significant electric power in multi-kW cryogenic refrig-
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Figure 1. Photograph of 500-gal/day system in Denver, with project leader John Wollan. 

eration began with its 2001 acquisition of the project from Chart, Inc. Chart's development 
effort was summarized by Wollan et al.' and Swift and Wollan.^ After Praxair's acquisition of 
the project, extensive modifications were made to the acquired hardware: The refrigerators 
were kept intact, but the engine and burner were completely rebuilt, and a more sophisticated 
system for control and data acquisition was created. 

The resulting system is shown in Figure 1, and a simple block diagram is shown in Fig
ure 2. Heat from a high-temperature heat source (combustion of natural gas) provides useful 
energy to the system, heat is removed from a load (methane, experiencing cooling and lique
faction) at cryogenic temperatures, and waste heat is rejected to ambient temperature. Thermo-
acoustic processes in 30-bar helium gas accomplish the energy conversions and transport. 
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High-temperature heat_ 
(Fuel combustion) 

Cryogenic-temperature heat _ 
(Refrigeration load) 

Heat-driven engine and refrigerator 
(Thermoacoustic system) 

. Ambient-temperature heat 
(Heat sink) 

Figure 2. Simplest block diagram of the engine-driven refrigerator system. Heat is pumped from cryo
genic temperature, iiigh-temperature lieat is consumed, and waste heat is rejected to ambient temperature, 
without any moving parts. 

The major thermoacoustic subsystems are: (1) an engine to generate high-intensity acoustic 
power from high-temperature heat; (2) a wave tube (a nearly half-wavelength resonator) to 
transport the acoustic power from the engine to the refrigerators and to determine the 40-Hz 
operating frequency; and (3) refrigerators to generate useful cryogenic refrigeration while 
consuming the acoustic power. The engine is a thermoacoustic-Stirling hybrid heat engine.^ The 
engine subsystem includes additional components to generate heat and transport it to the hot 
heat exchanger of the engine: a combustion chamber and a high-pressure, high-temperature, 
blower-driven'' circulating-helium heat-transfer loop. The refrigerators are three inertance-
enhanced orifice pulse tube refrigerators. A methane circulation loop provides the refrigeration 
load for the refrigerators. A cooling-water loop provides the ambient-temperature sink for the 
engine and the refrigerators. 

This paper focuses on the pulse tube refrigerators and their performance. As shown 
schematically in Figure 3, the three refrigerators are driven in parallel by the acoustic power 
delivered by the wave tube. They are linked in series by the methane circulation loop, so that the 
first refrigerator precools the incoming methane to about 180 K, the second refrigerator cools 
the methane to liquefaction temperature and partially liquefies it, and the third refrigerator 
further liquefies the methane. 

For thermal isolation, the three refrigerators are wrapped in a few cm of fine fiber insulation 
and enclosed in a single vacuum jacket pumped to about 10 microns. The three refrigerators are 
mounted on an annular 180° turning duct at the bottom of the wave tube. The refrigerators have 
similarities to the one that was used in the Cryenco-Los Alamos TADOPTR project,^ with 
stainless-steel screen regenerators and tube-in-shell heat exchangers. A valve in series with each 
refrigerator's inertance enables phase adjustments. Initially, the inertance tubes were not water 

Wave tube 

Vacuum can 

^ ^ 
Pulse tube refrigerators 

Methane storage tank 

Blower 

180° turning duct Insulated box 

Figure 3. Pulse tube refrigerators and methane circulation loop. 



184 THERMOACOUSTICALLY-DRIVEN PULSE TUBE CRYOCOOLERS 

cooled and they ran so hot that the reduced gas density in them provided insufficient inertance 
for efficient refrigerator operation. For the measurements reported here, the tubes were water-
jacketed. 

These three pulse tube refrigerators were designed to produce a total of 7 kW of refrigera
tion at methane liquefaction temperatures, so they are large, with regenerators of 20 cm diameter 
and pulse tubes of 10 cm diameter. All components are in line in each refrigerator, in the follow
ing sequence starting from the bottom: aftercooler, regenerator, cold heat exchanger, pulse tube, 
secondary ambient heat exchanger, orifice valve, inertance tube, compliance tank. 

The third refrigerator is 3.4 cm lower than the second, to allow flow of condensed liquid 
methane from the second refrigerator's cold heat exchanger into the third refrigerator's cold heat 
exchanger via gravity without deep accumulation of liquid in the second refrigerator. The third 
refrigerator's cold heat exchanger has a liquid-level sensor. 

The instrumentation on the refrigerators was kept to a minimum. Three pressure transducers'" 
are located near the pressure node at the middle of the wave tube for measuring acoustic power^ 
delivered to the lower half of the wave tube and the refrigerators. A fourth pressure fransducer is 
mounted in the 180° turning duct, the common space at the entrance to the three refrigerator af-
tercoolers. Each refrigerator also has a pressure transducer in its compliance tank and at the top 
of its pulse tube, between the secondary ambient heat exchanger and the orifice valve. 

Each pulse tube has three equally spaced thermocouples along its wall to indicate^' pulse-
tube streaming, which is discussed below. Several more thermocouples are mounted on the axial 
midpoints of the regenerators, on the inertance of the third refrigerator, and throughout the meth
ane circulation loop. 

Three separate cooling water streams are provided for the aftercoolers, the secondary ambi
ent heat exchangers, and the water jackets around the inertance tubes. Flow meters are located in 
each of these three streams, to measure the total flow to the three aftercoolers, the three ambient 
heat exchangers, and the three water jackets, but the individual water flow rates are not meas
ured. 

A pressure-regulated, closed-loop methane circulating system provides the load on the re
frigerators. This methane system, shown schematically in Figure 3, consists of a large storage 
tank, a circulating blower, a heater enclosed in an insulated box, and the associated drive and 
control electronics. The heater consists of three electric-resistance cartridges enclosed in tubes 
carrying the methane. The cooling power of the refrigerators is determined by measuring the 
electrical power required by this heater to vaporize the liquefied methane and reheat it back to 
the initial inlet-methane temperature. (The cooling power does not uniquely determine the lique
faction rate unless there is 100% liquefaction.) The methane pressure sets the cold-end tempera
ture of the third refrigerator whenever there is a liquid-vapor interface in its cold heat exchanger. 

EXPERIMENTS AND OVERALL PERFORMANCE 

In a typical run, the burner is ignited to heat the hot heat exchanger of the engine to start the 
acoustic oscillations. During the engine startup, the refrigerator orifice valves are closed so there 
is negligible refrigeration, and the acoustic power produced by the engine is dissipated mostly in 
wave-tube losses. Once the desired acoustic amplitude is reached, the refrigerators' orifice valves 
are gradually opened to start refrigeration. Opening the orifice valves also increases the load on 
the engine, which causes a rise in the hot temperature of the engine and demands an increased 
fuel flow rate to the combustion system to maintain the desired acoustic amplitude. The engine 
operation is very stable and controllable. It typically takes two hours to go from one operating 
point to another and settle down to a sufficiently time-independent state that "steady-state" data 
can be acquired. 

During attempts to reach performance goals, the highest system cooling power to date was 
3800 W at 150 K, the temperature being determined by the methane pressure of 150 psia. This 
cooling power corresponds to 350 gal/day of liquefaction (though in fact the methane flow rate 
was greater than this, so the methane stream leaving the third refrigerator was less than 100% 
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liquid). Greater liquefaction rates and cooling powers have been prevented by a power handicap 
in the thermoacoustic engine, due to unforeseen inertance associated with end effects at some 
locations in the engine. These inertial effects can be avoided, or taken into account, in fiiture 
hardware designs. 

The power shortfall does not seriously affect the thermoacoustic efficiency. At the 350-
gal/day operating point, a direct comparison of the refrigeration power to the rate at which fiiel 
was fed to the burner yields an overall system efficiency of 45% liquefied, 55% burned. In other 
words, 45% of a pure methane stream arriving at the system would have been delivered as lique
fied product, and 55% would have been burned, if pure methane instead of natural gas had been 
used as fuel for the burner. However, most of the combustion heat was lost up the flue and to 
heat leak fi-om the combustion chamber, because no effort was made to minimize such losses in 
this hardware. A standard flue-gas recuperator and better combustion-chamber insulation, both 
needed for a commercially interesting system, would enable the delivery of 85% of the heat of 
combustion to the thermoacoustic engine. In this reasonably plausible imaginary situation, the 
efficiency at the 350 gal/day operating point would have been 70% hquefied, 30% burned. 

SOME DETAILED PULSE TUBE REFRIGERATOR RESULTS 

Experiments measuring the refrigeration power spanned many combinations of refrigerator 
orifice-valve openings, acoustic pressure amphtudes, and methane pressures. Although DeltaE*" 
was used to design these refrigerators, the Sage program" was used to analyze and interpret the 
test results. (Whenever we have compared the results of these two codes, they have been simi
lar.) Measured pressure amplitudes and phases, including the pressure differences across the re
generators, agreed reasonably well with the Sage models. Measured cooling powers were signifi
cantly below the Sage predictions. 

In this paper, we present some details regarding streaming in the third refrigerator's pulse 
tube, while the orifice valves of the other two refrigerators were closed. A Sage inertance-
network model was used to infer the volume flow rates from the measured pressures. In the Sage 
model, the oscillating mass flow at the entrance to the network and the valve opening were ad
justed until the calculated pressure amplitudes matched the measured values in the compliance 
tank and at the top of the pulse tube. To establish confidence in this model, Figure 4 displays the 
good agreement between the measured and calculated differences between the pressure phases in 
the compliance tank and at the top of the pulse tube, as a function of the orifice-valve setting, for 
three different acoustic pressure amplitudes. In our notation, p^ is the mean pressure and \p]\ is 
the amplitude of the fundamental component of the oscillating pressure. 

With confidence established in the Sage model, it can be used to predict the phase difference 
between the pressure pi and volume flow rate U\, which is a key parameter in the analysis of 
heat transport via Rayleigh streaming in pulse tubes by Olson and Swift.'^ According to their 
analysis, the streaming flow is minimized if the U\-pi phase difference somewhere near the 
middle of the pulse tube is -50°, which corresponds in these refrigerators to a phase difference at 
the ambient end of the pulse tube ranging from -55° to -60°. 

One obvious indication of minimum streaming is a linear pulse-tube temperature profile.**"' 
Using the three equally spaced thermocouples on the side of the pulse tube, a linear profile oc
curs when the normahzed temperature, 1 - 2Tmid/Taverage, equals zero. In Figure 5, the normalized 
temperature is plotted versus the U\-p] phase difference at the ambient end of the pulse tube. 
The temperature profiles become linear within about 10° of the expected phase difference, con
firming that Olson and Swift's analysis is at least approximately applicable to these refrigerators. 

Further confirmation of streaming suppression can be seen in the coefficient of performance 
(COP). The COP is the ratio of measured cooling power to modeled aftercooler input acoustic 
power, with the latter confirmed by measurements of the acoustic power at the middle of the 
wave tube. The COP should be a maximum when streaming is minimized. Figure 6 displays the 
COP versus the U\-p\ phase difference, showing the maximum COP occurring at about the same 
phase difference as that yielding a linear pulse-tube temperature profile in Figure 5. 
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Figure 4. Compliance pressure phase minus pulse-tube pressure phase in the third refrigerator. 
Circles, \p\\/pm = 3%, squares 5%, triangles 7%. Filled symbols represent experimental data, and open 
symbols represent Sage calculations. 
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Figure 5. Normalized temperature vs. U\-p\ phase difference in the third refrigerator. Circle, |pi|/pm 
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Figure 6. Coefficient of performance vs. U\-p\ phase difference for the data represented by open 
symbols in Figure 5. 
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CONCLUSIONS AND RECOMMENDATIONS 

The multiple Stirling heat engine-driven pulse tube refrigerators run well and stably. Pres
sure amplitudes and phases, and regenerator pressure drops, agree reasonably well with computer 
models. A more extensive and comprehensive experimental study is needed for further im
provement in the agreement between the predictions and experiments. 

The inertance networks behave as expected. Water-cooling the inertance tube and orifice 
valve in pulse tube refrigerators of this size is essential to keep the gas density high enough to 
provide the expected inertance. Orifice valve adjustment easily allows minimization of pulse-
tube streaming, as demonstrated by linear pulse-tube temperature profiles and maximization of 
the COP, at operating points close to those expected. 

These analyses indicate that inertance models in programs like Sage" and DeltaE'" are ade
quate for the turbulent flows in the inertances of large pulse tube refrigerators. 

As with all large pulse tube refrigerators that have been manufactured and tested by our 
team, these three refrigerators do not perform as well as expected. At \pi\lpm = 7%, the COPs are 
30% below Sage's predictions. 

Future experiments towards understanding regenerator internal streaming and other complex 
behavior are needed to improve understanding of such large pulse tube refrigerators. A vibration-
balanced pair of CFIC's Q-Drive pressure wave generators' would be suitable for driving one of 
these three refrigerators. 

The Los Alamos-Praxair team has made steady improvements in the thermoacoustic natural 
gas liquefaction system's efficiency: 

• Coolahoop (NIST-Los Alamos) "* 
10% liquefy, 90% bum (predicted from measured electrical heats) 

• 140-gal/day TADOPTR (Los Alamos-Cryenco)' 
40% liquefy, 60% bum 

• 500-gal/day TASHE-OPTR (the hardware described in this paper) 
70% liquefy, 30%) bum (assuming a flue recuperator is used) 

• 20,000-gal/day Cascade-OPTR'' (current Los Alamos-Praxair preliminary design) 
80-85% liquefy, 15-20% bum 

The plaimed 20,000 gal/day thermoacoustic Uquefier technology should be able to compete with 
existing natural-gas liquefiers of comparable capacity, in terms of both efficiency and cost. 
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ABSTRACT 

Thermoacoustic refrigerators use sound waves to generate cooling. Furthermore, they use inert 
gases that are friendly to the environment. Their unique working mechanism and promising ftiture 
have attracted many researchers. This article focuses on the design of a traveling wave thermo
acoustic refrigerator that works in the civil refrigeration range, since traveling wave refrigerators 
have higher efficiencies than standing wave refrigerators. According to linear thermoacoustic theory, 
two analytical methods, the lumped-element network and transfer matrixes, are discussed for analysis 
of the thermoacoustic systems. Several possible modes for achieving efficient thermoacoustic re
frigeration are analyzed with the simplified lumped-element network method. Then, a feasible 
thermoacoustic refrigeration mode is chosen and optimized with the transfer matrix method. The 
goal is to achieve a relatively high cooling capacity at a temperature of 250 K. The calculation 
results show that, with helium, the refrigerator can have a cooling power of 80 W and achieve a 
COP of 2.86; this corresponds to a relative Camot efficiency of 57%. According to this, we have 
constructed a refrigerator. It has achieved a no-load cooling temperature of 263 K when driven by 
a mechanical compressor with helium, and achieved a cooling power of80Wat274K when driven 
by a standing wave thermoacoustic engine with nitrogen at the pressure ratio of 1.09. 

INTRODUCTION 

Thermoacoustic refrigerators have few moving parts, and they use inert gases that are friendly 
to the environment. Their unique working mechanism and promising future have attracted many 
researchers. Studies of thermoacoustic refrigerators have prospered in recent years. Most of them 
are concerned with pulse tube refrigerators driven by thermoacoustic engines, and standing-wave 
thermoacoustic refrigerators driven by thermoacoustic engines or loud-speakers.'-* Relatively less 
research has addressed traveling-wave thermoacoustic refrigerators. 

This article focuses on the design of a traveling wave thermoacoustic refrigerator that works in 
the civil refrigeration range. In the first section, two analytical methods used in the design are 
introduced. In the second part, several possible modes are analyzed to find an efficient one with the 
lumped-element network method. In the third part, a traveling wave thermoacoustic refrigerator is 
designed using the transfer matrix method. Then, preliminary experiments with the refrigerator 
driven by both mechanical compressor and thermoacoustic engine are introduced. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. Lumped-element network. 

ANALYTICAL METHODS 

A traveling-wave thermoacoustic system is usually made up of a regenerator, compliance, 
inertance tube, thermal buffer tube (TBT), and heat exchangers. To have an efficient refrigerator, 
we need to understand the work mechanism of each part and assemble them together appropriately. 

The wave equations and the energy-temperature equation are often coupled together to solve a 
problem. In our project, the temperature gradient in the system is small. So, without much error, 
the temperature distribution in the regenerator and in the thermal buffer tube can be assumed to be 
linear. Thus, only the wave equations are needed, and the lumped parameter network, or transmis
sion matrix, of each component can be easily obtained. 

Two simplified methods based on linear thermoacoustics: lumped element network ^ and transfer 
matrix,*' are chosen for the design of the refrigerator. 

Lumped Element Network 

Acoustic systems are analogous to electrical circuits because of the similarities between the 
control equations for oscillating flow and those for electric circuits. This gives rise to lumped-
element network theory. According to this theory, a channel, whose length is much smaller than the 
wave length, has the impedance features shown in Fig. 1.̂  In Fig. 1, the symbol L denotes the 
inertance of the gas in the channel, /Ĵ , viscous resistance, C the compliance of the gas in the chan
nel, and Rj, the thermal-relaxation resistance. The term eC/represents a source or sink of volume 
flow, which arises only when the temperature gradient along the chaimel is nonzero. Different 
components have quite different properties in the thermoacoustic system, and they can be simpli
fied according to the working circumstances. The regenerator, due to its geometrical characteristics 
and working conditions, is usually represented as a combination of a viscous resistance, a compli
ance, and a source of volume flow. Similarly, the compliance and inertance of the TBT, the compli
ance of the reservoir, and the inertance of the feed back tube are considered. In this way the 
thermoacoustic system can be expressed as a network. 

Transfer Matrix 

The transfer matrix method focuses on the input and output properties of the components. 
Given the input and transfer matrix, the output can be easily obtained. In some cases it is math
ematically easier than the network method. The transfer matrix comes from the analytical solution 
of the system's control equations. 

The following are transfer matrixes of the components based on linear thermoacoustic theory. 
Since the wave equations for the regenerator are very complex, we just quote the results achieved 
with the distributed lumped-element method by Swift.* For isothermal tubes, the transfer matrixes 
come from the analytical solution of the wave equations. 
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Here k is the wave number, p the density, m the angular frequency of the system, and r the ratio 
of the refrigeration temperature and the room temperature. The terms J^ a n d / are intrinsic func
tions of the sound wave channels. 

The thermal buffer tube is located between the cold heat exchanger and the ambient heat ex
changer. The TBT does have a temperature gradient, but its diameter is much larger than the ther
mal penetration depth, so / ^ (defined by the following non-dimensional complex factor in the 
continuity equation): 

du 
dx 

-P + f>nP„ dx 

can be neglected. The compliance ( Z^ = pCjT^fi ) is the main embodiment of the temperature's 
effect on the gas. For an ideal gas, T^fi is a constant. To simplify, the thermal buffer tube is distrib
uted; this permits the transmission matrix for an isothermal duct to be used. 

ANALYSIS OF POSSIBLE REFRIGERATION MODES 

To obtain an efficient system, we have tried several types of modes. This section will give 
some analysis on three modes using the lumped-element network method. In a preliminary analy
sis of the system, the lumped element network has the advantage of simplicity and intuitiveness, 
though it is not an exact solution to the control equations. 

Type One is shown in Fig. 2. Given the working conditions and the geometry of the compo
nents, we can generate the expressions for the volume flow rate in each component of the circuit. 
So we can have the expressions of the cooling power (Qc), the consumed energy (W), and the 
coefficient of performance (COP). The cooling power is assumed to be roughly equal to the acous
tic work flowing out of the regenerator, and the consumed energy is the total energy supplied to the 
system. The expressions for these parameters are as follows: 

Qc = 0.5Re| {p.v;]=\ 1 P^a^LC l-co-LC 

W = O.SR^P(U,-Uj]-. 
1 f V l C (l/r-l + m^LC) 

R 

COP 
\-m^LC Qc _ l-a^LC 

' W ~ \/T-\ + 0}^LC " (r„ -T^)lT^. +G>^LC 

(3) 

(4) 

(5) 

To have cooling power means Qc > 0. So it is necessary to have \>w^LC>0. In addition, 
Eq. (3) and Eq. (5) show that the more rn^LC approaches zero, the more COP approaches the Camot 
COP, but at the same time the more Qc approaches zero. 

Type Two is shown in Fig. 3. The difference between Type One and Type Two lies in the 
location of the regenerator and the thermal buffer. The cooling power can be expressed as Eq. 6. 
The right side of Eq. 6 is obviously < 0, because the empty duct has positive inertance or compli
ance. That means it is impossible for the system to fiinction as a refrigerator. 

Qc = 0.5R( ̂p,u:]= 
1 (- T)PW-LC 

(6) 

PR U R 

(b) 
Figure 2. (a) Scale drawing of Type One; (b) Crude impedance diagram for Type One. 

(1 regenerator, 2 thermal buffer, 3 inertance duct, 4 reservoir, 5 heat-exchanger, 6 mass (piston), 7 springs) 
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Figure 3. (a) Scale drawing of Type Two; (b) Crude impedance diagram for Type Two. 
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Figure 4. (a) Scale drawing of Type Three; (b) Crude impedance diagram for Type Three. 

(1 regenerator, 2 thermal buffer, 3 inertance duct, 4 reservoir, 5 heat-exchanger, 6 mass (piston), 7 springs) 

Type Three is shown in Fig. 4. Type Two has an empty inertance duct, while in Type Three 
there are a spring and piston in it. The spring functions like a negative inertance, which can be 
expressed as -Lj = -k/A^co^, where k is the spring constant, and A is the cross sectional area of the 
piston or duct. The piston functions like a positive inertance L^= M/A, where M is the mass of the 
piston. So, the total inertance of the system is £ = (-Lj) + L^. According to Eq. (7), when the total 
inertance is negative, the cooling power is positive, so the system can work as a refrigerator. Simi
larly when co^LC approaches zero, the COP approaches the Carnot COP, but the Qc approaches 
zero also. This system is, in essence, a free-piston Stirling refrigerator. 

QC = O.5R{P,U:]=\ 
.]^l (-T)PV(-i , +ij)C) 

COP 
^Qc ^ 1 1 

W l/_.co'LC/ {T,~T,)/ _^ii 

(7) 

(8) 

(9) 

DESIGN AND PRELIMINARY TESTS OF THE REFRIGERATOR 

The goal of the study was to design a traveling-wave thermoacoustic refrigerator whose cool
ing power is about 100 W at 250 K. Since the Type One system maintains the advantage of no 
moving parts, it was chosen. Mainly, the transfer matrix method was used in the design. In the 
approximate analysis above, no loss except the loss caused by the flow resistance of the regenerator 
is considered. However, here, the loss caused by the djTiamic heat conduction is also considered. 
The cooling power is the difference between the total power of the inlet and the outlet of the cold 
heat exchanger. The time averaged total power of one cross section is expressed as: * 

E, =»', + a =^Re[gp'(i_r„/?„/,J]-^^, 
dx 

(10) 

In the design, the average pressure, the amplitude of the pressure oscillation, the oscillation 
frequency, and the working gas are supposed to be known. The geometry of the components is 
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Figure 6. Tc is the cold end temperature and 
Tout is the temperature of the outlet of the 
compressor. 

optimized to get enough cooling power with a relatively high COP. Calculations yielded a geom
etry that could achieve a cooling power of 80 W at 250 K, with a COP of 2.86, a Camot efficiency 
of 0.57, and with helium at 2.0 MPa. To verify the design, the author also compared the results 
with the 'Thermoacoustic Simulator' in our Lab.' The difference is no more than 20%. Finally, the 
geometry of the refrigerator was fixed as shown in Fig. 5. The diameter of the inertance tube is 
32 mm, and the diameter of the regenerator and TBT is 50 mm. The regenerator is made up of 
stainless screens. The cold and warm heat exchangers were cut using Electrical Discharge Machin
ing (EDM). The warm heat exchanger is removable, while the cold heat exchanger is welded to the 
thermal buffer tube and the housing of the regenerator. The total height and width of the refrigera
tor are about 360 mm and 250 mm, respectively. 

When the refrigerator was finished, the thermoacoustic engine was still under construction, so 
we reformed a conventional crankshaft compressor to supply the needed pressure waves. The re
construction mainly consisted of three tasks: the removal of the valves, the alteration of the gas 
flow ways, and the separation of the lubricant oil. The swept volume of the mechanical compressor 
is about 80 cc, and the pressure oscillation is about 3.8% of the average pressure. The compressor 
can work at different frequencies with a frequency modulator. With this driver, the refrigerator 
achieved the lowest unloaded cooling temperature of 264 K with 2.0 MPa Helium. The pressure 
ratio was 1.08. Figure 6 shows the temperatures of the cold end and at the outlet of the compressor. 
The temperature at the outlet of the compressor reached 312 K because there is only an electric fan 
to cool it. After several experiments, the cold end could no longer cooled down. We supposed that 
some lubricant oil had entered the refrigerator, and disassembly showed oil had indeed accumu
lated in the regenerator. It greatly deteriorated the performance of the refrigerator. By now we 
have found a method to separate the oil completely. Further experiments will be done soon. 

After the standing-wave thermoacoustic engine was finished, we coupled the refrigerator and 
the engine together. Details of the engine can be found in another paper.'" Due to some abnormal 
phenomena with helium as the working gas, we initially used nitrogen. A cooling power of 80 W 
was achieved at 274 K when the average pressure was 3.1 MPa, and the amplitude was 1.39 bar. 
The frequency of the system was about 34 Hz despite of the varied pressures. Figure 7 shows the 
relationship between cooling temperature and cooling power. Figure 8 shows that when the cool
ing power changed, the amplitude of the pressure wave changed. During the experiments we found 
that Gendon streaming had a great impact on the refrigerator, and that suppression of the streaming 
can greatly improve the performance of the refrigerator. In the experiments we also found the inlet 
of the refrigerator and the connection of the TBT and inertance tube can be as cool as the cold end 
heat-exchanger. This may be caused by axial heat transfer, turbulence in the TBT, or something 
tmknown. We will discuss this in detail in a future paper. 

CONCLUSIONS 

Two analytical methods in thermoacoustics have been used in the design. The lumped-element 
network is intuitive, but not accurate. In this article, it is used for preliminary analysis to select an 
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initial configuration. The transfer matrix method is equivalent to solution of the control equations, 
and it was used for the design and optimization of the traveling-wave thermoacoustic refrigerator. 
Calculations show that, with helium, the refrigerator can achieve a cooling power of 80 W at 250 K 
with a COP of 2.86, which corresponds to 57% of Carnot efficiency. 

Preliminary tests have been completed on the refrigerator. It achieved a cooling temperature of 
263 K when driven by a mechanical compressor with helium at a pressure ratio of 1.08, and a 
cooling power of 80 W at 274 K when driven by a standing wave thermoacoustic engine with 
nitrogen at a pressure ratio of 1,09. 

Up to now, the refrigerator works rather far from the design point due to limitations on the 
compressor side. If these limitations are eliminated, we believe that the system could perform much 
better. Besides, experiments will also be conducted to identify and suppress the various loss mecha
nisms to improve the performance further. 
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ABSTRACT 

Thermoacoustic systems have attracted lots of attention in recent years due to their structural 
simplicity, high reliability, and potential for very high efficiency. There has been extensive research 
on standing wave and traveling wave systems, including both compressors and refrigerators. This 
article introduces our efforts towards building a high-efficiency and compact-sized thermoacousti-
cally driven pulse tube cooler for temperatures below 80 K. Firstly, we have improved the heat 
exchangers in the thermoacoustic systems. By using Electrical Discharge Machining (EDM) cut 
heat exchangers, pressure ratios of 1.15/Helium and 1.22/Nitrogen have been obtained on a 1/4 
wavelength standing wave system. Coupling the thermoacoustic compressor with a miniature pulse 
tube cooler has led to a lowest no-load temperature of 105.4 K. To reduce the size of the systems, 
we plan to use spring-mass resonators. The design and manufacture of two types of spring-mass 
resonators has just been completed, and tests will be done soon. 

INTRODUCTION 

Self-oscillating thermoacoustic compressor technology uses heat to generate pressure oscilla
tions without any moving parts; this has attracted lots of research attention in recent years. The 
invention of traveling-wave type' and cascade type^ systems has fiirther boosted the passion for this 
kind of engine. 

Besides the proper acoustic field design, heat exchangers are a particularly important part of 
thermoacoustic systems. Lowering the heat transfer temperature difference will effectively reduce 
the generation of irreversible entropy, thus improving the general efficiency. So, the first part of 
this article introduces our heat exchanger design and related experiments carried out on an ordinary 
standing wave thermoacoustic compressor outfitted with these new heat exchangers. 

Combining the thermoacoustic compressor with a pulse tube cooler can lead to a cooler with 
no moving parts at all. So, the second part of the article introduces some experimental results 
obtained by coupling a miniature pulse tube cooler with our thermoacoustic compressor. The size 
incompatibility of the above combination presents a problem that limits this application of thermo
acoustic compressors. Using a spring-mass resonator could lead to a smaller system size with suit
able operating frequency for small-scale applications such as cryocoolers.^ At this time, we have 
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Figure 1. Illustration of standing-wave 
thermoacoustic compressor. 

Figure 2. Photo of EDM-cut water-
cooled heat exchanger. 

just finished designing and manufacturing two different types of resonators; these are introduced in 
the last part of the article. Finally, conclusions are drawn with some discussion. 

EXPERIMENT DETAILS 

Standing Wave Thermoacoustic Compressor with New Heat Exchangers 

As a first step toward achieving our target, a standing wave thermoacoustic compressor was 
built. The basic structure is shown as in Fig. 1. Most of the parts have an inner diameter of around 
80 mm, while the resonance tube has an inner diameter of 50 mm. The stack is made from stainless 
steel mesh. Specifically, EDM technology was used in manufacturing the heat exchangers for both 
the hot-end heat exchanger and the water-cooled heat exchanger. Figure 2 shows a photo of a 
representative water-cooled heat exchanger. The side grooves and holes are for water to flow through. 
The gas passage consists of many narrow channels surrounded by copper fins formed by the EDM 
process. This design ensures heat exchanger integrity without any soldering work. The hot-end 
heat exchanger uses a similar design. To monitor the performance of this design, three sheathed 
K-type thermocouples have been placed at the hot-end heat exchanger exit, inside the hot-end heat 
exchanger block, and in the water-cooled heat exchanger exit. The experiments show that these 
heat exchangers perform quite well as seen in Fig. 3. Generally, when using helium as the working 
gas, the temperature difference between the gas and the copper block could be kept around 10 K, 
even with a heating power of 1.8 kW. Meanwhile, the gas temperature at the exit of the water-
cooled heat exchanger could be kept around 15°C above the water temperature. 

Table 1 gives some experimental results for our thermoacoustic system. During the experi
ments, frequency-jump behavior sometimes occurred. Table 2 gives a record of this behavior, which 
is primarily influenced by the hot reservoir volume, the resonance tube length, and the average 
pressure. All of these may be generalized as two important factors: relative position of the stack 

300 

E 200 

Figure 3. Temperature history of the three thermocouples shown in Fig 1. 
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Table 1. Typical experimental data on standing wave thermoacoustic compressor. 

Gas 
Kind 
N, 
He 

CO2 

Average 
Pressure 

lobar 
35bar 
lobar 

Resonator 
Tube 
1.9m 
3.5m 
2.1m 

MeshNo. 

20# 
15# 
20# 

Heater 
Power 
1.65kW 
2kW 
2kW 

Hot Temp 

588t; 
553IC 
506t: 

Frequency 

45.8Hz 
82.7Hz 
30Hz 

Pressure 
Ratio 
1.22 
1.15 
1.22 

Table 2. Frequency jump behavior with 20# mesh. 

Hot Reservoir 
Volume(cc) 

754 

1274 

754 

1274 

1274 

Resonance Tube 
Iength(m) 

4 

4 

5 

5 

5 

Working 
Gas 

Helium 

Helium 

Helium 

Helium 

Helium 

Average 
Pressure(bar) 

25.0 

25.0 

19.8 

25.5 

31.7 

Jump behavior record 

Start at fundamental 
frequency mode (= 72Hz), 
jump to = 168Hzat420'C 

Start at fundamental 
frequency mode (72.8Hz), no 

frequency jump happens 
Start directly at high 

frequency mode (144Hz) 
Start at fundamental 

frequency mode (62Hz), 
jump to 135Hz at 400^; 

Start at fundamental 
frequency mode (64Hz), no 

frequency jump happens 

and the ratio between the thermal penetration depth and the hydraulic diameter of the stack. How
ever, more careful and systematic study is needed to uncover the quantitative rules that determine 
this bifurcation behavior. 

Coupling Miniature Pulse Tube Cooler with the Thermoacoustic Compressor 

For some preliminary tests, a coaxial double-inlet pulse tube cooler was coupled with the 
thermoacoustic compressor. The cooler was provided by the PTR group in our institute. The regen
erator has an outside diameter of 10 mm and a length of about 50 mm. It should be mentioned here 
that the cooler was originally designed for a frequency around 50 Hz and a pressure ratio over 1.2. 
Figure 4 shows a photo of the main parts of the experimental setup. Figure 5 gives the cool-down 
curve of the pulse tube cold end when driven by the thermoacoustic compressor with a pressure 
ratio of 1.15 and a frequency of 82.7 Hz. The lowest no-load temperature is 105.4 K. 

A'i.S; 
Figure 4. Photo of pulse tube cooler coupled 
with the thermoacoustic compressor 

10:33 11; 02 11:31 12:00 
Time 

Figure 5. Cool-down curve of pulse tube cold end 
with charge pressure 32.6 bar, frequency 82.7 Hz. 
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/ Linear ball bearing 

Pre-comprcssed 
mechanical spring Metal bellows 

Figure 6. Basic structure of metal-bellows resonator. 

We believe tiiat when properly designed for working witli tliermoacoustic compressors, the 
pulse tube cooler should reach liquid nitrogen temperatures near 80 K. 

Flexure Bearing Supported Piston and Bellows Subsystem 

There is a size incompatibility in the above combination of pulse tube cooler with thermo-
acoustic compressor due to the requirement for a long resonance tube to control the oscillating 
frequency (see Fig. 4); this can present an obstacle to applying thermoacoustic compressors to 
small-scale cryocoolers. To remove this long resonance tube, spring-mass resonators can be used 
to control the resonant frequency by adjusting the mass or spring constant. 

One way to realize this type of resonator is to use a flexure-bearing supported piston with 
clearance seal, which has been confirmed in Ref 3. Another way, proposed in Ref 4, is by using a 
metal bellows. The technology used in the first idea directly comes from the linear compressor 
structure. For this reason, it will not be addressed in detail. Our present focus is on using a metal 
bellows to realize the resonator structure, as this has the advantage of allowing a larger swept length. 

Figure 6 illustrates the basic structure of the design. The bellows itself serves as both a spring 
and separator of the gas on the two sides. The bellows right surface is screw-fixed and sealed, while 
the other end is confined by a mechanical spring and supported by linear ball bearings that provide 
a low friction factor. Due to the space-separation nature of the metal bellows, the ball bearing can 
even be oil-lubricated. The mechanical spring on the left side is pre-compressed to make sure that 
the metal bellows remains in a compressed state, as the bellows can only endure an oscillating 
compression force with long lifetime. Additional mass can be screw-fixed on the axis to adjust the 
resonant frequency as required. Initial tests of this spring-mass subsystem show rather good reso
nating behavior. The next step will be to substitute the spring-mass resonator for the resonance 
tube generally used in thermoacoustic compressors. 

CONCLUSIONS 

We have built a 1/4-wavelength standing wave thermoacoustic compressor. It has performed 
quite well, which validates the heat exchanger design using EDM technology. At this time, the 
maximum pressure ratio we have obtained with helium is 1.15. Coupling it with a miniature pulse 
tube cooler has led to a lowest no-load temperature of 105.4 K. Future work will be done to inte
grate the spring-mass type resonator into the thermoacoustic compressor to reduce the system size. 
To obtain temperatures below 80 K, we are also designing a miniature pulse tube cooler working 
with a small pressure amplitude (<1.2) and relatively high frequency (70-80 Hz). We hope to fi
nally realize a high-efficiency compact-sized thermoacoustically driven pulse tube cooler within 
this year. 

ACKNOWLEDGMENT 

This work is supported by Chinese Academy of Sciences with project number: KJCX2-SW-
W08. 



BUILDING THERMOACOUSTICALLY-DRIVEN PT COOLER 199 

REFERENCES 

1. Backhaus S. and Swift G.W., "A Therraoacoustic-Stirling Heat Engine,"Nature, 399 (1999), pp. 335-338. 

2. Gardner D.L. and Swift G.W., "A Cascade Thermoacoustic Engine," J ^cowif. Soc. Am., 114 (4) (2003), 
pp. 1905-1919. 

3. Matsubara Y., Dai W., Onishi T., Kushino A. and Sugita H., "Thermally actuated pressure wave gen
erators ioT pulse tube cooler," Proc.of ICCR 2003, p.57. 

4. Luc E., Liu H. and Wu J., "A new thermoacoustic engine with its resonant fi'equency freely controlled 
by metallic-bellow unit," Adv. in Cryogenic Engineering, Vol. 47A, Amer. Institute of Physics, Melville, 
NY (2002), p. 822. 



Development of a Linear Compressor 
for Use in G-M Cryocoolers 

John A. Corey, Erick L. James 
CFIC-Qdrive, Troy, NY 12180 

Ali Kashani, Ben Helvensteijn 
Atlas Scientific, San Jose, CA 95120 

Gregory L. Rhoads 
Air Force Research Lab/PRPG, Wright-Patterson AFB OH 45433 

ABSTRACT 

A new compressor for Gifford-McMahon (G-M) cryocooler service has been designed and 
built using twin Clever Fellows Innovation Consortium (CFIC) STAR linear motors and special 
friction-free reed valves compatible with oil-free service. This frilly-balanced arrangement elimi
nates all oil and other condensibles in the helium, as well as providing attitude independence and 
in-use mobility prohibited by conventional G-M compressors. Secondary oil management compo
nents and their failure modes are also eliminated. The design operating point matches pressures 
and flow for a Sumitomo 408 coldhead. Standard Qdrive 5 kW motors are used, giving significant 
capacity margin over the baseline compressor's 6 kW rating. Test results to date have demonstrated 
design-point flow and pressures, with significantly lower input power than the baseline compres
sor. The design is reviewed and test results are presented in this paper. 

INTRODUCTION 

The growing use of mid-size cryocoolers outside the laboratory environment has introduced 
some new and more stringent demands on their operation. The workhorse product, a Gifford-
McMahon device that uses converted refrigeration compressors with oil-filled mechanisms, typi
cally requires stationary, level placement during operation to avoid oil carryover into the cold re
gions where it congeals and impairs operation. Even in rated conditions, such coolers typically 
require regular service. Recently, large-scale acoustic Stirling coolers (sometimes misnamed 'pulse 
tube coolers') have been developed, with capacities of hundreds of watts, from oil-free linear-
motor sources of many kilowatts. These are comparatively insensitive to orientation or even exter
nal vibration and shock loads during operation, but are not able to deliver cooling at temperatures 
below about 50K. The U.S. Air Force requires a mobile cryocooler, with cooling at temperatures 
from 4 to 20K, and asked if the current kilowatt-class linear motor drives might be adapted to an 
attitude-independent compressor for mobile G-M cryocooling. This paper reports on the results of 
that effort and the resulting prototype development of oil-free multi-kilowatt G-M compressors 
using CFIC STAR linear motors for standard G-M coldheads. In addition to the Air Force's needs, 
we expect these new compressors to find applications in many places where current devices impose 
higher costs through their reliability, service, and operational limits. 
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DESCRIPTION OF THE NEW COMPRESSOR 

As in CFIC's acoustic Stirlings, the core of the new compressors is a pair of inline STAR 
motors, moving in balanced opposition. Indeed, the compressor design flows directly from past 
practice for pressure wave generators (PWGs), Figure 1. Where PWGs have facing pistons in a 
common space with a power delivery port, the compressor caps that central cavity, to act as a gas 
spring, and adds two outward-facing pistons in cylinders with inlet and outlet check valves. 

Such compressors are not directly suited to use in ordinary gas compression, but must serve 
in closed-cycle, pre-charged systems like Gifford-McMahon cryocoolers (G-Ms). The mean 
pressure is a key design variable in these machines, because the gas spring and thereby the 
resonant frequency depends on it. A machine beginning from a low initial pressure would re
quire a lower initial drive frequency, but in a G-M the charge pressure provides a near-constant 
mean level that keeps system resonance at a near-constant frequency. Two notable features are 
the friction-free, self-energizing reed valves, which operate successfully in a totally dry environ
ment. The other is the need to provide water cooling to both heads and the motors of this system. 

Dynamics and Control of Motion and Gas 

Conventional reciprocating compressors also have valved chambers addressed by pistons, but 
the motions of those pistons are controlled by rigid linkages. Control is typically just switching on 
or off that prescribed motion, to deliver gas against a discharge head. In a resonant dynamic device, 
the reciprocating motion of the pistons is determined solely by the sum of the forces acting on it, not 
fixed quantities and strongly dependent on the motions they determine! 

High-efficiency reciprocating power transfer requires near-resonant conditions to provide 
low-loss motion. In resonance, the stored energy of the moving element (instant sum of kinetic 
and potential energies) is constant in the absence of load, just as in steady rotation. Real power 
is delivered throiigh the moving element by phase separation between its velocity and force 
oscillations. The frequency of motion is determined by the ratio of stiffness forces to inertial 
forces, to the 1/2 power, so a high stiffness and low moving mass are beneficial for compact 
devices operating at higher frequencies. STAR motors have lightweight plungers and derive 
significant axial stiffness from their intrinsic magnetic forces. 241-class motors (2 kW at 60 Hz) 
have open air natural frequencies of about 32 Hz. 297-class motors (5 kw at 60 Hz) have open-
air natural frequencies of about 24 Hz. Still, these need considerable additional stiffness to 
operate efficiently at 50 or 60 Hz for compatibility with common power sources. For motors at 
this multi-kilowatt scale, with strokes of several centimeters, stress is too high for long-life 
mechanical springs, and additional magnetic springs add mass as much as stiffness. Only gas 
springs are practical, but fortunately they are already present in the central piston chambers of 
PWGs. Gas forces there are augmented by gas forces in the outboard compression chambers, 
but those are largely defined by the required flow and pressures. The central spring can be 
tuned, by choice of piston area and basic volume. 

r r ••* 

• i - ' y . 

¥ f , 

Vessel 

'-Head 
'-Discharge port 

STAR motor 

->-Jci'- spring 

Figure 1. Baseline PWG and compressor sections. 
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To design such a machine requires advance knowledge of at least the inlet and discharge 
pressures, required flow rate, gas properties (inlet density, specific heats ratio, inlet temperature), 
intended frequency, the moving mass and intrinsic stiffness of the reciprocator, and the stroke 
amplitude and force available from the motor. These are respectively. Pin, Pdis, vdot, rho, 
Cp/Cv, Tin, f, m, k, X(t) and f(t). Variables to be determined include spring piston area, spring 
volume, compression piston area, and reciprocating mass (respectively, Ap, Vs, Ac, and m). 
Note that mass is both an input and result of this analysis, reflecting its iterative role as piston 
areas in particular change. Complete design fiuther requires detailed understanding of valve 
dynamics, clearances, and secondary volumes and non-linear effects, but these are beyond the 
scope of this paper. A linearized and adiabatic model is described here. 

Using an adiabatic compressor model and the target pressures and gas properties, a time 
history of pressure in the compression space can be derived. Analysis of this periodic function 
will provide a fundamental sinusoid and some higher harmonic functions. We consider only the 
fundamental and divide it into components in phase and in quadrature with the piston motion to 
extract the stiffness contribution to the resonant movement. That stiffness is combined with the 
motor's intrinsic stiffness and the calculated stiffness from the gas spring (which can be 
presumed adiabatic for this level of analysis). Total stiffness, combined with known masses 
(e.g., motor core) are combined with parametric structural models of the pistons to estimate total 
moving mass as a fimction of piston diameters. These two equations (the stiffness relation and 
mass relation) can be solved together to define the spring piston diameter. The desired flow rate, 
with the frequency and allowable stroke of the motor sets the compression piston diameter. A 
power and force check can be done, using the resultant stiffness and mass in an integrated 
dynamic model, to verify total system resonance at the desired frequency, stroke, power, and 
flow at target pressures. 

Further analysis and control is required to address the stability of the mean piston position. 
There is no linkage constraining the piston motion to remain centered evenly about its rest 
position. That is, free-pistons (and these are nearly free in their allowed range of motion) can 
drift even while reciprocating. This drift is usually occasioned by the uneven flow of gas across 
imperfect seals, which can build pressure to one side and push the piston along. In this machine, 
the gas spring swept volume is a significant fraction of the mean volume, for compactness, so the 
non-linear effects of high pressure (relative to mean pressure) exacerbate the drifting tendency 
by further unbalancing the natural flow around the clearance seals. On the other hand, the spring 
chambers are very nearly adiabatic, so the pressure and motion are essentially in phase. To 
counter drift, these compressors use centerports that cormect the front and rear gas volumes 
(relative to each piston) momentarily, as the piston passes its rest position. If there is no drift, 
then the pressures ahead and behind the piston will be equal at that moment. If there has been 
some net flow, then a pressure difference will exist as the piston passes its rest position, and a 
small corrective flow will arise in response. During piston excursions far from its rest position, 
the tiny port pairs in the piston and cylinder wall are not aligned, so flow is effectively stopped, 
preserving the main piston seal. 

Fabrication 

The new compressor uses two standard 5 kilowatt STAR motors, with maximum strokes of 
26 mm. These motors use moving rare-earth magnets, multi-pole construction, and true-radial, 
torsionally-stiff flexure suspension. All have been proven in acoustic Stirling service, but an all-
new, all-aluminum containment vessel was designed for this weight-sensitive application. It 
consists of a center body with cylinders for the central gas spring, plus two end vessels that 
enclose the motors and support the outboard compression cylinders and valve heads. Both 
spring and compression piston are combined with the moving magnets in a single, rigid plunger 
assembly, finish turned as a unit in each motor assembly to establish the several microns of 
running clearance that each uses as a wear-fi-ee working seal (refer to Fig. 1). 
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The demonstration system includes the basic compressor, power controls with safeties, and a 
closed-loop water cooling system for both the compressor motors and the compressed gas. All 
components and the system are solid-modeled to ensure packaging (Fig. 2). These auxiliaries have 
not been subjected to rigorous weight or size reduction efforts in this demonstration phase, but are 
co-mounted, separately-boxed on a common skid with the basic compressor. The power condition
ing components are particularly specialized for this application, which must run from a variable-
voltage DC battery electrical bus on a military vehicle. To achieve the alternating current required 
for the STAR motors, a synthetic, tunable-frequency sine wave is generated and used as the refer
ence for twin switching-type servo amplifiers that independently drive each STAR motor from the 
common signal and the DC input. 200 volt, 50 Hz output power is synthesized in the power condi
tioning cabinet by a secondary inverter, to provide drive power for the fan, water pump, and cold-
head motor (Sumitomo 408K). 

Sensor-based safeties are provided for temperature of the motors, cooling water, amplifiers, 
and the compressed gas, maximum pressure of the gas, flow of water, piston overstroke, over-
current, and electrical isolation. The coldhead connections and the combined helium-water fan-
coil unit are common to the benchmsirk compressor, having been sourced from a donor machine 
(Sumitomo CSA-71). 

The weight of this assembly is not optimized. A skid-mount approach was adopted to include 
the compressor, cooling and controls on a common base, but without a package integration 
activity, there is considerable redundant structure and mass. Total prototype mass is 265 kg, 
which does not yet compare favorably with the commercial baseline unit at 140 kg, despite 
its added burden of oil filters, separators, etc. Partly this is intrinsic in the larger pressurized 
volume (and vessel) of the linear machine, but is dominated by the base frame, with separate 
controls and cooling cabinets. The compressor itself, without these, is 146 kg. A comparison 
of overall dimensions reveals the impact of the prototype skid package, too. Compare the dimensions 
in Fig. 2 to 550W x 550L x 885H (mm). 

Figure 2. Solid model of prototype 8 kW oil-free liner compressor assembly. 
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1Ĥ  m. 

Figure 3. Completed compressor assembly. Figure 4. Load-flow board for mapping. 

Test Procedure and Results 

Once constructed, the compressor was subjected to approximately 100 hours of run-in and 
mapping testing during which time the optimum frequency and charge pressure were defined. The 
schedule did not provide for a mechanical iteration (modification to moving mass or gas spring 
volume) to adjust dynamics for a particular frequency, but the variable-frequency power electronics 
made it unnecessary to exactly match a line of 50 or 60 Hz. Rather, we scanned the range of 
operating conditions to identify and characterize the operating characteristics of this prototype com
pressor. This testing was done against a calibrated load orifice with flow meter and pressure sen
sors on either side, as shown in Fig. 4. 

The resulting map of delivered flow as functions of charge pressure and pressure ratio for 
operation at 56 Hz is given in Fig. 5. The design charge level of 185 psig (12.8 MPa) is flanked by 
traces at 1 Bar more and less charge pressure. A much higher charge case (242 psig, 16.7 MPa) is 
included to show the stability and range of the machine, though the limits to capacity and pressure 
ratio are also evident for such an off-design condition. 
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Figure 5. Dependence of 8 kW compressor flow on voltage for various charge pressures. 
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The optimal nature of 56 Hz at the target conditions is also shown by a frequency sweep curve 
(Fig. 6) at fixed charge pressure (178 psig/12.3 MPa). Here the actual design point is demonstrated 
(1340 litre/minute at a pressure ratio of 3.75). Actual pressures are slightly higher than the standard 
for the baseline compressor (0.66 to 2.5 MPa vs 0.54 to 2.3 MPa). Power consumption noted for 
the compressor was measured independently of the fan, pump, coldhead, and power conditioning 
equipment. Test capacity of the prototype is compared to the ratings of the production baseline unit 
in Table 1, below. 

Baseline compressor capacity as quoted by the manufacturer is 1050-1200 litre per minute at 
50 Hz and 1300 to 1400 at 60 Hz, which interpolates to 1260-1320 litre per minute at 56 Hz (where 
the prototype makes 1340). Rated power draw of the baseline unit is 7.5 kW at 60 Hz, where 
delivered flow is most comparable to this test. Corrected for pump and fan at 90 and 190 watts 
respectively, the tested oil-free compressor draws about 7.5 kW total, matching the efficiency of 
the baseline. Notably, the baseline unit draws up to 8.3 kW peak, where the modulation of the 
prototype linear compressor keeps peak draw no higher than rated power. Further improvements to 
manifolding and ducting, not within the scope of this project, can be expected to raise the linear 
unit's efficiency above the well-developed baseline performance. 

After mapping against the test load, the design point was repeated with the actual coldhead 
attached. No vacuum enclosure or coldhead insulation was available, so this test confirmed only 
that the start-up and shutdown sequences were operational and that the compressor could manage 
those transients; in addition, the successful powering of the coldhead with auxiliary inverter power, 
and steady-state cooling (accumulation of air-source ice) was demonstrated. Future testing with 
the coldhead in a vacuum chamber is planned after delivery of the compressor to Atlas Scientific. 

Table 1. Rated performance comparison of prototype and baseline compressors. 

Frequency 
Flow 

P-inlet 
P-outlet 

Power In (System) 

Baseline 
60 

1300-1400 
0.54 
2.3 
7.5 

Prototype 
56 

1340 
0.66 
2.5 
7.5 

(Units) 
Hz 

Std Litre/min 
iVIPa 
MPa 
kW 

1400.00 

1350.00 

1300.00 

i£ 1250.00 

a? 1200.00 
> 
15 1150.00 
D 

1100.00 

1050.00 

1000.00 
2.00 2.50 3.00 

Pressure Ratio 
3.50 4.00 

Figure 6. Dependence of 8 kW compressor flow on pressure ratio for various drive frequencies at 
full load current (178 psig charge, 70 amps). 
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Challenges 

This project, although successful in meeting its performance goals, has not been without 
challenges. Indeed, these challenges have, so far, prevented final qualification and shipping of 
the first unit. The issues that arose, adding time to the development, include additional 
lightweight development to reduce compressor mass and conversion from AC to variable DC 
power. The development issues include: thermal management, adhesive performance at elevated 
temperatures, and stroke sensor performance at elevated temperatures. In addition, inlet noise, 
and start-up sensitivities are areas needing fiirther development. Overall package dimensions 
and weight were given only modest attention in this effort and need attention in a next-
generation system. 

Of these, the most critical are those related to thermal management. Cooling is more critical 
in dry machines than in those with some oil present. In this machine, the presence of close 
clearance seals on large diameters makes proper thermal management even more important. In 
the design phase, we were carefiil to match thermal expansions and to use transient distortion 
control techniques adapted from our PWG practices in acoustic coolers. However, the absence 
of an adjacent heat exchanger (aftercooler) as in that experience base, combined with additional 
heat loads from the compression pistons, drove motor cavity temperatures significantly higher 
than typical in PWG duty, from about 50°C to about 70°C. The matching work was still 
functional, but we found two dependent problems. First, the LED and phototransistor of the 
optical stroke limit sensor lost sensitivity and became a source of random false shut-offs. This 
was addressed by improving the optical port reflectance and replacing the solid-state components 
with equivalents rated for service to 80°C. 

More serious was the discovery, on disassembly for replacement of the sensor parts, that the 
primary adhesive that attaches the moving magnets to the plunger suffered cracking. Review of 
the specifications for the subject adhesive (DP-460 from 3M, commonly used for bonding 
magnets in motors) showed its glass transition to occur at 65-75°C, a range we had achieved. 
Adhesive strength drops significantly above this temperature. 

Accordingly, we have entered into a recertification process with alternate adhesives to 
qualify one for this higher temperature service. We currently are testing joints with 100°C 
capacity and expect to rebuild the prototype compressor this month. In the meantime, we have 
improved the cooling at the heads and vessel on both this compressor and a similar one at the 
4 kW size, in construction in parallel under the same sponsorship. That unit (Fig. 7) incorporates 
the lessons learned on the 8 kW unit and has begun testing, with delivered capacity of 850-900 
litres per minute against similar pressures. 

Figure 7. 4kW prototype compressor. 
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CONCLUSIONS 

A new helium compressor for closed-circuit G-M cryocoolers (in two multi-kilowatt sizes) 
has been designed, built, and tested successfully. It is completely oil-free and delivers high-
pressure flows comparable to the best of well-developed conventional compressors. It is based 
on well-proven drivers (pressure wave generators) for acoustic Stirling coolers, by addition of 
secondary pistons in chambers with friction-free reed valves. Demonstrated capacity of 1350 
standard litres per minute from 0.6 to 2.5 MPa matches the requirements for a Sumitomo 408K 
coldhead, from 7.2 kilowatts of compressor input power. To date, approximately 100 hours of 
compressor load testing have been completed. Developmental issues met and overcome 
included sensor and adhesive limits in higher-temperature duty. At this writing, the initial 
prototypes (8 kw described in detail here, and a 4 kW second unit) are in preparation for delivery 
to the Air Force, and a first commercial trial unit, now under construction, has been sold. 

The future for this new class of compressors is in applications where zero contamination, 
high reliability, motion/attitude insensitivity, and minimal maintenance are prized. Military 
field-deployment of superconductors, medical imaging, and mobile and remote cryostorage 
systems are example applications. Together with their acoustic Stirling cousins, these novel 
cryocompressors bring on-site cryogenics toward appliance-like practicality. 
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ABSTRACT 

Most of the loss mechanisms in Stirhng and Pulse Tube cryocoolers are well documented and 
are relatively easy to analyze and estimate. One of these losses is related to the irreversible com
pression of gas in the cylinder, and the magnitude of this loss is such that it has a very significant 
impact on the overall system efficiency. Simple tests on a cryocooler give an estimate on the size 
of this loss, though the results of these tests include elements of other, known losses, such as 
clearance seal and pressure drop losses. The parametric variation of this 'lumped' loss suggests 
that it is not primarily due to these, or other known losses. Over a wide range of machines and 
conditions this 'lumped' loss varies with operating frequency, swept volume and pressure swing, 
suggesting that it is some kind of thermodynamic effect related to the area of the 'P-V loop in the 
compression space. 

This loss appears to be quite independent of the refrigeration cycle, and takes place in the 
ambient temperature part of the system as a result of cyclic pressure changes in a typical Stirling 
cycle geometry. The loss does depend on geometry, and is typically higher on a 'split' Stirling 
cycle machine than on a more compact 'integral' one. 

This paper looks at the experimental data that is the basis of this loss, and compares these data 
with other studies carried out on compression losses in Stirling Cycle and other reciprocating ma
chines. 

INTRODUCTION 

A typical Stirling cycle or Pulse Tube cryocooler consists of a compressor containing a recip
rocating piston and a cold-head containing a regenerator. By supplying electrical power to the 
motor the piston performs work on the gas in the compression space and the cold head uses this 
work to transport heat from the cold end to the compression end. In the ideal case, the ratio of the 
heat hflted at the cold end to the work done on the gas at the warm end would be equal to that of a 
Carnot cycle operating between the same temperatures. In practice, however, this process is subject 
to a number of loss mechanisms that either reduce the effective amount of work input into the cycle 
or place additional heat loads on the cold-end. Understanding and reducing these loss mechanisms 
is the key to producing an efficient cryocooler. 

Many of the loss processes present in a working cryocooler have been fairly well characterized 
by measurements and analyses. The data have shown, however, that these do not appear sufficient 
to account for the amount of power lost in working machines. Indeed the discrepancy is so large it 
seems to be the largest loss process for machines made in Oxford and has a profound impact on the 

Cryocoolers 13, edited by R. G. Ros.s, Jr. 
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Figure 1. Schematic of original Oxford 'split'cryocooler 

efficiency and design of tliese machines. It would therefore be highly desirable to develop an 
understanding of the physical mechanisms behind these so called 'compression losses' and hope
fully reduce them in future devices. 

For convenience, this paper relates to the classic 'Oxford' type of machine, with a moving coil 
linear motor and clearance seal suspension system; Figure 1 shows a typical machine. Compres
sion losses are not unique to this particular 'split' configuration and are also present in 'integral' 
machines with the compressor and cold head close-coupled. 

EXPERIMENTAL EVIDENCE 

Although compression losses are observed in both types of machine, one advantage of a Stirling 
cycle over a pulse tube is the possibility of independently controlling the displacer and the com
pressor piston. One possible test is to drive the compressor while holding the displacer stationary. 
Under these circumstances there is no change in volume at the cold end of the machine, the cold 
end gas can do no work and hence there is no gross refrigeration. Ideally the gas should behave as 
a spring and no power should be absorbed. The fact that there is a significant power loss is indica
tive of loss processes that are not dependent on the refrigeration cycle. We will refer to this mea
surement of 'gas spring loss' as a 'compression loss' test. 

Orlowskai carried out a thorough analysis of the losses in an early 'Oxford' Stirling Cryo-
cooler, which was a machine of 3.15 cm^ swept volume designed to give 1 watt of refrigeration at 
80 K. She carried out compression loss tests on a complete cryocooler over a range of frequency 
and strokes. The shaft work (taken as W^- i^R) was measured and found to be very linear with 
frequency (Fig. 2). 

Similar results have been obtained from every other machine built and tested at Oxford. For 
example, flirther evidence was obtained from the 'Ambient' cooler^; a machine of 4.3 cm^ swept 
volume designed for a domestic freezer and giving 60 watts of refrigeration at 253 K. The results 
of these compression loss tests give a power input for each stroke that was approximately linear 
with frequency over the measured range (Fig. 2). 

Both of these sets of results are for tests carried out on complete cryocoolers, but similar 
results are obtained when a compressor is attached to a dummy volume. In all cases the result of the 
compression loss test closely obeys: 
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Figure 2. Compression loss data for two Stirling coolers. 

W -i2R = kfApAV (1) 

where f is the frequency, Ap is the pressure swing (peak-to-peak), AV is the swept volume and k is 
a constant for a particular machine. The value of k was found to be between 0.1 and 0.2, tending to 
higher values for the traditional 'split' Stirling cooler, and lower values for an 'integral' machine. 
When compressors have been tested into a 'dummy volume', the values have been lower still. 

The behavior of machines during this test is so consistent that it has been used as an accurate 
diagnostic tool. If, for example, the value of k increases at higher frequencies, there is invariably a 
pressure drop problem, and if it increases at low frequencies, then there is excessive seal leakage. 

Inclusion of the 'compression loss' term is part of the cryocooler design process used at Oxford. 
Stirling cycle machines designed in this way have a measured performance very close to that predicted 
by the design model, and this has been foimd to be true over a wide range of sizes and temperatures. 

STIRLING CYCLE LOSS MODEL 

There are many ways of modeling Stirling cycle machines given in the literattire, mostly based 
on the classic Schmidt analysis. A simplified version of the model used at Oxford is given in 
Fig. 3; only the major loss mechanisms are shown. 

The diagram shows 'compression loss' as a separate term from the clearance seal and pressure 
drop losses. Experimentally, the 'Compression Loss' test gives a lumped value for many of the 
high temperature losses, including windage, pressure drop, heat transfer and clearance seal losses. 
To separate out these losses, it is useful to look at the parametric dependency of each one. 

Seal Loss 

Caused by leakage through the clearance seal, the loss is conventionally given by an analytical 
solution for laminar flow through an idealized seal as: 

W„, 
7iDt'(Ap)' 

(2) 
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Figure 3. Schematic of Stirling cycle losses (simplified). 

Thus, for a given machine, the seal loss is a function only of the pressure swing, and is inde
pendent of frequency. Figure 4 compares the measured compression loss of the ambient cooler at 
11.7 mm stroke with the theoretical (and ideal) seal leakage loss. It should be noted that imperfec
tions in the piston, cylinder and alignment can increase the magnitude of this loss, but there is no 
evidence that such imperfections will change its functional dependence. 

Pressure Drop Losses 

The power lost is proportional either to velocity squared (for laminar flow) or to velocity cubed 
(turbulent flow). In a complicated geometry, the total loss will be the sum of individual pressure 
drop terms; laminar flow will only be present in elements such as long pipes and heat exchangers. 
In practice the flow entry and exit terms (essentially turbulent) often dominate. The 'Apv^ terms are 
fiirther complicated by the variation of density through a cycle, but with a low volumetric compres
sion ratio, the density change is much less than the velocity change. The theoretical pressure drop 
term for the ambient cooler is plotted on Fig. 4. The calculated values plotted here are for the 
machine operating as a cryocooler with the displacer moving. In a 'compression loss' test the 
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Figure 4. Measured compression loss for the Ambient cooler at 11.7 mm p-p stroke, compared with 

theoretical values for the expected loss mechanisms. 
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Figure 5. Compression Losses for the Ambient Cooler plotted non-dimensionally as a function of Peclet 
number. This is compared with an approximation to data from Komhauser and Smith (Ref 3, Fig. 1) for the loss 
in a gas spring. The Peclet number is based on mean piston velocity, and the non-dimensional loss is based on 
the work of adiabatic compression. 

displacer is stationary, and so the mass flow through the regenerator and heat exchangers will be 
significantly less, hence the curve as plotted can be regarded as an upper bound for the pressure 
drop loss for these tests. 

Heat Transfer Losses. 

In machines of the size and operating frequency considered here, there is insufficient heat 
transfer to keep the compression and expansion processes in the compressor cylinder isothermal. 
Instead, a more general polytropic process must be assumed, and significant temperature swings 
are probable. 

Various authors have produced correlations for the losses expected in the geometry of a simple 
cylindrical gas spring. Kornhauser & Smittf described experiments with a closed, conventionally 
sealed piston, suggesting that the losses are small and the processes are nearly adiabatic. More 
recently this work has been extended to include gas inflows into the cylinder^, and concludes that 
there are increased losses compared to the closed geometry. In addition to flows to and from the 
cylinder, there is the possibility of effects due to flow through the clearance seal. Hence the equiva
lent losses in a complete Stirling cooler are difficult to predict and there is little scope for determin
ing such values other than by measurement. The authors are aware of others attempting to model 
these losses using computer based numerical methods, but without conclusive results. 

Figure 5 shows data derived from Kornhauser & Smith^, plotted non-dimensionally, together 
with equivalent values taken from the ambient cooler results; the Komhauser & Smith data are also 
plotted in Fig. 4. 

Other Loss Mechanisms. 

There are several other active loss mechanisms that should be taken into account: electromag
netic losses (eddy current, magnetic hysteresis), mechanical friction, windage, thermal loss due to 
flow mixing, heat transfer loss 'behind the piston', etc. In various machines these losses have been 
measured and usually found to be small. 

COMPRESSION LOSS MECHANISM 

The major loss mechanisms identified for these machines have well known parametric depen
dencies. The results of 'compression loss' tests are inconsistent with any of these, and there are 
three possible explanations for this. 



214 LINEAR COMPRESSOR DEVELOPMENT AND MODELING 

Firstly, it is possible that two of the mechanisms combine characteristics to give the observed 
behavior, which is a loss per cycle proportional to the compressor 'P-V area. For instance, the heat 
transfer loss (which decreases with increasing frequency) could combine with the pressure drop 
loss (increasing with frequency) to give a loss per cycle. There are two arguments against this. The 
expected theoretical magnitudes of these individual losses are much smaller than the observed 
compression loss. In addition, it seems extremely unlikely that, given the wide range of machines 
which exhibit this phenomenon, the two losses always exactly sum to give a fixed 'loss per cycle.' 

The second explanation is that it is possible that one of the other known loss mechanisms 
which we have judged to be insignificant is in fact much larger than we think. However, none of 
them appear to have the correct parametric dependency, and experimentation has so far indicated 
that they are small in magnitude. 

The third reason, and in our view the most likely, is that there are one or more loss mechanisms 
active that are not properly understood or accounted for. The functional dependence gives the 
appearance of a thermodynamic phenomenon, with a magnitude proportional to the area of the 
compressor 'P-V loop, and proportional to frequency. 

CONCLUSION 

A 'compression loss' is always observed in 'Oxford' type Stirling and pulse tube cryocoolers, 
and this is significantly higher than that predicted by existing loss mechanisms. It is postulated that 
this is either due to existing models of loss mechanisms being incorrect, or due to one or more 
unknown losses occurring in these machines. In either case data indicates behavior similar to a 
thermodynamic cycle, with the loss proportional to the work done on the gas in the compression 
space. 

Work is currently under way at Oxford to try to determine the nature of these losses, in the 
hope that a fuller understanding of them may lead to an increase in cryocooler efficiency. 
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NOMENCLATURE 

D = Piston diameter 
f = Frequency 
i = Current (rms) 
k = Numeric constant 

Lseai = Length of clearance seal 
R = Coil resistance 
t = Seal radial clearance 
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ABSTRACT 

The time-averaged mass flux through a free-piston clearance seal can cause shifts in the equi
librium piston position, which will reach an ultimate value for a given set of operating conditions if 
the piston is restrained by a mechanical or magnetic stiffness. The mass flux and resulting piston 
offsets can be particularly significant in systems where the reactive component of dynamic pressure 
on the pistons is large (e.g. where gas-spring stiffness is important). Here we derive simple expres
sions for the time-averaged mass flux through a clearance seal, assuming that the piston is acting 
against enclosed volumes on either side (i.e., is a double gas-spring) and predict the resulting piston 
offset. We consider the case of solid pistons, which have a clearance gap that is constant in time, 
and the case of hollow pistons, which can flex in response to the pressure waves and therefore have 
a time-varying clearance. We compare these predicted offsets to data on several pressure-wave 
generators, taken with the compression volumes capped (so that they resemble double-gas springs). 
Agreement with theory is excellent for most cases of interest. These results suggest that a properly 
designed piston can harness the pressure-induced flexing effect to reduce or eliminate piston drift. 
Such an "anti-drift" piston is built and tested, with promising results. 

INTRODUCTION 

The advent of high-power, efficient linear motors has enabled the development of resonant 
acoustic power conversion technology for turning electricity into sound power, or turning sound 
power into electricity, at the level of tens of kilowatts. Among the leading applications are acoustic 
cryocoolers, which are comprised of high-power resonant acoustic power sources, or pressure-
wave generators (PWGs) driving high-frequency acoustic Stirling (e.g. "pulse-tube") refrigerators. 
These cryocoolers have no cold moving parts and no lubricants, and have no required maintenance 
and no intrinsic failure modes. Figure 1 shows a typical PWG configuration, showing twin-op
posed linear motors compressing a common volume between them, and acoustic work flowing up 
through a delivery port. The reciprocating motion of these motors is ensured by the use of a suspen
sion with relatively low axial stiffness, but high stiffness against rotation or rocking motion. Thus, 
the piston's pure axial motion is guaranteed by the suspension only, and the piston need never 
contact the bearing. The acoustic isolation of the front and back volumes is maintained by a tight, 
but unlubricated, clearance seal. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. A pressure-wave generator showing twin opposed linear motors 
witli clearance-seal pistons. 

It is well known that free-piston devices of this sort are susceptible to shift of the equilib
rium piston position off-center, due to nonzero time-averaged mass flux through the seal and 
the resulting unbalanced mean pressure difference that develops across the pistons. At the 
same time, considerations such as cost and power density are tending to drive PWG designs in 
directions that increase this susceptibility. The highest power machines have a large moving-
magnet mass, which is most effectively balanced by using the reactive component of the acoustic 
pressure acting on the piston faces as the restoring force (rather than mechanical springs). 
This tends to move the design toward pistons with large frontal area, but hollow insides to 
keep them relatively lightweight. The larger piston diameter indicates a looser tolerance on 
the clearance gap. All these factors increase the time-averaged mass flux through a piston seal 
and the resulting piston offset. This offset compromises the machines by reducing their useful 
stroke. 

The following is a guide to estimating piston offset and corrective flow necessary to com
bat piston offset, in a typical pressure-wave-generator (PWG). To simplify the analysis, we 
will make a number of assumptions that are valid in the limit of small oscillations, albeit not 
strictly true at the amplitudes these machines are intended to operate. We assume: 

1. Adiabatic volumes on either side of each piston. 
2. Oscillating pressure in phase with oscillating motion (gas-spring phasing). 
3. Clearance gap much smaller than the thermal penetration depth of the working fluid. 
4. Piston and cylinder at a uniform temperature 7J,. 
5. Acoustic displacement within the clearance seal much smaller than the seal length. 
6. Drift velocity of mass flux much slower than the first-order acoustic velocity. 

The above assumptions are valid for a typical system with a nominal clearance gap of 25 
microns, a seal length of 50 to 100 mm, frequency 60 Hz, working fluid helium, and acoustic 
amplitude of less than 5%. Actual PWGs are often intended to run at acoustic amplitudes 
closer to 15 to 20%, so assumption #5 is certainly violated under nominal operating condi
tions. 

The gas outside the seal is essentially adiabatic, whereas in the seal it is essentially iso
thermal, with zero axial thermal gradient. The pistons and cylinders are typically made of 
thick-walled aluminum, so an assumption of zero axial thermal gradient in the solid seems 
reasonable. For small amplitudes, the gas in the seal spends several cycles in intimate thermal 
contact with this solid, so it seems reasonable to suppose that the gas is essentially at uniform 
temperature within the seal. There is acoustic dissipation within the seal, of course, but it is 
nearly uniform along the length of the seal and of relatively low power density with respect to 
the available solid surface area. Then the density of the gas within the seal is 
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p{x) = p, 
P(x) 

(1) 

where /?„ and P^, are the ambient density and ambient pressure, respectively, x is the axial 
coordinate along the seal, and P(x)is the total pressure as a function of position at any instant of 
time along the seal. There must be mathematical discontinuities in temperature and volume flow 
at the ends of the seal, according to this assumption, but we will ignore these for now. 

Let 
fj, = mean or charge pressure, 

p = acoustic ("excess") pressure, and 

P = P„ + p = total pressure. 

If the PWG is more or less like a gas spring, the pressure wave in front of the pistons is in almost 
perfect antiphase with the pressure in back (this is a good approximation for the biggest PWGs 
even when driving a load, and valid for our piston-drift tests, which are done with the PWGs 
capped). Then the total pressure on either side of the seal, as a function of time, is approximately 

P,.(t) = P,+p,.sm(at) 

'PB(OsPo--Pz)Sin(»0; 

where p^, and p^ are the peak acoustic (oscillating) pressure amplitudes on the compression 

(front) and bounce (back) sides of the piston, respectively. Figure 2 shows the total pressures 
labeled on either side of a piston seal, and defines the compression-space side of the seal as x=L, 
and the back side as x=0, where L is the length of the seal. The piston is shown fully forward, so 
that at this instant in time, P .̂ = PQ + Pc and Pg = Pg— PB • 

The mass flux through the seal as a function of x, assuming pure Poiseulle flow, is given by 

(2) « K x ) = ^ ^ P ( x ) . ^ ^ « 
Po 12// dx 

where/Jo is the ambient density, n is the seal perimeter, 5 is the clearance seal gap, and// is the 
working fluid viscosity. Again, P(x) is really P(x,f), but we are considering the system at one 
instant in time, when the piston is fully forward (at the 'top of the stroke'). If we assume that 
mass flux through the seal is conserved (as opposed to volume flux), and we assume that the seal 
gap is constant, then P{x) • P'ix) is constant, and the pressure as a fiinction of x in the seal is 
given by 

x=0 x=L 

Figure 2. A closeup of one piston in the pressure-wave generator shown in Figure 1, with labels 
corresponding to variables referred to in the text. 
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P{x) = P^ ^\-{L-x)lx, , P^ > P„ 

P{x) = P^ V ( i - x ) / x o - l , Pc < Ps 

P(x) = constant, P^ = Pg 

(3) 

where 

{Pc/Pj •L. 

" (Pc/Pj-i 
Using this form for Pix), the mass flux is found to be 

p,ns'{p,Ht}-P^{t)) 
m{t) = -

Po 12// 21 
(4) 

If we assume a double gas spring with an oscillating volume V^sm(cot), due to the piston 

oscillating against two possibly unequal volumes V,-. and K^, the time-averaged mass flux 

becomes, to second order in V^IV: 

m{t) £ 
Po US' P^ 

Po 12//L 2 

in these 

r{2r+\) 
Vc 

(5) 

reading first-harmonic pressures 

-PI (6) 

If we have sensors in these volumes 
p^ sinlcot) and pg sm(a>t), then this expression becomes 

'•' P.UiuL Ay ^ '̂̂  
Obviously this is strictly true only for the case of a double gas spring. The factor containing y 
would be different if, for instance, the front volume consisted only of a clearance volume 
between a piston and an isothermal heat exchanger. 

Equation (6) gives the time-averaged oscillating mass flux through the seal, at least in the 
limiting case where there is no opposing mean-pressure gradient. In a closed system, the time-
averaged flow of mass to one side of the seal means that an opposing DC pressure will build, 
opposing the time-averaged oscillating flow and causing a DC return flow. Eventually, the 
system will reach steady state, where the steady return flow caused by APj o is equal to the time-
averaged oscillating mass flux through the seal, Le. 

^2fi = -'"2,2 • (7) 

Approximating with Wj o = ^0*^2 0 > where t/j 0 is the DC return volume flow, we can write 

^2.0= POTT—7^2,0- (8) 
lljuL 

We can combine (6), (7), and (8) to obtain 

A P 2 , o = ^ f e - p l ) . (9) 
4yP, 

If the piston has area^p and is attached to a mechanical spring of stiffriess K^^ , then this second-

order pressure difference will result in a constant offset xo given by 

4yPo K,. 
(10) 

Since the time-averaged oscillating flow and the opposing DC return flow have to go through the 
same seal, the seal characteristics drop out of the final result for AP, „. Also note that if the gas-
spring system were perfectly symmetric, with equal volumes on either side of the piston, there 
should be no reason for mass to flow preferentiedly to one side or the other. 
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Flexing pistons 

If the pistons are solid, and are perfectly centered in perfectly straight cylinders, and run 
perfectly parallel to the cylinder walls, then Eq. (12) may be a good approximation of actual 
piston behavior. [There is another, minor effect which we did not consider in the previous 
derivation, which is the offset resulting from the time-averaged pressure on either side of the 
piston. Because gas springs are nonlinear, with a stiffening nonlinearity which increases with 
the fractional volume change, the pistons are pushed backward slightly if the front volume is 
smaller than the back volume. The effect is small compared to the offset caused by the second-
order mass-flux through the seal.] In large systems where gas-springing is important to the 
overall dynamics, pistons are large in diameter, making it difiScult to perfectly center them in the 
bore and make them run perfectly true, and the pistons are often hollow to make them lighter. 
Since the flow through the seal is proportional to the seal gap cubed, even minor changes in the 
seal gap can have significant consequences on the flow. We will consider one such example: the 
flexing of hollow pistons due to the pressure difference across the piston wall, and the resulting 
time-and-pressure-amplitude-dependent seal gap that results. 

Figure 3 shows a cutaway view of a piston from a 10 kW pressure-wave generator, which 
uses two opposing 5 kW linear motors with 7.25-inch diameter pistons. The pistons are 
aluminum, with a radial shell thickness of 0.25 inch, to keep them light. Figure 4(a) shows the 
same piston, with a finite-element model showing in exaggerated fashion how it might deflect 
with a 4.5 bar overpressure "external" (to the right) and an 0.8 bar underpressure "internal". 
This analysis assumes a linear pressure gradient in the seal, which is not quite right, but we will 
return to that issue in a moment. [The cylinder wall is not shown in this figure, but would run 
parallel to the text, at the top of the figure]. This is typical of what the piston might experience at 
the top of its stroke, when the pressure in the compression space is maximum and that in the 
back space is minimum. Figure 4(b) shows the piston at the bottom of its stroke, when the 
pressure difierence is maximum in the other direction: high inside the piston, low outside. 

\ \ w 
\ \ \ \ \ 

-J \ 
^̂  V, 

> ̂ r 
Figure 3. Cutaway view of a hollow piston from a 10 kW pressure-wave generator. 

(a) (b) 
Figure 4. The piston of Fig. 3, with FEA analysis showing exaggerated strains when (a) the pressure 

is high in front and (b) when pressure is high in back. 
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In each case, the back end of the piston hardly deflects at all, since the inner and outer 
diameters of the piston shell experience the same pressure at that end. The front edge of the 
piston, however, deflects a fiill 0.0004 inch or 0.4 mil inward radially at the top of the cycle, and 
0.34 mil outward at the bottom of the cycle. The nominal seal gap for these pistons is 1 to 2 mil, 
so this flexing makes the flow resistance of the seal substantially different depending on the 
direction of the pressure gradient. It will favor mass flux to the back side of the piston, since the 
seal is more open when the pressure is high on the front side, thus increasing the tendency of the 
piston to drift forward. 

To predict the effect on the time-averaged mass flux and piston offset, we begin as before, 
by considering the pressure gradient through the seal This is more of a challenge than the case 
of a constant seal gap, for as we see from Figs. 3 and 4, the seal gap may not have a simple 
analj^ic shape. Furthermore, the pressure gradient depends on the seal gap, which in turn is 
dependent on the pressure gradient. To simplify, we will assume a linearly varying seal gap, and 
ask what pressure gradient is necessary to preserve constant mass flux through the seal. Let the 
gap on the x=L side be 5^ =S^+ t^S, where ls.S is the increase in the gap due to a radial 
pressure difference A^ across the piston if the compression space pressure is high. Then the gap 

as a flmction of x is 5{x) = 5f,+—x. If mass flux is independent of x, 

P{x) • P'{x) • 6^ (x) = constant. To obtain the time averaged mass flux, it is necessary to include 
the time-varying nature of the gap as well as the pressure. Since the gap is varying with the 
pressure across the piston, the seal gap is approximately 
5{x,t) = (5(1 + (Ad/L)x• (Pf, - Pf^)sm{ci}t). The math gets more complicated because AS/Sf, is 

not small. However, if the mass flux is expanded to include terms up to {AS/S^y, it turns out 
that if the fractional pressure amplitude is not too large, the only significant terms that survive 
are first order in ASjS^ . The second order mass flux becomes 

'"2,2 = -Pa: ^fc-J)^il^fe-.»" 12//i 
and 

Ad 

(11) 

¥ f̂e. 2 \ i Ad , \2 
flj+^. . (PC+PB) AyP, '-^ " ' 2d,Ap 

Here ASjAp is the rate of radial deflection with respect to radial pressure difference across the 
piston shell, obtained from FEA or hoop stress or some other source. This approximation 
assumes the maximum outward deflection equals the maximum inward deflection, and assumes 
that the seal gap is linear in x, neither of which is strictly true (as one can see from Fig. 4). The 
first term in Eq. (12) is the original second-order mass-flux term, and the second term is due to 
the flexing piston. Since the flow through the flexing piston seal is asymmetric, the piston offset 
does not disappear if the acoustic pressure amplitudes on both sides of the piston are equal Also 
note that the first term, independent of the seal properties, is inversely proportional to the mean 
pressure. The second term, arising from the time-varying seal gap, is independent of the mean 
pressure. This gives a convenient way to distinguish effects due to variable seal gap in actual 
data, by varying the mean pressure. 

Note also that the sign of ASjAp can be made positive or negative depending on how the 
piston is shaped or oriented. If the piston were turned around so that the hollow "cup" were 
facing the compression space side, then the leading edge of the piston would experience no 
deflection, and the back end would deflect radially outward when/7c is high and inward whenpc 
is low. This would cause the two terms in (12) to have opposite signs, which suggests that if the 
amplitude of ASjAp can be controlled by proper piston design, the piston flexing can be used to 
reduce or eliminate drift. 
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EXPERIMENT 

Very simple experiments can be used to check the veracity of Eqs. (10) and (12). A pressure-
wave generator such as the one shown in Fig. 1 is driven vnth the delivery port capped, pressure 
sensors in the front and back spaces, and displacement sensors on each motor. The piston offset is 
recorded as a fiinction of dynamic pressure amplitude and can be compared directly to the predic
tions of (10) and (12). 

We first consider a small PWG with solid pistons, similar to the one shown in Fig. 1. Flexing-
piston effects should be absent, so Eq. (10) should apply. Figure 4 shows the results, for two 
different but nominally equivalent PWGs rated at 600 W / J F output, with 2-inch diameter solid 
pistons. The piston drift in both PWGs appears to be well approximated by Eq. (10), especially at 
low amplitude. For PWG #2, we see that the piston offset is indeed doubled if the mean pressure is 
halved, as predicted by (10). 

In the next experiment, we measure piston offsets and dynamic pressures for two nominally 
equivalent 10 kW PWGs, with pistons like those shown in Figs 3 and 4. Here, we expect flexing 
piston effects to dominate. Figure 6 shows the results. Indeed, Eq. (10), which does not include 
piston flexing, is a poor fit, while Eq. (12) is a surprisingly good approximation. We say 'surpris
ingly' because flexing piston results are sensitive to details of seal geometry such as nominal seal 
gap, piston bore taper, and so on, which may not be the same from unit to unit. One thing that may 
help keep variation between PWGs down is that the piston offset is the result of a second-order 
pressure difference arising from the total unbalanced mass flux through both pistons, so the effects 
of anomalies in any one piston are reduced by averaging over 2. 
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Anti-Drift Pistons 

The 10 kW data also underscores how serious the piston drift problem is in the larger PWGs. 
The pistons have a steady-state offset of over 10 mm at apeak dynamic pressure in the front space 
of 2.0 bar (with the wave in the back space at about 0.25 bar), and the maximum stroke amplitude 
for these motors is 15 mm. For the 20 kW PWGs, the drift is even stronger. Since it seems that the 
piston offset can be accurately predicted as a fimction of operating conditions and piston/seal ge
ometry, it ought to be possible (as mentioned previously) to design a piston that has just enough of 
the right piston-flexing so that the net unbalanced flux through the seal is zero, without any appre
ciable second order static pressure difference. 

We decided to test this idea on a 4 kW PWG, because calculation and measurements show that 
for this size, the two terms in Eq. (12) are approximately the same magnitude. For a standard piston 
design, this means that the pistons drift twice as much as they would if the pistons were solid. But 
it also means that if the pistons were turned around so the "cupped" side faced the front space, 
hence with the radial pressure difference across the piston shell reversed, there should be no net 
drift. The first term in Eq. (12) remains the same, but the second term changes sign. 

Actually turning the pistons around backward is a difficult modification to a PWG, but it is 
possible to reverse the pressure gradient on the piston shell by adding a piece to the existing piston. 
In the standard piston design of this (now outdated) model, the piston is held onto a piston stem by 
eight machine screws. If four are used instead, the other four holes can be used as passageways to 
an inner annulus formed by a second piece that inserts inside the original piston, as shown in Fig. 
7(a). The white arrow in Fig. 7(a) shows how fluid can enter the inner armulus through one of the 
unoccupied screw holes. The inner annulus is sealed in the back by an 0-ring. Fig. 7(a) is an 
approximation to one possible practical embodiment of an antidrift piston, shown in Fig. 7(b), 
where an annular channel is milled out of the front side of the piston, leaving an outer shell with a 
free edge on the front side, but only adding a little extra "dead volume." 

A 4 kW PWG was tested with standard pistons in place, then reassembled with "anti-drift" 
pistons of the type shown in Fig. 7(a), and tested again. The resulting piston offset data is shown in 
Figure 8. Indeed, the piston offset is dramatically reduced with the antidrift pistons. However, the 
resulting offset is not quadratic in wave pressure, but has some reversals of direction not predicted 

* ^ i : 

(a) (b) 

Figure 7. "Anti-drift" pistons, designed to have zero unbalanced mass flux through the clearance seal. 
In (a), a "standard" piston has been modified by means of an insert so that the inner diameter of the piston's 
outer shell now feels the pressure wave in the front space. In (b), a practical one-piece embodiment is 
shown. 
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Figure 8. Piston-offset data for a 4 kW PWG with first normal and tlien "anti-drift" pistons. 

by the theory. We tentatively attribute these to the sensitivity of the residual drift on details such as 
the relatively high flow resistance of the screw holes and imperfect sealing between the two parts of 
this composite piston. Pistons of the Xyps shown in Figure 7(b) have been fabricated and installed 
in the same 4 kW PWG and await testing, but data was not available in time for this publication. 

CONCLUSIONS 

The dominant mechanisms that cause free pistons to drift axially from their nominal center 
positions are explained and quantified. The equations describing piston drift are verified with 
experiments on several different sized pressure-wave generators, which use free pistons activated 
by linear motors to provide acoustic power for acoustic-Stirling cryocoolers and other thermo-
acoustic devices. The dominant mechanism for piston drift in large PWGs is found to be the 
flexing of hollow pistons in response to oscillating pressure differences across them. This phenom
enon is shown to be useful for eliminating piston drift if the piston is properly designed. 
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ABSTRACT 

Oxford style mechanical cryocoolers rely on clearance seals to prevent wear between the pis
tons and cylinders. The support structure that maintains this clearance has to handle the large pneu
matic forces that occur during operation in addition to the armature's weight. It is therefore more 
difficult to develop clearance seals that remain non-contacting during full power operation than 
when at rest. 

A standard stiction ("static friction") test only confirms that a seal does not drag in quasi-static 
operation. To measure the clearance during operation requires a precise measurement of the piston 
location at high speeds. During the early development of long life space cryocoolers. Ball devel
oped a unique system using proximity sensors that allowed for the measurement of the clearance 
gaps in real time under dynamic conditions. This system was critical to the development and veri
fication of long life design features in Ball's space cryocooler product line. 

This paper briefly describes that system and discusses measurements from the AFRL/Ball 35/ 
60 K Stirling cycle mechanical cooler that has been in life test at the Air Force Research Lab 
(AFRL) Cryogenic Technological Laboratory. The data indicate that the cooler's clearance seals 
and alignment have remained essentially tmchanged during more than 22,000 hours of continuous 
operation. 

INTRODUCTION 

During the development of mechanical cryocoolers in the mid 1990's, Ball developed an elec
tronic means of indicating the alignment of the pistons within the cylinders. Although initially 
envisioned as an assembly tool, they were so useful that we integrated them into the cooler so we 
could monitor piston clearance during full power operation. The results obtained enabled us to 
determine the factors required for the cooler to be non-contacting under load. The process working 
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Figure 1. Unless nearly perfectly aligned, a piston will twist off axis and into the cylinder wall as it 
approaches top dead center because of pneumatic forces. We added sets of internal sensors to monitor these 
lateral deflections. 

Figure 2. The three stage, Stirling cycle "35/60 K" cryocooler equipped with hermetic internal prox
imity sensors for monitoring the internal clearance gaps during the life test. 

against alignment is depicted in the cartoon in Figure 1 of an opposed pair of compressors in a 
common housing. The figure shows how a spring-supported armature compressing gas in a central 
cylinder is deflected as the pistons approach top dead center. If not perfectly aligned, the piston 
tends to tip when faced with the high pressure. As it tips, high presstire spills down one side and low 
pressure spills up the other resulting in a substantial pressure difference across the piston. The 
pressure difference results in a substantial desabilizing force on the armature and the support sys
tem must be strong enough to react this force and keep the piston from touching the wall. 

After our characterization tests' ^ were over, we decided to leave the sensors in when we sealed 
the unit to see if there were any imexpected changes during subsequent tests. The sealed unit equipped 
with sensors is shown in Figure 2. Unfortunately, after the unit was characterized we discovered a 
problem and had to rebuild a portion of our displacer, which meant that we lost our data baseline. 
But a full set of data exists for our compressor, and we will discuss it in the remainder of the paper. 

LIFE TEST AT AFRL 

The cooler was delivered to the Cryogenic Technological Laboratory at Kirtland Air Force 
Base, NM in 2000, and entered an extended duration life test early in 2001. The cooler and its 
control electronics are shown together in an AFRL thermal test chamber in Figure 3. The cooler has 
logged more than 22,000 hours of operation in the ensuing three years. Performance data has been 
presented by AFRL in other presentations.' The life test has been suspended at intervals to allow for 
characterization tests, including these recent stiction and proximity sensor measurements. 
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Figure 3. The cryocooler (foreground) and its control electronics (rear, right) installed in an environ
mental chamber at the Air Force Research Laboratory.' 

Proximity Sensor Measurements 

The sensors can be used in a variety of ways. The simplest measurement is to look at the 
gravitational sag of a static (non-operating) cooler. Next, we show the sensor output during a "quasi-
static" stiction test. Finally, we present dynamic data from an operating cooler. 

Static Fall 

The simplest possible measurement is to note the location of the piston when we lay the cooler 
on its side. Obviously, it falls "down" in the direction that happens to be below the centerline. If we 
rotate the cooler about its long axis to change the downward direction, a plot of the X and Y 
deflections results in a circle, as shown in Figure 4. Because we were free to push the piston to the 
wall when it was in assembly, we know that the magnitude of the fall is about 40% of the clearance 
gap. The circle provides direct evidence of a substantial region of clearance around the compressor's 
neutral axis. Ideally, the cooler would operate aroimd this neutral axis when operating vertically in 
1-GorinO-G. 
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Figure 4. Cl's piston gravitational sag as monitored by a pair of orthogonal sensors as a horizontal 
cooler is rotated around its long axis. From data taken at AFRL, September 1998. 
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Figure 5. A stiction plot for the 2"'' Ball compressor armature, January 2004. 
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Figure 6. An example of the apparent but spurious radial motion in x and y directions during a stiction 
test that is actually a result of imperfections in the sensor target. 

Stiction 

The next interesting measurement is to monitor the apparent radial location of the piston as it 
moves axially during a stiction test. Ideally, we should see nothing as the piston travels straight 
down the cylinder. But actually, the proximity sensors show false signals because their targets are 
shifting along imderneath and they end up looking at different regions of the target. These false 
signals are really imperfections in target form and alignment, and we record them during the stic
tion test. 

Stiction tests are a good way to detect if the alignment has completely failed and the piston is 
actually rubbing along the cylinder. In the test the compressor is driven axially over its stroke very 
slowly to avoid pressure hysteresis. Then, a plot of axial position against current opens into a 
hysteresis loop. The loop opens because friction always opposes the motor force, so the force at any 
point will depend upon whether the piston is moving to the left or to the right. A recent stiction plot 
for compressor 2 is shown in Figure 5. The spurious x and y radial displacements taken from the 
proximity sensors during the test are shown in Figtire 6. 

The apparent radial motion of C2's piston during the stiction test is shown in Figure 6. We 
know from tests during its assembly that the apparent motion in Figure 6 is spurious and that the 
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Figure 7. A plot of radial motion in the Y direction when the cooler is operating normally, as a function 
of charge pressure. We were able to manipulate the pressure before it was sealed. 

piston actually travels in a straight line. The shifts in Figure 6 are due to imperfections in the target. 
We re-measured these patterns recently and found that they were, as expected, the same as when the 
cooler was built. This is essentially a background that has to be subtracted from the signal recorded 
for an operating cooler. 

Dynamic Operation 

The next step is to observe a cryocooler operating at power. A good example of what can be 
seen is shown in Figure 7 and discussed further in Reference 1. For reference, the available clear
ance (vertical axis) in this and subsequent figures is just short of ± 1 unit, and full stroke corre
sponds to ± 5 units on the horizontal axis. 

The four traces illustrate three characteristic of the changes in the piston's radial motion as a 
fiinction of charge pressure, as the compressor operates at full stroke at 36 Hz. First, the sideways 
deflection at top dead center (to the right in Figure 7) only occurs when there is a substantial pres
sure in the cooler, validating the model discussed in conjunction with Figure 1. Second, the curves 
often have other oscillations on them reflecting various damped armature modes. Finally, they are 
extended. We know that if a piston touches the wall its pattern shrinks significantly. 

Recent Dynamic Measurements 

We can no longer manipulate the cooler's pressure because it is sealed. But we can measure 
the dynamic excursions at comparable strokes and compare them with similar measurements made 
when the cooler was first built. We present our results in pairs. Figures 8 and 9 for compressor 1, 
and Figures 10 and 11 for Compressor 2. The first member of the pair was recorded in 1998, and the 

"fVH^^^f^i&^^^^^p. ̂  »*M»alx^ 

Figure 8. The x and y lateral motion in compressor 
CI as a function of stroke when it was built, 1998. 

Figure 9. The x and y motion measured in 2004, is 
similar both in magnitude and in general form. 
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1.0 H 

Figure 10. The x and y lateral motion of compres
sor C2 as a function of stroke when it was built in 
1998. 

Figure 11. The x and y lateral motion of C2 as it 
appears today (2004) is again similar in magnitude 
and in general appearance. 

second member was recorded in February, 2004. Both coolers are running at 90% stroke, at 36 Hz, 
at similar pressures, and in a vertical orientation. We see that the signals are similar in magnitude 
and appearance. As far as we can tell, there has been no substantial change in operation over the 
intervening years. 

SUMMARY 

Ball Aerospace equipped its engineering model 35/60 K Stirling cryocooler with internal prox
imity sensors. They were initially developed for aligning the cooler and for understanding the pneu
matic forces that tend to push the pistons off center. But we left them in when we welded the cooler, 
something we don't ordinarily advocate, so we could monitor the cooler during its life test. In a 
flight cooler the information gained would not be worth the added risk and complexity of adding 
the sensors. 

AFRL is conducting an extended duration life test of the Ball 35/60K multistage Stirling cycle 
mechanical cooler. At present, the cooler has logged more than 23,000 hours of operation. As part 
of this life test we are watching the proximity sensors for changes over time. It is comforting that 
recent measurements are similar to those taken when the cooler was first built. Although we should 
not be surprised, it is still amazing that a mechanism that has flexed nearly 3000 million times 
repeats its trajectory to within a fraction of a thousandth of an inch. 
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ABSTRACT 

Long-life, highly reliable and low-cost miniature Stirling cryogenic coolers are the core 
components in a wide variety of cryogenically cooled electro-optic, high temperature super
conductive and vacuum applications. The linear compressors of such coolers are known to be the 
major source of harmful vibration disturbances affecting the operation of these inherently 
vibration sensitive systems. 

The dual-piston approach to the design of the linear compressor yields intrinsically low 
vibration export and, therefore, is widely accepted across the industry. However, the residual 
vibration export originated from unavoidable technological tolerances, natural wear and 
contamination cannot be completely eliminated. 

The ultra-low vibration export from a dual-piston compressor may be attained using active 
balancing. A dedicated digital controller normally relies on internal sensors (e.g. LVDT) for 
direct measuring of the pistons' motion or an external sensor (e.g. accelerometer or load cell) for 
measuring the residual vibration export. This eventually complicates the entire design and makes 
the cooler more expensive and less reliable. 

The authors disclose the recent efforts made by Ricor towards the development, 
implementation and testing of a sensorless adaptive feed-forward controller for the balancing of 
dual-piston compressors. In this novel approach, the detection and synchronization of the 
pistons' velocities relies solely on the real-time data acquisition (motors' voltages and currents) 
and the general model of the linear "moving coil" or "moving magnet" motor. 

The attainable performance of the controller was evaluated through the full-scale testing 
performed on the Ricor model K535 linear dual-piston Stirling cryogenic cooler. 

INTRODUCTION 

Linear Stirling coolers normally comprise a linear compressor providing for the pressure 
pulses and the reciprocal volumetric change of the working agent (typically Helium) in the 
expansion space of the cold fmger. 

Cryocoolers 13, edited by R. G. Ross, jr. 
Springer Science+Business Media, Inc., New York, 2004 2 3 1 



232 LINEAR COMPRESSOR DEVELOPMENT AND MODELING 

The above linear compressors are typically driven by the linear "moving coil" or "moving 
magnet" motors. In the "moving coil" linear actuator an alternating current is passed through a 
coil attached to a piston assembly and located between the poles of a stationary permanent 
magnet. In a "moving magnet" approach the coil is fixed and the permanent magnet is attached to 
the piston assembly. 

Since such coolers are often used in cryogenically cooled and inherently vibration sensitive 
electro-optic, high-temperature superconductive and vacuum applications, the issue of exported 
vibration originated by the imbalanced motion of the compressor's internal components becomes 
a concern governing the entire design approach. Nowadays, the above vibration export is 
typically controlled using a dual-piston design featuring a pair of opposed compressors arranged 
back-to-back with their pistons driven by the common current and, therefore, reciprocating in an 
opposite mode. In such a design, because of the common current and shared compression space, 
some sort of self-synchronization takes place and the vibration is virtually eliminated due to 
quasi-synchronized counter-motion of the above pistons. This simplest approach became 
prevalent across the industry and is used by the vast majority of the cryocooler manufacturers, 
including AIM, Astrium, BEI, DRS, Hymatic, Leibold, Matra-Marconi, Raytheon, Ricor, and 
Thales. 

This method, however, does not allow for receiving deep dynamic balancing due to the 
unavoidable asymmetry of the opposite compressors (dissimilar wear, friction factors, spring 
constants, clearance seals, force of permanent magnets, etc.). 

Better performance might be attained by connecting the opposed compressors in parallel, 
with the possibility of accurate manual adjustment of the relative phase and amplitude of the 
driving voltages to the compressors in order to provide for a minimum dynamic force export. 
The performance of such a balancing, however, strongly depends on the ambient temperature, 
heat load and spatial orientation of the cooler. Since the motors' currents in such a design are 
independent, the compressor losses the above self-synchronization feature. Moreover, this 
approach is not viable for controlling the vibration export at higher-order harmonics. 

Another, more expensive, yet much more efficient solution is based on instant monitoring 
followed by the active adjustment of the motion of the pistons, relying on the system of 
automatic control producing the separate voltages to drive each motor. In this approach, one of 
the two back-to-back compressors is designated to be a ''Master" and other one to be a ''Slave." 
The "Master" motor is driven by the sinusoidal signal, the magnitude of which is determined by 
the temperature controller with the purpose of automatically maintaining the desired temperature 
of the cold finger tip. The "Slave" motor is driven by a voltage composed with the purpose of 
canceling the overall vibration export. In other words, the "Slave" compressor may be thought of 
as an active balancer relatively to the "Master" 

Obviously, the proper operation of such an active controller should rely upon an appropriate 
"Observer" evaluating the mentioned vibration export. There are two known approaches to 
implementing the above "Observer." 

The first one relies on using the resultant vibration estimator, e.g. external load cell or 
accelerometer. " There are some disadvantages related to using such an approach. To start with, 
such sensors and dedicated signal conditioners are quite expensive and have to be of a high 
quality to ensure monitoring of relatively low levels of vibration with high signal-to-noise ratio 
(especially when approaching low vibration levels). Further, there exist particular transfer paths 
between the actual force export and measured vibration signal. In some instances, depending on 
the djTiamic properties of such a path and, therefore, the transfer functions involved, the entire 
active control system appears to be too sensitive or even unstable. Adding the correction 
circuitry may be helpful, but requires the preliminary knowledge of the dynamic properties of the 
host structure and, quite often, the on-site adjustment involving finding optimal placement for 
the vibration sensor and tuning the active controller. A final, additional possible complication is 
related to the presence of the vibration export from the cooler's expander, which becomes the 
dominating source after the vibration export from the compressor is essentially cancelled. Since 
the motion of the expander is lagged by approximately 90 degrees relative to the piston's motion. 



SENSORLESS BALANCING OF DUAL-PISTON COMPRESSOR 233 

it becomes impossible to provide for appropriate compensation. This leads to confusion of the 
controller and extra instability in its operation. 

The second method relies on using pairs of motion sensors, (e.g. LVDTs, capacitance 
sensors, accelerometers) performing direct monitoring of the piston's motion. This method 
potentially yields much more accurate and stable active vibration control which, in this instance, 
is inherently independent of the d)Tiamics of the host structure and vibration produced by the 
other components of the cooler. The obvious disadvantage is the need for the extra expense of 
two additional sensors and dedicated signal conditioners, feedthroughs, modification of the 
existing coolers, etc. 

In this paper, the authors disclose the recent efforts made by Ricor towards developing a so-
called sensorless approach to the balancing of dual-piston compressors in which the detection 
and synchronization of the pistons' motion relies solely on the general model of the linear 
"moving coil" or "moving magnet" motor and real-time monitoring of the motors' voltages and 
currents. The entire approach is based upon the idea of using a linear motor as a velocity sensor, 
as, for example, is discussed in [5] in relation to the stroke control in a single-piston compressor. 

EQUIVALENT ELECTRICAL CUIRCUIT OF THE LINEAR MOTOR VELOCITY 
EVALUATION 

The equivalent electrical circuit of an ideal linear "moving coil" or "moving magnet" motor 
can be effectively thought of as a series connection of a voltage source, resistor, inductor and 
back-emf source [6-9], which is governed by the well-known equation: 

L^ + RI + a— = U, (1) 
dt dt 

where L and R are the motor inductance and active resistance, U is the driving voltage applied 
across motor terminals, / is the current through the motor coil, a is the motor velocity/voltage 
or, alternatively, force/current constant and X is the piston displacement. 

Using indices "m" and "i'" for the "Master" and ''Slave" opposed motors, equation (1) 
yields: 

"• dt "• " "' dt ' ' dt •' ' ' dt ' ^ ^ 
from which follows the simple rule for evaluating the piston's velocities: 

d^m _Um- K dI„Jdt - RJ„ dX, _U^-L^dIJdt-RJ ^ 
dt «,„ ' dt or. 

This relies on the motor's currents, voltages and the major motor's parameters, such as 
inductance, resistance and motor volt/velocity or force/current constants [5]. It is obvious that the 
accuracy of the evaluation of the velocities and, therefore, balancing performance depends 
strongly upon the accuracy of the evaluation of the above constants. 

IDENTIFICATION OF MOTOR CONSTANTS 

The values of the inductance and resistance of the motor were experimentally defined, based 
on measuring the stalled motor impedance at different currents and axial positions. 

From experiment undertaken with the linear motor of a Ricor K535 cryogenic cooler, the 
value of the coil active resistance conducted at an ambient temperature of 23°C was found to be 
0.4 Ohm for either motor practically independent of the piston position. The active resistance of 
the motor coil follows the well-known rule R = R^{\ + J3AT), where R^ is the coil resistance at 

reference temperature, J3 = 0.0039 deg"' is the temperature coefficient of electrical resistance for 
the High Conductivity Copper and AT is the temperature difference with regards to the 
reference temperature. 
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From experiment, the value of the motor inductance varies slightly from 5.6 mH to 5.8 mH 
depending on the piston position. It is important to note that this value is practically independent of 
the coil temperature and current. 

Static evaluation of the force/current constant yielded a = 8.8 N/A practically independent of 
the coil temperature and current. 

The above experimentation has shown that the motor's parameters which are required for 
calculations per Equations (3) are practically independent of the magnet axial position, motor cur
rent and temperature'', although not the coil resistance, which, however, may be easily compensated 
for. 

EXPERIMENTATION ON ACCURACY OF INDIRECT VELOCITY EVALUATION 

Experimentation on the accuracy of the indirect measurement of the piston velocity has been 
conducted at a nominal driving frequency of 50Hz. 

Figure la shows the schematics of the experimental rig where the linear motor (1) of the Ricor 
K535 cryogenic cooler was mounted upon the fixture (2) attached to the Newport pneumatically 
vibration isolated table (3). For the reference, the velocity of the piston assembly was directly 
monitored using the Bruel & KJKr Type 4383 accelerometer (4) and Type 2635 Charge Amplifier 
(5) operating in the Integrator mode. The motor was driven by the sinusoidal signal produced by the 
digital controller (6) relying on the National Instruments 7030/6040 E-series RT MIO board (see 
http://ni.com) using one full-size PCI slot of the dedicated PC (7) and running under the National 
Instruments Lab View software. The electrical signal produced by the above controller through the 
power amplifier (8), relying on two off-the-shelf Advanced Motion Control series 50A servo am
plifiers Type 50A20 and FClOOlO filters (see http://www.a-m-c.com), as shown in Figure lb, was 
supplied to the motor, the voltage and current of which were sensed by the dual-channel multimeter 
(9), as shown in Figure Ic, supplying the appropriate voltages to the above controller for the indi
rect evaluation of the motor velocity using Equation (3). The reference signal produced by the 
accelerometer was supplied to the controller for comparison. 

a) c) 

Figure 1. Experimentation on accuracy of indirect velocity evaluation. 
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±4 mm stroke ±1 mm stroke 

Figure 2. Accuracy of indirect motor velocity evaluation 

In the course of experimentation, the motor parameters were treated as the tuning parameters 
and varied slightly around the values obtained from the above experimentation. As a result of 
this variation, the best fit was achieved at maximum stroke and then experiment was repeated at 
smaller strokes. 

Figure 2 shows typical results of experimentation at ±4rrmi and ±1 mm strokes, respectively, 
where solid lines correspond to the velocity signal produced by the accelerometer and squares 
show that obtained using the calculation procedure per equation (3). 

CONTROL ALGORITHM FOR ACTIVE BALANCING 
Provided that the pistons have identical masses, the balancing would be accomplished if the 

above opposite pistons follow identical waveforms. This is typically achieved by matching the 
magnitudes and phases of the pistons' motions at the distinctive frequencies, namely, at the 
driving frequency and its higher harmonics. 

This leads to a narrowband frequency control where the evaluation of the above harmonics 
may rely upon heterodyne filtering showing intrinsically exceptional performance in terms of 
being insensitive to the external disturbances such as shock, vibration and other disturbances 
containing frequencies equal to the driving frequency and its harmonics. 

Since external temperatures and heat loading upon the cryogenic cooler vary slowly, the 
balancing controller may be relatively slow and, therefore, an adaptive feed-forward control with 
a least mean square (LMS) algorithm is quite suitable for our purposes. The basic theory behind 
the feedforward control using an LMS algorithm and its practical implementation can be found 
in references [9-13]. 

Figure 3 shows the schematics of such a controller, where a is the angular driving 
frequency, the numerical value of which is supplied to Generator_l producing two voltages, 
namely s\n cot and cos at, One of these is used to drive the "Master" motor through the master 
power amplifier PA„, the amplification factor of which is governed by the temperature FID 
controller comparing the current and the reference temperatures T and T^^j, respectively. 

The voltage and current of the ''Master" and "Slave" motors are then sensed using the 
appropriate multimeters and supplied to the Master and Slave Velocity Estimators calculating the 
velocities X,„ and X^ using equations (3). 
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Figure 3. Adaptive feedforward control with heterodyne filtering 

The two above voltages, sin of and cos cot, produced by Generator 1 are also supplied to 
Geterodyne_l for the spectral analysis and evaluation of errors which are the actual differences 
between the sine and cosine components of the fundamental harmonics of the "Master" and 
"Slave" pistons velocities, namely: AX,J' and AZ,''. These errors are then supplied to the inputs 
of the PID controllers PIDi„ and PIDij, the outputs of which, after summation, are supplied to 
the "Slave" power amplifier PA .̂ The above controllers are tuned in such a manner as to 
eventually minimize the above errors, thus providing for a dynamic balancing of the fundamental 
component of the vibration export. 

Similarly, the higher-order harmonic components may be eliminated. In Figure 4, the control 
is limited by n harmonics, as defined by the initial vibration export, application requirements and 
available computational resources. 
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PRACTICAL EVALUATION OF SENSORLESS BALANCING CONTROLLER AND 
EXPERIMENTATION ON ATTAINABLE PERFORMANCE 

Figure 4 portrays the experimental rig (a) and its schematics (b). The Ricor K535 dual-
piston linear Stirling cryocooler (1) was mounted upon the pneumatically vibration isolated 
Newport table (2) using the multi-component Kistler 9347B force link (3). Electrical output of 
the dynamometer through the Kistler charge amplifier Type 5010A (4) was passed to the Data 
Physics ACE Signal Analyzer (5) occupying the PCMCIA II slot of the dedicated notebook. 
This arrangement was calibrated and used for measuring the vibration export produced by the 
above cryocooler. 

The two independent AC voltages were produced by the controller which was implemented 
as a National Instruments LabVIEW stand-alone application running on the above NI PCI 
7030/6040 real-time board installed inside the dedicated PC (6). These voltages were then 
supplied to the above dual-channel power amplifier (7) through the coimection box (8) and 
further used to drive the '^Master" and "Slave" compressors, respectively. 

Figure 4. Experimental rig. 
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The multimeter (9) was used to monitor the motor's currents and vohages. The analogue out
puts of the multimeter were then passed to the A/D inputs of the controller through the connection 
box. The electrical signal of the thermocouple (10), which was mounted upon the cold finger of a 
cryogenic cooler, through the conditioning amplifier (11), was supplied to the controller. This al
lows for the cooler operation in a closed loop mode. 

Figure 5 shows the performance of the above controller maintaining the cold finger tempera
tures of 90 K and 60 K. Firstly, the cooler was driven using the above common current mode. Under 
these conditions the net power consumption was 30 W and 60 W, respectively. The vibration ex
port produced in the above two cases is shown in Figure 5a,b. Then the cooler was driven using the 
above explained balancing controller suppressing the first two harmonics of the vibration export. 
Under these conditions the net power consumption remained 30 W and 60 W, respectively. The 
vibration export produced in this case by the balanced cooler is shown in Figure 5c,d. From Fig
ure 5, the vibration export at the driving frequency was 23 and 27-fold reduced, and the vibration 
export at the first harmonic was 15 and 17-fold reduced. 
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Figure 5. Performance of balancing controller at steady-state mode. 
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Figure 6. Performance of balancing controller at transient processes. 

Figure 6a shows the stability of the controller performance both in terms of vibration cancella
tion and cold finger temperature stabilization dtiring transients produced by periodic switching 
from "Vibration controller ON" to "Vibration controller OFF" modes. Figure 6b shows the perfor
mance of the balancer controller during the transition from the cold finger temperature of 60K to 
90K. From the above experimentation, the controller operation is quite stable and jdelds sufficient 
performance in terms of vibration and temperature control. 

Also, it is shown that the temperature control, which is still the main feature of the controller, 
is not affected in any way by the balancer operation when in steady state. Weak deviations of the 
temperature from a required value were observed only during transition period. 

CONCLUSIONS 

The quasi-sensorless balancing method has proven to be feasible for active vibration control of 
the linear twin-piston compressor of the cryogenic cooler. Further efforts wiU be aimed at develop
ing the temperature compensation and implementation of such an approach using a miniaturized 
industrial compact controller. 
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ABSTRACT 

Low vibration Stirling cryocoolers often rely on dual-piston linear compressors, the known 
disadvantages of which, as compared to their single-piston rivals, are: low reliability, increased 
power consumption, price, bulk, sensitivity to external vibration and g-forces. However, because of 
the inherently low level of vibration export, as required in numerous vibration sensitive electronic 
and electro-optic applications, the dual-piston approach has become prevalent in today's industrial 
practice. 

The authors report on the novel patent pending approach to the passive control of a fundamen
tal component of a vibration export from a single-piston compressor down to the levels typical for 
the actively controlled dual-piston rival. The technique relies on the principle of dynamic counter
balancing, where an auxiliary movable mass is, on the one hand, flexibly attached to a movable 
piston assembly and, on another hand, to the stationary compressor casing using auxiliary mechani
cal springs. The proper design of such a "spring-mass-spring" counterbalancer yields zero vibration 
export at minimum electrical power and current consumed by the motor. 

Based on the theoretical analysis, the design of the single-piston compressor of 1 W at 77 K 
Ricor model K529N Stirling cryocooler was enhanced by adding such a counterbalancer. The ob
tained experimental results are in full agreement with the theoretical prediction. From experiment, 
the vibration export at driving frequency was reduced 57-fold at practically the same electrical 
current and power consumption as compared with the basic cooler. 

INTRODUCTION 

Linear Stirling coolers typically comprise a linear compressor providing for the required pres
sure pulses and the volumetric reciprocal change of a working agent (Helium, typically) in the 
expansion space of the cold finger. 

The above linear compressors are typically driven by linear motors of the "moving coil" or 
"moving magnet" types. In the "moving coil" linear actuator an alternating current is passed through 
a coil attached to a piston assembly and located between the poles of a stationary permanent mag
net. In a "moving magnet" linear actuator the coil is fixed and the permanent magnet is attached to 
the piston assembly. 

The single-piston linear compressors are known to be major sources of harmful vibration ex
port, which is produced by the cryogenic coolers. This is caused, primarily, due to an unbalanced 
motion of the moving piston assembly, where the resulting vibration export is, in essence, the force 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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of inertia developed by the moving parts with the magnitude being the product of the total moving 
mass, the magnitude of reciprocation and the driving frequency squared. The above imbalance 
leads to an essential vibration export comprising a well-pronounced fundamental frequency com
ponent, along with comparatively small higher-order harmonics. Since the prior-art designs do not 
allow for canceling such vibration at the source level, it is inevitably exported into the supporting 
structure to which the cooler is normally rigidly attached. 

The simplest known approach to minimize this force relies on reducing the moving assembly 
mass, piston stroke and driving frequency. However, in so doing, the force export may be reduced 
to a particular limit only. 

Another approach is based on using internal vibration isolation when the cylinder assembly is 
flexurally mounted inside the compressor casing and the gas transfer from the above movable 
cylinder assembly to the stationary casing relies on the flexible transfer line.' By choosing the 
natural frequency of such a vibration isolator to be well below the driving frequency, the vibration 
export may be essentially reduced. The drawback of such an approach is that under severe environ
mental conditions, such as shock, wideband random vibration, sine vibration with variable fi:e-
quency and high g-forces, the above cylinder assembly is capable of developing excessive dynamic 
deflection damaging the internal transfer line along with the compressor interior. Tight tolerances, 
imposed on the free rattle space, call for the use of a stiff and heavily damped internal isolator, thus 
diminishing its performance. Additional drawback is that the lifetime of the internal flexible trans
fer line is limited. 

A further approach is based on the principle of external vibration isolation when the entire 
compressor is supported from the enclosure of a cooled device using a compliant vibration-isolat
ing and thermo-conductive interface. Examples of such an arrangement are disclosed, for instance, 
in US patents 5,129,232 and 5,864,273.2.3 The known disadvantages of this approach are: compli
cation of the mechanical design, increase in mass and bulk, sensitivity to external vibration, shock 
and g-forces, additional heat load on the cooler, complicated heat sinking and, therefore, degraded 
cooling performance. 

In US patent 5,895,033'' it is shown how a tuned dynamic absorber may be applied to the 
vibration protection of the sensitive equipment mounted in close proximity to the Kner compressor. 
In this approach, the natural frequency of an auxiliary undamped spring-mass system, which is 
externally attached to the compressor housing, has to be precisely equal to the driving frequency. 
Since the compressor housing is normally attached rigidly to the system's enclosure, the known 
disadvantage of such an approach is that the relatively bulky dynamic absorber (20% of the entire 
system, typically) is required in order to achieve the desired vibration control. Further known disad
vantages inherent to this approach are high sensitivity to even a small variation in the driving 
frequency and to environmental vibration and shock. 

A combination of a stiff and heavily damped vibration isolation mounting and a tuned dynamic 
absorber is disclosed in^ and US patent 4,860,543.* Using an optimally stiffened and damped 
vibration isolator allows the use of an essentially smaller dynamic absorber (20% of the compressor 
mass, t3T5ically). However, the above-mentioned sensitivity to the driving frequency, complication 
of mechanical design, heat sinking and degraded performance of such an arrangement, prevents 
this approach from being used in many practical applications. 

Recent US patents disclose active vibration cancellation systems containing a vibration sen
sor, sophisticated digital controller and an actuator, as may be seen, for example, in US patents 
5,582,013 and 6,169,404.''-8 guch active systems yield very accurate suppression of vibration dis
turbance produced by the compressor. The disadvantages of this approach are, however, higher 
costs and bulk, lower reliability, additional power consumption in use and, consequently, addi
tional heat emission. 

The vibration export from the linear compressor may also be eradicated using a dual-piston 
design where the fine balancing of the fundamental and higher-order harmonics is usually attained 
by an active control system relying on appropriate sensors and a sophisticated digital controller, as 
disclosed, for example, in US patent 5,535,593.' This approach to vibration control in the linear 
compressors of Stirling cryogenic coolers has become prevalent in today's industrial practice. The 
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Figure 1. Dynamic model of a single-piston linear compressor with dynamic counterbalancer. 

known disadvantages are, however: increase in price and bulk, decrease of reliability, cryocooler 
efficiency and excessive sensitivity to the g-forces. 

It is, therefore, our primary objective to practically eliminate vibration export from the linear 
single-piston compressor of a Stirling cryogenic cooler without compromising the power consumed 
by the compressor motor while incurring minimally increased construction costs, allowing said 
cryogenic cooler to be sold at practically the same price as is prevalent today for prior-art coolers. 

The above objective may be achieved by using a passive auxiliary "spring-mass-spring" 
counterbalancer, as detailed below. 

DYNAMIC MODEL OF A SINGLE-PISTON LINEAR COMPRESSOR WITH DY
NAMIC COUNTERBALANCER 

In Figure I, the piston assembly of total mass mO is driven by the force F(t) = a., where a is the 
motor force/current constant and i is the motor current. It is important to note that the above driving 
force is applied to not only the piston assembly, but also to the compressor housing, as shown in 
Figure 1. The exact definition of gasodynamic forces produced by the piston motion is quite com
plex and determined by the entire cooler thermodynamics. A detailed knowledge of these forces, 
however, is not required for the purpose of the present study. In a simplistic approach'", the entire 
gasodynamic interaction of the piston and the cylinder head may be thought of as a linear parallel 
spring-dashpot combination kg and c^. The counterbalancer of total mass m^ is driven by the piston 
through the first auxiliary spring having spring rate k^ and flexibly attached to the stationary hous
ing using the second auxiliary spring having spring rate k^. The piston and counterbalancer motions 
are Xg{t) and x,(0, respectively. 

The equations of motion"''^ take into account the interaction of mechanical and electrical 
subsystems; these are: 

d X,. 

° df 

d^x, 
m. —r^ 

' d^ 
. di „. dx„ 

dt dt 

+ kffXfj + c—- + kf (x„ - x,) = ai, 

+ A", (x, -Xfi) + k^x^ = 0, (1) 

The vibration export may be easily calculated as a stun of all forces applied to the housing, 
that is: 

Q{t) = -kf^x^, -c-f- + f{t)- kjX^ = -K^o -c—^ + ai-k^x^ 

From equations (1) and (2), 

e(0=«„^+«,$^ 

(2) 

(3) 

which is, in essence, the sum of the inertial forces developed by the moving masses. 



244 LINEAR COMPRESSOR DEVELOPMENT AND MODELING 

From equation (3) it is seen that vibration export from such a compressor should be absent if 
the piston and counterbalancer reciprocate oppositely and the magnitudes of their reciprocation 
are related to the mass ratio, that is: 

d \ 
(4) 

° dt' ' de • 
It is evident, that developing such a dynamic counterbalancing requires optimal tuning of its 

parameters, namely: the mass and rates of the two auxiliary springs. Now we turn our attention to 
finding such optimal parameters. 

To start with, we make a transition into the frequency domain: 

x„(?) «* X „ ( 7 ( B ) , X , (/) = X|(y'(Sj);j(r) <:i>7(7"(y) and «(/)<=> {/( jo) , where y = V-1 and co 

is the driving frequency. From equations (1), the appropriate complex spectra are: 

a[-m,w'+k,+k,) 
X„(i«) = ^ Tu—s -U{iO}), 

X,{i£u) = 
ak, 

D{jco) 
U{ico), (5) 

I [10)) = - r ^ Uiuo), 
^ ' D{jco) ^ '' 

where the complex determinant is 

D(^jei)) = [Lia> + R)\ (-m^m^ +kg+k^ + c„im)(-mia^ +k, + k^j-kf l + itaa^i-mfi)^ + k,+ k^j. 

From equation (4), the vibration export is absent if 

X„{jo})m„o}^ + X^{j(o)m,o)^ = 0 . (6) 

Using equations (5), from the condition of absence of vibration export (6) we find the simple 
condition of the compressor counterbalancing 

or 

, l-mfi)'' +k^ +kA + k^m^ = 0 

m.a^ -k. 

rrir, + m, 
(7) 

which is very important for the further analysis. This condition does not contain the parameters 
of the gasodynamic loading: gas spring rate i„ and dashpot damping c„. Such a compressor, 

therefore, will always be balanced independently of the ambient conditions and heat loading. 
On the other hand, the above counterbalancer may be thought of as additional dynamic 

loading to the linear motor and, if improperly designed, may have a negative impact upon the 
motor current and power consumption. Now, therefore, we turn our attention to finding a spring 
rate k^ so as to maximize the motor COP. 

Without loss of generality, we consider further that the complex spectrum Ui^jco) in 
equations (5) is purely real, that is U{j6)) = U ( « ) , where V[co) is the voltage magnitude. 

From equations (5), the appropriate magnitudes are: 

X((») = 
a(-m,ci)^ + k,+ k-,] 

U(ft)), X , ( « ) = 
ak, 

D{jco) 

i-nifP^ +kf^+ k^ + Cf^jcoM-m^co^ + A, + kA-k^ 

D{jco) 

D[ja>) 

U ( « ) 

U ( « ) , 

(8) 
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From equations (8), we find the magnitudes of the voltage U*((B) and current I* («) , 

which are required to support the desired magnitude of the piston motion A . These are: 

U*(ft.) = A 

A- -k^ +k^\ 

!*(«) = A 
y-m^fi)^ -f-̂ o +k^ + cjani-mfi}^ +k^ +k^\-kl 

ai-mfiZ + k^ +kA 

Using equation (7), for the counterbalanced motor we find fi:om equations (5) and (9) 

l{ico) = 
(-k2mfjR + kgW^R - c^a^m^L\ + ja)i-k2mgL + kf^m^L + a^m^ + c^m^R\ 

(-k2mgR + kgin^R - c„a)^m,L] + ja(-k2mgL + kf^m^L + a^m^ + c^m^Rj 

uH, 

V'{co) = A 

Further, the power consumed by the motor'^ is: 

(9) 

(10) 

(11) 

(12) 

2a-m; (13) 

x\(-k2m„R + kgm,R-Cga)^m,L)[kgmj -k2mg) + Cjim,a>^(-k2m„L + k^rrifL + a^nt, +c„/«,i?j 

It is important to note that the magnitude of the current and the power consumed by the 
balanced motor simultaneously take minimum values 

W = - R e [ [ / ( > ) / ( 7 f f l ) ] . 

W = 

Using equations (12), (10) and (11) we find: 
Â  

Imin ^ „ 

a 
W™" = 

A V C , 

2 a ' 
•{Rc„+a') 

when 

k -k ^ 

From equations (9) and (15), the choice of the counterbalancer springs in the form 

k,=-
( 

V 

k ^ 

mo) 
k -k ^ 

(14) 

(15) 

(16) 

yields not only zero vibration export, but also minimizes the net electrical power and current 
consumed by the motor. 

It is important to note that absolutely the same values for current and power consumption 
may be obtained for the single-piston compressor with no counterbalancer attached and tuned to 
resonate when k^ = OT„«' . 

From conditions (16) follows the fi-equency range where the above counterbalancer is viable 

a > (17) 

ESTIMATION OF DYNAMIC PROPERTIES OF THE 
LINEAR SINGLE-PISTON COMPRESSOR 

The value of the equivalent gas spring rate k^^, which is required for the calculations of the 
counterbalancer springs, may be readily found using a curve-fitting procedure as applied to the 
experimentally obtained fi-equency response functions (FRF) of the single-piston compressor with 
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Figure 2. Frequency response function of the linear single-piston compressor. 

no counterbalancer attached. It is further convenient to use a FRF relating the piston motion and the 
motor current. 

From the well-known equation of motion of the single-mass linear motor:"-'^ 

'IF 'T~ /C(iAfi T" C 

dt 
-ai 

follows the analytical form for the module of the above FRF: 

K(»h |Xo(;^) 

i ( > ) ^[-m.co'' +k,') +{c,(o)^ 

(18) 

(19) 

Figure 2 shows t)^ical (experimentally measured) dependence of the module of the above FRF 
on the driving frequency (thin line). During the experiment the Ricor model K529 cryogenic cooler 
was driven in a closed loop mode 77 K at 600 mW at normal ambient conditions and the driving 
frequency was slowly swept at the sweep rate O.lHz/s. Then the standard curve-fitting procedure, 
based on equation (19) with ffi^ = 0.053 kg was applied. From the above procedure, the compressor 
parameters were estimated, these are: 

K = 8584 —, CQ = 16.5-^, a = 8.6—. 
m s A 

(20) 

Superimposed in Figure 2 is also the analytical curve calculated using (19) with the above 
obtained values (thick line). The effective resonant frequency of the above compressor is 67 Hz. 

DESIGN OF A DYNAMICALLY COUNTERBALANCED 
LINEAR SINGLE-PISTON COMPRESSOR 

From the preliminary experimentation, the maximum heat lift produced by the Ricor cryo-
cooler model K529N, operated at constant piston stroke over the range of the driving frequencies, 
takes place at 72 Hz. Since it is our intention to maximize the cooler's overall COP and since this 
frequency meets the condition (17), we, therefore, chose this frequency as a driving one. Further, 
from experiment, the maximal piston's stroke is Xp = 3.5 mm. We further assume that the desired 
maximal counterbalancer stroke is X, = 0.75 mm. This imposes the stroke limit ±4.25 mm for the 
first auxiliary spring, as required by the fatigue analysis. 

After this assumption, from equation (6), the mass of the counterbalancer may be easily calcu
lated as: »r 

-^^1,= 0.241kg (21) 
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Figure 3. Linear single-piston compressor embodiment containing dynamic counterbalancer. 

Then the ratios of the first and the secondary auxihary springs were calculated per equations (16), 
these are: 

m.co 

V m, 
= 1860 

N 

m N 
/t, = ) t„ -^ = 40240—. 

«„ m 

(22) 

(23) 

The set of optimal values (16) includes the stiffness of the pneumatic spring which may vary 
with working conditions. This means that the compressor will not be always optimal in terms of 
power expenditure, yet it will always be balanced since condition (7) does not contain the 
gasodynamic spring and damper. 

Based on the above analysis the linear compressor of the Ricor K529N 1 W cryogenic cooler 
was designed and manufactured. 

Figure 3 shows the schematics of the above linear compressor with counterbalancer. The said 
compressor contains the piston assembly 1 which is driven by a "moving coil" linear actuator 
comprising radially magnetized magnet ring 2 and electrical coil 3. Outer and inner permandur 
yokes 4, 5 provide air gaps wherein the coil 3 reciprocates in a response to the AC current. The 
piston assembly 1 reciprocates inside the cylinder 6 with micrometer radial clearances, thus provid
ing for the required dynamic seal. The said counterbalancer contains movable mass 7, which is 
located in the compressor rear space and is flexibly suspended from the compressor casing by a set 
of second auxiliary springs 8. The piston assembly is flexibly connected to the said counterbalancer 
using the first auxiliary spring 9 and cormecting rod 10. 

The electrical current is supplied to the moving coil from the stationary feedthrough (not shown) 
through the flexible PCB harness 11. The conduit 12 is used to transfer the gas oscillations to the 
cryocooler expander (not shown). The auxiliary springs were spiral shaped similar to the well-
known Oxford springs" and optimized for spring rate, linearity and fatigue. 

EXPERIMENTATION ON DYNAMICALLY COUNTERBALANCED 
LINEAR SINGLE-PISTON COMPRESSOR 

In the experiment, the basic single-piston compressor of the K529N cryogenic cooler was 
compared with the enhanced counterbalanced model designed and manufactured as explained in the 
preceding section. Figure 4a shows the extemal layout of the above compressor vwth no rear cover and 
Figure 4b shows the principal components the counterbalancer: weights, springs and connecting rod. 

Firstly, the above basic cryogenic cooler with unbalanced compressor was driven at 72 Hz in a 
closed loop mode imder the specific heat loading. From experiment, the unbalanced compressor 
produces a dynamic force of 8.6 N rms at the driving frequency. Further, the same experimentation 
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Figure 4. Layout of the counterbalanced linear compressor with no rear cover (a) and components of 
counterbalancer (b). 
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Figure 5. Vibration export from original (a) and counterbalanced (b) compressors. 

was carried out with the cooler containing the counterbalanced compressor. By a fine tuning of the 
driving frequency, the vibration export was reduced 57-fold down to 0.15 N rms. It is important to 
note that in both cases the net current and power consumption remained practically the same. Fig
ure 5 shows spectra of vibration export produced by the basic unbalanced (a) and coimterbalanced (b) 
compressors. 

Figure 6 shows, superimposed, the dependencies of the fundamental component of the above 
vibration export produced by the basic Ricor K529N (marked by • ) and by the modified counter
balanced coolers (unmarked line) operating under similar working conditions in the range of the 
driving frequencies 70-75 Hz. From Figure 6, the level of vibration export of the modified coimter
balanced compressor shows a deep and wide notch in the vicinity of the nominal driving frequency 
while reaching the previously mentioned lowest value of 0.15 N rms at 72 Hz. It is worth noting 
that over the entire frequency range considered, the vibration export from the modified counterbal
anced compressor was significantly lower than that of the basic cooler. 

COMMENTS ON DIFFERENCES BETWEEN TUNED DYNAMIC ABSORBER AND 
DYNAMIC COUNTERBALANCER 

In spite of the visible similarity, the above dynamic counterbalancer differs greatly from the 
well-known tuned dynamic absorber. To start with, the tuned dynamic absorber is an auxiliary 
spring-mass system mounted upon the vibrating machine and timed so as to have a natural frequency 
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Figure 6. Vibration export from original and counterbalanced compressors at different driving 
frequencies. 

precisely equal to the driving frequency. When properly tuned, the dynamic absorber through its 
motion develops a dynamic force, which counterbalances the excitation force and, therefore ultimately 
stabilizes the entire machine housing. Since such a dynamic absorber is driven through the machine 
housing vibration, its mass should be comparable to the entire machine mass. The typical mass 
ratio for dynamic absorber is 15-20%. A smaller mass ratio diminishes attainable performance, 
requires excessive deflection of the absorber mass and also makes the tuning procedure problematic 
since the useful antiresonant notch becomes too narrow. 

In addition, the attainable performance of the tuned dynamic absorber strongly depends on the 
dynamic properties of the vibration isolated machine, namely additional damping and stiffness in 
the vibration isolator, which may be required for controlling the machine's rattle space and its 
mechanical stability. These diminish the suppression ratio at the driving frequency, as shown by 
Veprik et a l ' 

In contrast to the tuned dynamic absorber detailed above, the d)Tiamic counterbalancer is an 
auxiliary spring-mass system attached flexibly upon the primary moving part and tuned so as, firstly, 
not to affect the magnitude and phase of the motion of the above moving part and, secondly, to 
develop the coimterbalancing inertial force in such a maimer as to cancel the overall force export. 

Further, the required mass of the above counterbalancer should be comparable to the mass of 
the primary moving part but not to the mass of the machine as in the case of the tuned dynamic 
absorber; this }delds enormous advantages in terms of bulk. 

Further, due to the completely different operational principle, the design of the dynamic 
coimterbalancer and its attainable performance do not depend at all upon the machine mass and 
method of its mounting: its operation will not be affected in any possible way even when the machine 
is rigidly moimted to even a very massive foimdation. 

CONCLUSIONS 

The novel principle of dynamic coimterbalancing of a single-piston linear compressor of a split 
Stirling cryogenic cooler is derived analytically. The simple analytical conditions yield an optimal 
design of the counterbalancer which is capable of practically eliminating the vibration export at the 
driving frequency at minimum power consumption. The results of analytical prediction are sup
ported by full-scale experimentation in which the designed counterbalancer yielded 57-fold reduc
tion of vibration export without practically affecting power and current consumption as compared 
with the basic cryocooler. Further attempts should be aimed at reshaping the above counterbalancer 
towards its miniaturization. 
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ABSTRACT 

Regenerators in standard pulse-tube refrigerators are expensive, complicated, heavy, and 
contribute significantly to the losses in the cooler. In this research the regenerators are avoided 
by using two identical GM-type pulse-tube refrigerators operating in opposite phase. The two 
regenerators are replaced by one counterflow heat exchanger. This system is called Counterflow 
Pulse-Tube Refrigerator (CFPTR). A theoretical treatment is given for the optimization of pulse-
tube refrigerators with heat exchangers and regenerators. For a single-stage system the heat 
exchanger performance will be compared with the regenerator performance based on irreversible 
entropy production. 

A special feature of our system is that the position of the rotary valve and the heat exchanger 
can be interchanged, so the valve can work both at room temperature and at low temperature. A 
new design principle for the rotary valve has been used. It will be described and the performance 
will be discussed. 

INTRODUCTION 

Regenerators in pulse-tube refrigerators are large, heavy, expensive, and complicated. In 
addition they contribute significantly to the losses in the cooler. In this research the regenerators 
are avoided by using two identical pulse-tube refrigerators operating in opposite phase. The two 
regenerators are replaced by one Counterflow Heat Exchanger (CFHEx). The complete system is 
called Counterflow Pulse-Tube Refrigerator (CFPTR). Basically this concept was introduced for 
pulse-tube refrigerators by Matsubara who proposed to replace the low-temperature regenerator 
by a heat exchanger. The system, discussed in this paper, has no regenerators at all. The 
experimental set-up will be discussed and some preliminary results are given. 

A theoretical treatment is given to compare the fundamental difference between heat 
exchangers and regenerators. This comparison is based on entropy production due to four 
different processes. We discuss the preferred solution (optimized regenerator or optimized heat 
exchanger) in a temperature range of 40 to 200 K. 

CONCEPT 

The CFPTR consists of two identical subsystems, labeled one and two, working in opposite 
phase. Both subsystems consist of a pulse tube with a cold- and a hot-end heat exchanger, an 
orifice, and a buffer as usual. The heat, normally stored and released in the regenerator material, 
is now transported from one subsystem to the other in the heat exchanger.^ Fig. 1 is a schematic 
Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 2 5 1 
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Figure 1. Schematic representation of the counterflow pulse-tube refrigerator. RV is the rotary 
valve. CFHEx is the counterflow heat exchanger. Subsystems one and two consist of a pulse tube (t) with 
a cold- and a hot-end heat exchanger, an orifice (O), and a buffer (B). The arrows give the possible gas 
flow directions (oscillating or steady). The temperatures at five different places in the system are also 
indicated. Fig. a has the rotary valve at room temperature. Fig. b has the rotary valve at low temperature. 

representation of the system. A compressor generates a high pressure ph and a low pressure pi. 
The rotary valve connects subsystem one to ph while p\ is connected to subsystem two. Half a 
period later it connects subsystem one to pi and subsystem two to pi, etc. The flows in the two 
subsystems are opposite at all times. Due to the oscillating flow in the heat exchanger, there is 
also a regenerative effect in the heat exchanger. The performance of the heat exchanger is due to 
the sum of these two effects. 

When the rotary valve is placed at low temperatures (Fig. lb), the flows in the heat 
exchanger do not alternate (dashed arrows). In this case there is no regenerative effect in the heat 
exchanger and the performance of the heat exchanger is based on heat exchange only. 

EXPERIMENTAL SET-UP 

The rotary valve^ that we use is schematically drawn in Fig. 2. The main parts are the rotor 
and the stator. The rotor and the stator make mechanical contact. In the rotor (Fig. 2b) four oval-
shaped chaimels are made. This is done to have the same areas of the rotor at high and at low 
pressures during the cycle. In the stator (Fig. 2c) connections are made to the high- and the low-
pressure sides of the compressor and to the two subsystems in a symmetric arrangement. In Fig. 
2a one of the slots in the stator is connected to the high-pressure side. The other coimections in 
the stator are made in a similar way, but the horizontal channels are positioned at other levels. 
The rotor has been made of rulon. The stator has been made of brass. The contact area of the 
stator has been smoothened and chromed. The major point of the valve is that the areas of the 
chaimels to p] and ph in the contact area are equal. 

The pressure in the housing isjPhs- The force, pressing the rotor against the stator, is given by 

F, = \iPi.-pir,t))dA. (1) 

The pressure in the contact area between the rotor and the stator isp(r ,t). The ideal p^s gives 
Ft=0 during the whole cycle, so there is no net force on the rotor. This ideal pressure is around 
the average of the high and the low pressures. However, in reaUty the pressure distribution/>( r ,f) 
changes during the cycle because of slight differences in area at high and low pressures, contact 
area roughness, and pressure variations, li, at some time in the cycle the pressure distribution 
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Figure 2. Schematic representation of the rotary valve. The rotor and the stator make mechanical 
contact. Four oval-shaped channels in the rotor (Fig. b) provide balanced forces on the rotor. In the stator 
(Fig. c) connections are made to the high- and the low-pressure sides of the compressor and to the two 
subsystems (tl and t2). The pressure in the housing is p^s-

results in a negative force, the rotor will be lifted a bit. Gas will flow from the high-pressure side 
of the compressor to the housing. The pressure in the housing will rise until it is high enough to 
result in a positive force on the rotor during the whole cycle. 

The motor is driven by a constant voltage power supply (4.6 V). Due to the varying friction 
force the current through the motor will also vary. A t)T)ical time dependence of this current is 
given in Fig. 3. In this figure the high- and the low-pressure sides of the compressor, the 
pressures in the two tubes and in the housing are given as well. The dashed lines give the 
moments the valve starts to open (a), is completely open (b), starts to close (c), and is completely 
closed (d). The current is high when the valve is closed (between d and a). The specifications of 
the motor give a torque constant of 2.9 Nm/A. The maximum current is 0.1 A, so the maximum 
torque needed to rotate the rotor is 0.29 Nm. If we increase/»hs, the torque of the motor increases. 
The leak rate through the valve decreases with increasing/Jhs. The typical leak rate for a torque of 

Figure 3. Pressures in the counterflow PTR. The pressures at the high- and the low-pressure sides of 
the compressor, in the two tubes, and in the housing are given. The amphtude of/>hs has been multiplied 
by a fector ten. At 'a' the valve starts to open, at "b' the valve is completely open, at 'c' the valve starts to 
close, and at 'd' the valve is completely closed. The current of the motor is given in the lower plot. 
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Figure 4: Schematic rq)resentation of a stq) heat exchanger. 
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Figure 5. Cool-down curves for the coldest point, the valve and the middle of the heat exchanger. 

0.29 Nm is 1% of the total flow. Increasing the pressure amplitude in the system increases the 
torque of the motor as well. 

Preliminary set-up 

In our preliminary set-up we use the rotary valve at low temperature (Fig. lb), and a series 
of so called 'step heat exchangers' where the outgoing gas temperatures are the average of the 
two incoming gas temperatures (Fig. 4). The total efficiency is 0.76. The cool-down curves for 
the coldest point of the system (7L), the valve (TV) and halfway the heat exchanger (Jhx) are 
given in Fig. 5. 

The rotary valve performs well at low temperature and at room temperature using a small 
motor to drive it. The lowest temperature reached so far is 213 K. According to calculations this 
system should reach a lowest temperature around 150 K. The difference is presently unknown. 
All system components will be improved to reach lower temperatures. 

HEAT EXCHANGER VERSUS REGENERATOR: A FUNDAMENTAL COMPARISON 

An optimized heat exchanger (good heat exchange, low flow resistance and simple 
construction) is of key importance for our investigations. The performances of heat exchangers 
and regenerators can be compared by calculating the entropy production rates by the four 
different irreversible processes: axial thermal conduction in the gas (S^), axial thermal 
conduction in the material ( S ^ ) , heat exchange between the gas and the material (S^^), and flow 
resistance (i'f). 

The regenerator has an area of cross-section AT, filling factor/ and is supposed to be filled 
with spherical particles with diameter c4- The heat exchanger consists of iV times two parallel 
tubes (one for the high- and one for the low-pressure side) each with flow cross-section 
Aia=0.25jicf. The area of the tube wall is Ahvi- Fig. 6 shows a schematic cross-section of two 
tubes with the temperature profile. In the next sections the four different irreversible processes 
will be discussed. In order to avoid unnecessary complications we will treat the various 
contributions to lowest order in the temperature diflference. 

Conduction in the gas 

For a regenerator the entropy production per unit length due to heat conduction in the axial 
direction in the gas can be written as'' 



COUNTERFLOW PULSE-TUBE REFRIGERATOR 255 

r^+dr 
A PI 

dll 

T+0.5AT ̂  

r,+dr gas wal 

"^: 

r-o.5Ar 
AT 

gas 

Figure 6. Schematic representation of a heat exchanger part. The arrows indicate the flow direction. 
Fig. a gives two tubes of the heat exchanger with the temperature profile. Fig. b gives the heat transfer 
through the wall of the tubes. The temperature distribution is given assuming constant temperature in the 
wall. Fig. c shows the way the tubes are assumed to be connected to each other. We assume that the tubes 
have contact to each other over the complete area and have an uniform temperature in the radial direction. 

^ = ( i - / H - ^ dr 
d/ 

(2) 

with Kgr the effective coefficient of thermal conductivity of the gas, A'ur the Nusselt number for 
the regenerator, Tthe temperature, and /the length co-ordinate. 

For the heat exchanger the entropy production can be derived from Eq. (2) with/=0. The 
entropy production can be written as 

'dj-V d5„ 
= 2AfA -J^V^ _ 

d/ "^ r 
with A'ui, the Nusselt number for the heat exchanger. 

dlj' 
(3) 

Conduction in the material 

For the regenerator the entropy production due to axial heat conduction through the matrix 
material can be given as* 

dS 

d/ 
= /4%^ dT 

dl (4) 

with Kw the thermal conductivity of the material. The effective coefficient of thermal 
conductivity of the matrix is smaller than the bulk coefficient of the matrix material due to the 
reduced contact surface of the different layers of matrix material. This is included in the 
coefficient CK. 

The entropy production for the heat exchanger can be obtained from Eq. (4) with/=l 

\2 
dS 

d/ 
-2NA,„ 

dT 

d/ 
(5) 

Flow resistance 

For the regenerator the entropy production due to flow resistance can be written as* 

^ = ̂ ^ i l (6) 
dl dl A, T ' 

with CJd^ the flow impedance factor, rj the viscosity, Vm the molar volume, and n^ the mean 
square molar flow. 

For the high-pressiu'e side of the heat exchanger the formulae are 

dl T, 

Vrr^dp, 

dl (7) 
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with 

^ = i;„,^A (8) 
d/ 2 d , 

Wiihf, the friction factor, p the density, p the pressure, and v the average velocity. Combining 

Eqs. (7) and (8) we get 

with M the molar mass of helium. When we sum the contributions of the high- and the low-
pressure sides and assume j?,, « p, = p, we get 

d/ d,N'Ai T 

Heat exchange between gas and material 
For the regenerator this contribution to the entropy production can be written aŝ  

^ = M f c ^ , (H) 
with y5 the volumetric heat exchange parameter, which can be written as 

P = a^F = \2f^^, (12) 
*h 

with ah the heat exchange coefficient, and F the heat exchange surface area per unit volume. 
Under some general conditions the entropy production can be written as' ,5 

d5,, 1 dl Cy 1 f d r f (13) 

d/ 12/ A, K^N^ T' \ dl 

with Cp the molar heat capacity of the gas at constant pressure. 
For the heat exchanger the assiunption is made that the tubes make contact over the 

complete wall area. Using the heat transfer as given in Fig. 6b 

^ d / = d e 
d/ "̂  

with Qthe heat flow 

= ^QTJ^' (14) 

de = i;rAr(r,-7;V^Ar^d/, ^^^ 

^ = i ; r i V / r , A f ^ f c ^ . (16) 

When we have a steady state with small differences between the low- and high-pressure sides 

'c^N^=K^N^=K^K, (17) 

the energy balance gives 
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Table 1. Entropy production rates due to various processes in the heat exchanger and the 
regenerator. In the last column the ratio is given. 

Axial conduction 
in the gas 

Axial conduction 
in the wall 

Flow resistance 

Heat exchange 

Heat exchanger 

-^-^(fj 
-.f^[^]" 

, c;«^ 1 1 ^drV 

Regenerator 

0-/K^(f]' 

/•^^(fl 
dl A^ T 

1 dl Cln' 1 ^drV 

Ratio (hx/reg) 

2NA^N^ 

{l-f)A,N^ 

/4Q 

f,Mn dU 

24/ A K 
K Nd^N^ 

T,-T,=2 
c^fi 1 dr 

TIKN N^ dl ' 

and 

AS, hx 

dl 
IC^^h^ 1 1 
TTK^N N^ T 

dT 

(19) 

(20) 

Summary 

We now collect the entropy production rates in the regenerator and in the heat exchar^er 
(Table 1). We assume that the flow areas for the regenerator and the heat exchanger are equal 

{\-f)A,=2NA^^A,. (21) 

For the heat exchanger we use a minimum wall thickness Jw needed to stand the pressure 

with pc the breaking stress of the material. The total flow area of the channels of the heat 
exchanger can be given as 

(22) 

2NA^=A,=^N^d^, 

and the total area of the walls 

^1 Pc 

(23) 

(24) 

The optimal regenerator and heat exchanger can be found by minimizing the entropy 
productions. This is dependent on the type of flow (laminar of turbulent) in the system. 

Regenerator optimization 

For the heat exchange we use a Nusselt number' Nui=lO. We assume that %=Kg. The 
constant used for the conductivity of the matrix' is Ck=0.16. The constant for the flow impedance 
Cz has been obtained from measurements in our group and is equal to 1600. 

If we are looking for the optimum grain size dt, we can write the total entropy production for 
the regenerator as 

d/ • = 4 - + V h + C i > (25) 
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with 
l-f 3 K̂  

a, =1600—-T]n^-^, ,_„ 
' A, T (26) 

1 1 - / 1 ,Cl 1 fdT]' 

^''UOTA '^H'df)' (27) 

10(1-/K.0.16^.„]A[^J. (28) 

The total entropy production is given in Fig. 7a as a function of <4. It shows that there is a 
minimum entropy production for the optimum grain size diameter. 

Heat exchanger optimization 

Assuming laminar flow in the heat exchanger means for the friction factor* that 

f,=f, (29) 
with Re the Reynolds number. Assuming fully developed laminar flow with xmiform surface heat 
flux, the Nusselt number can be written as* 

A „̂h= — = 4.36. (30) 
K 

Using stainless steel tubes the breaking stress is/7c=0.25xl0' Pa. 
If we are looking for the optimum number of tubes N, the total entropy production can be 

written as 

with 
f = ^2N + ̂  + c„ (31) 

^ 2 j,2 

a,=64^7j^^, (32) 

b =0.46^,C^' 1 (dT)' (33) 

c , = ( 4 . 3 . , + 0 . 0 2 8 . j A [ ^ ^ j ^ . (34) 

The total entropy production as function of Af shows a minimum as can be seen in Fig. 7b. 
Typical entropy flows in the regenerator or heat exchanger are around 1 W/K. When we 

look at the total entropy production rates in Fig. 7 it can be seen that the curves are quite flat 
around the minimum. This means for the heat exchanger that a decrease of the number of tubes 
from 50.000 to 5.000 gives an increase of the entropy to 0.07 W/K for tubes of a length of 1 m, 
which is still acceptable. For three different temperatures the minimum entropy production and 
the optimized geometry have been calculated. The results are given in Table 2. 

Assuming fully developed turbulent flow in the heat exchanger (ife»1000) means for the 
friction factor* and the Nusselt number^ 

fr = Wr^ (35) 

N^«0m43Rl'\ (36) 
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Figure 7. The total entropy production rate per unit length for laminar flow at 100 K. Fig. a: for the 
regenerator as function of the diameter of the spherical particles. Fig. b: for the heat exchanger as function 
of the number of tubes. 

Table 2. Minimum entropy production rates at the optimum condition in the heat exchanger 
and the regenerator for different temperatures. The flow area in these calculations is ^t=10 cm .̂ 

Heat exchanger 
Heat exchanger 
Heat exchanger 

Regenerator 
Regenerator 

r[K] 
NUO'] 
d\ [mm] 
d S ^ / d / [mW/Km] 
(fh [nunl with ^0.5 
d 5 ^ / d / [mW/Km] 

200 
6.4 
0.31 
2.7 

1.1 
3.8 

100 
52 

0.11 
15 

0.4 
34 

40 
403 

0.040 
66 

0.14 
170 

The total entropy production in the heat exchanger has the form 

with 
d/ 

• = a , 7 V ' ' ' + - ^ 
N 5/8 Ar3/8 + e,. 

2.,=QJ27t"Y'M"*n''" 
Al"'T -

h - 27 rj_rAr 
M 

dr 
d/ 

d3 = 
0.075 hM 

N 3 / 4 

n ) ' ^' d/ 

(37) 

(38) 

(39) 

(40) 

e3= 0.02841^ 
dT 

d/ 
(41) 

The total entropy production as fimction of Tv'̂  is given in Fig. 8. Looking at Fig. 8 we see that 
around 500.000 tubes are needed to reach the minimum entropy production rate. In a real set-up 
this will be very difficult. 

If we calculate the Reynolds number of the gas flow at all possible N, we will see that 
already at small N the flow will become laminar instead of turbulent. This means that the 
optimum situation for the heat exchanger (lowest entropy production rate) is foimd for a situation 
with laminar flow. 
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Figure 8. Total entropy production per unit length in the heat exchanger with turbulent flow as 
function of the number of tubes, at 100 K. 

CONCLUSIONS 

Theoretically a PTR working with an optimized heat exchanger should perform better than 
one with an optimized regenerator over the temperature range of 40 to 200 K. The optimized 
heat exchanger for 100 K will be built and placed in the set-up in the near future to verify the 
theory and improve the performance of the set-up. The rotary valve works very well at low 
temperatures. 
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ABSTRACT 

A pulse tube cryocooler (refrigerator) has no moving parts in its cold section, and, when driven 
by a linear compressor, has the potential of achieving higher reliability and lower vibration than 
other small refrigerators. The most compact and convenient pulse tube cryocooler for practical 
applications is the coaxial type. It can often replace Stirling cryocoolers without any change to the 
dewar or to the connection to the cooled device. The purpose of this study is to analyze the charac
teristics of a coaxial t3^e inertance pulse tube refrigerator (IPTR), and to understand the principal 
factors governing its performance. 

The key components of a coaxial-type IPTR include a linear compressor with two reciprocating 
pistons driven by linear motors, a regenerator, a pulse tube with its inertance tube, and a buffer 
(reservoir) volume. To ensure high performance of the coaxial-t)^e IPTR, the design and operating 
parameters of the linear compressor and expander must be optimized. 

Experimental results show that the operating frequency has a significant effect on a linear 
compressor's input power characteristics, and with a higher charge pressure of the working fluid, a 
higher pressure ratio can be achieved. To find optimal conditions of the coaxial type IPTR, the no-
load temperature has been measured for various inertance tube volumes, operating frequencies, and 
charge pressures. In addition, cooldovm and load characteristics have been determined. 

INTRODUCTION 

W.E. Gifford and R.C. Longsworth' first described the pulse tube cryocooler in 1964. This 
type of the pulse tube cryocooler is now called the basic pulse tube cryocooler. The performance of 
this type of pulse tube refrigerator has been greatly improved through the introduction of an orifice 
and buffer volume at the hot end of the pulse tube. R. Radebaugh et al. modified this type of the 
pulse tube refrigerator, which is called as the orifice pulse tube refrigerator, in 1986.̂ '̂  
Cryocoolers 13, edited by R. G. Ross, Jr. 
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In 1990, the double inlet pulse tube refrigerator, in which a bypass tube is connected between 
the pressure wave generator and the hot end of the pulse tube, was suggested by S. Zhu et al.'' The 
refrigeration power per unit mass flow rate through the regenerator was greatly increased in the 
double inlet pulse tube refrigerator. 

When driven at high frequency (30 to 60 Hz), a pulse tube refrigerator is referred to as a 
Stirling-type pulse tube, and the process of controlling the phase relationship between mass flow 
and pressure in the regenerator can become more difficult. A commonly used means of achieving 
optimal phasing in a Stirling-type pulse tube's expander is the inertance tube.' The inertance tube 
allows the phase shift to be tuned to make the pulse tube refrigerator operate as efficiently as a 
Stirling refrigerator. 

More recently, de Boer* showed that the performance of the IPTR is superior to that of the 
OPTR over a limited range of frequencies, and the rate of refrigeration of the IPTR is governed by 
the dimensions of the inertance tube, the volume of the pulse tube, the conductance of the regenera
tor, the charge pressure, and the drive frequency. 

Ravikumar et al.' showed that, as frequency increased, an "inertance tube" phase shifter en
hanced the cooler performance in a region where an orifice or double-inlet deteriorated the perfor
mance. They also used a rotary valve along with a G-M compressor to experimentally investigate 
the dependency of performance on frequency of operation, inertance tube diameter, and length. 

In this paper, we first discuss the cooling characteristics of the orifice type, the double inlet 
type, and the IPTR with a linear compressor. Then, the effects of the inertance tube volume, charge 
pressure, and operating frequency on the cooldown characteristics of the coaxial t}T3e IPTR are 
experimentally investigated. 

EXPERIMENTAL DESCRIPTION 

The structural shape of the coaxial type pulse tube refrigerator is shown in Fig. 1, and a sche
matic diagram of the experimental apparatus of the coaxial t5T)e IPTR is given in Fig. 2. 

The coaxial type IPTR consists of two units: the compressor and the expander. The linear 
compressor, driven by linear motors, has two reciprocating pistons that generate the pressure wave 
that is transmitted to the expander. The expander, which generates the cooling, consists of a regen-

Flgure I. Structural shape of the coaxial type inertance pulse tube refrigerator 
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Figure 2. Experimental apparatus of the coaxial type inertance pulse tube refrigerator 

erator, a pulse tube with its inertance tube phase shifter, and a buffer (reservoir) volume. In our 
system the linear compressor was a commercially-available unit (Leybold Polar SC-7 COM). 

The coaxial type orifice pulse tube refrigerator and double inlet pulse tube refrigerator were 
constructed by exchanging the inertance tube for the orifice valve and inserting a double inlet valve 
between the exit of the compressor and the hot end of the pulse tube. The detailed specifications of 
the coaxial type IPTR are presented in Table 1. 

An AC power supply was used to supply and control the operating frequency and the input 
voltage to the linear compressor. A silicon diode thermometer was attached to meastire the tem
perature at the cold end, and a manganin resistance heater was provided at the cold end of the pulse 
tube to measure the cooling capacity. Piezoelectric pressure sensors were installed on the transfer 
line between the exit of the compressor and aftercooler and between the hot end of the pulse tube 
and reservoir to measure pressure oscillations. 

The cold end was installed in a vacuum chamber, and the pressure of the vacuum chamber was 
maintained below 10"̂  torr to reduce the thermal losses during measurements. After evacuating and 
purging with clean high-pressure helium gas to clean the regenerator of the pulse tube refrigerator. 

Table 1. Specifications of coaxial type IPTR 

Item 
Compressor 

Charging pressure 

Regenerator 

Pulse tube 

Inertance tube 

Mesh 
Volume 
Diameter 
Volume 
Diameter 
Length 

Buffer volume 

Coaxial type IPTR 
Polar SC-7 

20 ~ 30 bars (Helium) 
#250 
10.1 cc 
0.95 cm 
5.7 cc 

1.3/1.9/2.7/3.0 mm 
0.95/1.9/2.85 m 

1000 cc 
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Figure 3. Coaxial type inertance tube pulse tube refrigerator 
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the pulse tube refrigerator was connected to the linear compressor. Then, the system was charged 
up to about 20 to 30 bars. Figure 3 shows the test setup of the coaxial type IPTR. 

EXPERIMENTAL RESULTS 

As a preliminary investigation, the refrigeration performance of four types of pulse tube refrig
erators was investigated: the orifice pulse tube (OPTR), the double inlet pulse tube (DIPTR), and 
two inertance-type pulse tubes (IPTR-1 and IPTR-2). 

Figure 4 shows the cooldown characteristics of the orifice pulse tube, double inlet pulse tube 
and inertance type refrigerators at an operating frequency of 50 Hz. Charge pressure and input 
voltage were 25 kg/cm^G and 30 V, respectively, and the maximum flow coefficient (C^) for the 
orifice valve and double inlet valve was 0.03. Note that the cooldown rate of the inertance tube t}TDe 
pulse tube refrigerators was faster than that of the orifice and double inlet pulse tube refrigerators. 
The lowest no-load temperature of the OPTR, DIPTR, IPTR-1 and IPTR-2 were 134.8 K, 135.3 K, 
110.2 K and 105.2 K, respectively. 

Figures 5 and 6 show the dependence of cold head temperature and input power on the operat
ing frequency for the orifice, double inlet, and inertance type pulse tube refrigerators. The resonant 
frequencies of the OPTR, DIPTR, IPTR-1 and IPTR-2 were about 35 to 40 Hz. The lowest tem
perature for the IPTR was lower than that for the OPTR and DIPTR. The lowest temperatures of the 
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Figure 6. Input power of the OPTR, DIPTR, 
IPTR-1, IPTR-2 with operating frequency. 

Figure 7. Dependence of no-load temperature 
on diameter and length of the inertance tube. 

OPTR and DIPTR were measured at an operating frequency of 35 Hz, and the lowest temperatures 
of the IPTR-1 and IPTR-2 were measured at an operating frequency of 40 Hz and 50 Hz, respec
tively. The lowest input powers were measured approximately at an operating frequency of 40 Hz. 
In the case of the IPTR-2, the optimal operating frequency for lowest no-load temperature was 50 
Hz, but the input current increased above the allowable current limit. 

Figure 7 shows the variation of the cold head temperature with the diameter and length of the 
inertance tube for the coaxial IPTR. The optimal length of the inertance tube in the manufactured 
coaxial IPTR was 1900 mm, and the optimal diameter was in the range of 1.3 mm to 1.9 mm. In 
this experiment, operating pressure, charge pressure, and input voltage were 50 Hz, 25 kgj/cm^G 
and 30 V, respectively. 

Figure 8 shows the dependence of cooldown characteristics on charge pressure for IPTR-1 at 
the operating frequency of 50 Hz and input voltage of 30 V. The length and diameter of the iner
tance tube were 1900 mm and 1.3 mm, respectively. With a charge pressure in the range of 22.5 kg/ 
cm^G to 30 kgj/cm^G, although the performance of the IPTR was almost constant, the best results 
for the cooldown time and the lowest temperature were achieved at a charge pressure of 25 kg/cm^G. 

Figures 9 and 10 show the variation of the cold head temperature and the input power with 
various charge pressures for the inertance tube type pulse tube refrigerator. 

The lowest temperature and input power were obtained for a charge pressure of 25 kg/cm^G 
and operating pressure of 40 Hz. As the charge pressure increased, the operating frequency for 
the minimum input power increased, tracking the increased resonance frequency. The lowest 
temperature was 107 K at a charge pressure of 25 kgj/cm^G and an operating pressure of 40 Hz. 

Time (min) Operating frequeoey (Mz) 

Figure 8. Cooldown characteristics with 
charging pressure of IPTR-1. 

Figure 9. No load temperatures with charging 
pressure and operating frequency. 
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Figure 10. Input power with charging pressure and operating frequency. 

For the coaxial type IPTR, which had the lower temperature and better performance, fur
ther studies of the regenerator, pulse tube, and structural design are needed. 

CONCLUSIONS 

To understand the parameters governing the performance of a pulse tube cryocooler we have 
investigated the cooling characteristics of the orifice type, the double inlet type, and the coaxial 
type IPTR with a linear compressor. We then measured the dependence of the performance of the 
coaxial type IPTR on inertance tube volume, charge pressure, and operating frequency. The fol
lowing conclusions have been drawn from the experimental results. 

(1) The cooldown rate of the inertance tube type pulse tube refrigerator was faster than that of 
the orifice and double inlet pulse tube refrigerators. The lowest no-load temperature of the OPTR, 
DIPTR, IPTR-1 and IPTR-2 was 134.8 K, 135.3 K, 110.2 K and 105.2 K, respectively. 

(2) The optimal length of the inertance tube in the manufactured coaxial IPTR was 1900 mm, 
and the optimal diameter was in the range of 1.3 mm to 1.9 mm. 

(3) The lowest temperature and input power were obtained at a charge pressure of 25 kgj/cm^G 
and an operating frequency of 40 Hz. 

(4) As the charge pressure increased, the operating frequency for minimum input power in
creased because of the increase of the resonant frequency. 
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ABSTRACT 

Phase shifts and mass flows were measured at the inlet of an inertance tube, and the results are 
compared with transmission line models. The mass flow rates at the entrance to the inertance tube 
are obtained using a hot-wire anemometer. The hot wire was calibrated in oscillating flow condi
tions by mass flow rate comparisons at two other locations in the apparatus. Measurements were 
made and fiiture work will attempt to show that by adjusting the diameters and lengths of the 
inertance tubes as well as the operating conditions, we will be able to independently identify the 
effects of resistive, inertance, and compliance components. We discuss the hot wire calibration 
procedure used to ensure self-consistency among the various transducers and system mass flowrate 
measurement calculations. The magnitude and phase of the inertance tube complex impedance are 
measured and discussed. The size of the inertance tube studied here was 1.5 mm diameter by 1.15 
m long with frequencies between 30 and 70 Hz. 

INTRODUCTION 

The phase between flow and pressure in a pulse tube refrigerator has a large influence on 
losses in the regenerator. Inertance tubes shift this phase to more desirable values, but existing 
models for the phase shift need to be more experimentally verified. Measurements were made 
to calculate the mass flow rates and phase angle at the inlet of an inertance tube using hot wire 
anemometry. In order to make these measurements accurately, a systematic procedure had to 
be instituted to carefully measure mass flows and phase shift throughout the apparatus prior to 
the inertance tube installation. The experiments used a commercially available linear compressor 
with duel-opposed pistons of diameter 16.5 mm and a 10 mm peak-peak stroke. The maximum 
swept volume was 4.3 cm .̂ At each end of the compressor there were LVDT rods threaded 
into the piston shaft that were contained in an o-ring sealed sensor housing. These piston position 
sensor devices provided a way of calibrating the piston position during operation and calculating 
a mass flow measurement at the piston face. This provides a mass flow measurement at one end 
of the system. At the other end of the system the mass flow at the reservoir volume inlet was 
measured using the pressure and temperature measurements along with the ideal gas law for the 
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Figure 1. Experimental test schematic. 

volume, assuming adiabatic behavior. The hot wire anemometer was originally calibrated using 
a mass flow meter reference standard at steady state flow conditions. This calibration equation 
needed to be corrected for the oscillating flow conditions under which the experiments were 
operated. Using the fundamental measurements at the reservoir volume and the calibrated 
piston displacement measurements we were able to recalibrate the hot wire anemometer under 
oscillating flow conditions and use the hot wire measurements for our inertance tube 
measurements. 

MASS FLOW CALCULATIONS 

The calibration test experiment consisted of the 4.3 cm^ compressor, hot wire anemometers 
installed in stainless steel housing, flow control valve and reservoir volume. A schematic of the 
experiment can be seen in Figure 1. The flow control valve would later be replaced with the 
actual inertance tube to be tested. The associated volumes were 1.4 cm"' from the compressor to 
the hot wire, 0.35 cm^ from the hot wire to the flow valve, and 78 cm^ within the reservoir 
volume to the flow valve. The diameter of the connecting tube was 2.56 mm. Temperature 
measurements were taken at the compressor, hot wire and reservoir volume. Pressure 
measurements were recorded at the compressor using a piezoresistive transducer and at the 
reservoir volume using a piezoelectric pressure transducer. The volume variation in the 
compressor was measured using a lock-in amplifier to read the output of the piston displacement 
sensor. Helium gas was used as the test fluid for all measurements. The mass flow measurement 
at the reservoir was calculated by 

2n:f\P\V 

where / is the frequency, \P\ is the amplitude of the dynamic pressure, F̂ ,̂, is the volume of 

the reservoir, R is the gas constant per unit mass, and r„„ is the temperature of the helium 

gas in the reservoir volume. 

The mass flow measurement at the piston was calculated by 

\m\^=27rf\v\p , (2) 

where \V\ is the magnitude of the volume variation of the piston and p is the average density. 
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The hot wire was originally calibrated using a commercially manufactured mass flowmeter 
over the expected operating range at steady state flow conditions. With the experimental 
operating condition being under oscillating flow conditions, comparisons with the mass flow 
rates measured at the compressor and the reservoir needed to be examined and corrections 
applied to account for this oscillating flow. The mass flowrates at the reservoir volume are 
calculated using fundamental measurements of pressure, temperature, known volumes, and gas 
constants. The mass flowrates measured at the compressor and at the hot wire were compared 
with the reservoir measurements for self-consistency. 

CALIBRATION PROCEDURES FOR THE HOT WIRE 

Experimental Conditions 

The experimental conditions were average line pressures of 2.5 MPa, 2.0 Mpa, and 1.5 MPa 
with pressure ratios set at 1.1, 1.15, 1.2, 1.25 and 1.3. The operating frequencies were 70, 50 and 
30 Hz. For the actual hot wire calibration in oscillating flow conditions the system was 
pressurized to the desired pressure and maintained during the experiment. The desired 
frequencies were set with a function generator. The pressure ratios were then set by adjusting 
the flow control valve, initially in the experiment, for the hot wire calibrations. Therefore, we 
would obtain data sets that had varying pressure ratios with constant line pressure, frequency, 
and electrical input power. 

Compressor Mass Flow Corrections 

The primary means of calibrating the hot wire anemometer for the oscillating flow is against 
the flow measured at the entrance of the reservoir. A secondary calibration source is the 
compressor, which is at the other end of the system. Measurements of the piston position give 
the mass flow at the piston face according to Eq. (2). When an oscillating pressure is present, the 
flow amplitude at any other location decreases for the increasing distance from the piston face, 
depending on the void volume between the piston and the location. With the valve closed, the 
flow is zero there, and the flow at the piston face is that required to produce a given pressure 
ratio in the void volume between the piston and the valve. The flow at the piston with the valve 
closed then becomes a correction term. When that term is subtracted from any measured piston 
flow with the valve open or with the valve replaced by an inertance tube, the result is the flow at 
the valve or the inertance tube entrance. The correction is actually a phasor that must be 
subtracted as a phasor from the flow measured with the same pressure ratio once the valve is 
opened. Figure 2 indicates this phasor subtraction to provide the corrected mass flow at the 
valve or inertance tube inlet when pressure oscillations exist. The pressure ratios are adjusted in 
these measurements by varying the compressor input power whenever the valve is open or 
interance tube is inserted. 

Phase angle with valve closed 

.aW3°P^" 
Phase angle with flow 
Correction 

Pressure 

. J ^ , - " " " " ' ^ corrected mass flow 
Corrected phase angle equals ma==. n 

o ' * S a T c e n r ° ^ ^ ^ ' -

Figure 2. Phasor diagram with mass and phase correction technique. 
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Hot Wire Mass Flow Measurements and Phase Angle Calculations 

The hot wire anemometer was made of 3.8 |im diameter tungsten wire and was originally 
calibrated in steady flow conditions with the procedure described by Rawlins.' A set of 
calibration coefficients was used in the data acquisition program to calculate a mass flow from 
the sensor output voltage. Using a Fourier series transformation of the signal, we were able to 
measure the phase angles of the hot wire with respect to the compressor. Tests were run under 
the experimental test program described earlier over all the pressure, frequency, and pressure 
ratios. During these experiments we were able to obtain mass flowrates at three locations in the 
system. These would be at the face of the piston, the hot wire using the original mass flow 
calibration, and at the reservoir volume. In principle, the reservoir mass flow determined from 
Eq. (1) and the compressor mass flow determined from Eq. (2), but corrected as shown in Fig. 2, 
should be the same whenever no inertance tube is present. Both results can then be used to 
calibrate the hot wire when no inertance tube is present. In practice, experimental uncertainties 
give rise to some differences between the two results. Because of the correction that must be 
applied to the compressor mass flow, we feel that this corrected value has about twice the 
uncertainty of the reservoir mass flow. Therefore, in using these two calibration values, we give 
twice the weight to the reservoir mass flow compared with the corrected compressor mass flow. 

Calibration of the hot wire anemometer was performed with no inertance tube present, as 
indicated in Figure 1. Because the reservoir mass flow has the lowest uncertainty, that flow is 
used as the reference, and the other flows are expressed as a ratio to the reservoir mass flow, as 
shown in Figure 3 for an average pressure of 2.5 MPa and a frequency of 50 Hz. Other pressures 
and frequencies gave similar results. The upper curve shows the results from the hot wire based 
on the steady flow calibration. The curve below that is the corrected compressor mass flow, 
which is about 20% higher than the reservoir flow for low flows, but agrees well with the 
reservoir flow at higher flows. The reservoir mass flow could be represented by a horizontal line 
at 1.0. We note that the steady flow calibration of the hot wire agrees with the reservoir flow 
measurements in oscillating flow within the 5% experimental uncertainty for a high flow around 
1.0 g/s. For lower flows, the steady flow calibration of the hot wire gives a flow about 40% 
higher than the reservoir flow. The steady flow calibration of the hot wire is then corrected for 
oscillating flow as shown by the lower curve in Figure 3. This new hot wire curve lies between 
the reservoir flow and the corrected compressor flow, but the reservoir flow is given the higher 
weight as discussed previously. We expect the new hot wire calibration curve has an uncertainty 
of about 10%. Figure 4 shows the measured phase angles of the flow at the three locations with 
respect to the compressor pressure versus the magnitude of the reservoir mass flow. Because the 
valve represents a purely resistive flow element, we would expect the flow to be in phase with 
the pressure. 
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Figure 3. Hot wire curve fit using oscillating flow. 
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Figure 4. Phase shifts with respect to compressor pressure. 

As can be seen in Figure 4. the corrected compressor values are lower than expected by 
about 15 degrees. The results for the reservoir phase are close to the expected 0 degrees for the 
lower flow rates, but then tend to drift up to about 10 degrees for the higher flow rates. The 
phase shifts from the hot wire are about 12 degrees higher than expected. No corrections were 
made to any of the phase data at this time, although a subtraction of 10 degrees from the hot wire 
may be warranted. These results indicate that the uncertainty associated with the phase 
measurements of the hot wire is about 10 degrees. 

INERTANCE TUBE EXPERIMENTS 
The inertance tube was installed exactly where the valve was located in the experiment with 

close attention to not changing any of the other volumes in the experiment. The stainless steel 
tube was 1.15 meters in length with an inside diameter of 1.57 mm. The hot wire correction for 
oscillation flow as discussed earlier was used to measure the mass flow at the inertance tube 
inlet. 

The experimental test plan was completed on the inertance tube over the pressure, frequency 
and pressure ratio ranges as describe previously. Figure 5 shows the relative dynamic pressure 
amplitude at the inlet on the inertance tube for various average pressures over the mass flowrate 
range tested. The relative dynamic pressure ratio, Pi/Po, is the ratio of the dynamic pressure 
amplitude to the average pressure. 
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Figure 5. Dynamic pressure ratio at inlet of inertance tube. 
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Figure 6. Magnitude of impedance at inertance tube. 

We compared our measurements with tiiose of a transmission line analysis modeling 
program developed at NIST. The magnitude of the impedance at the inlet of the inertance tube is 
shown in Figure 6. Data uncertainty bands of about + 8% are indicated on the experimental 
results at 50 Hz and 2.5, 2.0 and 1.5 MPa. Sohd lines are drawn within these uncertainty bands 
for these sets of data to indicate the approximate slope and the magnitude of the impedance. 
These experimental data results show agreement with the model in having a rising slope and 
increase of impedance with lower pressure. The uncertainty bands are located on these data 
points only for the purpose of clarity on the plot. All experimental data plotted have the same 
uncertainty value. The transmission line model data is shown using dashed lines. The results 
show that our measured magnitude of the impedance values are higher than those predicted by 
the model on the order of about 25 %. 

The phase of the inertance tube impedance (pressure-flow) is shown in Figure 7. The results 
show that the measured phase angles are lower than those of the transmission line model. There 
is agreement with all three pressures tested for each of the frequencies. Error bars are shown for 
the 50 Hz data that indicate a + 5 degree uncertainty. At 30 to 50 Hz it is lower by 8 to 10 
degrees and at 70 Hz it is about 15-20 degrees. Although we made correction for the mass flows 
at the compressor, we did not correct for any phase-angle differences. From our data results it 
appears that a correction should have been made for the hot wire phase shifts of about 10-12 
degrees, and this would have brought our measured values more in line with the transmission 
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line models for a given flow rate. However, as shown in Figure 6, the magnitude of the 
impedance from the model is about 25% lower than the measured value impedance. Therefore, 
for the same pressure ratio, the calculated flow is 25% higher than the measured values. For the 
same pressure ratio, the phase calculated from the model agrees with the measurement to within 
about 10 degrees. 

In the entire set of model data shown, the conditions are assumed to be adiabatic and with a 
tubing surface roughness of one micron. If we assume isothermal behavior, the model predicts 
lower phase angles, with the largest change being at high pressure ratios and high frequencies. 
In our experiments, that would shift the 2.5 MPa and 70 Hz about 3 degrees lower toward the 
direction of the experimental data results. For all other cases, the calculated phase angle 
differences would be less than this 3-degree change. Similar effects of the impedance at 
isothermal conditions would predict an increase of impedance of 5 % at 2.5 MPa and 70 Hz, 
where again the maximum effect would be seen; this would shift the calculations toward the 
experimental results. At a surface roughness of 3 microns, the model calculates a decrease in 
phase shift by 2 degrees and an increase of impedance by 4 degrees. These effects are the same 
for all experimental test conditions. 

CONCLUSIONS 

We have developed a measurement technique using a hot wire anemometer to measure mass 
flows at the inlet of inertance tubes as well as phase shifts with respect to the compressor 
pressure. The hot wire calibration data were compared with mass flows at the compressor and 
reservoir locations in the experiments and a weighted curve fit to the data was calculated to 
obtain a reliable calibration for the hot wire in oscillating flow. The experimental results for the 
impedance of an inertance tube were compared with a treinsmission line model. The results 
showed that the transmission line model predicted impedance values about 25 % lower than the 
measured values. The model also predicted phase shifts that were higher than the measured 
values ranging from 8 degrees at the lower frequency range to 20 degrees at the higher frequency 
range. Corrections to the hot wire calibration from steady flow were made for the mass flow rate 
measurements in oscillating flow. However, no corrections were made for the phase angle 
measurements. With additional data analysis, it may be determined that a phase angle correction 
should also be applied that would give better agreement between the model and the measured 
data. 

FUTURE RESEARCH 

Additional experiments will involve longer length inertance tubes along with larger inside 
diameter tubing. We plan to extend the frequency range and increase the range of pressure 
ratios. With larger inside diameters we will need to utilize a larger compressor and increase the 
power flows. 
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ABSTRACT 

The phase shift between pressure and mass flow predicted by an analytic solution for incom
pressible oscillatory flow in an infinite tube is presented and compared with numerical solutions to 
the incompressible Navier-Stokes equations for an inertance tube computed by a commercial com
putational fluid dynamics (CFD) code. Compressible flow equations are also solved by the CFD 
program and the resulting phase shifts and temperature profiles are reported. A parametric study of 
the dependence of inertance tube phase shift upon diameter, frequency and length is presented. A 
turbulence model is included in some runs to evaluate the effect of turbulence on computed phase 
shift. 

INTRODUCTION 

Relatively long and small diameter "inertance tubes" have been used with pulse tube type 
cryocoolers to improve refi'igeration performance. In a pulse tube cryocooler, a phase difference 
exists between pressure and mass flow and this difference depends upon operating parameters and 
location in the pulse tube.' Heat transfer performance at the cold and hot heat exchangers as well as 
the regenerator depends upon the phase difference between mass flow and pressure. However, 
phase shift can not be independently set at any given location in the pulse tube cryocooler. In orifice 
pulse tubes, the pressure and mass flow at the hot heat exchanger (right end of the tube) may be 
closely in phase. For a sufficiently large reservoir, when the pressure at the tube side of the orifice 
is at its maximum, the flow through the orifice is also at its maximum. For finite reservoirs, the 
mass flow will lead the pressure at the orifice. The mass flow leading angle increases with distance 
from the orifice down the pulse tube toward the cold end heat exchanger and increases more through 
the regenerator. 

Altering the phase difference between mass flow and pressure at the hot end will cause a 
change in the phase difference at the cold end and in the regenerator. If the phase at the hot end is 
shifted such that the mass flow lags the pressure wave, the mass flow lead at the cold end and 
through the regenerator can be reduced resulting in improved pulse tube system performance. 
The advantage of altering the hot end phase shift is demonstrated in a "double inlet" pulse tube. 
In the double-inlet pulse tube, a small fraction of flow from the compressor is ducted through an 
Cryocoolers 13, edited by R. G. Ros\ Jr. 
Springer Science+Business Media, Inc., New York, 2004 2 7 5 
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orifice to the hot end of the tube (bypassing the regenerator and pulse tube) such that the resulting 
total hot end mass flow lags the pressure. However, oscillating the fluid through the orifice and 
bypass requires some fraction of compressor work and the flow loop created between the com
pressor and hot end of the pulse tube can allow a net average or "DC" flow around the loop that 
tends to degrade to refrigeration performance. 

An inertance tube oflfers the effect of mass flow lagging the pressure wave at the hot end of 
the pulse tube but without additional work from the compressor or creating the DC flow loop.^ 
This work examines the dependence of the phase shift in an inertance tube upon tube geometry 
and operating parameters. The dependence is shown analytically for the case of a laminar, incom
pressible fluid in an infinitely long tube and is investigated numerically via a commercial CFD 
code (Fluent ) for a compressible fluid (helium). 

OSCILLATING INCOMPRESSIBLE FLOW INSIDE AN INFINITE TUBE - ANALYTIC 
SOLUTION 

Analytic solutions for the time varying velocity distribution in the case of incompressible 
flow driven by a periodic pressure gradient in an infinite tube have been in the literature for some 
time.^'^'*'^ Assuming negligible variations in the axial direction and only axial flow, a simphfica-
tion of the Navier-Stokes equations yields 

du ^ fduldu 
^—= Ccosa« + K —T+—T" 
dt [ dr r dr 

(1) 

where u is the axial velocity, C is the amplitude of the pressure wave, 0 is the frequency of oscil
lation, vis the fluid kinematic viscosity and r is the radial direction in the tube. The periodic pres
sure gradient driving the flow is given by 

dp 

dx 
= -pCcosa>t (2) 

where p is the fluid density. 
As the objective in using an inertance tube is altering the phase shift between oscillating 

mass flow and pressure, it is instructive to consider the range of phase shift possible in this 
incompressible case. A negative pressure gradient drives flow in the positive x direction. The 
negative gradient corresponds to a positive gage pressure that is 180° out of phase with the oscil
lating pressure, p(x,t) proportional to cos wt. In a force balance, the pressure force is countered 
by the fluid inertia and viscous forces. For the case of an inviscid fluid (v-Q), the oscillating 
pressure would tend to accelerate the fluid during the positive half of the pressure cycle and 
decelerate the fluid in during the negative half Therefor, peak positive velocity would occur at 
the end of the positive pressure half cycle (end of acceleration) and peak negative velocity would 
occur at the end of the negative half cycle as shown in the sinusoids of Fig. 1. Or, integrating 
Eq. (1) with v= 0 yields u{t) = {CIciS} sin cot. This limiting case of an inviscid fluid corresponds 
to a mass flow that lags the pressure oscillations by 90°. 

For the viscous case of a Newtonian fluid, Eq. (1) is solved assuming no slip at the wall (M = 
0 at r = a, the tube wall radius,). 

u{r,t) = 
iC 

0) y„(>/=a) 
(3) 

where X = a^co/v and JQ is the zero order Bessel function. The velocity profile given by Eq. (3) 
demonstrates a phase difference between the fluid near the walls and the fluid in the core of the 
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Figure 1. Normalized curves of pressure, pressure gradient and velocity for inviscid, 
incompressible oscillatory flow. 

tube. This phase difference occurs as the pressure forces driving the flow are transmitted near 
instantaneously through the fluid, while the viscous stress at the wall takes some time to diffuse 
toward the core. The magnitude of the phase difference depends upon the fluid properties, oscil
lating frequency and tube radius. As an example, Fig. 2 shows velocity profiles for a fluid having 
the density and viscosity of helium at 2 MPa and 300 K, oscillating at 50 Hz in a tube 2 mm in 
diameter. For this case the dimensionless frequency A, is 49.25 and the amplitude of the pressure 
gradient is 50 kPa/m. Note that when <y? is at TOT'S, the core of the flow has a positive velocity 
while the flow near the wall is in the opposite direction. Just beyond at = l7tl?,, the negative 
mass flux near the wall equals the positive mass flux in the core resulting in a zero total mass 
flow rate which is out of phase with the core flow and the driving pressure oscillations. For this 
example case, when wt = Q.9?)TC, the mean flow velocity is zero. Since the oscillating pressure 
passes through zero at cot = 7d2, the presstire leads the mass flow by 77.2°. 

To compare CFD prediction capability with the analytic velocity profile solution, an incom
pressible flow case was run for a 2 mm diameter tube 1 m long. The computational grid was 1000 

velocity (m/s) 
Figure 2. Velocity profdes from the analytic solution (Eq. (3)) and numerically calculated 

values (data points) for helium oscillating at 50 Hz in a 2 mm diameter tube. 
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cells along the length of the tube and 20 cells along the radius, with a more dense distribution 
near the tube wall. Constant fluid properties were set equivalent to those of helium at 2 MPa and 
300 K (p = 3.18 kg/m^ and viscosity, // = 2.03 kg/m-s). The boundary conditions included a sinu-
soidally oscillating pressure at the tube entrance with an amplitude of 50kPa while the tube outlet 
pressure was constant at 0 Pa (gage). Velocity data was recorded at the tube midpoint where the 
amplitude of the pressure gradient was approximately 50kPa/m. The computed data points are 
shown in Fig. 2 along with the analytic solution. 

The velocity distribution of Eq. (3) can be integrated over the cross sectional flow area to 
give the mean cross sectional velocity u{t). 

u(t) = 
CO 

1-- (4) 

Evaluating the phase angle of this complex quantity yields the phase difference between mean 
velocity and pressure. 

The phase shift between the pressure and the mean velocity given by Eq. (4) is plotted 
against the dimensionless frequency A in Fig. 3. As A tends toward zero (some combination of 
very low frequency, small tube diameter or very viscous fluid), the average velocity and pressure 
tend to be in phase. After the knee in the curve at around A. = 20, the phase difference asymptoti
cally approaches 90°. For the example CFD case used to generate the points on Fig. 2, A = 49.3 
and corresponds to a phase difference of 77.2°. 

A phase difference also exists between the average velocity and core velocity as illustrated 
by the velocity profiles in Fig. 2. The phase difference between average and core velocities has a 
maximum of 18.76° a.tA= 29.0. The phase difference between the core velocity (Eq. (3) at r = 0) 
and the oscillating pressure is also plotted in Fig. 3. At A = 49.3 (corresponding to the flow condi
tions of Fig. 2), the core velocity phase difference is 92.5°. Notice that in Fig. 2 at 0)1 = 0, the 
core velocity is slightly negative, lagging the peak of the pressure oscillation by 2.5°. As the core 
velocity can be out of phase with the average velocity, care should be taken in experimental iner-
tance tube measurements to distinguish whether core or average velocity is being measured. 

^ 60 

A= COa^/V 

Figure 3. Phase differences between average and core velocities and pressure oscillations as 
a function of the dimensionless frequency, A. 
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COMPRESSIBLE FLOW 

For compressible flow, the force balance includes not only pressure, inertial and vis
cous terms, but also the reversible fluid compression and expansion associated with heating 
and cooling the fluid. The irreversible process of viscous dissipation is present in both com
pressible and incompressible flows, but is usually relatively small in low velocity flows and 
is not included in the calculations in this work. 

In the incompressible case described above, the phase shift is independent of the pres
sure amplitude and, for an infinite tube, is not dependent upon length. Phase shift is depen
dent upon frequency, tube radius and fluid kinematic viscosity. For the compressible case, 
both pressure amplitude and tube length affect the phase difference at the inlet. 

The commercial CFD code. Fluent , numerically solves the time dependent mass, 
momentum and energy conservation equations and predicts flow field properties. Fluent is 
used in this work to predict the inlet phase shift of inertance tubes for compressible fluids. 
The geometrical representation of the inertance tube assumed 2-D axisymmetric oscillating 
flow in a simple thin, long tube. A sinusoidally oscillating pressure of given amplitude and 
frequency was set at the tube inlet. The tube outlet was either fixed at zero gage pressure or 
the pressure was calculated to match that of a 1 liter fixed volume isothermal reservoir. 
Since energy conservation equations are solved in the compressible case, the tube side wall 
heat transfer must be specified. Two tube side wall thermal boundary conditions were evalu
ated, some cases had an isothermal boundary at 300 K while most cases had the boundary as 
adiabatic. 

For all compressible flow cases, the inlet phase shift prediction was less than that given 
by the analytic solution for the incompressible flow case. In Fig. 4, inlet phase shift data 
points are plotted along with the analytic curve. The difference between the predicted com
pressible flow and analytic phase shift varied with tube diameter and length as well as driv
ing pressure frequency and amplitude. The calculated phase shifts along with details for 
each case run is given in Table I. 

90 

70 
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30 -

20 

10 100 
nondimensional frequency, X 

Figure 4. Computed phase difference between inlet mass flow and pressure for compressible 
flow cases (data points) and the analytic incompressible flow phase difference (curve of Eq. (4)) as a 
function of the dimensionless frequency, A. 
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Case Studies 

Several cases were run to compare predicted phase shift for compressible laminar flow in 
inertance tubes. The phase shift results are presented in Table 1. Based upon experimental reports 
on turbulence in oscillating flow (discussed below), most applications of inertance tubes on pulse 
tube cryocoolers will give rise to either partially or fully turbulent flow inside the inertance tube. 
However, the laminar cases are computationally quicker to solve and can demonstrate phase shift 
dependence upon pressure amplitude and tube length that may also be present in the turbulent 
cases. The general effect of turbulence is that of increased viscosity which corresponds to a 
decrease in dimensionless frequency, A, and a decrease in the phase shift. 

A substantial and historical body of research on turbulence in steady pipe flow exists where 
it is universally agreed that the transition from laminar to turbulent flow occurs for Reynolds 
niunbers greater than 2100. The transition between laminar and fully turbulent flow in the oscil
lating case may be marked by turbulence that exists in only part of the period. For example, tur
bulent bursts may occur in the decelerating part of the period (flow under an adverse pressure 
gradient), then relaminarize during the accelerating portion. In a recent review of oscillating flow 
research , no existing uniform agreement on the transition from laminar to turbulent flow was 
found. Different flow parameters were used in characterizing the transition from laminar to turbu
lent oscillating tube flow. Some reports classified transition to turbulent flow by the Reynolds 
number, Reg, based upon the Stokes layer thickness, 5, and the amplitude of the center line veloc
ity, UQ, and the non dimensional irequency A used in Eq. (4) above. 

(5) 

(6) 

Various works cited in the review reported a transition to turbulence for a range of iJej between 
110 and 1100. 

The Reynolds number in terms of the amplitude of the oscillating mean flow velocity, U 
and tube diameter, D, was also used to categorize the conditions under which turbulent bursts first 
occur: 

V 

The critical Reynolds number in this case is given as a function of a proportionality constant, K, 
and the square root of the dimensionless frequency, A, 

One report mentioned gave'" the critical Reynolds number, RCg^ ^. = 2^50 for ^ < 1 and 
Re = SSlyfX for ^ > 7, which agreed well with other reported experimental values. Con
sidering the range of diameters, velocities and frequencies used in inertance tubes, almost all 
applications will include Re exceeding Reg^^ with at least some part of the cycle will having tur
bulent flow. 

A variety of turbulence models are available in the CFD code and a A:-ft) turbulence model 
was used for the cases in this work. The standard A:-£ turbulence model includes transport equa
tions for the turbulent kinetic energy, k, and its rate of dissipation, e. The fc-ft; model uses a spe
cific dissipation rate, CO, which may be thought of as the ratio of eto k. A recent report on using 
CDF to model pulsatile flow in stenotic vessels found that the k-wmode] yielded better results 



COMPRESSIBLE FLUID DYNAMICS IN INERTANCE TUBES 281 

Table 1. CFD case summary of calculated inertance tube inlet mass vs. pressure phase difference 
along with specified boundary and flow conditions. 
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than other available turbulence models . However, without supporting experimental data, the 
numerical predictions in this work serve only to calculate a dependence of phase shift upon other 
flow parameters and to distinguish that phase shift in turbulent flow calculations is less than that 
in laminar flow. 

Phase shift dependence upon tube geometry and flow conditions 

All CFD computed phase shifts between inlet pressure and mass flow rate in the compress
ible flow cases were less than that predicted for the incompressible, infinite tube case (see Fig. 4). 
The difference generally increased with increases in frequency, inlet pressure amplitude and tube 
length. Fig. 5 includes three plots of phase shift versus tube length, frequency and inlet pressure 
amplitude. 

The largest computed change was evident in a few cases with very long tube lengths. Phase 
shift for the 5.33 mm diameter tube at 50 Hz and 50 kPa pressure amplitude went fi"om 76 ° to 
-66 ° as the tube length was increased from 3.8 to 8.0 meters. For the same tube operating at 
40 Hz, the change from 3.8 to 8.0 m resulted in a less dramatic change (66 ° to 35 °). This change 
for mass flow lagging pressure to leading pressure for increased tube length was also predicted in 
earlier numerical work.^ Other laminar flow cases generally demonstrated a reduction in phase 
shift with increased length. 

The effect of increasing oscillating pressure frequency generally resulted in increased phase 
shift, just as in the incompressible flow case with increasing dimensionless frequency, A. How
ever, difference between the calculated phase shift of compressible flows and the analytic predic
tions for an incompressible fluid oscillating with the same frequency and tube diameter increased 
with increasing frequency. 

Increasing the oscillating pressure amplitude increases the amplitude of the fluid velocity, 
uniformly resulting in a decrease in the phase shift. 

Temperatures along the length of the tube. 

For the adiabatic compressible flow cases, a temperature profile along the length of the tube 
was predicted. (Alternatively, a varying heat flux was predicted for the isothermal cases.) In the 
adiabatic cases, the cycle averaged fluid temperature near the middle of the length of the tube 
increased as the number of cycles increased. Comparing cases #18 (isothermal boundary) and 
#19 (adiabatic boundary), the adiabatic case with warmer tube walls results in a decrease in phase 
shift. For some given heat transfer relation (e.g. convective, conductive, radiative) between the 
outer tube and a heat source or sink, a quasi steady temperature profile could be determined. 
However, for the CFD runs in this report, only adiabatic and isothermal boundaries were set. 

Fig. 6 shows a temperature profile averaged over one cycle along the inertance tube for 
case #8. The tube wall is adiabatic and this case has not reached a quasi-steady state (The cycle 
average temperature is still increasing with time). The profile was calculated after the simulation 
had ran 60,000 time steps for at total of 148 cycles (2.1 s). The ends remain near the 300 K fixed 
inlet fluid boundaries, but the mid temperature has increased to 309.5 K. 

SUMMARY 

The phase difference between inlet mass flow and pressure in very long tubes was calculated 
from an analytic solution to an incompressible flow case and by use of a commercial CFD pro
gram for compressible fiow. All CFD computed compressible flow cases demonstrated a 
decrease in the amount of phase shift by which mass flow leads pressure when compared with 
that predicted by the incompressible solution for equivalent diameter, frequency and viscosity. 
The general result of increased pressure amplitude and increased tube length was to decrease the 
phase difference. 

The effect of changing the tube wall thermal boundary should be further investigated com
putationally and experimentally. For example, the influence of wrapping some portion of the 
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Figure 6. Axial fluid temperature averaged over one cycle. Data corresponds to case #8, after 148 
cycles. 

inertance tube around or near low temperature regions of the cryocooler upon inlet phase shift 
should be quantified by measurement and prediction. 

This work has demonstrated a capability for CFD predictions of inertance tube performance. 
The CFD results match analytic prediction for the case of incompressible flow. The CFD calcula
tions must be verified with experimental data to fully assess predictive capabilities. Further, these 
calculations are currently computationally expensive and are not suitable for the relatively quick 
predictions valuable to a cryocooler system designer. However, CFD inertance tube models, ade
quately validated with experimental data, can serve to fill in experimental data points over a wide 
range of operating conditions including, pressure frequency, amplitude, tube length, tube diame
ter, working fluid properties and tube thermal boundaries. 
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ABSTRACT 

Two entire Inertance Tube Pulse Tube Refrigerator (ITPTR) systems operating under a 
variety of thermal boundary conditions were modeled using a Computational Fluid Dynamics 
(CFD) code. Each simulated ITPTRs included a compressor, an after cooler, a regenerator, a 
pulse tube, cold and hot heat exchangers, an inertance tube, and a reservoir. The simulations 
represented fully coupled systems operating in steady-periodic mode. The objectives were to 
ascertain the suitability of CFD methods for ITPTRs and to examine the extent of multi
dimensional flow effects in various ITPTR components. The results confirmed that CFD 
simulations are capable of elucidating complex periodic processes in ITPTRs. The results also 
showed that a one-dimensional modeling is appropriate only when all the components in the 
system have large length-to-diameter (L/D) ratios. Significant multi-dimensional flow effects 
occur at the vicinity of component-to-component junctions, and secondary-flow recirculation 
patterns develop when one or more components have small L/D ratios. 

INTRODUCTION 

The design of Pulse Tube Refrigerator (PTR) systems has advanced incessantly since the 
invention of basic PTR , leading to improvements in their performance and lower achievable 
refrigeration temperatures. The major design variations introduced thus far include the Orifice 
Pulse Tube Refrigerator (OPTR)^ double inlet OPTR^ the modified OPTR'', the multi-pass 
OPTR^, and most recently the Inertance Tube Pulse Tube Refrigerator (ITPTR).*^ The exact 
nature of the physical phenomena underlying the operation of PTRs is not well-understood, 
however.^'^ A fundamental difficulty in all PTRs is that their working fluid compression and 
expansion processes are not well-defined, and poorly-understood thermal relaxation and phase-
lag phenomena dominate their operation. Crucial among these is the phase angle between 
pressure and mass flow. This phase angle is influenced by the wave resonance phenomena in 
BPTRs, and is adjusted by orifices and/or valves in various OPTR designs. In an ITPTR, the 
orifice valve of the simple OPTR is replaced by a long and slender (Inertance) tube that, with 
proper design, can cause an optimal phase lag between pressure and mass flow rate in the pulse 
tube. 
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Computational models have recently been developed for the simulation of the regenerator, 
or the entire PTR.'""'^ The Sage computer paclcage [9] models an entire PTR assuming 1-D 
flow, and can optimize a system against a user-selected geometric parameter. The numerical 
model used by Ju et al.'" is also 1-D and appears to simulate an entire PTR system. Simulation of 
a complete PTR system using CFD software packages has also been recently published. 

Hozumi et al. performed axi-symmetric and 3-D simulations of BPTRs and OPTRs, with 
an interest in the effects of gravity and orientation on system performance. Flake and Razani'^ 
conducted an axi-symmetric analysis of a BPTR and an OPTR, using the Fluent®" commercial 
CFD package, and indicated that the occurrence of recirculation patterns and streaming effects in 
the simulated pulse tube. 

In this paper, we report on CFD simulations addressing the steady-periodic operation of two 
ITPTR systems. The objectives were to assess the feasibility of CFD simulation of ITPTRs, and 
to examine the extent and significance of multi-dimensional flow effects in these systems. 

SIMULATED SYSTEMS 

Two ITPTR systems referred to as MODI and M0D2 hereafter, were simulated, using the 
Fluent'' code. A schematic of the ITPTR system is shown in Figure 1, and the geometric 
dimensions of all the components are listed in Table 1. The system designated as MODI is in 
fact identical to the experimental test apparatus of Kirkconnell et al.'"*'" and Harvey et al.'*, with 
the exception that MODI includes an inertance tube (IT) instead of an orifice. The M0D2 
system is similar to MODI, except that the regenerator, pulse tube, and inertance tube 
components of MOD2 have different geometric dimensions than MODI. 

Three different operational modes were simulated for MODI and M0D2 each, as 
summarized in Table 2. The three cases for each system address operation with an adiabatic cold 
end heat exchanger (CHX) (i.e., zero cooling load), a specified CHX cooling load, and a known 
CHX surface temperature. The boundary conditions depicted in Table 2 were the only 
parameters that were provided to the forthcoming CFD simulations. The entries that are shown 
in bold characters, furthermore, are calculated resuhs from simulations. All other system 
boundaries were assumed to be adiabatic. 

A 

B 

C D 

i 
E 

F 

G 

1 
H 

1 

Figure 1. The Simulated ITPTR System. 

Table 1. Dimensions of the Simulated Systems 

Components 
A (Compressor) 

B (Transfer Line) 
C (WHX1) 
D (Regenerator) 
E (CHX) 
F (Pulse Tube) 
G (WHX2) 
H (Inert. Tube) 
1 (Surge Volume) 

MOD1 
Radius (m) 
9.54E-03 

1.55E-03 
4.00E-03 
4.00E-03 
3.00E-03 
2.50E-03 
4.00E-03 
4.25E-04 
1.30E-02 

Length (m) 
7.50E-03 

1.01E-01 
2.00E-02 
5.80E-02 
5.70E-03 
6.00E-02 
1 .OOE-02 
6.84E-01 
1.30E-01 

1\/I0D2 
Radius (m) 
9.54E-03 

1.55E-03 
4.00E-03 
1,OOE-02 
3.00E-03 
7.50E-03 
4,00E-03 
5.96E-04 
1.30E-02 

Length (m) 
7.50E-03 

1.01E-01 
2.OOE-02 
2.50E-02 
5.70E-03 
3.00E-02 
1.00E-02 
1.07E+00 
1.30E-01 
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Table 2. Boundary Conditions for the Simulations 
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Components 
WHX1 Wall 
Temperature (K) 
CHX Wall Conditions 
WHX2 Wall 
Temperature (K) 
CHX Load (W) 
CHX Surface 
Temperature (K) 

MODI 
Case 1 

293 
Adiabatic 

293 
0 

87* 

Case 2 

293 
1W load 

293 
1 

100* 

Cases 

293 
150 K 

293 
6.39* 

150 

WI0D2 
Case 4 

293 
Adiabatic 

293 
0 

278* 

Case 5 

293 
1 W load 

293 
1 

280* 

Case 6 

293 
282 K 

293 
2.57* 

282 

* These values were obtained from simulations. 

CFD MODELS 

The commercial CFD code Fluent® was used. Given the assumed cylindrical and linear 
alignment of the simulated ITPTR systems, axi-symmetric, two-dimensional flow was assumed. 
Using a simple user defined function, the piston head motion was modeled as: 

X= Xa*sin (w*t) (1) 

where Xa= 4.511e-3 m, w = 213.62 r/s, and the time increment of 7.3529e-4 seconds were 
assumed. 

Fluent is equipped with a dynamic meshing function that can create deformable mesh 
volumes. This function was utilized for modeling the compressor. Detailed nodalization of all 
components was performed, whereby regions deemed more sensitive, such as the vicinity of 
component-to-component junctions, were represented by finer mesh than others. The MODI 
and MOD2 systems were represented by a total of 4,325 and 4,366 nodes, respectively. 

The mass, momentum and energy equations solved by Fluent for the forthcoming 
simulations are, respectively: 

dp 

dt 

= , - X — ( r p f v , ) + (pf V, ) = 0 
o t r 5 r 5 X 

( p f v ) - ! - V • ( p f V v ) = -V p + V • ( T ) 

(2) 

(3) 

where 
S t 

(pf E ) + V • (v (PJ E + p ) ) = V • (kVT + (T • v)) 

c C P V • E = h - ^—+ — 

(4) 

(5) 

and all properties represent the properties of the working fluid helium. The above equations 
apply to all components, except for CHX, WHXl, WHX2 and the regenerator. The latter 4 
components are modeled as porous media, assuming that there is local thermodynamic 
equilibrium between the fluid and the solid structure in these components. The mass, 
momentum, and energy equations in the latter 4 components are: 

^ - | ^ + i A . ( „ p , v J + - ^ ( s p , v J = 0 (6) 
o t r 3 r o x 

— ( s p f v ) + V . (8P fVv)= - s V p + V • ( s x ) - ^ v + y C Pf |v |v (7) 
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dt 
( E P f E , + ( l - £ ) p , E j + V . ( v ( p f E f + P ) ) = V . [ ( s k , + ( l - E ) k , ) v T + (T.v)] (8) 

wheree = 0.69 ,p = 1.06x lO"'"!!!^, and C = 7.609x lO"*!!!"' were assumed. These parameters 
are based on the experiments of Harvey. 

For simplicity, all the simulations were done as transient processes, starting with an initial 
system temperature of 300 K for Cases 1-3, and 293 K for Cases 4-6. Simulations were 
continued until a steady-periodic state was obtained. 

RESULTS AND DISCUSSION 

General Observations 

The variations of the cycle-average temperature of the CHX surface are depicted in Figure 2 
for Cases 1, 2, 4 and 5, and show the development of steady-periodic states. For Cases 3 and 6, 
where a constant CHX surface temperature was imposed, steady periodic state can be easily 
recognized by plotting the temporal variation of the total rate of heat absorbed by the system 
through CHX (cooling load). 

The axial distributions of cross-section and cycle-averaged temperature for Cases 1-3, under 
steady-periodic state, are displayed in Figure 3. Significant temperature gradients are predicted 
in the regenerator and the pulse tube. These profiles are evidently consistent with the known 
trends in data. The overall performances of the simulated systems are represented by the 
predicted entries in Table 2. Besides well-expected trends (e.g., higher cold tip temperatures 
with a cooling load of IW, in comparison with cases with zero cooling load), an interesting 
observation is that simulation Cases 1-3 perform much better than Cases 4-6. The MODI system 
being made of models with large L/D, is evidently superior to the M0D2 system. 

Multi-Dimensional Effects 

Intuition suggests that multi-dimensional flow effects become more significant as a 
component's L/D ratio is reduced, and that the most significant multi-dimensional effects should 
occur at the vicinity of component-to-component junctions. Details of the simulation flow fields 
fully support these observations. Figures 4 and 5 depict the cycle-average temperature contours 
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Figure 6. Snapshot of velocity vectors and temperatures [in K] in tlie regenerator of MOD2 system 
during the simulation Case 4. 

Figure 7. Snapshot of velocity vectors and temperatures [in K] in the pulse tube of MOD2 system 
during the simulation Case 4. 

for Cases 2 and 5, respectively. The multi-dimensional effects in all simulations dealing with 
MODI system were relatively minor. Significant multi-dimensional effects occurred in M0D2 
system, however. Typical snapshots of the fluid velocity and temperature distributions repre-senting 
the regenerator and the pulse tube of the M0D2 system are depicted in Figs. 6 and 7, respectively. 
The two figures are associated with Cases 4, under steady-periodic conditions. For both compo
nents, strong multi-dimensional effects occur near the two. The secondary flows, in the form of recircu
lation patterns are predicted for the pulse tube. The multi-dimensional flows undoubtedly impact pres
sure drop, dissipation and heat transfer processes, in particular in the regenerator. The multitude of 
recirculation pattern in the pulse tube cause undesirable mixing in the thermally stratified fluid, and is at 
least partially responsible for the poor overall performance of the M0D2 system. 

CONCLUSION 

Two entire ITPTR systems operating in steady periodic state under a variety of boundary con
ditions were numerically simulated using the CFD package Fluent. The objectives were to demon
strate the feasibility of CFD simulation of OPTRs, and to examine the multi-dimensional flow and 



CFD SIMULATION OF EFFECTS IN AN INERTANCE TUBE PT 291 

heat transfer effects. CFD simulations successfully predicted all the expected trends. They also 
showed that a 1-D analysis can be adequate only when all the components of the ITPTR have large 
length-to-diameter ratios. Significant multi-dimensional effects and working fluid recirculation 
occur when one or more components have relatively small L/D ratios. The recirculation patterns 
deteriorate the overall performance of the system. 
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NOTATION 

C = Inertial Drag Coefficient Greek letters 
h = Enthalpy 
k = Thermal Conductivity P = Permeability 
P = Pressure e = Porosity 
r = Radial coordinate |i = Absolute viscosity 
t = Time p = Density 
T = Temperature T = Stress tensors 
V = Velocity 
w = Angular frequency (rad/s) Subscripts 
X = Axial coordinate 
X = Piston displacement f= Fluid 
Xa= Piston displacement amplitude s = Solid 
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ABSTRACT 

The pressure-flow phase angle is a key design parameter for optimizing pulse tube 
cryocooler performance. A high efficiency cryocooler requires an optimal phase angle that 
minimizes viscous dissipation losses in the regenerator and maximizes the acoustic power (PV) 
flow into the pulse tube. This will result in greater cooling capacity for a given amount of 
acoustic power delivered by the compressor. In a pulse tube cryocooler, the pressure-flow phase 
angle is driven by a combination of effects which include valve flow area, inertance tube size, 
and reservoir volume for a fixed working fluid flow rate. In this paper, the pressure-flow phase 
angle at the pulse tube is modeled using a simple lumped-element model RLC electrical network 
analysis. The RLC electrical network consists of a resistance component (R), an inertance 
component (L), and compliance component (C). The paper also addresses the effect of a 
secondary orifice (also referred to as a secondary valve) on the pressure-flow phase angle model. 
Phasor diagrams using vector representation are presented to visualize the direction and variation 
of the pressure-flow phase angle due to configuration changes in valves, inertance tubes, 
reservoir volumes, and working fluid flow rate. The model predictions will be compared to the 
established phase angle in-line theory method, as well as experimental results obtained with the 
Sierra Lobo pulse tube cryocooler developed under the NASA 2"'' Generation Reusable Launch 
Vehicle Program. 

INTRODUCTION 

Much effort has been made to model the pressure-flow phase angle in the pulse tube 
cryocooler (Refs. 1, 2). An' optimal phase angle results in a minimum flow rate and pressure 
drop through the regenerator. This results in higher pressure ampUtude and larger cooling power 
for a given input PV power. In the pulse tube cryocooler, especially the smaller sizes, it is 
difficult to obtain an optimal large pressure-flow phase angle at the pulse tube due to the 
interdependence between volume flow rate, pressure ampUtude, and pressure-flow phase angle. 
Meeting design specifications normally requires a tedious testing and tuning process to achieve 
the desired cryocooler performance parameters. In large pulse tube cryocoolers the flow rate 
into the reservoir is large, which may lead to a phase angle that is larger than the predicted 
optimum. In small pulse tube cryocoolers the working fluid flow rate is typically low. 

Cryocooler.^ 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 2 9 3 
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Therefore, smaller than desired phase angles are seen in most practical small pulse tube 
cryocooler systems. 

A secondary orifice is added to the system to provide additional pressure-flow phase angle 
shift. The presence of the secondary orifice also introduces the potential of DC flow which 
degrades system performance (Refs. 2, 3, and 4). The secondary orifice, typically a double-inlet 
valve, serves as a DC flow eliminator. Such an orifice adds the capability to create an equivalent 
pressure drop in the opposite direction to the DC flow pressure drop that is able to suppress the 
DC streaming. Due to the presence of the secondary orifice, the model for pressure-flow phase 
angle becomes more complicated. In this paper, the pressure-flow phase angle at the pulse tube 
of the cryocooler is modeled using the RLC electrical analog network. The pressure-flow phase 
angle is illustrated and presented using a phasor diagram with vector operations. Pressure-flow 
phase angle measurement methods are also presented. 

PRESSURE-FLOW PHASE ANGLE MODELING IN THE ABSENCE OF A 
SECONDARY ORIFICE 

Figure 1 shows the configuration of the reservoir, inertance tube, and the secondary orifice in the 
pulse tube cryocooler system. The continuity Equation of the working fluid entering the reservoir 
is: 

dMc 
dt (1) 

where rhc is mass flow rate of gas flowing into the reservoir, and M^ is the total mass of gas in 

the reservoir. Using the ideal gas equation, p„ = °/n^ , and assuming a reversible and 

adiabatic reservoir, dp^ = yRTdp^, Equation 1 can be rewritten in terms of volume flow rate and 
pressure (Ref 4): 

„ _ Vr dpc 

yPm dt 
(2) 

Uc, m^ 

' - ' i n j " i n » •'^^^ii 

Up,, Pp„ Apt 

Q Pressure Transducer 
Location 

Pin,U, 

Uv, riiv 

Pa 
-O— 

PV. 
Pa 

(a) (b) 

Figure 1. (a) Pressure-Flow Phase Angle Control System in the Pulse Tube Cryocooler; 
(b) Pressure-Flow Phase Angle Control System - Electrical Analog. 



PHASE ANGLE MODEL USING ELECTRICAL NETWORK ANAL 295 

where 7 is heat capacity ratio, Tc is gas temperature in the reservoir, Vr is reservoir volume, and 
R is the gas constant. Since pressure pc and uc are time-oscillatory complex quantities the 
pressure pc in the reservoir and the volume flow rate into reservoir uc can be written: 

Pc=Pm+Pcei®' (3) 

Uc = Uceifflt (4) 

In Equations 3 and 4, Pm is the mean pressure and is a time-independent value; w is the working 
fluid angular frequency. The mean volume flow rate is zero. The Pee'"' and Ucc'"' terms are 
complex quantities, reflecting a time-varying phase-pressure angle and flow rate in oscillating 
flow. Here, Pc is the pressure amphtude in the reservoir, and Uc is the volume flow rate 
amplitude flowing into the reservoir. Substituting the value of pc and Uc from Equation 3 and 4 
into Equation 2, results in the following: 

U c = ^ i f f l P c (5) 
Y^m 

The flow amplitude at the inertance tube inlet (Uin) leading the flow amplitude at the inertance 
tube outlet (Uc) is governed by the following equation: 

Uc=PinicoCi+Uin (6) 

Where Ci is the compliance component of the inertance tube, and Uin is the flow rate amplitude 
into the inertance tube, the inertance tube is modeled as two components in the series: an 
inertance Li and a viscous resistance Ri. The reservoir is modeled as a single compliance 
component C. Neglecting the inertance tube volume (Ci=0), the flow rate amplitude Ujn is in 
phase with Uc, and they are the same amplitude, Uin=Uc. In the absence of the secondary 
orifice valve, Uin and Upt are in phase and have the same magnitudes Uin=Upt, and Pin=Ppt-
The total acoustic impedance of the RLC series network using an electrical analogy (Figure lb) 
in the absence of a secondary orifice is given by Equation 7: 

Z = Sn=i , ,L i+Ri+-L (7) 
Uc icoC 

Where Z is total network acoustic impedance. Pin is inertance tube inlet pressure amplitude, Li 
and Ri are inertance tube inertance and viscous resistance components, and C is reservoir 
capacitance. The total acoustic impedance in Equation 7, which represents the pressure-flow 
phase angle, consists of complex real and imaginary components that represent the phase angle 
between pressure and flow amplitudes in the oscillating flow. Equation 7 illustrates how the 
desired pressure-flow phase angle can be achieved by controlling the RLC components. The 
components in the RLC network such as inertance L, resistance R, and compliance C are defined 
using mechanical and acoustic terms (Ref 2) and are given in Equations 8-10. 

Vr 
C = - ^ (8) 

yPm 
Li = Pml (9) 

A 

Rv=5^^ui„ a„, 
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i^ni 
" - ^ <"» 

In Equations 8-11, Vj- is the reservoir volume, T^ is the working fluid mean density, 1 is 
the length of the inertance tube, A is the cross sectional flow area, K is the head-loss coefficient 
for valves and fittings, fj, is the viscosity, 11 is the perimeter, 5^ is the viscous penetration depth, 
and Ujn is the flow rate amplitude inlets of the inertance tube. Substituting Equation 8 into 
Equation 5 yields the following Equation: 

Uc=ia)CPc (12) 

Equation 12 shows the flow into the reservoir leading the pressure in the reservoir by 90°. 
Equation 12 is important since it provides the reference frame in the construction of the phase 
diagrams that represent modeling of the pressure-flow phase angles in the pulse tube cryocooler. 
Combining Equations 12 and 7 gives the pressure-flow phase angle equation at the pulse tube 
when the secondary orifice valve is closed: 

Pin=Pc+RiUc+icoLiUc (13) 

Equation 13 consists of complex real and imaginary components that mathematically link 
the inlet to the inertance tube and the reservoir volume. The real component includes the 
reservoir pressure amplitude Pc and the inertance tube viscous resistance in phase with the 
reservoir volume flow rate amplitude (Uc). The imaginary component consists of the frequency, 
inertance, and reservoir volume flow rate. Equations 12 and 8 illustrate how the reservoir 
volume influences the flow amplitude, both of which contribute to the pressure-flow phase angle. 
It is desirable to size the pulse tube cryocooler reservoir large enough so as not to effectively 
change the amplitude of the volume flow rate. 

PRESSURE-FLOW PHASE ANGLE MODELING IN THE PRESENCE OF 
SECONDARY ORIFICE 

As the secondary orifice opens, mass flow rate into the reservoir m„ increases. The mass 
flow rate into the reservoir is govemed by the following Equation: 

m in=mpt+mv (14) 

Where riipt and my are mass flow rates of working fluid at the pulse tube and secondary 
orifice. With the assumption that the working fluid at the secondary orifice is the same 
temperature at the warm end of the pulse tube and the pressure amplitude at the pulse tube is the 
same as the amplitude at the left side of the secondary orifice in Figure lb, then the amplitude 
flow rate Uin can be written in terms of flow rate at the warm end of pulse tube (Upt) and across 
the orifice (Uy): 

U i n = U c = U v + U p t (15) 

In pulse tube cryocoolers the regenerator component is typically designed using codes 
such as REGEN3.2, DeltaE, and SAGE. The regenerator component requires very careful 
design and review because once the system is integrated, it becomes an unchangeable 
component. Therefore, for much simpler analysis in this paper, the regenerator is removed from 
the acoustic and electrical analogs. Then, the relationship between the volume flow amplitudes 
in the pulse tube and the secondary orifice is shown with an electrical analog in Figure lb (Refs. 
1.5): 

RvUv=icoLptUpt (16) 
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In Equation 16, Rv and Uv are resistance and flow rate amplitude across the secondary orifice. 
Lpt is the inertance component of the pulse tube. Combining Equations 13,15, and 16, the pressure-
flow phase angle at the pulse tube in the presence of the secondary orifice is: 

a)2'L\L„t <wLntRi 
Ppt = Pc +(Ri ^ i - ^ ) U p t +i(«Li + - ^ ) U p t (17) 

Ky Ky 

Similar to Equation 13, Equation 17 consists of complex real and imaginary components. 
In the real component, besides Pc and Rj, the additional term ca^LiLpt/Rv with a negative 
sign indicates smaller flow resistance into the inertance tube. In the imaginary component, the 
additional term co Lpt Ri/Rv with a positive sign is equivalent to the analog of having a longer 
inertance tube. The flow at the pulse tube (Upt) lags the flow in the inertance tube (Ujn). This 
will be demonstrated much more clearly in the next section where the phasor diagram is pre
sented. All the above analysis provides the capability of using the secondary orifice to control 
the pressure-flow phase angle at the pulse tube to maximize the performance of the cryocooler. 

Equation 17 reflects the effect of the secondary orifice in the control of the pressure-flow 
phase angle in the pulse tube cryocooler. As the secondary orifice valve opens, Ry becomes 
smaller; the flow into the inertance tube and reservoir has less resistance and accordingly there 
is an increase in the pressure-flow phase angle in the pulse tube. As the secondary orifice is 
closed, Ry becomes larger, and the flow into the inertance tube and reservoir becomes smaller; 
accordingly the pressure-flow phase angle in the pulse tube decreases. When the secondary 
orifice is completely closed, Rv goes to infinity, the magnitude of Upt becomes Ug (since 
magnitude of Uin = Uc) and Equation 17 reduces to Equation 13. 

PRESSURE-FLOW PHASOR DIAGRAM 

Since pressure and flow are complex quantities in the oscillating flow of a pulse tube 
cryocooler, the real and imaginary components can be represented by vectors on a plane. These 
vectors have coordinates on two axes, real and imaginary. This allows for use of a visualiza
tion technique to observe the pressure-flow phase angle—the phasor diagram. The phasor dia
gram is constructed based on model equations that allow visualization of the change in 
pressure-flow phase angle quantitatively. Figure 2 shows the pressure-flow phase angle phasor 
diagram in the absence (a), and presence (b), of a secondary orifice valve. Figure 2a is con
structed based on Equations 6 and 13, and Figure 2b is constructed based on Equation 17. 

Figure 2 represents the pressure-flow phase angle in a typical pulse tube cryocooler. In 
Figures 2a and 2b, q) denotes the phase angle shift of the volume flow between the warm end of 
the pulse tube (Uin) ^̂ d̂ the inlet to the reservoir (Uc) due to the compliance component cre
ated by the small internal volume of the inertance tube. Figure 2a illustrates an important 
characteristic of the pressure-flow phase angle in pulse tube cryocoolers. In small cryocoolers, 
the flow rate amplitude into the reservoir Ug is so small that a long inertance tube is required to 
create a condition in which pressure leads flow rate. The long inertance tube creates a large 
pressure drop through the inertance tube, large flow phase angle shift, and small volume flow 
rate into the reservoir. Therefore, smaller pressure-flow phase angles are seen in most small 
pulse tube cryocoolers. 

In large scale pulse tube cryocoolers, the volume flow rate amplitude increases while the 
pressure amplitude remains unchanged. Therefore to obtain smaller pressure-flow phase angles 
in large scale cryocoolers, the inertance tube needs to be shortened. Figure 2b shows the effect 
of the secondary orifice. The real component of Equation 17 is decreased due to the presence 
of the secondary orifice resistance and the imaginary component is increased. This results in a 
larger pressure-flow phase angle (0i,>0i) in the pulse tube cryocooler. When the secondary 
orifice valve is opened, the imaginary component in the pressure-flow phase angle is large 
enough to maintain the same pressure amplitude in the pulse tube (Pin)- If the secondary valve 
is closed, Uy vanishes, and Figure 2b simplifies to Figure 2a. 
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Up,=Ui„ Uc (Im) 

RiUc 

* Pc(Re) 

Figure 2. (a) Pressure-flow phase angle in the pulse tube when the secondary orifice valve is closed; 
(b) Pressure-flow phase angle in the pulse tube when the secondary orifice valve is opened. 

MEASUREMENT METHODS 

The actual pressure-flow phase angles for a real system can be determined from dynamic pres
sure measurements in the reservoir and the pulse tube. Figure 1 shows the locations of these pres
sure measurements in a pulse tube cryocooler. The optimal pressure-flow phase angle 0 determines 
the maximum cooling capacity of the pulse tube cryocooler. In the absence of the secondary orifice 
the pressure-flow phase angle 0 is simply the difference between the two pressure phase angles in 
the warm end of the pulse tube and inside the reservoir (as shown in Figure 1) minus 90°, minus the 
flow phase shift due to the compliance component of the inertance tube q>. Figure 3 illustrates the 
method used to determine the pressure-flow phase angle using dynamic pressure transducers. 

When the secondary orifice is opened, the measurement becomes more complicated due to the 
additional load on the reservoir from the secondary valve. The acoustic impedance (Zy) across an 
orifice consists of resistance component (Ry) in the electrical analog is: 

Zv = 
P a - P p t _ 

Uv 
Rv (18) 

Equation 18 shows that the flow (Uy) across the secondary valve is in phase with the pressure 
drop (Pa - Pin)- Equation 15 shows that the magnitude of Uy is the difference between the volume 
flow rates Ujn, when the secondary orifice is opened and closed. With pressure transducers located 
in the system as shown in Figure la, amplitudes as well as relative phase angles of Pa, Ppt, and Pc 
can be measured. In the phasor diagram, Uy is shown to be parallel to the (Pa - Ppt). This will make 
the flow-flow phase angle {(p) shift in the inertance tube smaller and the pressure-flow {0) phase 
angles in the pulse tube larger. If the secondary orifice opening is too large, the system perfor-
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Figure 3. Method for determining pressure-flow phase angle using experimental dynamic pressure 
measurements (secondary orifice closed). 
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Figure 4. Method for determining pressure-flow phase angle using experimental dynamic pressure 
measurements (secondary orifice opened). 

mance could see a negative effect due to DC flow, which is not discussed here. The optimal open 
area of the secondary orifice can be determined experimentally by monitoring the system perfor
mance. Steps to measure the presstare-flow phase angle in the pulse tube with a secondary orifice 
are shown in Figure 4. 

SIERRA LOBO PULSE TUBE PRESSURE-FLOW PHASE MEASUREMENTS 

Sierra Lobo has designed, fabricated and tested a two-stage pulse tube cryocooler under con
tract with Kennedy Space Center as part of the 2nd Generation Reusable Launch Vehicle program 
for oxygen and hydrogen propellant densification. This pulse tube cryocooler delivers 3.5 W at 
60 K and 4 W at 20 K with 600 W of acoustic input power, and yields 11.2% Camot efficiency 
(Ref. 6). The pulse tube was instrumented to monitor the phase angle in both the 1st and 2nd stage 
pulse tubes. Each pulse tube stage had a secondary orifice. Experimental test data were gathered on 
both stages with each secondary orifice closed and with each opened. Table 1 shows the lumped 
RLC network model prediction pressure-flow phase angle and the experimentally measured phase 
angles. 

Table 1. Cryocooler Pressure-Flow Phase Angle Prediction & Measurements. 

Pressure-Flow Phase at the Pulse Tube 
l" Stage/Secondary Orifice Closed (degrees) 
1̂ ' Stage/Secondary Orifice Closed (degrees) 
2"" Stage/Secondary Orifice Opened (degrees) 
2"'' Stage/Secondary Orifice Opened (degrees) 

Predicted 
37 
21 
37 
21 

Experimental 
35 
18 
38 
26 



300 PULSE TUBE ANALYSIS AND EXPERIMENTAL MEASUREMENTS 

Table 2(a). 1 st Stage Pressure-Flow Phase Angle Model Comparisons. 

Inertance Tube Length (m) 
1 
2 
3 
4 
5 
6 
7 

Lumped RLC Network Model 
8 
16 
23 
29 
35 
39 
43 

In-Line Theory 
23.4 
30.6 
32.6 
32.1 
26.3 
12.8 
-4.3 

Table 2(b). 2nd Stage Pressure-Flow Phase Angle Model Comparisons. 

Inertance Tube Length (m) 
1 
2 
3 
4 
5 
6 
7 

Lumped RLC Network Model 
9 
17 
24 
30 
34 
38 
41 

In-Line Theory 
15 4 
17.3 
15.1 
8.4 
-1.3 

-12.7 
-26.2 

MODEL COMPARISONS 

There are several theories used to model the pressure-flow phase angle in acoustic systems. A 
comparison between the lumped parameter model (RLC) and the distributed parameter in-line model 
(Ref. 7) is presented. Tables 2(a) and (b) show the model comparisons for different lengths of 
inertance tubes for both the first and second stages of a two stage pulse tube cryocooler. 

The lumped RLC model shows reasonable agreement with the in-line model prediction for 
some inertance tube lengths. However, there are still substantial differences between the lumped 
RLC and in-line method model predictions. This is due to the negligible inertance tube compliance 
component and viscous dissipation through the inertance tube in the lumped RLC model. The 
accuracy of these models is yet to be determined over a broad range of operating conditions; there
fore, all inertance tube modeling methods require improvement. Until an accurate model can be 
obtained, inertance tube experimental iterations will continue to be required during pulse tube test
ing to achieve the desire phase angle. 

CONCLUSIONS 

The pressure-flow phase angle modeling technique using the lumped model with RLC electri
cal network analogy has been shown to produce results that are in reasonable agreement with ex
perimental data in some cases. More importantly, the phasor diagrams, developed using vector 
representation, provide a visualization tool for understanding the effects of various system compo
nents and their dimensions on the pressure-flow phase angle. A phasor diagram is introduced that 
illustrates the additional pressure-flow phase shift obtained by the use of a secondary orifice. This 
has been observed experimentally in the Sierra Lobo two-stage pulse tube cryocooler. A compari
son of the lumped model theory with the in-line theory for calculating pressure-flow phase angles 
shows that there is much disagreement between the models. Additional test data is required with 
various ranges of inertance tube sizes and system operating conditions to further understand and 
improve pressure-flow phase angle design methods. 
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ABSTRACT 

Pulse tube refrigerators give rise to many loss mechanisms, particularly within the pulse 
tube component, which greatly affect their overall thermodynamic efficiency. These losses are 
not well understood, as a comprehensive model that can take into account the effect of such loss 
mechanisms does not currently exist. In addition, the difficulty of obtaining accurate 
experimental data has contributed to this lack of understanding. In this paper, a comprehensive 
model is developed which simulates the flow process and heat transfer within the pulse tube 
component of orifice pulse tube refrigerators. In the model, the fluid oscillations are simulated 
using two dynamic meshes that move periodically and have a specified phase difference. The 
model includes the pulse tube and cold and warm end heat exchangers at the end of the pulse 
tube. Simulation results for the dynamic evolution of the temperature and velocity profiles along 
the tube axis are presented for several case studies. The simulations indicate the formation of a 
wall jet near the tube wall, in agreement with experimental observations. They also confirm the 
existence of momentum streaming, as well as radial heat conduction losses to the pulse tube 
wall. The thermodynamic performance of the tube is also quantified and compared with the 
available experimental data. 

INTRODUCTION 

Cryogenic temperatures are required for cooling devices such as infrared detectors, focal 
plane arrays, superconductivity devices and other scientific devices for atmospheric monitoring 
and astronomy. Specially designed cryogenic refrigeration systems, such as cryocoolers, were 
designed to meet the demanding requirements for space flight and long term on-orbit operation. 
Cryocoolers provide the necessary refrigeration such that these devices may be maintained at 
cryogenic temperatures for stable and effective operation. The most common types of 
cryocoolers used today, according to Radebaugh [2000], are the Joule-Thomson (JT), Brayton, 
Stirling, Pulse Tube (PT) and Gifford-McMahon (GM). In particular. Pulse Tubes have recently 
achieved Carnot efficiencies as high as about 20% at 80 K and temperatures as low as2 K has 
been achieved in pulse tube refrigerators. This has propelled pulse tubes from a laboratory 
curiosity to the point where it is now considered the standard for many space applications. 

There are two theories that describe the refrigeration mechanism in the basic pulse tube 
refrigerator. In the surface heat pumping theory [Gifford and Longsworth, 1966], this 
phenomena was explained based on a thermodynamic analysis of transient heat transfer between 
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the fluid and its surrounding structure. At low frequency, surface heat pumping dominates, an 
effect that diminishes as the operating frequency increases. The pulse tube refrigeration 
mechanism was reanalyzed on the basis of enthalpy flow [Radebaugh, 2000] for an orifice pulse 
tube refrigerator and attributed to the cycle-averaged enthalpy flux in the pulse tube as a result of 
the phase shift effect between the mass flow rate and the pressure fluctuations. The theory 
behind PT refrigerators is very similar to that of the Stirling Refrigerators, except for the added 
benefit of having no moving parts in the cold end. 

Pulse Tube Loss Mechanisms 

The movement of the piston creates pressure oscillations throughout the PT refrigerator 
resulting in an oscillatory effect on the gas flow. The dynamic nature of this effect, in particular 
within the pulse tube component, and how this contributes to PT losses, is the focus of this 
research. The known secondary flows [Kirkconnell, 1995] that arise due to the interaction of the 
core and boundary layer flow necessitate a 2"'' order model. To date, numerical modelling of 
flows within the pulse tube component has been very limited and thus the loss mechanisms are 
not clearly understood, much less quantified. The losses occur when there are changes in 
enthalpy flow resulting in fluctuations in amplitude of the temperature oscillations. This is an 
irreversible process that generates entropy. Thus, this process is a loss mechanism [Lee et al., 
1994]. In pulse tubes, these losses occur at the transition between heat exchangers (isothermal 
regions) and adiabatic regions. 

The gross refrigeration power produced by a pulse tube cryocooler is further reduced by 
losses occurring in both the regenerator and in the pulse tube. Losses within the regenerator have 
been calculated accurately using various software packages, such as REGEN (developed at 
National Institute of Standards and Technology), DeltaE (Los Alamos National Laboratory), and 
ARCOPTR (Ames Research Center Orifice Pulse Tube Refrigerator). REGEN is a model for the 
regenerator only, incorporating the time-dependence of the oscillating parameters. It handles 
large amplitude oscillations as long as the ensuing pressure drops through the regenerator are 
small [Radebaugh et al., 1994]. ARCOPTR is based on one-dimensional thermodynamic 
equations for the regenerator and assumes all mass flows, pressure and temperature oscillations 
are small and sinusoidal. The resuhs from ARCOPTR are the oscillating pressures, mass flows 
and enthalpy flows in each of the main components of the cooler [Roach and Kashani, 1996]. In 
comparison, DeltaE solves the one-dimensional wave equation based on the acoustic 
approximation (small amplitude). This software does not include any nonlinear effects resulting 
from high amplitudes. It is a linearized model that treats only the lowest order sinusoidal 
component of the oscillations. It can treat regenerators with large pressure drops and it used 
correlations for heat flow and friction that include non-linear effects that occur at high velocities 
[Swift and Ward, 1994]. 

The losses occurring within the pulse tube can also be calculated. However, the underlying 
cause of these losses is still not well understood and far from being quantified. The 
characterization of flows within pulse tubes cryocoolers has been a subject of both experimental 
and analytical interests in recent years. And though more efficient pulse tube configurations 
have been developed, the refrigeration losses in the pulse tube component have remained a 
significant percentage of the total available gross refrigeration capacity of these devices. 

Some of these pulse tube refrigeration losses can be attributed to convective heat transfer 
within the pulse tube [Lee et al., 1994], which carries heat from the hot heat exchanger to the 
cold heat exchanger and thereby reduces the net cooling power. This convective driving occurs 
in the oscillatory boundary layer at the solid wall of the pulse tube. In the cyclic expansion and 
compression process, the gas elements close to the wall experience different viscous drag by the 
alternation of gas temperature and experience a net drift from the cold end to the hot end (called 
secondary mass flux). The Reynolds stresses in the viscous layer produce the forces that drive 
steady momentum streaming [Stuart, 1963]. The steady secondary mass flux is a quadratic 
quantity and thus nonvanishing when time-averaged over a cycle. According to [Lee et al., 
1994], the steady mass flow is strongly dependent on the velocity amplitude, velocity gradient. 
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Figure 1. RSP2 Cryocooler cold head design 

and on the velocity phase angle between the tube ends. Since the mass flux along the pulse tube 
must be zero, a flow streaming phenomena occurs in the center portion of the pulse tube, 
compensating for the secondary mass flux. 

In orifice pulse tubes, an appropriate phase angle between velocity and pressure is required 
to produce favorable enthalpy flow. In a 2D linearized model developed by Lee et al. [1994], 
they concluded that the heat transfer between the gas and the tube wall produces enthalpy flow 
which is rejected to the tube wall and not to the hot heat exchanger. The necessity of a 2D model 
to understand and quantify these nonlinear effects was also demonstrated by Schroth et al. 
[2002]. Jeong [1996] investigated the same secondary flows in basic pulse tubes and confirmed 
the existence of large-scale streaming and the effects of axial temperature gradient. He showed 
analytically that the magnitude of the secondary flow increases as the axial temperature gradient 
(difference between the cold and hot heat exchangers of a pulse tube) increases. The entropy 
flow is negative at low temperatures (cryogenic), but positive at higher temperatures was 
reported by Radebaugh. [2003]. 

In the present study, a numerical model for simulating the detailed dynamic performance 
and characteristics of the oscillating flow in the pulse tube refrigerator is developed using 
FLUENT CFD software. The model simulates only the 2nd stage portion of the Raytheon 
Stirling/Pulse Tube Two Stage (RSP2) cryocooler [Finch et al., 2003] (see Figure 1). Numerical 
simulations are performed to study the various pulse tube loss mechanisms and their effect on 
overall performance and efficiency. Predictions made from the simulation are compared with the 
experimental data obtained from the RSP2 cryocooler in which good agreement was found for 
various operational configurations. Case studies are then developed in which investigations are 
made to determine how thermodynamic performance is affected by changes made to the 
properties of cold and warm heat exchangers. These changes include screen mesh size as well as 
overall heat exchanger lengths. 

PHYSICAL AND SIMULATION MODEL 

RSP2 Cryocooler 

As previously mentioned, Raytheon is developing a two-stage Stirling/pulse tube cryocooler 
(RSP2) for long life space infrared (IR) sensor applications. This cryocooler, whose first stage 
utilizes a conventional Oxford-class Stirling expander, contains a second state pulse tube, in a U-
turn configuration, whose expander is in intimate contact with the first stage cold end. This 
research contained in the paper focuses primarily on the simulation only the 2" stage portion of 
the RSP2 cryocooler. 

The Raytheon RSP2 cryocooler contains a unique feature in that it can vary refrigeration at 
two locations, having different operational temperatures, while still maintaining a relative 
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COLD CYLINDER \ COLD HX \ PULSE TUBE WARM HX WARM CYUNDER 

Figure 2. 2D Simulation Model (2°'' Stage only, symmetric along bottom center-line) 

constant efficiency. In other words, the refrigeration capacity, at each location, can be shifted, in 
real time, by adjusting the phase angle between the compressor and the expander piston, with 
minimal change in system efficiency. This unique advantage allows the cooler to perform over a 
wider range of load requirements compared to other approaches. 

The RSP2 cryocooler was selected for simulation since a large performance database has 
been collected during its development and a correlated system level model has been developed. 
The experiment data contained within this database includes results obtained while varying the 
operating conditions and temperatures. This database forms the foundation of the model 
correlation efforts that will be conducted in this study. One of the key objectives of this research 
project is to perform numerical studies such that comparisons can be made between 
computational fluid dynamic (CFD) predictions to that of experimental data available from the 
RSP2 performance database. 

Besides the regenerator, the 2nd stage portion of the RSP2 cryocooler consists of a cold and 
warm copper heat exchanger, and a pulse tube. The porosity of the heat exchangers is nominally 
from 0.60 to 0.75 depending on the size of the wire screen mesh. The operating wall 
temperatures of the cold and hot end heat exchangers, for the cases to be evaluated, varies from 
45 K and 110 K. The operating mean pressure is nominally 3.0 MPa, with operational frequen
cies ranging from 34 Hz to 45 Hz. 

Simulation Model 

The RSP2 simulation model, shown in Figure 2, is representative of a Stirling/Pulse tube 
second stage assembly whose sizing is based upon test results from the RSP2 development 
program. The purpose of developing this model was to be able to predict the performance of the 
RSP2 Hybrid cryocooler based on the available experimental data. This would be a direct 2D 
simulation of the fluid flow and heat transfer occurring within the second stage portion of the 
cryocooler. 

The key to this model was the development of a simulation approach that would produce the 
similar characteristic phase angle between the pressure and velocity waveforms, between the 
cold and warm sides of the pulse tube, as observed from the data collected from the RSP2 
experimental database. These phase angles were produced by modeling a piston cylinder 
arrangement on both ends of the simulation model, whose piston surfaces form the outer edges of 
the grid network while still maintaining a closed system and conserving mass. 

With the grid network meshed (i.e., cold and warm heat exchangers and pulse tube), the 
outer surfaces were position controlled, to following a period motion, varying the total volume 
within its network. Such movements would dynamically deform the internally meshed cells, 
removing and adding cell over its period. These surfaces followed a periodic motion, but with a 
controlled phase angle between their respective motion. The moving surfaces of the grid 
network, which deform the interior meshed cells, act as virtual moving pistons, oscillating the 
flow while maintaining conservation of mass. Extensive research was involved in the 
development of custom algorithms that automatically control the position of each moving 
surface, relative to each other. It was important that the simulation of the moving surfaces, for a 
closed system, would adequately conserve mass and energy. In many cases, it was found that the 
artificial movement of surfaces, if done improperly, could produce an oscillating change in total 
mass of the system, over a cycle, that could effect the overall system energy balance and produce 
instability in the numerical solution. 

The simulation model consists of two pistons, cold and warm heat exchanger, and the pulse 
tube. The solver uses a finite volume approach to solve the governing equations describing the 
heat transfer and fluid flow in this system. Taking advantage of the symmetrical aspects of this 
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Table 1. Properties of copper wire screens 

Mesh Size 

150 
250 
300 
400 

Wire Diameter 
(mm) 
0.061 
0.041 
0.031 
0.025 

Porosity 

0.6993 
0.6582 
0.6938 
0.6677 

Mesii Distance 
(mm) 
0.140 
0.120 
0.100 
0.083 

Hydraulic 
diameter (mm) 

0.1418 
0.0788 
0.0704 
0.0504 

problem, only a 2D representation of the RSP2 Hybrid cryocooler was modeled. The symmetry 
axis (lying on the jc-coordinate axis) runs down the centerline of the pulse tube. For 2D problems, 
the solver computes all integral quantities for an angle of In. Each area of interest was 
designated a separate face zone. A 2D regular, structured grid of mesh elements was then 
generated for each face zone using quadrilateral mesh elements. Use of the quadrilateral mesh 
element scheme is applicable primarily to faces that are bounded by four or more edges. As 
previously mentioned, the numerical model only simulates the 2nd stage portion of the RSP2 
Hybrid cryocooler consisting of cold and warm heat exchangers, pulse tube, and pulse tube wall. 

The pulse tube wall was modeled having material property of steel. The heat exchangers 
were modeled as homogeneous porous zones consisting of copper material, having a pore 
structure that exhibited a viscous and inertial resistance corresponding to that of mesh stacked 
copper interwoven meshed screens. Various sizes of mesh screens were evaluated as part of this 
study. Porosity values ranging from 0.60 of 0.75 were evaluated for each of the heat exchangers. 
The cold and warm pistons, piston cylinder walls, and heat exchangers were modeled as 
isothermal surfaces contributing to the overall heat transfer. The working fluid was modeled as 
ideal helium gas. Compressibility effects were assumed negligible based on the temperature 
range in which the available data was collected (45K to 120K). 

Based on experimental mass flow rates, a laminar flow velocity formulation was selected for 
the solver. The predicted velocities were found to be well within the laminar flow range so the 
use of a turbulent model formulation was not required. The 2D axissymetric model assumes that 
no swirling flows within the 2"'' stage portion of the cryocooler. There is no evidence from the 
experimental data that would suggest the existence of any significant amount of swirling flow. 

Case Studies Definition 

An area of interest regarding pulse tube cryocoolers is the effect of flow straightening 
caused by the cold and warm heat exchangers and its subsequent effect on thermodynamic 
performance. Flow straightening can occur by modifying the length of the heat exchanger as 
well as by changing the flow matrix properties (i.e., mesh size). The heat exchangers, in the 
RSP2 cryocooler consist of stacked copper meshed screens. The effect of changing the mesh 
size inside the heat exchanger should produce changes in pressure drop as well as the phase 
angle between the pressure and velocity wave. Variations in mesh size, regarding regenerators , 
has been reported by both Zhao et al. [1998] and Harvey [1999] in which similar conclusions 
have been drawn on the effect on pressure drop and resultant change in phase angle between the 
velocity and pressure wave. 

Among many research groups, the design length of cold and warm heat exchangers, within 
pulse tube cryocoolers is not an exact science. There exist many rule-of-thumb standards for 
determining an adequate heat exchanger design length, but whose methods are rarely discussed, 
much less published. Often, the methods are regarded as proprietary information. In any event, 
the goal of this study is to shed some light on the effects on changes in heat exchanger lengths 
using predictions from the 2D simulation. 

As mentioned earlier, changes in these flow characteristics are also dependent on the size of 
screen mesh used within the heat exchangers. The screen mesh sizes that will be evaluated, 
using the simulation model, includes 150, 250, 300, and 400 mesh screens made from 
interwoven copper strands. Since the simulation model is a 2D representation of the heat 
exchanger, the effective properties of the screen mesh (i.e., porosity, inertial and viscous 
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Figure 3. Comparison of enthalpy flow rates in pulse tube between experimental and predicted values 
for separate operational conditions. 

resistances) are used in the formulation of the model. Table 1 describes the various screen mesh 
sizes evaluated and their properties. 

SIMULATION RESULTS AND MODEL VALIDATION 

Verification of the simulation model was first carried out by first establishing an internal 
energy balance and thus verifying the amount of work input into the system balanced by the total 
heat transfer occurring at the various surfaces. After which, predictions made from the model, 
was compared to the RSP2 cryocooler experimental data for various operating conditions. 

Model Verification 

In these simulations, the amount of PV compression and expansion power generated by the 
warm and cold pistons, respectively, was compared to the total surface heat flux, integrated over 
each of the isothermal surfaces. The PV power was calculated at each time step based on the 
product between the average absolute pressure and the rate of change in total volume. These 
values were then integrated over the cycle using Simpson's rule and divided by the characteristic 
time T. The total heat transfer on the various surfaces were calculated using the same approach 
(i.e., cycle-averaged). Equation 1 shows the calculation used to determine the PV power: 

i T Power = — \p—dr, 
T r dt (1) 

where p is the absolute pressure, V is the volume, and T is time. The rate of change of volume 
was based on the difference between the volume at the current times step and the previous time 
step divided by the time step size. The energy balance performed on each of the simulations 
indicated an error of less than 5% of the total energy of the system. In other words, the PV 
power compression plus the net heat transfer on the cold side balanced that with the PV power of 
expansion and net heat transfer on the warm side. Most of the error can be attributed to a poorly 
meshed grid near the isothermal surfaces. Future models will be performed using a higher grid 
mesh resolutions. 

In comparing the results from the 2D simulation model to the RSP2 data, it was important to 
focus on the enthalpy flow in the pulse tube, since this represents the available gross 
refrigeration. Enthalpy flow in the pulse tube component was calculated using Equation 2 and 
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then cycled averaged. These predictions, for various flow configurations were compared to the 
actual enthalpy flow as demonstrated from the RSP2 development database. 

hpT =pU^i,,Ci.T, (2) 

The results are shown in Figure 3 in which the enthalpy in the pulse tube is calculated for a 
particular phase angle at two operation temperatures. These comparisons made in this figure 
were made at two separate operational temperatures settings and at various phase angles. The 
results show very good agreement the experiment data. Based on the preliminary results, the 
simulation appears to underestimate the enthalpy flow through the pulse tube in both cases that 
were examined. The total error between the actual and simulation was calculated to be less than 
10% overall. 

Figures displaying the pressure versus overall volumetric change of the working gas are 
shown in Figure 4. The PV diagram (bottom) shows the refrigeration performance of one 
example simulation model configuration. 

Case Studies Predictions 

Having completed the energy balance, the model was then exercised for a set of 
experimental conditions corresponding to the RSP2 cryocooler experimental data points. The 
results obtained show a definite trend in cryocooler performance as the entrance effects/mixing is 
reduced at the ends of the pulse tube. This coarseness of this current preliminary model prohibits 
the direct assessment of meaningful flow patterns. However, changes in heat exchanger pressure 
drop, as well as the changes in phase angle (between the pressure and velocity wave), is shown 

.(J' of? ,5? ^ ^ #̂ .̂ 
Time Step 

Volume (m') 

Figure 4. PV Diagrams resulting from the simulation model (cold side) 
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Figure 5. Variation in Enthalpy (gross cooling power) across the pulse tube as a function of mesh size. 
Below, velocity contours for the various mesh sizes (symmetry axis mirrored at center-line) 5a) 400, 5b) 
300, 5c) 250, 5d) 150 

to affect the overall gross cooling power flowing through the pulse tube (see Figure 5, top). The 
reduction in enthalpy flow, when the mesh screen sized is increased, was observed to be small 
but not negligible. Figure 5a-d illustrates the influence of the mesh size on flow straightening in 
regards to the velocity profiles. For each sub-figure shown, a contour plot of the velocity is 
shown, corresponding to the various sized screen mesh, at the exact same crank angle position. 
Notice the decrease amount of disturbance caused by the increased size of the mesh screen size. 
As the mesh size decreases, the effect on flow straighten becomes less and less effective as 
expected. The changes between the 150 and 250 wire mesh size are practically 
indistinguishable. For this preliminary model, the coarseness of the grid mesh applied to this 
simulation, does not allow for an immediate qualitative analysis of the resultant flow structure. 
However, immediate work is currently in progress to develop adequately refined meshes to 
ascertain these effects. 

As the mesh size is increased from 150 through 400 mesh screens, it was observed that the 
pressure drop across the cold heat exchanger increased as expected, though very small. These 
resultant changes in the pressure drop was also accompanied by changes in phase angle between 
the pressure and velocity waves, which was also expected. 

Figure 6 shows the effect of varying the length of the cold and warm heat exchanger lengths 
and its effect on the flows within the pulse tube. Based on this preliminary model, it appears that 
changes in overall heat exchanger length have a negligible effect on performance (i.e., enthalpy 
flow). It is apparent that the current model requires a much finer grid to resolve these effects. 
The flow fields, shown in Figure 6, show very little difference for each heat exchanger length. 
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a; 

b) 

Figure 6. Velocity contours for various lieat exclianger lengtlis corresponding to percentage increases 
from tiie reference size (symmetry axis mirrored at center-line) a) 0%, b) -10%, c) -20% 

RESULTS AND CONCLUSIONS 

A 2D model of the fluid flow and heat transfer, modehng the 2"'^ stage portion of a 
Stirling/Pulse Tube cryocooler was presented which was correlated to Raytheon's RSP2 
cryocooler development work. Model validation efforts produced excellent agreement based on 
energy conservation and prediction of enthalpy flow across the 2" stage pulse tube component. 

A prediction on the effect of changes in wire mesh size was performed using the simulation 
model. The changes in mesh screen size, within the cold and warm heat exchanges, affected 
both the pressure drop and phase angle relationship of the oscillating flow. As the mesh size 
increased, both the pressure drop and phase angle increased. The current preliminary model 
could not resolve differences in thermodynamic performance when heat exchanger lengths were 
increased. Further action to increase model resolution is currently progress. 
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ABSTRACT 

Oscillating flow in a refrigerator with a tapered double-inlet pulse tube was studied using 
smoke-wire flow visualization. Two types of tapered pulse tubes (convergent and divergent) were 
studied and then compared with a cylindrical pulse tube (i.e., uniform cross section). Effects of a 
tapered tube on the suppression of secondary flow were investigated for improvement in cooling 
performance. Visualization showed that, if the strength of DC flow is adjusted to minimize convec-
tive secondary flow induced by acoustic streaming, DC flow has a stronger effect on secondary 
flow than does a tapered tube. The tapering of a tube was not an effective method to reduce the 
secondary flow in a double-inlet pulse tube. Cooling performance by the divergent tapered tube 
was slightly superior compared to that by the cylindrical tube, whereas that by the convergent 
tapered tube was significantly inferior. 

INTRODUCTION 

Use of a tapered tube at the pulse-tube section of a pulse tube refrigerator has been extensively 
studied for possible improvement in cooling performance (hereafter simply called "performance"). 
For clarity, here we define a tube that converges toward the hot end as a convergent tapered tube 
and a tube that diverges as a divergent tapered tube (see Fig. 1). For orifice pulse tube refiigerators, 
Olson and Swift' showed that the secondary flow could be suppressed by tapering the pulse tube 
and that the performance of convergent tapered tubes with an optimum taper angle was signifi
cantly superior than that of a cylindrical tube. Back et al.̂ '̂  developed a two-dimensional model for 
pulse tubes valid for a wide range of taper angle, from divergent to convergent tapered tubes. 
Simulations using the model indicate that an increase in taper angle reduces the enthalpy flow loss 
associated with steady mass-streaming within the pulse tube. Previously, we observed secondary 
flow in orifice pulse tube refi'igerators with tapered pulse tubes by using a smoke-wire flow visual
ization method.'' We found that the performance of a convergent tapered pulse tube was slightly 
superior to that of a cylindrical tube, whereas the performance of a divergent tapered tube was 
inferior due to a strong secondary flow. Using numerical simulation of the mass flow in tapered 
pulse tubes and using corresponding experiments, Gao et al.' and Xu et al.*" showed that the perfor
mance of convergent and divergent tapered tubes was superior to that of a cylindrical tube under 
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optimum conditions of frequency and taper angle. 
For double-inlet pulse tube refrigerators, however, the performance of a divergent tapered 

tube was superior, based on experimental results of reference 6. However, in their experiments, 
the configuration of the tapered tube was a "two-step" pulse tube made of two nylon tubes with 
different respective internal diameters of 5 and 6 mm, and the refrigerator was a coaxial double-
inlet refrigerator. These conditions differed from those of conventional pulse tube refrigerators, 
which have a rectilinear or a U-shaped configuration and tapered tubes with a constant taper angle. 
Due to these differences, the advantage of tapering a tube was not sufficiently confirmed by experi
ments for a double-inlet pulse tube refrigerator. Such confirmation requires direct observation of 
the flow phenomena. The effect of tapered tubes on flow behavior in double-inlet tapered pulse 
tubes, however, has not been studied in depth. 

In this study, oscillating flow in double-inlet pulse tube refrigerators was observed by using a 
smoke-wire flow visualization method to clarify the effect of tapering a tube on the flow phenom
ena. The focus was on improvement in performance by reducing the convective secondary flow 
induced by acoustic streaming. First, the performance of refrigerators with a tapered pulse tube was 
evaluated by measuring the temperature difference between the hot and cold ends of the tube. 
Then, the convective secondary flow was investigated by smoke-wire flow visuaUzation. Finally, 
based on these performance and visuaUzation results, the effect of tapering a tube was determined. 

EXPERIMENT 

Two types of tapered tubes, convergent and divergent, were studied. The tapered tubes were 
made by cutting a transparent plastic tube (using a center lathe) and then polishing its inner surface. 
The cylindrical pulse tube was also made of transparent plastic. Figure 1 shows the configurations, 
nominal sizes, and taper angles of the tubes. The inside volume for each tube was determined by 
measuring the difference in weight before and after filling the tube with water; the volume of each 
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Figure 2. Experimental set-up of a tapered 
double-inlet pulse tube refrigerator used to visualize 
the flow in the pulse tube. 
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tapered tube was 60 cm^ and that of the cylindrical tube was about 51 cm^ Figure 2 shows a 
schematic of the experimental apparatus used to observe the flow. The pulse tube refrigerator was 
installed vertically, and the pulse tubes were joined with flanges to the regenerator to easily inter
change the different pulse tubes. Each pulse tube had tube fittings at three positions; one fitting 
each for the smoke-wire, thermocouple, and pressure transducer. The regenerator was 35 mm in 
diameter, 160 mm long, and made of #100 stainless-steel screen with a wire diameter of 0.1 mm. 
The reservoir had a volume of roughly 7 times that of the cylindrical tube. The orifice and the 
double-inlet valves were needle valves. Each valve was fully open after 6 turns of the valve, and 
each turn was graduated into 25 divisions, thus totaling 150 "turn-divisions". The valve opening 
was expressed in these divisions as arbitrary units. Air was used as the working gas. The pressure 
oscillation was generated by introducing pressurized air of about 0.2 MPa into the rotary valve and 
then releasing it to the atmosphere. The smoke-wire was 0.1-mm-diameter tungsten wire. Both 
ends of the wire were soldered to copper supports acting as electrodes and as a fixing agent to keep 
the wire taut. The smoke-wire was tightened through the tube fittings at a position 75 mm firom the 
end of the regenerator. Three pressure transducers (strain-gauge type) were respectively installed 
near the warm end of the regenerator, at the hot (at 225 mm from the end of the regenerator) end, 
and in the reservoir. Mineral-insulated thermocouples (CA) 0.15 mm in diameter were installed in 
the gas space and on the wall surface at the cold end (at 25 mm from the end of the regenerator) and 
the hot end (at 225 mm). 

The performance of the pulse tube refrigerator was evaluated based on the temperature differ
ence measured by the thermocouples on the i*all surface. Due to the change in tube diameter, the 
radial temperature distribution in a tapered tube depends on the position in the pulse tube, thus 
making it somewhat difficult to directly compare the three tjqjes of pulse tubes. Therefore, we used 
the difference in wall temperature instead of gas temperature at the cold and hot ends. Thus a larger 
temperature difference corresponds to better performance. Secondary flow is enhanced under con
ditions of higher frequency and larger amplitude of pressure oscillation, causing an increase in 
velocity that makes observation of the flow difficult.'' To visualize the induced secondary flow 
sufficiently, we therefore fixed the frequency at 6 Hz by considering the duration of emitted smoke-
line at an adequate amplitude of pressure oscillation of about 1.2; amplitude is defined as the ratio 
between high and low pressures. 

After the smoke-wire surface was coated with paraffin, the smoke-wire was installed in the 
tube and the lead wires were connected to a high-voltage pulse generator. The pulse tube was 
operated at a frequency of 6 Hz and an amplitude of pressure oscillation of about 1.2. After steady 
state was confirmed by monitoring the gas temperature, a smoke-line was emitted. The movement 
of the smoke-line was viewed and recorded using a high-speed video camera at a frame rate of 400 
iirames/s over five cycles of oscillation. 

RESULTS AND DISCUSSION 

Performance of the Pulse Tube Refrigerators 

Prior to visualization, performance of each of the three different pulse tube refrigerators was 
investigated to determine the adequate conditions of the orifice and the double-inlet valves for 
observation under the prescribed conditions, namely, a frequency of 6 Hz and an amplitude of 
pressure oscillation of about 1.2. Performance was investigated as a fiinction of the opening of the 
double-inlet valve (V̂ )̂ imder a fixed opening of the orifice valve (V^). Because preliminary visual
ization experiments showed that visualization was inadequate when V^ > 30 turn-divisions, perfor
mance of the double-inlet pulse tube refrigerator was determined by increasing V^ in intervals of 10 
tum-divisions up to a maximum 30 tum-divisions. The reason that the visualization was inadequate 
when V^ > 30 turn-divisions was that the displacement of oscillating gas was then beyond the 
length of the pulse tube, and thus the smoke-line flowed out from the pulse tube section into the 
reservoir. Therefore, the movement of the smoke-hne could not be recorded over a sufficient num
ber of cycles of oscillation. Because at least five successive cycles of oscillation were required to 
successfiilly observe the secondary flow, opening of the orifice valve for visualization were chosen 
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Figure 3. Performance of tapered and cylindrical pulse tubes at V̂^ = 20 turn-divisions. Perfor
mance was evaluated based on the difference in wall temperature between the hot and cold ends. T-
Con represents convergent tapered tube, T-Div is divergent tapered tube, and T-Cyl is cylindrical tube. 

as V =10 and 20 turn-divisions. Figure 3 shows the measured performance (temperature differ
ence) as a function of V,̂  at V^ = 20 turn-divisions. For all three pulse tubes, the performance 
increased with increasing V ,̂ peaking when V^ = 3 turn-divisions, iind then decreased with increas
ing V^ when Vĵ  > 3 turn-divisions. For all three pulse tubes, the optimum opening was 'V^^ = 3 hrm-
divisions. The performance of the divergent tapered tube was stiperior to that of the other two 
tubes, although the difference in performance from that of the cylindrical tube was fairly small. 
These results differ from those previotisly reported'' for orifice pulse tube refrigerators, where the 
convergent tapered tube showed the best performance. 

Visualization of Secondary Flow 

The conditions for visualization were determined based on the performance results shown in 
Fig. 3. As representative results for the effect of tapering a tube on the performance of double-inlet 
pulse tube refrigerators, we show here the visualization results for V,̂  = 0, 3, and 10 turn-divisions, 
V = 20 turn-divisions, 6 Hz, and an amplitude of pressure oscillation of about 1.2. Figures 4 and 5 
show typical visualization results for the oscillation of the smoke-line during the first three cycles 
of oscillation in the convergent and divergent tapered pulse tubes, respectively. In both figures, (a), 
(b), and (c) correspond to the double-inlet pulse tube refrigerator when V^ = 0, 3 and 10 turn-
divisions, respectively. For V^ = 0, the refrigerator was equivalent to an orifice pulse tube refrigera
tor. The smoke-line was emitted at the moment when the flow direction changed by a presstire 
variation from expansion to compression in a cycle. Frame 1 sho^vs that the smoke-line just after 
being emitted from the smoke-wire, namely, the smoke-line was at almost the same position as the 
smoke-wire itself Frames 3 and 5 show the smoke-line at the turning point where the smoke-line 
changed its direction of motion, namely, from toward the hot end to toward the cold end (Frame 3), 
called the hot-end turning point, and from toward the cold end to toward the hot end (Frame 5), 
called the cold-end fuming point. Frames 2 and 4 show the smoke-line passing through the halfway 
point between the hot-end and cold-end turning points. The behavior evident in these five frames 
was the same as that in the next two cycles of oscillation. 

Although details of smoke-line profiles depend on the configuration of the pulse tube, com
parison between Figs. 4 and 5 reveals three major features in the smoke-line behavior common to 
all configurations when the double-inlet valve was opened. First, the displacement of oscillation 
decreased, as evidenced by the distance between the smoke-line at the hot-end and cold-end tum-
ing points (Frames 3 and 5, respectively). The displacement at V̂^ =3 turn-divisions decreased to 
about 20% of that at Vĵ  = 0 turn-divisions (Fig. 4). This decrease in displacement was due to the 
effect of the double-inlet valve. Second, the smoke-line gradually shifted towards the hot end with 
time, as seen clearly from the change in smoke-line position between Frames 13 and 1 in Fig. 4(c). 
This shift in position of the smoke-line was due to DC flow that is inherently induced in double-
inlet pulse tube refrigerators. Double-inlet pulse tube refrigerators have a closed-loop flow path in 
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Figure 4. Typical visualization results for the convergent tapered tube during the first three 
cycles of oscillation at (a) V^ = 0; (b) V^ = 3; (c) V̂^ = 10. The smoke-line was emitted at the moment 
when the flow direction changed by a pressure variation from expansion to compression in a cycle; 
just after the smokc-linc was omitted (Frame 1), at the turning point of the hot end where the smoke-
line changed its direction of motion (Frames 3, 7, and 11), at the turning point of the cold end 
(Frames 5, 9, and 13), and halfway between these two turning points (Frames 2,4, 6, 8, 10, and 12). 
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Figure 5. Typical visualization results for the divergent tapered tube during the first three cycles 
of oscillation at (a) V̂  = 0; (b) Vĵ  = 3; (c) V̂  = 10. Conditions, parameters, and definitions are those 
defined for Fig. 4. 
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which the positive- and negative-direction flows due to pressure variation occur in each half cycle 
of oscillation. Mass flow of the positive-direction flow is not completely canceled by that of the 
negative-direction flow, and thus surplus mass flow during a cycle causes DC flow.' Third, the 
smoke-line was less elongated in the axial direction compared with the smoke-line when V̂^ = 0 
turn-divisions, as evidenced by the distance between the leading edge of the smoke-line in the core 
region of pulse tube and that near the wall. This elongation of the smoke-line was again due to the 
DC flow. 

To clarify the effect of a tapered tube on the secondary flow, we obtained the velocity profile 
of the secondary flow from these visualization results as follows. First, we digitized the smoke-
lines at the hot-end turning point in the first five cycles of oscillation (such as Frames 3, 7, 11 in 
Figs. 4 and 5) by using an image-processing system. Then, we estimated the velocity profile of the 
secondary flow by using the change in the relative position of the smoke-line before and after a 
cycle, assuming that the change was due only to secondary flow. The obtained velocity profiles 
were thus an average profile for over a cycle. Figures 6, 7, and 8 show the obtained velocity profiles 
for various Vĵ  in the convergent tapered tube, divergent tapered tube, and cylindrical tube, respec
tively. Here, negative and positive velocities in the figures correspond to flows going towards the 
cold end and hot end, respectively. 

At V|̂  = 0, which corresponds to the configuration of an orifice pulse tube refrigerator, the 
velocity profiles for all three tubes indicate an axisymmetric convective secondary flow where gas 
in the core region goes toward the cold end while the associated return flow goes toward the hot end 
along the peripheral wall. This convective secondary flow, which is driven by an acoustic stream
ing' induced by the oscillating motion of the gas, is inherently induced in pulse tube refrigerators 

-20 0 20 40 60 
VELOCITY (mm/s) 

80 

Figure 6. Velocity profiles of secondary flow in the convergent tapered tube for various W^ 
[turn-divisions]. Positive and negative values of velocity correspond to the flow going towards the 
hot and cold ends, respectively. 
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Figure 7. Velocity profiles of secondary flow in the divergent tapered tube for various V^ [turn-
divisions]. Definitions are those defined forFig.6. 
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Figure 8. Velocity profiles of secondary flow in the cylindrical tube for various V̂^ [turn-divi
sions]. Definitions are those defined for Fig.6. 

regardless of configurations and operating conditions. The velocity profile of the convergent ta
pered tube was much "flatter" (i.e. velocity of the leading edge in the core region was much slower) 
compared to that of either the divergent tapered tube or cylindrical tube. The shape of the velocity 
profile of the divergent tapered tube resembled that of the cylindrical tube, although the velocities 
of the leading edge in the core region and near the wall were faster than those for the cylindrical 
tube. These results agree well with those previously reported'* for an orifice pulse tube refirigerator 
with a tapered tube. 

At V^ > 0, which corresponds to the configuration of a double-inlet pulse tube refrigerator, DC 
flow is newly induced in the refrigerator. For example, Fig. 9 shows the representative velocity 
profile of DC flow derived from the velocity profiles of the convergent tapered tube in Fig. 6. The 
DC flow, which had a parabolic velocity profile, moved toward the hot end, and its strength in
creased with increasing V̂ . In general, a secondary flow explicitly visualized by a smoke-line cor
responds to an overall flow overlapped with several types of secondary flows. For the double-inlet 
pulse tube refrigerator installed vertically as shown in Fig. 2, the secondary flow at Vĵ  > 0 formed 
as a superposition of the DC flow on the convective secondary flow at V^ = 0.' As a result of the 
superposition, the DC flow counterbalanced the convective secondary flow in the core region, 
causing a decrease in the velocity in the core region, while the DC flow superposed on the convec
tive secondary flow near the wall, thus causing an increase in the velocity near the wall. At Y^ = 3, 
the convective secondary flows in the core region were counterbalanced by the DC flow so that the 
velocities in the core region were significantly reduced. At V^ = 10, the DC flow increased and 
exceeded the convective secondary flow in the core region so that the entire flow (both in the core 
region and near the walls) moved toward the hot end. 

-20 0 20 40 60 80 100 
VELOCITY (mm/s) 

Figure 9. Typical velocity profiles of DC flow for various V [turn-divisions]. Profiles were 
derived from the velocity profiles of the convergent tapered tube in Fig. 6. Positive and negative 
values of velocity correspond to the flow going towards the hot and cold ends, respectively. 
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Figure 10. Representative velocities of secondary flow in the core region and near tiie wall of 
tapered and cylindrical tubes as a function of V|̂ [turn-divisions]. Positive and negative values of 
velocity correspond to the flow going towards the hot and cold ends, respectively. 

To quantify the change in secondary flow in more detail, the velocities of three representative 
positions on the smoke-line were evaluated; the leading edges in the core region (V-core), near the 
right wall (V-right), and near the left wall (V-left). These positions were directly measured from 
observed smoke-lines at every turning point, and then the velocities were estimated fi-om the change 
in those positions with time. Because the smoke-line dissipated into a broad line with time, the 
velocity profiles, especially near wall, were not clearly distinguishable due to elongation of the 
smoke-line parallel to the wall. Thus, determining the representative velocities with sufficient ac
curacy from the velocity profiles such as those in Figs. 6, 7 and 8 was somewhat difficult. Figure 10 
shows the change in the velocities of the three positions with V,̂ . Here we present the V-left as the 
representative velocity of the leading edge near either wall because the difference between V-left 
and V-right was small due to roughly axisymmetric velocity profiles. For all three tubes, with 
increasing Y^, V-core monotonously changed from negative to positive velocity near V^ = 3 turn-
divisions, and therefore tlie absolute values of V-core were a minimum near V^ = 3 turn-divisions. 
In contrast, for all three tubes, V-left had only positive values, indicating that the flow was only 
toward the hot end. 

The results shown in Figs. 3 and 10 show that all pulse tubes of the configuration of a double-
inlet pulse tube refrigerator effectively reduced the secondary flow in the core region, and thus 
improved the performance. Although the divergent tapered tube also improved the performance 
compared with that for the cylindrical tube, the improvement was relatively small. Moreover, per
formance and V-core for both the tapered and cylindrical tubes directly depended on the double-
inlet valve. Comparison of performance improvement by the divergent tapered tube and that by 
adjusting V^ to the optimum opening indicates that, when the strength of DC flow is adjusted to 
minimize convective secondary flow, the DC flow is more effective at reducing the secondary flow 
in the core region. Therefore, for double-inlet pulse tube refrigerators, tapering of a tube is not an 
effective method to reduce heat loss caused by secondary flow. DC flow is inherently induced in 
double-inlet pulse tube refrigerators, and can therefore be used to reduce the secondary flow in the 
core region. 

SUMMARY 

Oscillating flow in tapered double-inlet pulse tube refrigerators was observed by using smoke-
wire flow visualization. Effect of a tapered tube on the flow behavior of secondary flow was inves-
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tigated by focusing on reducing tlie heat loss due to tlie secondary flow. Results showed that for a 
double-inlet pulse tube refrigerator, when the strength of the DC flow was adjusted to the optimum 
strength to minimize convective secondary flow in the core region, the DC flow more effectively 
reduced the secondary flow in the core region compared to the reduction by using a tapered tube. 
Moreover, performance of the divergent tapered tube was slightly superior compared to that of a 
cylindrical tube, whereas a convergent tapered tube was significantly inferior compared to that of 
either a divergent tapered tube or a cylindrical tube. 
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ABSTRACT 

The computer program FZKPTR is written for the design of two-stage 4K pulse tube coolers. 
However, it can be modified easily for describing manifold configurations of simpler systems such 
as low and high frequency (2 to 60 Hz) single-stage coolers. The program also provides basic 
routines for inertance tube phase shifters. The executable file will run with very fast response on 
any personal computer. User-defined operational parameters, geometries, and materials of the com
ponents are entered in a clearly structured matrix. The standard output is an array of data such as 
time-averaged temperature, amplitude and phase angle of pressure and volume flow as well as heat 
and work flow at any position of the system. Auxiliary quantities such as thermal and viscous 
penetration depth, swing of matrix temperature and many others can also be listed and plotted. 

The code is based on the small amplitude thermoacoustic theory, but it is shown that reason
able results are also obtained for GM-type pulse tube coolers with rather high compression ratios. 
The input list has also provided empiric terms for adaptation of flow resistance and thermal con
duction of any section. DC flows in both stages can be adjusted individually. Some examples for 
using the code will be given. The FZKPTR code will next become available to the public. 

INTRODUCTION 

Over the last decade pulse tube cooling has become one of the most important methods for 
small and medium scale cryogenic applications. Having no moving parts in the cold head, such 
kinds of coolers seem to be very simple devices. Their main function is based on the Stirling pro
cess, a gas cycle known for about 150 years. Many machines for transforming cyclic work flow of 
compressed gas into thermal energy and vice versa are being used in technology, and there is a 
broad basis on theoretical and experimental expertise in academic and industrial institutions. Sur
prisingly, not many of those data can be used directly for the design of pulse tube coolers. Partially 
this may be because of companies' privacy, and because pulse tube refrigerators were first devel
oped by people in academic institutions who had not access to those design codes. On the other 
hand, aspects which were not relevant to conventional Stirling and Gifford-McMahon coolers had 
to be considered for pulse tube designs. A third aspect is that new cooler applications tend to very 
low refrigeration temperatures, to improved efficiency, and to more compact design. This has called 
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for better methods of calculations for such systems. Numeric codes for such calculations have been 
developed by different groups, but some of such codes are on rudimentary levels so that they can be 
used only by the author. The code (REGEN3.1) developed at NIST'-^.s has been developed for 
regenerator design and does not comprise the complete cooler. The Los Alamos code DELTAE 
has been developed for the design of very general low-amplitude thermoacoustic engines. It is now 
commercially available.'' However, we do not know whether it can be used for the design of mul
tistage coolers with refrigeration temperatures in the 4 K range. The other commercial product 
SAGE5 has resulted from a long period of development of conventional coolers, but it can also be 
applied to many different types of pulse tube coolers. All of these numeric codes will be very 
useful, they are very comprehensive, and, of course, each will certainly have specific advantages 
and disadvantages. Users interested in specific applications cannot avoid elaborate learning pro
cesses. Those codes were not available when we started our activities on pulse tube coolers, so we 
had to develop our own methods. This code FZKPTR^ might be a valuable addition. It was devel
oped for the design of two-stage pulse tube coolers with a 4 K refrigeration temperature. However, 
the model can also be applied to simpler single stage systems. Also, the inverse process as used for 
thermoacoustic drivers can be handled with the code. The physical basis (linear thermoacoustics) 
of our code, FZKPTR, is mainly the same as that of DELTAE developed at the Los Alamos Na
tional Lab. In contrast, our code includes real gas properties and temperature-dependent properties 
of a commercial solid material data base. Users should have respective licences. 

THE CONCEPT OF THE PULSE TUBE REFRIGERATOR CODE FZKPT 

The default version of our code is developed for describing a two-stage 4K pulse tube cooler as 
shown in Fig. 1. It may be used for the design of a cold head capable for lifting refrigeration powers 
2 j and Q^ from temperatures Tj and T^, respectively. It yields the requirement of the compressor, 
namely the acoustic work flow (pV-power) resulting from pressure p, volume flow U, and phase 
angle cp at the outlet of the compressor. Furthermore, it yields the work flow to be extracted from 
both pulse tubes. The geometry and the intrinsic structure of all components may be modified so 
that the compressor power becomes as small as possible. This two-stage cold head is composed of 
up to 20 sections, and the internal structure of each section must be described by a number of 
parameters. Moreover, the code has to handle DC flows (small steady-state gas flow) to be indi
vidually adjusted in both pulse tubes, and it has to handle the ratio of gas flows, mj/m^, at the 
bifurcation of first and second stage. Altogether, there will be about 200 parameters to be modified 
for finding the best configuration. This is a rather difficult task. A computer code making all neces
sary iterations automatically would become very complicated. The better choice, we believe, is to 
modify the parameters manually and check the results for reasonableness. This procedure requires 
a fast response (within a few seconds) and a good overview on input and output data. Fast response 
means that restrictions in accuracy must be accepted. 

Figure 1. Schematic of the two-stage pulse tube cooler. 
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Table 1. List of typical input data of a two-stage 4K-PTR. 
Exanple 1: 2-stage 4K-PTR 
F pO pl/pO SweptV phi TW WREGl WREG2 TOL 
1.66 17.4E5 0.337 750e-6 45 300 0.001 0.001 lE-6 

Length TotalAr b 
' 1_ Tube CoiTipr_Regl ' 
'2_ Aftercooler ' 
'3_ 1. REG. Part 1 ' 
'4_ 1. REG. Part2 ' 
'5_ Tube REGl/PTl ' 
'6_ Flow Conditioner' 
'7_ l.PulseTube 
'8_ WRRMEND HXl 
'9_ Tube PTl to Exp.' 
'10_2. Reg, spacer 1' 
'11_2. Reg. Pb 
•12_2. REG. spacer 2' 
'13_2. Reg. Er3Ni ' 
'14_2. Reg. Spacer 3' 
'15_2. Reg. HoCu2 
'lS_Ltg.Reg.2 zu PT2' 
'17_Str.-Glaetter 2 ' 
'18_2. Pulsrohr, Tl ' 
'19_Wannend HX2 
•20_Ltg. PR2/Ventll ' 
'Volumflow stl/st2 ' 
'rel. dc-flow in PTl' 
'rel. dc-flow in PT2' 
'Conpressor: ' 
'Swept volume, m^3 ' 
'Frequency of grid ' 
'He-Condensation ' 
'Zyklus,j-1, n-0 ' 
'List of suppl. var.' 
'Variable in Col.10 ' 
'Variable in Col.11 ' 

1.00 -1 5.00E-3 
0.020 26.4E-4 54.0E-6 
0.153 26.4E-4 39.0E-6 
0.00 0 0 
0.100 2.00E-3 l.OOE-3 
0.015 15.2E-4 54.0E-6 
0.220 -1 22.0E-3 
0.020 15.2E-4 54.00E-6 
0.050 -1 2.0e-3 
0.001 4.52E-4 30.9E-6 
0.034 4.52e-4 23.40e-6 
0.005 4.52E-4 0.5E-3 
0.053 4.52e-4 23.40e-6 
0.003 4.52e-4 l.Oe-3 
0.039 4.52e-4 23.40E-6 
0.080 -1 0.001 
0.050 2.46e-4 0.45e-3 
0.380 -1 9.5e-3 
0.025 2.01E-4 54.0e-6 

0.0001-1 
55 

0.000 
0.00150 

43e-6 
50.0 
0.00 1 
0 
0 
19 
20 

3.00e-3 
In percent 

l.OOE-3 
8.40E-6 
13.44E-6 
0 
.0 

8.4E-6 
0.5E-3 
8.4E-6 
0.5e-3 
11.7E-6 
22.49e-6 
l.Oe-3 

22.49e-6 
l.Oe-3 

22.49E-6 
l.Oe-3 
0.5e-3 
0.5e-3 
8.4e-6 
l.Oe-3 
(*) 

Jmat MSTEP FRF 
3 
1 
3 
14 
1 
1 
3 
1 
3 
3 
14 
3 
62 
3 
67 
1 
1 
3 
1 
3 

1 
1 

10 
1 
1 
1 
10 
1 
1 
1 
10 
1 
100 
1 
10 
1 
1 
10 
1 
1 

1 
1 
1.0 
1.0 
1 
1.0 
1 
1.0 
1 
1.0 
1.0 
1.0 
1.0 
1.0 
1.0 
1.0 
1.0 
1 
1.0 
1 

********* 

! Volume of C31 conpressor capsule 
! in Hz 

5 ! Low rate in kg/s. Pressure in Pa, 

!yes-l, no-0 
!0 < integer < 23 
!0 < integer < 23 

A/1 
1 
1 
0.1 
1 
1 
1 
1 
1 
1 
1 
0.32 
1 
2.0 
1 
2.0 
1 
1 
1 
1 
1 

All input data are compiled in a list as shown in Table. 1. This list describes the real 2-stage 4K 
PTR operated in our laboratory. The compressor is described by the parameters of the upper block 
with the frequency F of the pulsating gas flow, the mean pressure pO, the ratio of pressure amplitude 
pl/pO, the swept volume of the compressor, and the phase angle between pressure and volume flow 
supplied by the compressor. The next lines describe the components 1 to 20 characterized by length, 
total cross sectional area, internal structure derived from hydraulic diameter and porosity, the change 
of enthalpy flow caused by intrinsic losses or by heat transfer, and the parameter JMat describing 
the material. MSTEP will control the listed output, and the last three columns are used for empirical 
corrections of terms that are not well known from literature, namely the friction loss (FRF) and the 
longitudinal thermal conductivity of the porous regenerator structures (CDF). The last column 
(A/I) provides the option for treating certain sections either as thermally insulated (adiabatic, a) or 
as isothermal (i). The next three lines are inputs for controlling the flow rated at the bifurcation of 
first and second stage and the DC flows in both pulse tubes. The last lines of the input list will be 
used for special studies that are beyond the scope of the present presentation. More details can be 
found in Ref. 6. 

THE THEORETICAL BACKGROUND 

The Basic Model 

The calculations are based on the thermoacoustic theory''.*'.''' describing the conversion of 
mechanical and thermal energy of an oscillatory gas flow in ducts with solid walls. A very useful 
work on this problem has also been done by Xiao.'" Our calculations are strongly based on that 
work, and we also use the same terminology. 

The basic element is a circular channel with radius b and wall thickness b^ as shown in Fig. 2. 
The gas flow at the position x is described by the mean temperature T^^, the pressure 

p = p„+pe^'" (1) 

and the volume flow 
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Figure 2. Geometry of the sound channeL 

U = Ur..+Ue" (Uuc«U) (2) 

The fact that the volume flow U has no higher harmonics implies that the pressure amplitude must 
be small, namely P 0 V E R P « 1 . This is taken into account when the following expressions are 
derived from Navier-Stokes equations. For laminar flow in circular channels, the shear force and 
the transversal heat flow can be described by analytic expressions. Hereby the two-dimensional 
problem is reduced to a linear one with 

1 
dp 
dx 

= - Z p U 
dx 

Re[Up (l-T„p„)f,J 

A X 
(3a,c) 

dU 
dx Zr dx dx 

= -h„U„(T„-TJ - ' oc^po dx 
(3b,d) 

So we have a system of 6 real type differential equations with the variables Re(p), Im(p), Re(U), 
Im(U), T„, and the total axial energy flow E .̂ The coupling coefficients Z^, Z ,̂, f ,̂ K̂  are functions 
of channel geometries and of fluid and solid material properties. They are given by analytic expres
sions for simple geometries of the sound channels. We are using the terms as derived for circular 
channels'". Solving those equations yields all variables at any position of the system. And we also 
get the acoustic work and heat 

W, -Ke.[Up* 

and 

lT,p,Re[Up'fJ-A^K,^ 

(4) 

(5) 

respectively, and the longitudinal total energy (enthalpy) flow is E^ =W^+ Q^. Equation (3d) de
scribes the loss of total energy caused by heat transfer through the perimeter U^ and by a small DC 
flow, a term neglected in the basic thermoacoustic theory of Rott. 
The basic assumptions of this model are: 

1. The problem is two dimensional (constant cross sectional areas) 
2. The sound field is at periodically working condition and the mean fluid velocity is zero 
3. The acoustic amplitudes are low enough to avoid turbulence" so that: 

Re^ =p„uS^/tJ„« 500 
4. The displacement of gas particles is much smaller than the acoustic wave length: 

(u/(2naj«l) 
5. The transverse heat flow from the solid wall to the environment is proportional to the tem

perature difference 

' For harmonic functions of p and U=dV/dt, the following expressions are identical 

W^ =f(j'pdV = f [(p„ +p)Udt = -Re[Up*] = -pUcos(<p) 

where the symbols 'tilde', 'hat' and 'asterisk' mark time dependent part, amplitude and conjugate of the variables, 
respectively 
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Many components of the PTR will be operated within an evacuated containment, thus there will be 
no overall transversal heat flow. This means that the coefficient of heat transfer, h , is zero at 
periphery with perimeter U^. The other extreme for ideal heat transfer to the surrounding with 
temperature T. This means that dT/dx=0 in such components. Only these two extremes will be 
considered for the evaluation of cooler. The different section will be characterized by 'adiabatic' 
described by (dEydx)j=0 or by 'isotherm' described by dTydx=0. The parameter ' A/F in the input 
list is used to adjust any of the 20 sections either to 'a' (adiabatic) or to ' i ' (isotherm). 

ADAPTATION TO REAL REGENERATOR STRUCTURE 

Intrinsic Structure. So far, the model is valid only for long circular ducts such as the pulse 
tubes and the connecting tubes. The model can also be applied to regenerators and heat exchangers 
consisting of bundles of circular channels. End effects are neglected, and it must be checked if the 
conditions for non-turbulent flow are flilfdled. But, most real regenerators are made from packages 
of wire mesh or microspheres. We describe such structures by equivalent packages of short circular 
channels which have such dimensions that a) the porosity, b) the wetted surface, and c) the flow 
resistance becomes the same for the real and the equivalent structures. Then we get the equivalent 
parameters 

ID„ /2 formeshl , > 

and \-\j=^-A (6) 
Dj/3 for spheres] ^ ^ 

where D and D are the diameters of wires and spheres, respectively. The channel diameter 2b 
calculated in this manner is equal to the hydraulic diameter defined as four times the flow area 
divided by the wetted perimeter. It is in good agreement with data derived from other models." 

Pressure Drop and Heat Transfer. In the basic model, pressure drop and heat transfer from 
the fluid to the solid are calculated for laminar flow in very long ducts. Inlet and outlet effects are 
being neglected. Hence, pressure drop and heat transfer will be underestimated. To be more realis
tic, those channels have to be subdivided in many very short sections so that the end effects will 
dominate. Such configurations become similar to porous beds. Respective correlations for stacked 
mesh and for sphere-bed-matrices are given in literature.'2.'3 The friction factor and the heat trans
fer coefficient (expressed by the Nusselt number) become power functions of the Reynolds number 
which proves to be in the range 30<Re<300 for regenerators operated in the range 4 K < T < 300 K. 
We have not succeeded to implement those correlations precisely into the theoretical model. But 
we believe that a reasonable correction is obtained by modifying the viscosity and the thermal 
conductivity of the fluid so that those terms yield the expected enhancement of pressure and heat 
transfer. Hence, we simply replace the viscosity r\^ by the apparent values 

ri^,,^„„,=V.{2-62 + Q.m3Re)-FRF (7) 

with 

Re = BA^ (8) 

The pressure drop and heat transfer correlations given in Ref. 12 and 13 have been obtained for 
steady flow measurements, but recently it was shown''* that the pressure drop does not change up to 
frequencies of 10 Hz. There is an enhancement at higher frequencies, but precise correlations are 
not known. We have therefore introduced an empirical factor 'FRF' (flow resistance factor), which 
will be read from the file of input data for each individual component. It is known that the heat 
transfer will be improved when the pressure drop increases. Assuming that the Prandtl number 
(Pr = r|c /k) will not be changed, the apparent thermal conductivity becomes 

, _ '\apparent pO 
apparent p ( 9 ) 
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In our code, those modified correlations are only applied to sections with small hydraulic di
ameters (2b < 0.5 mm). In other cases, the empiric correction term FRF may be used for taking 
account of other terms which may cause higher pressure drop than predicted by the laminar flow 
correlations. Reasonable values for the enhancement factor may be found in text books on fluid 
flow. In many cases, they will depend on the Reynolds number. For that purpose, we have imple
mented the option to list the Reynolds number at any position of the system together with the 
mentioned default variables. This option will be activated with the parameter 'List of suppl. var' 
given in the lowest lines of the input file. Up to 22 different variables can be selected to be printed 
in the output array. 

Longitudinal Heat Conduction. In the basic model, the longitudinal heat flow is calculated 
as if the regenerator would be composed of a solid rod with the cross section as resulting from the 
total porosity and the total cross section. But, it is known that the effective thermal conductivity of 
stacked screens and of microsphere matrices is much smaller.'' This conductivity degradation 
factor CDF is not well known in most cases. Taking this fact into account, the thermal conductivity 
of the solid material is decreased only in the expression where the term K^ describes the effective 
longitudinal conductivity 

Here, the term K „̂, the thermal conductivity of the solid, has been replaced by K̂ ,̂ x CDF. However, 
in other equations describing the transversal heat flow, i.e. the thermal diffusion into the solid, 
which is characterized by the thermal penetration depth 

the conductivity is not changed. 

Materials. By default, the working gas is Helium with real gas properties derived from the 
HEPROP code. To the extent they are available, properties of solid materials are taken from 
CRYOPROP.'* They are selected by the parameter JMat. Specific thermal data of other materials 
such as rare-earth compounds have been added. The thermal conductivity of those materials not 
known is set equal to that of stainless steel. This should be allowable for low frequency applications 
where the thermal diffusion depth 5̂  is much greater than b ,̂ the thickness of the wall. 

RUNNING THE CODE 

The code is written in FORTRAN, but all calculations can be done with the executable file 
which runs on any PC. Thus, a compiler is not necessary. The code reads all data ftom the input 
file, and it calculates temperature, pressure, volume flow, phase angles, heat and work flow and 
many other parameters at any position of the system. Those data are written into ordered output lists 
which may be imported into graphic programs preferred by the user. Results are obtained within 
less than 3 seconds, and the output list can be checked just by a mouse click. Thus we get a very fast 
response and we can decide how the input must be modified for the next improvement. Making all 
iterations manually has the advantage that one will get a very good feeling for the processes going 
on in such coolers. Therefore in short time one can gain sufficient experience for modifying the 
input parameters in a reasonable way. 

A user with no previous experience should begin with a less comprehensive system, such as 
one with a first-stage regenerator. All other components can be eliminated just by setting their 
length to zero. One should know that the irreversible losses of the regenerator increase with in
creasing temperature difference. When pressure, volume flow and temperature are given at the inlet 
of the regenerator, the parameter 'DeltaE', which is a measure of the regenerator loss, has to be 
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Table 2. Comparison of measurements and calculations done with PTR031120 
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Measurement 

.21 
w 
25 

Tl 
K 
46.7 

02 
W 
0.51 

T2 
K 
4.1 

P 
bar 
11.9...24.9 

dm/dV 
fr/s 
4.0 

Pel 
kW 
7 

Calculation 
QL 
w 
25 

Tl 
K 
46.3 

02 
W 
0.67 

T2 
K 
4.1 

P 
bar 
11.6...23.2 

dm/dt 
g/s 
4.03 

DC2 

0.00150 

mi/m^ 

0.55 

modified so that the desired low end temperature is achieved. Then the first stage pulse tube and its 
'DeltaE' are to be modified so that ambient temperature is achieved at its hot end. This 'DeltaE' is 
the effective refrigeration power of that stage. 

RESULTS 

4-K-PTR. The list of input data given by Table 1 describe a GM-type two stage pulse tube 
cooler as shown in Fig. 1. It has been operated in our laboratory. All parameters of size and 
materials have been transferred to the input list. The second stage regenerator is composed of Pb, 
Er^Ni, and HoCUj (characterized by sections 12, 14, and 16). Among the many other parameters, 
we have measured temperatures and refrigeration powers at both stages, pressure at the hot end of 
the regenerator, and the mass flow (dm/dt) supplied by the compressor. The input parameters of the 
code, namely pO, pl/pO (compression ratio),'swept volume' and the first stage refrigeration power 
have been modified for fitting those experimental data. Other parameters, such as the mass flow 
ratio at the bifurcation of stage 1 to stage 2 (ml/m2) and the DC flow—quantities which could not 
be measured—have been modified empirically to maximize the second stage refrigeration power. 

The results are given in Table 2. For a 4.1 K second stage temperature, the model has predicted 
a refrigeration power of 0.67 W, whereas 0.51 W has been obtained in the experiment. This agree
ment is not bad. One should realize that the calculation shows that about 7.6 W of acoustic work 
flow (pV-power) is required at the cold end of the second stage pulse tube. Hence, the second stage 
losses are more than ten times the effective cooling power. A 10% error in the calculation of those 
losses would effect about 100% change of effective refrigeration. Moreover, the thermoacoustic 
model has been derived using a small-amplitude approximation and for a sinusoidal variation of 
pressure and flow rate. But here we have about 6 bar of pressure amplitude for 17.5 bar mean 
pressure, and the hot end gas flows are imposed by close/open valves. This will cause higher har
monics, which are not taken into account in the calculations. 

The phase shifter has not been specified for this arrangement. The calculation only yields flow 
rate, pressure, and phase angle at the hot ends of the pulse tubes. Those data can be easily trans-

Uc„pr3687cm% 

«Upn,f=620cmVs 

Figure 3. Pressure and volume flow phasors of the 4-K-PTR. 
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Compressor 

Figure 4. Scheme of a single stage pulse tube cooler with inertance tube phase shifter. 

Table 3. Input file of a PTR with inertance tube phase shifter. 
Exanple 2 : S i n g l e s t a g e 60HZ-PTR wi th p a r a l l e l t u b e HX and I n n e r t a n c e t u b e phase s h i f t e r 
F pO p l / p O SweptV p h i TW WREGl WRi;G2 TOL 
60 17.0E5 0 .2 88e-6 45 300 0 .001 0 .001 lE-6 

1_ Tube Conpr_Regl 

1_ Dead volmne 
2 Aftercooler 
3 1. REG. 
4_ 
5 Branch stl/st2 
6 
7 
8 
9 
10 
11 
12 
13 
14 
15_Cold end HX 
16 Pulse tube 
n_WarniEnd HX 
18 Inertance Tube 
19_Buffer HX 
20 Buffer volune 
Volumflow PT1/Reg2 
rel. dc-flow In PTl 
rel. dc-flow in ET2 
Compressor: 
Swept voluine, nrs 
Frequency of grid 
He-Condensation 
Zyklus.j-l, n=0 
List of suppl. var. 
Variable in Col.10 
Variable in Col.11 

Length 
' 1.00 

Length 
'0.033 
•0.050 
'0.065 
' 0 
'le-6 
'0 
'0 
'0 
'0 
'0 
' 0 
' 0 
'0 
'0 
'0.05 
'0.120 
'0.05 
'1.445 
'0 
' 0.1855 
' 0 
'0.00 
'0.000 

' 

TotalAr 
-1 

TotalAr 
-1 
6.28E-4 

26.4E-4 
0 

-1 
0 
0 
0 
0 
0 
0 
0 
0 
0 
6.28e-4 

-1 
6.28e-4 

-1 
0 
-1 

'50.0e-6 
'50.0 
'0.00 
'0 
' 1 
'21 
'13 

1 

l.OeS ! 

1 
] 
] 

b 
5.00E-3 

b 
29.0e-3 
0.5e-3 

49.21E-6 
0 
2e-3 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0.5e-3 
22.00e-3 
0.5e-3 
3.5e-3 
0 
30.00e-3 

bs DeltaE 
l.OOE-3 0 

bs DeltaE 
l.Oe-3 
0.5e-3 
11.83E-G 
0 
0.5e-3 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0.5e-3 
0.5e-3 
0.5e-3 
0.5e-3 
0 
l.Oe-3 

in percent (%) 

in Hz 
Low rate In kg/s. 

yes-1, no-O 
0 < integer < 23 
0 < integer < 23 

0 
61. 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 
0 

234 
0 

294 
0.0 
0 
0 

Jmat 
3 

JMat 
3 
1 
3 
1 
3 
3 
3 
1 
3 
1 
1 
1 
1 
1 
1 
3 
1 
3 
1 
3 

Pressure in 

MSTEP 
1 

MSTEP 
1 
1 
20 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
20 
1 
20 
1 
20 

Pa, 

FRF 
1 

FRF 
1 
5 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
5 
1 
5 
10 
1 
1 

CDF 
1 

CDF 
1 
1 
0.1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 
1 

A/1 
'a' 

A/1 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
'a' 
•a' 
•a' 
'a' 
'a' 

4 * * * * 1 ^ * * 

ferred to piston type expanders. But they give also information for the design of other types of 
phase shifters and it also yields crude values for the timing of close/open valves. The phasor dia
gram for pressures and volume flows is shown in Fig. 3 

Inertance Tube Phase Shifter. The basic equations (Eq. (3)) are the same for all components 
of the system. The only difference is given by the size, the intrinsic structure and the material. 
Hence the function of any of the 20 sections can be modified just with the parameters of the input 
list. Such an example is shown by Figure 4, a single stage cooler with inertance tube phase shifter. 
The respective input file is given in Table 3. This is a cooler operated with 60 Hz. It should be 
capable to lift about 200 W from 80 K. The calculation is done so that all work flow expanded from 
the pulse tube is dissipated in the inertance tube where adiabatie conditions have been assumed. 
The calculation will shows that the work flow is converted into heat flow, most flowing to the 
warm end heat exchanger HX^. The size of the buffer volume will result from the fact that the flow 
rate must become zero at the closed end. The flow in the inertance tube will have high Re3Tiolds 
numbers. Precise correlations for describing the respective pressure drop are not known. For more 
realistic calculations its value should be adjusted with the parameter FRF. 
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Other Configurations. Many other configurations can be handled by modification of the 20-
section input list. Some more examples are given in Ref. 6. However, the source code can easily be 
modified if more components need to be considered. Also, properties of other materials can be 
implemented by adding arrays of specific heat and thermal conductivity data. 

CONCLUSION 

It has been shown that the present code can be used to study many different types of pulse tube 
coolers. All examples discussed here can be treated just by modification of a simple list of input 
data. No modification of the source code is required. However, one should always have in mind 
that the code is based on small-amplitude approximations. So, one should not expect too high an 
accuracy for the predictions. The code will be very valuable for getting a prototype design as a basis 
for further empirical improvements. It will also be very valuable to improve the understanding of 
the complicated thermal processes running in such systems. 

The executable code of FZKPTR is now available to the public. Users interested in scientific 
or commercial use should contact the author (0721468784@t-online.de). 
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Enthalpy, Entropy, and Exergy Flows in Ideal Pulse 
Tube Cryocoolers 
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ABSTRACT 

Descriptions of how cryocoolers operate frequently take an energy-centric view. Such 
descriptions concentrate on the first law of thermodynamics, the conservation of energy. This 
approach can result in a complex description of the cooler in terms of energy and enthalpy flows. 

An alternative is to take an entropy-centric approach. Closely related to this is the exergy-
centric approach. These descriptions concentrate on the second law of thermodynamics, the 
generation of entropy or the destruction of exergy. 

Both the energy-centric and exergy/entropy-centric approaches make use of the first two 
laws of thermodynamics and both approaches give equivalent descriptions of a cryocooler. 
However, the latter approach can be more usefiil as it can yield a simpler description, one that 
emphasis loss mechanisms. 

This paper reviews the application of these approaches to pulse tube cryocoolers. For each 
component of ideal pulse tubes the effects of the component on the exergy, entropy, and enthalpy 
flows are found. The discussion concentrates on orifice type pulse tubes. While most of the 
discussion is applicable to cryocoolers driven by either Gifford-McMahon or linear compressors; 
the emphasis is on the latter. 

INTRODUCTION 

Enthalpy, entropy, and exergy analyses are useful tools for understanding thermodynamics 
of a system. In this paper, the thermodynamics of pulse tube coolers will be analyzed through 
the use of these quantities. Detailed thermodynamic models of pulse tube coolers have been 
presented by several previous authors using a variety of approaches." The advantage of the 
exergy approach is that the fiindamental thermodynamics of an ideal pulse tube and the principal 
loss mechanisms are simple to develop. The objective of this paper is to present the fundamental 
thermodynamics in a simple form. The basis of our approach is the thermodynamics of an open 
system. We will consider control volumes that include the working fluid only. Interactions with 
the regenerator, heat exchangers, and physical walls are limited to heat and work transfer. 

We will follow the exergy approach of Bejan.' For an open system, the first law (energy 
conservation) is 

E='EQi-W+Tjmh-'Emh, (1) 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science-i-Business Media, Inc., New York, 2004 3 3 3 
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1 ^ 
I 

tQ, T 

M, E, S I 

Figure 1. Schematic representation of a 
i „ generalized control volume in an open system. The 

quantities M, E, and S can accumulate within the 
control volume. The nominal directions of the in-
and outflows are shown. Note that heat flows are 

W always associated with an external temperature. 

where the inertance (i^/T) and gravitational (gz) terms have been ignored. For many pulse tube 
applications these two terms are insignificant. If these terms are significant, such as the 
inertance term in an inertance tube; then they must be added to the enthalpy. The sign 
convention is chosen such that all heat flows, Q, into the system and all work done by the system 
are positive (see Fig. 1). 

The second law (entropy conservation) is 

S,,„ = 47S-E%' + 'Ems-Tims>0. (2) 
" at i Ij out in 

Eqs. 1 and 2 can be combined and written in terms of exergy (rate of available work): 
0 = - ^ ( £ - r„5) - tf + ̂  (l - ̂ ) a + 5 m{h - T^s) -Em[h- T^s) - T^n, 0 ) 

where the terms represent the accumulation of non-flow exergy within the control volume; the 
transfer of exergy to the control volume by work, by heat transfer, and by mass flows in the inlet 
and outlet; and the final term is the exergy lost within the control volume. The reference 
temperature, TQ, is usually the environmental temperature, the external heat rejection 
temperatiffe of the cooler. The internal exergy flow is m^ where ^ = h- T^s. 

Eqs. 1-3 are true for all times. In the following discussion, we are only interested in steady 
state behavior integrated over a whole cycle. The following notation will be used to designate 
the cyclic integrals 

for flows: X= i> mx = i mdx= i m^dt (4) 

and for accumulations: X=lx=lxdt. (5) 
In steady state operation, there can be no net accumulation. Thus, X = 0 for all 

accumulations. For time dependant variables the following notation will be used: 

x = {x) + X, (x) = I X ^f = 0, and X « Xa sin (wf + 0 j . (6) 

Eq. 1 can now be written as 

E = 0=iE=Q-W+j>mh-j>mh, (7) 
' Jin J out 

where we have assumed that there are only single in- and outflows. For those pulse tubes with 
multiple inlets, the in and out integrals must be summed over all flows. Eqs. 2 and 3 become 

S'̂CT = - I ] i ¥^ - If m j + i ms>0 , 
' j i Jin Jout 

0 = -W-i-S j (l - ^ ) 6 , + l m{h-T„s)-l m[h-T„s)-T„Sg ••gen : 

(8) 

(9) 

and the exergy flow becomes H =« m^ (10) 

If the working fluid is assimied to be an ideal gas, then 
dh = CpdT (11) 

and ds = Cp4f-R^. (12) 

In adiabatic regions, ds = 0 and Eq. 12 becomes 
Cpdf = Rdf. (13) 
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Integrating this yields 

(•-4) 
(14) T ^ P 

(T) [{P)j 
Thus, in adiabatic sections the temperature and pressure oscillations are in where 7 = Cp/Cy 

phase. 
We will also make the following assumptions. Pressure gradients that result from viscous 

flows are proportional to and in phase with the mass flow. Similarly, heat transfer is 
proportional to and in phase with temperature differences. All oscillating quantities are 
sinusoidal. These are the assumptions of small amplitudes and that the energy carried by higher 
harmonics is small compared to the total energy carried by the system. 

IDEAL COMPONENTS 

We will consider the components of an ideal pulse tube cooler (Fig. 2). These components 
are lossless except for those that require losses to fiinction. In lossless components, 5„g„ = 0. 
Thus, the effects of viscous flow losses, secondary flows, and thermal conduction are ignored. 
As mentioned earlier, only steady state operation is considered. The reference temperature, T^, 
is taken to be the ambient heat rejection temperature of the aftercooler. Fig. 2 also shows the 
heat and work flows into the control volume that includes the whole system. The system control 
volume is a closed system (no mass flows in or out). Thus the governing equations for the 
system, Eqs. 1-3 and 4-6, can be simplified by deleting the terms containing mass flow. The 
exergy only changes where there are work and flows across the system boundary or where 
entropy is generated. 

Adiabatic Compressor 

A schematic drawing of a compressor and its control volume are show in Fig. 3. The input 
work, - Winput, is provided by an external motor. Being adiabatic, g = 0. There is only one mass 
flow, which we take as an outflow. Steady state operation requires (/n) = 0. Eqs. 7-9 become 

W =1 
Jou 

mh = H.^, = AEand 
Jou 

= 0 . (15) 

All of the work is converted to enthalpy flow out of the compressor. This is the only place in the 
system where work is done and since coolers are work absorbing, the exergy flow, H = - Wi„pu,, is 
at its highest value here. 

Adiabatic Transfer Line 

If the transfer line (Fig. 4) connecting the compressor to the aftercooler is adiabatic, then 
2 = 0. Eqs. 7-9 become 

H = i) mh=i) mh, i ms = 0, and AE = 0 . 
Jin Jout Jout 

(16) 

W 1 
Qo.Tc 

1 

ta aftercooler 
transfer line 

compressor 

A 4 
I cold he 

pulse tube ' ̂  

heat exchanger 

regenerator 

"•reservoir 

oriflce/inertance tube 

hot heat exchanger 

Figure 2. The principal components of an Orifice Pulse Tube Cooler showing the location and nominal 
direction of the heat and work flows for a control volume enclosing the entire cooler. 
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tQ, T I Q, T 

w I 

jd 
1 rn 

Figure 3. Control volume for the compressor. Figure 4. Control volume for the transfer line or 
For an adiabatic compressor Q = 0. pulse tube. 

The enthalpy flowing in from the compressor equals the enthalpy flowing out to the aftercooler. 
In general, m,„ 9^ m„,. The mass flows are not equal because the compressibihty of the gas 
results in the mass accumulated within the transfer line varying with the pressure. 

Mass Accumulation 

The rate of change of a mass of gas, M, in a fixed volume such as the transfer line, V, is 
given by mass conservation: 

^ = '^in-^„,, = m, (17) 

where m is the net mass flow into the control volume. For an ideal gas the equation of state is 
PV 

M = . (18) 
RT 

Differentiating this yields: dM = M [ ^ - - ^ j . (19) 

For an adiabatic volume, this can be simplified by using Eq. 13: 

This is the instantaneous mass accumulation due to an adiabatic pressure change (sometimes 
called the breathing mode). There are two notable observations about this equation. Firstly, OT, 
is independent of the temperature distribution in V. Secondly, for small amplitude pressure 
oscillations, rh^ is in phase with dPIdt. Since dPIdt is out of phase with P and, by Eq. 14, out of 
phase with T, m, and T are out of phase. Thus 

/ 
m,/z = 0 . (21) 

The adiabatic accumulation of mass in steady state operation does not result in an enthalpy flow 
in adiabatic sections. 

There is another source of mass accumulation, the accumulation due to the temperature 
difference between the inlet and outlet, m.^ = m,„ - ra„„, . If the pressure is constant within the 
adiabatic control volume, then mass flow does not change the temperature or density of gas 
elements that remain within the control volume. This requires that the volume flows at the inlet 
and outlet be equal. Thus, 

mwTi„ = m„^,T„^, (22) 

<^MT • • (Tout 
dt ' ^ o J ^ - 1 • (23) 

Here /»,„ and rhout are in phase and the accumulation results in no change in enthalpy flow. 
We can now write a generalized mass flow equation that includes the two accumulation 

effects: 
m,„ = m, + rhx . (24) 

The terms on the right hand side are not, in general, in phase with each other. Thus, mass 
accumulation results in amplitude and phase gradients in the mass flowing through an adiabatic 
volume. If the enthalpy flow, H, in an adiabatic section is not zero, then the temperature must 
also have amplitude and/or phase gradients. 
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Q, T 
Figure 5. Control volume for a heat exchanger or 

regenerator. The hatched area represents the volume of 
the heat exchanger or regenerator. Only the working fluid 
is included in the control volume. 

mout 

Aftercooler 

Within the aftercooler (as in the following regenerator) (Fig. 5), there is perfect heat transfer 
between the gas and the heat exchanger. There is no temperature oscillation of the gas, dT = 0. 
Thus dh = 0 also. Eqs. 7-9 become 

f mh = Hi„ = -Q„ = - l mT^s = - T„S„^,, and AH = 0 . (25) 
Jin J out 

The heat rejected at the aftercooler is equal to the work done on the compressor, W = Qo. Also, 
this heat is equal to To So„i, where Sout is the entropy flow in the regenerator. This entropy flows 
from the cold to the hot end of the regenerator. There is no change in the exergy flow because 
the exergy associated with go is (1 - TolTo) Qo = 0. 

Isothermal Compressor 

In an isothermal compressor, there is no temperature oscillation and therefore no enthalpy 
flow. It is not reasonable to use an adiabatic transfer line with an isothermal compressor, as this 
defeats any advantage of isothermal compression by having the losses associated with two 
isothermal to adiabatic transitions (more about these losses in a later paper'). An isothermal 
transfer line is difficult to implement without significant viscous losses and will not be 
considered here. Thus, we will consider an integral isothermal compressor, which incorporates 
the aftercooler and hot end of the regenerator. Evaluating Eqs. 7-9 results in 

f̂  = eo = 7 'A«- (26) 
Eq. 26 is the same as a control volume containing an adiabatic compressor, and adiabatic 

transfer line, and an aftercooler. The difference between systems with an adiabatic compressor 
and an isothermal compressor is in the losses discussed in a later paper. 

Regenerator 

The ideal regenerator (Fig. 5) has no void volume and no pressure drop. The first condition 
leads to w,„ = «£,„,. In the regenerator as in the aftercooler and other heat exchangers, applying 
the condition dT =0io Eq. 12 results in 

ds = -^dP . (27) 

In the absence of a pressure drop, dP/dz = 0, results in ds/dz = 0. i.e., there is constant entropy 
flow in a regenerator. This can be verified by applying Eqs. 7-9, which become 

iS',„ = a> ?W5 = i ms = S„^, and AH = 0 . (28) 
Jin J out 

It is interesting to note that these relations do not specify the temperature profile of the 
regenerator. Again, the exergy flow is constant because there are no losses or interaction outside 
of the system. 

Cold Heat Exchanger 

The cold heat exchanger is similar to the aftercooler (Fig. 5). The control volume has two 
mass flows. One flow, rhg^, , is adiabatic, finite enthalpy flow but no entropy flow. The other 
flow, ffJjn , has no temperature oscillations, finite entropy flow but no enthalpy flow. Applying 
Eqs. 7-9 yields 

Q,= l mh = H„^,, r„5,„ =1 mT^s = -'^Q, and AS = f 1 - ^ ] g , (29) 
Jout Jin c \ ^cJ 
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The heat absorbed equals the enthalpy flow in the pulse tube; the corresponding entropy flows 
into the regenerator; and the corresponding exergy is added to the system. Combining Eq. 29 
with Eqs. 25 and 28 yields 

^ = - ^ , (30) 
^ o ^ c 

the familiar relation for an ideal Camot cycle. 

Pulse Tube -1 

The ideal pulse tube is adiabatic (Fig. 4). It behaves like the adiabatic transfer line with Q = 
0, m,„ ^ tnguf Evaluating Eqs. 7-9 yields 

H=fmh=i mh , i ms = 0 , and AE = 0 . (31) 
Jin Jout Jout 

Neither of these equations specifies the temperature profile within the pulse tube. The enthalpy 
flow is constant and identical to the enthalpy flow out of the cold heat exchanger. However, 
since there is mass accumulation in the pulse tube, the mass flow decreases from the cold end to 
the hot end (see Eq. 22). To keep H constant, the temperature oscillation must vary along the 
length, increasing toward the hot heat exchanger. This is discussed in a later section. 

Hot Heat Exchanger (Basic Pulse Tubes) 

The hot heat exchanger is similar to the aftercooler with m„„, = 0 (Fig. 6). There is no 
temperature oscillation within the heat exchanger, thus there is no enthalpy flow inside it. Eq. 7 
becomes 

fth = - Hi„ . (32) I 
J in Comparing to the relations (Eqs. 29 and 31) for the other components yields 

Qh = -Qc- (33) 
As in the aftercooler, there is no exergy change associated with g/,. 

For a control volume surrounding the complete cooler, Eq. 7 becomes 

Wi^u, = Qo + Qc + Qh (34) 
-Q T 

and the efficiency is 77 = '̂  = jf- . (35) 
^input o 

This differs from the Camot expression for an ideal cooler, ri = T^[Tg-T^Y \ because the work 
of expansion is not recovered.* 

In the basic pulse tube the enthalpy flow in the pulse tube is dissipated in the hot heat 
exchanger. This is seen by applying Eq. 9 

Jin 
mh = T„Sg^„ , (36) 

where Sgg„ is the entropy generated by the dissipation. This also causes a loss of exergy: 
AE = -T„Sg,„. (37) 

In the hot heat exchanger of a basic pulse tube, the mass flow goes to zero, «„„, = 0. Thus, 
the only flow within the pulse tube is the accumulation flow. From the discussion on adiabatic 
flow, m is out of phase with P and T and Hi„ = 0. The ideal basic pulse tube produces no 
cooling. The cooling observed in real basic pulse tubes comes from non-ideal behavior. This is 
discussed in a later paper. 

Figure 6. Control volume for the hot heat exchanger. 
The hatched area represents the volume of the heat 

nioj exchanger. Only the working fluid is included in the 
control volume. For the basic pulse tube the orifice is 
closed and /n„„, = 0. 
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Hot Heat Exchanger (Orifice Pulse Tubes) 

In an ideal orifice pulse tube, the mass flow through the heat exchanger and orifice (Fig. 6) 
is constant and proportional to the pressure drop in the orifice. The outflow is into the reservoir, 
which is large enough to be isobaric and isothermal: Pout = {Pout) = {Pin} ^^d 
Tout = {Tout) = {Tin}- Thus, 

mm = liiout« [Pin - Pout) = 'Pin • (38) 
The mass flow and pressure drop are in phase. Applying Eqs. 7-9 results in 

Qh = - \ mh = - Hi„ (39) 
Jin 

and Hi„=f mh = T^Sg,^. (40) 
Jin 

where, by Eqs. 8 and 12 sg^„ f^ j> rh Rj-r (41) 

is the entropy generated by the viscous pressure drop in the orifice.* There is a corresponding 
loss in exergy. 

If the heat exchanger is treated as a separate control volume, then it is identical to the 
aftercooler, 

i nih = Hi„ = -Q^ = - i mT^s = -T^S„„wdAE = 0. (42) 
Jin J out 

The orifice can also be treated as a separate control volume with 

i mT^s = T^Si„ = - T,Sg,„ and AH = - T„Sg,„ . (43) 
Jin 

As with the basic pulse tube 

Qh = -Qc=QoY^=Wi„put^. (44) 

Pulse Tube - II 

Entering the hot heat exchanger, the mass flow is in phase with the pressure (Eq. 38). Since 
the temperature oscillation is in phase with the pressure (Eq. 14), the enthalpy flow is at its most 
efficient here with mass flow and temperature in phase. This is not the case at the cold end of 
the pulse tube. There, the flow is increased and shifted in phase by the accumulation effects. 
The mass flows, Eq. 24, in the pulse can now be written as 

m,„ = m, + m „ „ , ^ . (45) 
^ in 

The m^term does not contribute to the enthalpy flow. To maintain a constant enthalpy flow in 
the pulse tube the amplitude of the temperature oscillation, 7^ must also vary: 

"J in J out ~ iin'Joitt • v^") 

Inertance Tube 

Replacing the orifice with an inertance allows more control over the phase shift between the 
mass flow and pressure in the pulse tube. However, for a control volume that encompasses all of 
the hot heat exchanger and inertance tube or orifice, the resuh of applying Eqs. 7-9 are the same: 

Q, = -f mh = -Hi„ (47) 
Jin 

and Hj„ = f mh = T^S^ 
Jin 

(48) 

These relations do not specify where within the control volume the entropy is generated and the 
heat is rejected. One might be tempted to assume that most of the entropy is generated and heat 
rejected in the hot heat exchanger. However, the author has observed significant heating along 
the inertance tube, indicating non-uniform entropy generation along the inertance tube. 
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Within the inertance tube, the inertia of the gas is significant. The energy, entropy, and 
exergy equations need to be changed to include the inertance of the gas. This is done by 
replacing mh with m[h + v^/2) in Eqs. 1-3 and 7-9, where v is the gas velocity. The flow energy 
can transfer between enthalpy flow and kinetic energy flow without producing heat. This 
permits acoustic phenomena. The only constraint on enthalpy flow is that / / = 0 at the reservoir. 
However, the radius of inertance tubes is often comparable to the thermal penetration depth. 
Thus, temperature oscillations and enthalpy flow are suppressed. However, there may be 
entropy flow, pressure, and kinetic energy gradients, which produce the heating: 

d 
-m[li + vV2) (49) 

and 
dS„ 

dz 
^f{/,-Hv2/2) + , 

dz ms (50) 

At the very least, there are viscous losses within the inertance tube, which generate entropy. The 
details of the workings of an inertance tube are beyond the scope of this paper. 

SUMMARY 

We have calculated the energy, entropy, and exergy flows for idealized pulse tubes. The 
results were derived from first principles based on fundamental thermodynamic relations for 
open systems. The results are summarized in Fig. 7 and in Table 1. These clearly show that the 
ideal pulse tube operates at constant enthalpy flow and that the ideal regenerator operates at 
constant entropy flow. 

w 
exergy 

(1-T<AJQc 

:J3^ 
0 ^gan ~ « h 
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\ \ 
1 \ \ 

iQo.To iQc.T, 

enthalpy 

I-
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reservoir 

orifice/inertance tube 

tiot heat exchanger 

Figure 7. The exergy, enthalpy, and energy flows in the various components of a pulse tube. 
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Table 1. Summary of the enthalpy, entropy and exergy relationships. 
Component 
Adiabatic compressor 
Transfer line 
Aftercooler 
Regenerator 
Cold heat exchanger 
Pulse tube 
Hot heat exchanger/Orifice 
System 

Characteristics 
" "^input ~~ tlout^ o — U, A s ~ - Winput 

H = constant, 5 = 0, AH = 0 
Qo- - Ht„ = To Sout, AH = 0 
H=0, S= constant, AH = 0 
Qc = Haut, Si„ = - Qc/Tc, AH = (1 - TJTc) Qc 
H = constant, 5 = 0, AH = 0 
Qh— - Hin = - ToSgen — AH 

Wi„^, = Qo = -Qc (To/T,), Qh = -Qc,r\ = TJTH 

NOMENCLATURE 

Roman 
E Energy 

Enthalpy 
Mass 
Pressure = <P> + 9 
Pressure, dynamic 
Heat 
Gas constant (per kg) 
Entropy 
Temperature = <7i> + T" 
Temperature, dynamic 
Volume 
Work 
General parameter 
Specific heat 
Gravitational acceleration 
Specific enthalpy 
Mass 

H 
M 
P 
•P 

Q 

R 
S 
T 

V 
W 
X 

s Specific entropy 
t Time 
X General parameter 
z Height 

Greek 
A Change (difference) 

Exergy 
General parameter 
Phase 
Specific heat ratio 
Efficiency 
Velocity 
Specific exergy 

Other 
< > Cyclic average 

Time derivative 

Subscripts 
a 
c 
gen 
h 

in 
input 
min 
0 

out 
P 
s 
T 
T 
V 

Amplitude 
Cold 
Generated 
Hot 
Index 
Inflow 
Input 
Minimum 
Reference 
Outflow 
Isobaric 
Adiabatic 
Isothermal 
Temperature effect 
Isochoric 
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ABSTRACT 

The enthalpy, entropy, and exergy flows in ideal pulse tube cryocoolers have been described 
previously. This paper will describe how these flows are affected by phenomena in non-ideal 
cryocoolers. 

Frequently such descriptions take an energy-centric view. Such descriptions concentrate on 
the first law of thermodynamics, the conservation of energy. This approach can result in a 
complex description of the cooler in terms of energy and enthalpy flows. 

An alternative is to take an entropy-centric approach. Closely related to this is the exergy-
centric approach. These descriptions concentrate on the second law of thermodynamics, the 
generation of entropy or the destruction of exergy. 

Both the energy-centric and exergy/entropy-centric approaches make use of both the laws of 
thermodynamics and both approaches give equivalent descriptions of a cryocooler. However, 
the latter approach can be more useful as it can yield a simpler description, one that emphasis 
loss mechanisms. 

This paper applies the second law approach to pulse tube cryocoolers. The effects of a 
variety of loss mechanisms in the various components on the exergy, entropy, and enthalpy flows 
are discussed. The discussion applies to basic, orifice, and inertance type pulse tubes. Most of 
the discussion is applicable to cryocoolers driven by either Gifford-McMahon or linear 
compressors; the emphasis is on the latter. 

INTRODUCTION 

Enthalpy, entropy, and exergy analyses are useful tools for understanding thermodynamics 
of a system. In this paper, the thermodynamics of pulse tube coolers will be analyzed through 
the use of these quantities. Detailed thermodynamic models of pulse tube coolers have been 
presented by several previous authors using a variety of approaches.'"' This paper will use the 
approach we previously used for ideal pulse tubes.* The advantage of the exergy approach is 
that the fundamental thermodynamics of an ideal pulse tube and the principal loss mechanisms 
are simple to develop. The objective of this paper is to present the fundamental thermodynamics 
in a simple form. The basis of our approach is the thermodynamics of an open system. We will 
consider control volumes that include the working fluid only. Interactions with the regenerator, 
heat exchangers, and physical walls are limited to heat and work transfer. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 3 4 3 
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We will follow the exergy approach of Bejan' and our earlier paper.* In the following 
discussion, we are only interested in steady state behavior integrated over a whole cycle. The 
following notation will be used to designate the cyclic integrals 

for flows: X = j> ihx = w m dx = i m~^dt (1) 

and for accumulations: X = iiX=iiXdt. (2) 

In steady state operation, there can be no net accumulation. For time dependant variables the 
following notation will be used: 

x = {x) + x, (x) = I X = 0 , X « Xa sin (wf + 4>^) . (3) 

For a control volume (Fig. 1) in an open system, the first law (energy conservation) is 

E=JE=Q-W+j>mh-imh. (4) 
' Jin Jout 

where the inertance (i^/2) and gravitational (gz) contributions to the enthalpy have been ignored. 
We have assumed that there are only single in and out flows. The sign convention is chosen 
such that all heat flows, Q, into the system and all work done by the system are positive. 

The second law (entropy conservation) is 

S^,„ = -T,i ^ - l ms+l ms>0. (5) 
'J •'' Jin Jout 

Eqs. 4 and 5 can be combined and written in terms of exergy (rate of available work): 

0 = - W + ^ I [ l - ^ ) e , . + £ m(h - T,s) - £ ^ m{h - T„s) - T„S^,, , (6) 

where the terms represent the transfer of exergy to the control volume by work, by heat transfer 
and by mass flows in the inlet and outlet, and the final term is the exergy lost within the control 
volume. The reference temperature, Tg, is usually the external heat rejection temperature of the 
cooler. The internal exergy flow is 

H =0) m^ = (p in[h - T^s) (7) 

The set of governing equations, Eqs. 5-7, can be written in a terms of gradients. Since we 
are only considering a situation where work is done a one place, we will assume that there is no 
work done in a region of gradients. Consider a control volume of infinitesimal width, dz, where 
no work is done, then Eqs. 4-6 become 

Bejan' also gives convenient expressions for Sgg„ resulting from heat transfer across a 
temperature difference 

where T^>T^ = Tf^- /ST and AT «Tf„ and for Sg^^ due to pressure loss 

W Figure 1. Schematic representation of a 
I i generalized control volume in an open system. The 

'"•1^1 M, E, S j™^""" quantities M, E, and S can accumulate within the 
* - - ~ ~ | * • " " - - - control volume. The nominal directions of the in-

• • • • • • and outflows are shown. Note that heat flows are 
Wyy always associated with an external temperature. 
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Sgen = m^ In I '.rhR AP 

where Pi„ > P„^, = P, 

(12) 

(13) 

(14) 

APand A / ' « P , . „ . 
If the working fluid is assumed to be an ideal gas, then 

dh = CpdT 

and ds = Cp^-R^. 

In adiabatic regions, ds = 0, thus Eq. 14 becomes 

Cp^ = R ^ . (15) 

Integrating this yields 

T/{T) = {P/{P)f-'''K (16) 
where 7 = Cp/Cy. Thus, in adiabatic sections the temperature and pressure oscillations are in 
phase. 

We will also make the following assumptions. Pressure gradients that result from viscous 
flows are proportional to and in phase with the mass flow. Similarly, heat transfer is 
proportional to and in phase with temperature differences. All oscillating quantities are 
sinusoidal. These are the assumptions of small amplitudes and that the energy carried by higher 
harmonics is small compared to the total energy carried by the system. 

NON-IDEAL COMPONENTS 

Idealized (lossless) components were discussed in a previous paper^ and will not be 
discussed in detail here. A variety of loss mechanisms will be discussed in this section. The 
same approach will be used, that of applying the exergy analysis as laid out by Bejan.^ The 
approach assumes that the system (Fig. 2) is ideal except for the loss mechanism under 
consideration. Each loss mechanism is considered to be independent of other loss mechanisms. 
This approach assumes that interactions between loss mechanisms are higher order and can be 
ignored. 

Compressor Losses 

The analysis of the compressor must include the compressor losses. The compressor is no 
longer adiabatic and Q / 0. Now Qioss = ^hss = ^o^gen > where the losses are the sum of all the 
losses specific to the type and design of the compressor. These losses include seal leakage, 
viscous losses, heat transfer, rubbing friction, mechanical and magnetic hysteresis, joule heating, 
and eddy currents. Compressor losses will not be discussed here. Rather, this paper concentrates 
on the losses within the components of the cooler. 

Pressure Loss in Regenerators and Heat Exchangers 

Within the regenerators and heat exchangers, viscosity of the moving fluid results in a 
pressure gradient. In an ideal regenerator, dh = 0 and dT = 0. Thus the entropy and exergy 
equations, Eqs. 9 and 10, for a control volume of width dz become: 

w 

A reservoir 

orifice/inertance tube 

hot heat exchanger 

I'aftercooler T T Tpu'se tube 
transfer line | cold heat exchanger 

compressor regenerator 
Figure 2. The principal components of an Orifice Pulse Tube Cooler showing the location and nominal 

direction of the heat and work flows for a control volume enclosing the entire cooler. 
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dS, 
'̂̂ lf = -'^4fandf =T 

dS 
gen (17) 

dz dz "F dz — dz ^'' dz 
where Eq. 14 was used for ds. Note that a mass flow causes a decrease in the pressure, 
m dPIdz < 0. If the pressure amplitude is small compared to the system's mean pressure, (P« 
<P>, then Eq. 17 becomes: 

dS,. 

dz (P) "" dz 
(18) 

^ i dT and dE = T, dS (19) 

The entropy and exergy flows become: 
dS^Ij_^^^ 
dz J dz {P) J ••' dz """ dz'^'dz 

Thus, S increases and E decreases with decreasing pressure. (Recall that in ideal regenerators 
5<0andE:>0 . ) 

Integrating Eq. 19 over a cycle and along the length of the regenerator or heat exchanger 
yields the total entropy generated in the component over one cycle: 

.ds. =f/.'**^-(?>l !''*«•'- (20) 

The latter expression can be evaluated by using the dP/dz versus /n correlation that is appropriate 
for the flow conditions. For the regenerator, To Sgen is the amount the exergy flow decreases 
from the hot end to the cold end. The entropy flow into the aftercooler is larger by To Sgen than 
the entropy flow leaving the cold heat exchanger. These effects are shown in Fig. 3. At the 
aftercooler: 

W,v, = e„ = T^S^u. = - r„(s ,„ + ^ ) . (21) 

Pressure losses in other components also effects performance. The pressure loss in the 
aftercooler results in an additional Sge„ that is added to Eq. 21. The pressure loss in the cold heat 
exchanger produces a heat load of To Sge„, reducing Qc. These effects directly reduce the 
efficiency of the cooler. The pressure loss in the hot heat exchanger has no effect as it is just 
becomes part of the pressure loss that occurs at the orifice. 

Heat Conduction in the Regenerator and Pulse Tube 

Several of the components in a pulse tube cooler have temperature gradients. These include 
the pulse tube and the regenerator. In the ideal regenerator, dh = 0. Thus, the energy equation 
reduces to 

T^ gas in "*" idsotidin \y^ gas out "*" S^ solid out] ~ >Cregen • \^^) 

The heat conduction is constant along the length of an element. The balance of the heat 
conducted through the gas and the solid varies along the length in such a way as to keep the local 
temperature gradient, dTldz, the same in the gas and in the solid. This is a complex situation. 

W _ ^ __,_.^ 
Figure 3. The exergy, enthalpy, and entropy 

flows as a result of the pressure drop losses 
discussed in the text. The effects are not shown to 
scale. Refer to the previous paper̂  for comparison 
to the ideal case. 
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We can ignore this complication by including the solid in the control volume. In the absence of 
significant temperature oscillations, Eq. 9 reduces to 

dS 
gen Q 

dz 
dT_ 
dz 

andEq. 10 become: 
/ dz 

m^ = 0 

(23) 

(24) 

Thus, there is no effect on the entropy, enthalpy, or exergy flows in the components. The Sge„ 
represents the increase in entropy that results fi-om the flow of heat trom the aftercooler to the 
cold heat exchanger. This reduces the heat rejected at the after cooler and increases the heat load 
on the cold heat exchanger. 

Similarly, thermal conduction in the pulse tube reduces the heat being rejected at the hot 
heat exchanger by the heat flow in the pulse tube, Qp,. This heat is an additional load on the cold 
heat exchanger. 

The net effect of these heat flows is in reducing the heat absorbed by the cold heat 
exchanger to Qc - Qregen - Qpi where Qc is the cooling power for the ideal case.*" 

Adiabatic to Isothermal Transition Losses 

There are three adiabatic to isothermal transitions in a pulse tube cooler. These occur at the 
transfer line to aftercooler transition, the cold heat exchanger to pulse tube transition, and the 
pulse tube to hot heat exchanger transition. 

Two types of losses occxir at these transitions. The first is the loss from converting from 
adiabatic to isothermal compression/expansion. Consider the difference between adiabatic and 
isothermal compressors. In adiabatic compression PV = const or 

m = - ^ (25) 
dP I, -yP • ^^^^ 

For isothermal compression: PV = const or 

-dPl'-T- ^^^^ 
Consider an element of gas in the transfer tube that is adiabatically compressed. When it 

reaches the aftercooler it is converted to the same state as an isothermally compressed element. 
This conversion occurs isobaricly. 

For small amplitude compression of 5P, a gas element would follow the paths shown in Fig. 
4. The two paths start at the same (P, V, T) state. One element is compressed isothermally to 
state (P+6P, V-VSP/P, T). The other element is compressed adiabatically to state (P+SP, V-
VSP/'yP, T+5T). In order to end at the same thermodynamic state, the second element would 
have to under go a second compression. The element cools and rejects heat during this isobaric 
£ind irreversible process. The irreversible heat is represented by the enclosed area in Fig. 4: 

«-(¥)"¥('4) • (2') 
This is a second order effect and not important. It does represent some entropy generation, 

which reduces the entropy flow in the regenerator. Changing Eq. 27 from the simple cycle 
analyzed to the dynamic case in a pulse tube yields: 

P+<SP isobaric 

adiabatic 

Figure 4. Comparison of a reversible isothermal 
compression vs. a reversible adiabatic compression 
followed by an irreversible isobaric compression. The 
difference is the shaded area, which represents the 
heat generated by the second route. 

V-(5V V-5V/7 
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6-fe)'7?^(>-4) (2*) 
^"•=»(̂ )"f{'-7)- P') 

The second loss comes from the total heat transfer in the aftercooler. All of the enthalpy 
flow in the transfer line is transformed into heat that is rejected. From Eq. 11 this is 

5,„«G(A7') /(^)^ (30) 
where A r is the temperature difference between the gas and the aftercooler. Eqs. 4-6 for the 
energy, entropy, and exergy balance in the aftercooler become 

Hin = -Qo = - i rhT^s- T^S^,„ = - r„(5„„, + 5,,„) . (31) 
Jout 

Thus, this entropy generating terms reduces the entropy flow in the regenerator. This reduction 
affects the rest of the system, reducing the cooling available at the cold heat exchanger. 

The same losses occur at both ends of the pulse tube where there are transitions from 
adiabatic flow to isothermal flow. At the cold heat exchanger, the entropy generation reduces 
the amount of cooling available for cooling at the cold heat exchanger. At the hot heat 
exchanger, this effect just becomes part of the entropy generated in the orifice. 

Heat Transfer Losses in the Regenerator 

In an ideal regenerator, there is sufficient heat transfer between the gas and the regenerator 
material to ensure that there is no temperature oscillation. In a real regenerator, there is small 
oscillating temperature difference, which drives the oscillating heat transfer. There is no net heat 
transfer: 

Q = JQ = 0. (32) 

The oscillating temperature is Tg_„ = Tg-T„, (33) 
where Tg.„ « To. This temperature oscillation gives rise to £in enthalpy flow; 

H = j> m^h = I m„^h = j mCpT^_„ . (35) 

This enthalpy flow reduces the amount of heat rejected at the aftercooler by AQ = H. The same 
amount of heat becomes a parasitic load on the cold heat exchanger. Thus, the net cooling 
ability is reduced by AQ = H. 

In addition to the creating enthalpy flow, the temperature oscillation also generates entropy. 
From Eq. 11 the entropy generated in a control volume infinitesimally thin is 

dz ^ (7)2 dz ' 
where d^ is the needed to bring an element of gas dz away to the local temperature: 

dQ . d{T) 
-J— = - mCp—3— 
dz '^ dz 

(36) 

= -mcp^^. (37) 

^^s"- ^ I ^ s - ^, ^(^) -u d 1 Thus, - T F « - * 7 i ^ - - . ^ = H±-7k • (38) 

The entropy flow caused by the temperature oscillation can also be found from Eq. 9: 

f=/A-= dS gen (39) 
dz • 

Thus, there is an entropy flow gradient in the regenerator. The flow is from the cold heat 
exchanger toward the aftercooler and is greatest at the aftercooler. The affect of this gradient is 
to reduce the cooling available at the cold heat exchanger. Similarly, there is an exergy gradient: 

f = -r.f. (40) 
Experience suggests that in regenerators operating at high temperatures d<T>ldz = - a and Tg^„ 
are nearly independent of position. Thus, 
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(41) H~ constant, VS = aHlf, and VS = - aHTJ'f. 
These results are summarized in Fig. 5. 

Combining the two effects and integrating the exergy loss over the length of the regenerator 
results in a reduction of cooling power by: 

I\Q,= -H^. (42) 

Heat Transfer Losses in Basic Pulse Tube 

As was shown in the previous paper^, the ideal basic pulse tube produced no cooling. This 
is a result of the mass flow being adiabatic and out of phase with the pressure and temperature 
oscillations. In practice, the basic pulse tube does produce a small amount of cooling, the resuh 
of heat transfer between the pulse tube wall and the gas. If we assume that this interaction 
results in small perturbations in h, s, T, and m: 

h = hi + T] ,s = Si + a ,T = Ti + T ,andm = mi + (i , (43) 

where dh and ds are given by Eqs. 13 and 14 respectively and the perturbations are assumed to 
be small (77« hi, r « T,, and p. « m,) and out of phase with the ideal quantities: 

0 rhihi = 0 and 0 /JT? = 0 . (44) 

(Only the oscillating portions of h, s, T, and m contribute to the cyclic averages. So, only the 
oscillating terms need to be included in Eq. 43. Thus, Si = 0.) The perturbations yield small 
enthalpy and entropy flows: 

/ / = ip m/i « i) fihj + i m,-7? and 5 = (t /n.s « ii m.a , (45) 

which result in cooling at the cold heat exchanger and dissipation at the hot heat exchanger. 
One can estimate the size of the perturbations from a simple model of the basic pulse tube. 

Consider approximating the motion of an element of gas in the pulse tube as a four-step cycle. 
In this approximation of the ideal case, the element moves toward the hot heat exchanger as it is 
compressed adiabatically. The element pauses briefly at its maximum displacement without 
changing state. It then retraces its path expanding adiabatically. Finally it pauses at its initial 
starting point without changing state. In a real basic pulse tube, there is some heat transfer 
between the walls and our gas element. Assume this occurs only during the pauses and that the 
pauses are isobaric. Now, as heat is transferred, the gas cools and continues to move. Since the 
heat transfer only occurs for a short time, only the gas within the thermal penetration depth is 
cooled. 

In analyzing this cycle we will assume small amplitude variations about mean values and 
that the wall temperature is steady and equal to the local mean gas temperature, T„{z) = <Tg{z)>. 
During the adiabatic legs, an element of gas is displaced a distance Va (from Eq 25 with 
V=yaAy. 

w—' I — ,._.i.,^exergy 

s=Q^n^ 

Figure 5. The exergy, enthalpy, and 
entropy flows as a result of the losses discussed 
in the text. The effects of regenerator 
ineffectiveness caused by imperfect heat transfer 
between the gas and the regenerator. The effects 
are not shown to scale. Refer to the previous 
paper̂  for comparison to the ideal case. 
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where V is the volume between the gas element and the hot heat exchanger. After the 
compression, the heated and displaced gas element ends at a section of wall that is also hotter 
than the starting point. The temperature difference between the gas and the wall becomes: 

9T, 
AT = — -*-" dP 

S 

IN IVSHT 1 
(48) r.(i-i) 7A dz 

During the isobaric leg, the gas within the thermal penetration depth, A, cools to the local Tv, and 
the mean gas temperature changes by 

r « ^ A r , . , (49) 
where 2A/r is the ratio of the volume of the thermal penetration layer to the volume of the gas 
element. The enthalpy perturbation is 7? = CPT. During the cooling, there is an additional 
displacement, 5y, which can be found by bVlbT\p for an ideal gas: 

^y.= ^^ (50) 
The mass flows are proportional to the displacements. Thus, 

ii, = -^m, (51) 

One can now combine Eqs. 45-51 to calculate the mass flow and temperature perturbations 
and from those the enthalpy and entropy flows. Instead, we will find the phase shifts from these 
perturbations. The perturbations shift the phase of m and 7\iy 

61 = - ^ and 0 = ^ . (52) 

These can be evaluated at the cold heat exchanger, yielding 

6«(7-l)^ and0«^[l-J-p(^^4^] (53) 

where the temperature gradient was approximated by the mean temperature gradient. 
The total phase shift is •0 = 0 + 0 = 70 is small. The factor 7 is the result of the assumed 

path of the secondary compression. We will generalize this to 
•tp = a<j), (54) 

where a is a measure of how non-adiabatic the secondary compression is. Since, most of the gas 
is not in the boundary layer and therefore adiabatic, one might assume that the secondary 
compression is adiabatic. However, adiabatic flow does not result in an enthalpy flow.* Hence, 
6 = 0 and a =1 for adiabatic flow. These phase shifts result in a small enthalpy flow: 

/ / « a * miJ] = acpj rhiT Ki —rh^c p-f^K a{\ - ̂ ^i^thaCpT^jp- . (55) 

Since rhaT^ is constant along the pulse tube,* and Ar^.„ is roughly constant,' 0 and H are 
approximately constant. By Eq. 4, there is no net heat flow, g = 0, between the gas and the wall. 

When the term on the right hand side of Eq. 53 is 0, the phase shift and the enthalpy flow = 
0. This defines the minimum temperature a basic pulse tube can reach: 

T,n,.^T,h. (56) 
For Th = 280 K, Tc mm ~ 168 K for helium and Tc mm ~ 200 K for air. A survey* of basic pulse 
tubes found that most had Tc above or near the minimum. The lowest temperature reached was 
135 K in a large amplitude {'Pal<P> = 0.56) helium pulse tube.' 

The heat transfer process described in this section applies to all pulse tubes. If the 
temperature gradient in the pulse tube is small {Tc > Tc mm), then heat transfer to the wall 
increases the enthalpy flow. However, if the temperature gradient is large (re < Tc min), then the 
heat transfer reverses direction, decreasing the enthalpy flow. 
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The heat transfer induced phase shift resuhs in an entropy flow, Eq. 45, where from Eq. 14 
for the isobaric leg, a = CPTIT„ = rj/T-^, and 

¥- = -^¥-- (57) 
dz aT„ dz 

Apply the assumption of constant phase angle to Eqs. 8-10 results in 
//=constant, e = 0, ^ j ^ = 4 7 = 0 , a n d ^ = 0 . (58) ^ = 4^ = 0 , a n d ^ = 0 

dz dz dz 
These results are the same as in the ideal case* and are summarized in Fig. 6. Those gas 
elements that spend part of the cycle in one of the heat exchangers result in a net heat transfer 
from the cold heat exchanger to the hot heat exchanger, H= Qc = -Qh-

A more general solution allows V / / # 0. Again applying Eqs. 8-10 results in 

dz dz 
• 0 

dz T^ dz 
fl 1 ] ^ > 0 , a n d ^ = f 
V aT„j dz - dz \ aT„) dz (59) 

The condition that V S < 0 in the absence of work, leads to T^ > aTo when g > 0 (heat flowing 
from the wall to the gas). This is similar to Eq. 56. 

Since the heat transfers occur across temperature differences of A T, there is entropy is 
generated. This effect was discussed earlier. Although, compared to the situation in the 
regenerator where all of the gas participated in the heat transfer, only the gas within the thermal 
boundary layer contributes in the pulse tube. Thus, reducing the size of the effect. The size of 
the boundary layer plays a critical role in the operation of the basic pulse tube. The discussion in 
this section leads to the conclusion that pulse tubes with a large fraction of the gas volume being 
within the boundary layer will be more efficient. I.e., basic pulse tubes will be more efficient if 
they are long, small diameter, and operate at low frequency. On the other hand, for orifice pulse 
tubes operating below Tcmi„, the opposite will be more efficient. 

SUMMARY 

The effect on entropy, enthalpy, and exergy flows of several loss mechanisms were 
analytically investigated. These included viscous pressure losses in heat exchangers and 
regenerators, losses due to heat conduction in regenerators, and losses due to heat transfer 
through out a cooler. The analyses showed that regenerator ineffectiveness, which results in 
internal gas temperature oscillations and an unwanted enthalpy flow, also results in an enhanced 
heat load on the cold heat exchanger. The enhanced load is AQc = - H TJTc. Heat transfer 
between the gas and the pulse tube wall is also responsible for the operation of the basic pulse 
tube. This phenomenon is a result of the adiabatic temperature change being larger than the 
temperature change of the wall with the associated displacement. This places a limit on the 
minimum temperature that a basic pulse tube can reach at Tc mm ~ TiJ'y. 

W 

l^ 
t . exergy 

/enthalpy 

7 entropy 

1 
AQCTC 

\1l-

T ^pulse tube 

I cold heat exchanger 

,Q h, Th 

Figure 6. The exergy, enthalpy, and 
entropy flows as a result of the losses discussed 
in the text. The effects of heat transfer between 
the gas and the wall in the basic pulse tube. The 
effects are not shown to scale. Refer to the 
previous paper' for comparison to the ideal case. 

hot heat exchanger 
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S 
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X 
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s 
t 
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z 
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Pressure, dynamic 
Heat 
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Temperature = <T> + T" 
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Specific enthalpy 
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ABSTRACT 

Rational bases for performance evaluation of cryocoolers are second law and exergy analyses. 
In this study, a model is proposed for the calculation of energy and exergy flow in an Orifice Pulse 
Tube Refrigerator (OPTR). Using a needle valve, it can be shown that the mass flow rate in the hot 
side of the OPTR, in general, can be written as a Fourier series expansion. Using the conservation 
of energy and the balance of exergy for the valve, a general formula for the timed-average irrevers
ibility of the valve is obtained in which the usual, small amplitude approximation is removed. A 
numerical model is developed to investigate the effect of important system parameters on energy 
and exergy flow in the pulse tube components. Using the exergy balance on each component, the 
irreversibility of each component is determined. The goal of this study is to find the effect of 
important system parameters on the timed-average irreversibility of the distribution of components 
in the OPTR. It is shown that the regenerator contributes the most to the system irreversibility in a 
well-designed OPTR. Using the recent empirical relations for pressure drop and a simple model for 
thermal analysis in the regenerator, the exergy flow and irreversibility of different processes in the 
regenerator are determined. 

INTRODUCTION 

Orifice Pulse Tube Refrigerators (OPTRs) play an important role in satisfying the need for 
cryogenic cooling of space-based infrared detectors as well as electronics requiring coolers with 
high reliability, low vibration, and high efficiency. The thermodynamics of OPTRs have been un
der study by several investigators,''' to just name a few. Exergy analysis is a powerful method for 
analysis and design of pulse tube refirigerators.s* Exergy flow and analysis in the OPTRs for each 
component shows how the input exergy provided by the power input to the compressor is destroyed 
as the working fluid goes through its cyclic motion in the system. In this paper we concentrate on 
OPTRs because their basic components and relevant features conveniently show the application of 
the exergy method. In addition, a numerical model is developed to calculate the exergy flow in 
forward and backward directions as the working fluid goes through a cycle. 

Exergy, like energy and entropy, is a property of the state of a system and measures the 
departure of the state from the system's state of the environment. For application to OPTRs, for 
Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 3 5 3 
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each component with one channel heat transfer with a thermal reservoir at the temperature TR 
and one channel of inlet and exit mass transfer, the exergy balance can be written as' 

<E^ >=<me>. -<me>^-< W > + <{\—-)Q> (1) 

Where e is the specific exergy carried with mass, and ED is the rate of exergy destruction in the 
component. For a single-component working fluid, such as helium, in the absence of chemical, 
kinetic, or potential exergy, the specific exergy can simply be written as 

e = h-h^-T„is-sJ (2) 

Where h is the specific enthalpy and s is the specific entropy and subscript "o" denotes the 
environment. Substituting Eq. (2) into Eq. (1) and using the vanishing average mass flow rate 
over a cycle yields 

T 
<Ejj >=<mh>. -<mh>^ -T^(<ms>, -<ms > J - < fF > + < ( 1 — - ) Q > (3) 

-'« 
Assuming the ideal gas law with constant thermophysical properties, the enthalpy and entropy in 
the above equation can be written, respectively as, 

h = C^{T-T^), (4) 

s = C^\n{TITJ-R\n{PIP,). (5) 

OPTR MODEL 

A model is developed to calculate the transient temperature, pressure, and mass transfer 
in a conventional OPTR for the purpose of evaluating the energy transfer, exergy transfer, and 
the irreversibility in each component of the pulse tube. The energy transfer in the pulse tube 
itself is based on the enthalpy flow model, assuming an ideal pulse tube'. Figure I shows an 
orifice pulse tube refrigerator with its basic components. Important equations are summarized 
below for different components. 

A model for isothermal flow through a valve is used to calculate the mass flow rate mo 
through the orifice^. 

Mo •-±k # ^ (6) 

Where the proportionality constant, k, depends on the opening of the valve, and considered as an 
input in this model for parametric studies. Po, and Ps are the pressures at the inlet and exit of the 
valve, respectively. The positive and negative signs in the above equation denote the forward 
and backward flow directions. Forward flow direction is defined from the compressor toward 
the valve (orifice). The general time dependent function Po is an input in this model. Most 
calculations are reported for 

P „ = ; j „ + p „ c o s ( 2 # - 0 J (7) 

Where pa is the average pressure in the system, po is the pressure amplitude,/is the frequency 
and 6o is the phase angle. Assuming an ideal gas assumption for helium, the mass flow rate 
through the valve is related to the reservoir pressure by, 

. „ = - i ^ ^ (8) 

Afteiyooler Cold Hx Hot Hx Orifice 

t Regenerator p. 

Reservoir 

Compressor 
Figure 1. Orifice pulse tube refrigerator. 
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Where V,, is the reservoir volume, y is the specific heat ratio, and To is the temperature of the 
environment. Solutions of Eqs. (6) to (8) show that the pressure in the reservoir is, in general, a 
periodic fianction with its average pressure ps i^ Pa and its amplitude and phase angle obtained 
from the solution of the equations*. 

The temperature and mass flow in the pulse tube is obtained using conservation of mass and 
energy, assuming an adiabatic pulse tube'. The temperature in the pulse tube is obtained from 
the solution of the following differential equation. 

dt'c^P dt A, P dx'"' 

Where — - is the gradient of average temperature in the pulse tube, used as a parameter in this 
dx 

study, A, is the pulse tube cross section, and m, is the mass flow rate in the pulse tube. The mass 
flow rate at the hot side of the pulse tube is obtained from the following differential equation. 

V dP 
™ _ ^ , ' HHX "' HHX /i/-,\ 

mih=mo + — U") 
Where TKHX, ^HHX, VHWK are temperature, average pressure, and the void volume of HHX, 
respectively. The mass flow rate in the HHX is assumed to be proportional to the pressure drop 
in the HHX using a laminar flow model 

mHHX=k„^^{P,~PJ (11) 

Where the fluid conductance, kenx, for the HHX can be written in terms of the hydraulic 
diameter, flow area, length, and other flow parameters in the HHX using a laminar flow model. 
Solution of Eq. (9) for the hot side of pulse tube can be, in general, written as 

7 ; = 7 : . ( ^ r " ' e ' ' ' ' " ' 02) 

Where the subscript / denotes the appropriate initial condition. The average of temperature at the 
hot side of THHX is related to heat transfer rate from the HHX and determines the temperature 
distribution at the hot side of the pulse tube using the energy balance for HHX. Eq. (12) clearly 
shows the effect of the gradient of the average temperature of the working fluid at the hot side of 
the pulse on the transient temperature distribution at the hot side. Mass flow rate at the cold side 
of the pulse tube is the solution to the following differential equation. 

T • V dP 
m,=i±rn„ + {--^)^ (13) 

T^ yRT/dt 
Where Pi is the pressure in the pulse tube with no pressure drop along the pulse tube and F, is the 
volume of the pulse tube. An equation similar to Eq. (12) is used to calculate the temperature 
distribution at the cold side of the pulse tube. The temperature at the cold side of the regenerator 
is obtained from the energy balance in the CHX Eind regenerator. A simple thermal model is 
used to analyze the regenerator, considering regenerator inefficiency as a parameter. The mass 
flow rate and pressure drop in the regenerator is obtained using an experimentally-based 
correlation for the friction coefficient'. The differential pressure drop in the regenerator can be 
written as 

1 dr 
dP = ^fpu\u\^ (14) 

Where/is the friction coefficient given by 

/ = — + Q = - ^ ^ + Q (15) 
Re P"-D;,r 

Where Ci and C2 are the correlation coefficients for fluid friction and Re is the Reynold's 
number based on the hydraulic diameter Dhr in regenerator, // is the viscosity and u is the 
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velocity of the working fluid. Assuming an ideal gas and writing the velocity in terms of mass 
flow rate, integration of Eqs. (14) and (15) gives the pressure at any point in the regenerator, 

P{x,t) = Jp^l+2^\aT(x')mr(x',t) + bT{x')m.{x',t)\m^{x',t)\]dx' (16) 

Where a = C^juR/lA^Dl,, b = C2R/2A^D^^, Per is the pressure at the cold side of regenerator, 

and T(x) is the spatial temperature distribution in the regenerator. The mass flow rate at any 

point in the regenerator, »ir is obtained from the following equation 
r' A dP 

mr{x,t) = merit) + I ' ' dx' (17) 
^0 RT{x') dt ^ ' 

Where Ar is the flow area of the regenerator and viscosity is taken to be dependent on the 
temperature at any point in the regenerator. In this study, it is assumed that the temperature 
distribution in the regenerator is linear. Eqs. (16) and (17) are solved numerically to obtain the 
presstu-e and mass flow rate in the regenerator. Models similar to the Eqs. (10) and (11) are used 
to connect the cold side of pulse tube to the cold side of the regenerator. 

V dP 
^ ™ I '^ CHX "'CHX / I O N 

mrc=mic-\ (l5) 
j\-i fzjy iA-t 

mCHX=k^„APcr-Pc) (19) 

Where the subscript CHX refers to the cold heat exchanger. A simple model is used to calculate 
the thermal irreversibility in the regenerator and the cold and hot heat exchangers. The thermal 
analysis of the regenerator is based on the knowledge of the effectiveness of the regenerator E as 
a parameter. The regenerator ineffectiveness A, is defined by 

p, = X-s = - "J^^^^ (20) 

< mn^^ ^ hoi How ~ ̂  ^"cr ''cold blow 

Where subscripts hr and cr represent the hot and cold sides of regenerator, respectively. 
Assuming Cp is constant, the above equation can be written in terms of the temperatures of the 
hot and cold sides of regenerators. The temperature of the gas entering the regenerator at the hot 
side is taken to be the environmental temperature due to an assumption of a highly effective 
aftercooler. The temperature of the cold side of the regenerator is connected to the cold side of 
the pulse tube through the cold heat exchanger using a simple energy balance for CHX 

QcHX=m),,ATc-TcHx) (21) 

Where Tc is the temperature of the cold reservoir, TCHX is the average temperature of the CHX 
and (UA)cHX is the thermal conductance of CHX. A similar equation is used for the hot heat 
exchanger by assuming that the exit temperature of the HHX is close to the environmental 
temperature. 

QHHx=iUA)„^AT'^Hx-TJ (22) 

The model developed above can be used to capture the effect of important parameters on the 
energy and exergy flow in OPTRs. 

RESULTS AND DISCUSSION 

In order to cedculate the energy and exergy flow in the OPTR, the transient pressure, 
mass flow rate, and temperature should be calculated in the pulse tube. The simple model 
developed in the previous section provides these quantities with a reasonable accuracy. 

Irreversibility of an ideal OPTR 

For an ideal OPTR, the only irreversibility occurs in the valve or orifice. Second law 
analysis of ideal OPTRs shows that the irreversibility of the valve is equal to the enthalpy flow in 
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the pulse tube^. The mass flow rate through the valve is given by Eq. (6) and, in general, can be 
expanded in a Fourier series' 

Mo =y\Mon COS n{27ft -9^) (23) 

Since thermal exergy across the valve is assumed to be zero in ideal OPTRs, the exergy balance 
for the valve requires the destruction of all input exergy. Therefore, the irreversibility of the 
valve can be written as 

* Pa 
Using Eq. (7) and (20) and (21), the irreversibility of the valve can be written as 

< / >,, 
RT 

^IS 
M„„ (-l)-"-' .p. 

i^'"B[m,im-n)/2] 
Pa 

(24) 

(25) 

Where B is the binomial function. For the ideal pulse tube, where the enthalpy flow and the 
irreversibility of the valve are equal, under the assumption of small amplitude approximation, 
Eq. (22) reduces to the familiar equation for enthalpy flow in an ideal pulse tube reported in 
literature 

RT n 

2 Pa 
(26) 

This shows that the higher harmonics do not contribute to the enthalpy flow or irreversibility of 
the valve in ideal OPTRs. It should be pointed out that equation (22) represents an expression 
for the irreversibility of the valve removing the usual assumption of small amplitude 
approximation. Numerical calculations using Eq. (6), (7) and (24) as well as Eq. (25) show that 
the small amphtude approximation is very good in most cases. 

To calculate the energy and exergy flows in OPTRs, the calculations are performed first for 
a thermally perfect OPTR. In this case, thermal irreversibility in the pulse tube, heat exchangers 
and the regenerator are absent. Table 1 shows the thermophysical properties and the nominal 
values for important parameters and the related equations used in calculations of energy and 
exergy flow in the OPTR. These values are used in the calculations unless the parameter is 
changed for parametric studies. 

Figure 2 shows the results of calculations for mass flow rate for different locations at the 
inlet and exit of different components shown in Figure 1. The calculations are performed for a 
thermally perfect regenerator and the cold and hot heat exchangers. The calculations include the 
effect of pressure drop and void in the regenerator, CHX, and HHX. The calculations include the 
effect of pressure variation in the reservoir and the valve as modeled by Eqs. (6) and (8). 

Table 1. Thermophysical properties and nominal values used in calculations. 

Parameters, Equations 

Pa.Eq. (7) 
Po. Eq. (7) 
Ks, Eq.(8) 
A„ Eq. (9) 
F„Eq.(13) 
i r ,Eq. (16) 
Ar, Eq. (16) 
To, Eq. (5) 
rc,Eq.(13) 

(C/v4)cHX 

(t«)HHX 
Ci, Eq. (15) 
C2,Eq.(15) 

Nominal values 
(imits) 

1.5 (MPa) 
180 (kPa) 
0.001 m' 
50.265 (mm') 
5.0265 (cm^) 
7.5 (cm) 
78.54 (mm') 
300 K 
100 K 
2W/K 
2W/K 
33.6 
0.337 

Parameters, Equations 

k, Eq. (6) 
iHHX, Eq. (11) 

^cHX,Eq.(19) 

KHHx,Eq. ( l l ) 

FcHx ,Eq . ( I9 ) 

/ ;Eq.(7) 
A, Eq. (20) 
Porosity of regenerator 
R, Eq. (9) 

c„ 
r 
£>/,., Eq. (16) 

' /comp 

Nominal values 
(units) 

0.5*10"'(Kg/s*Pa) 
2.76*10''(Kg/s*Pa) 
1.71*10-'*(Kg/s*Pa) 
1.0 (cm') 
1.0 (cm') 
20 Hz 
0.008 
0.67 
2076.9 (J/Kg*K) 
5192.6 (J/Kg*K) 
1.667 
3.33*10'(m) 
0.85 
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Figure 2. Mass flow rate for orifice pulse tube refrigerator for nominal values. 

The effect of equation (6) for the valve on the mass flow rate through the system is clearly 
seen in the figure. This is mainly due to the fact that the mass flow rate depends on the 
derivative of pressure as indicated in Eqs. (10), (13) and (17). The phase difference between the 
mass flow rate at the hot side and the cold side of the pulse tube and mass flow rate at the valve 
are approximately, 10 and 33 degrees, respectively. Due to the relatively large volume of 
reservoir used in the calculations, the mass flow rate and pressure at the valve are almost in 
phase. Figure 2 also shows the effect of the void in the regenerator on the magnitude of the mass 
flow rate and corresponding phase shift. In addition, the results of calculations show a pressure 
drop and phase shift in pressure as modeled by Eqs. (14) to (17). It should be pointed out that 
the simple model used in these calculations captures important phenomena and sources of 
irreversibility due to friction and void in the system. Once the pressure, temperature, and mass 
flow rate at the inlet and exit of the components are determined, Eqs. (2) to (5) can be used to 
calculate the exergy flow into and out of the system components and exergy destruction 
(irreversibility) of the processes occurring within them. Separating the forward and backward 
exergy flow in the system facilitates the understanding of exergy flow in OPTRs and their 
thermodynamic analysis. The forward and backward exergy flow at any location is defined by. 

< Jne >fo,-.ard =<me>, for w > 0 

<fne>^^^^^,=<me>, for m<0 

(27) 

Figure 3 shows the pressure part, corresponding to the second term of Eq. (5) of the 
forward and backward exergy flow for a thermally perfect system. The nominal values are used 
in this calculation. The calculation includes the exergy destruction due to the pressure drop in 
the system. The magnitude of exergy flow is large because of large pressure in the system 
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compared to the environmental pressure of one atm. Numerical experimentation for a thermally 
perfect OPTR shows that the pressure and mass flow variations, especially in regenerator, which 
are mainly due to the fluid friction and void in the regenerator, have significant influence on the 
exergy flow in the system. Figure 4 shows the total exergy flow in the forward and backward 
directions, including the effect of regenerator inefficiency as defined in Eq. (20), effects of finite 
thermal conductance of the CHX and HHX, and conduction heat transfer in the regenerator. It 
should be pointed out that the magnitude of the exergy flow is given in Figures 3 and 4. 
Therefore, the difference of the magnitude of bar charts in the figures represents the exergy flow 
at any location over one cycle. 
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Figure 3. Pressure component of exergy flow in the forward and backward directions. 
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Figure 4. Total exergy flow in the forward and backward directions. 



360 PULSE TUBE ANALYSIS AND EXPERIMENTAL MEASUREMENTS 

It is interesting to note that the working fluid acquires exergy from the matrix in the 
regenerator in the forward direction and returns it to the regenerator in the backward direction. 
Due to the thermal exergy destruction in the regenerator, there is a net loss in the process. In 
addition, there is thermal exergy destruction due to conduction heat transfer in the regenerator. 
Fluid friction in both forward and backward directions causes mechanical exergy destruction in 
both directions. 

The exergy destruction for each component of OPTR is given in Figure 5. In this analysis 
the pulse tube itself is assumed to be ideal with no exergy destruction. In the model used in this 
study, the enthalpy flow in the pulse tube is assumed to be constant when the effect of 
conductance on the CHX and HHX is considered. The temperature variations at the hot and cold 
sides of the pulse tube due to finite thermal conductances in the CHX and HHX result in small 
exergy destruction in the pulse tube as shown in Figure 5. In actual OPTRs there are more 
complex phenomena occurring in the pulse tube itself resulting in additional exergy destructions 
due to heat transfer and fluid flow. Quantification of the pulse tube losses both theoretically and 
experimentally is under investigation in our laboratory. The COP (Coefficient of Performance) 
and Camot COP for the refrigerator under thermally perfect and total conditions are also given in 
Figure 5 for comparison. In this analysis, the compressor is not modeled and it is assumed that 
its exergetic efficiency is 0.85. The irreversibility of the compressor given in Figure 5 is 
determined on this assumption. 

Parametric studies show that the exergy destruction for each component changes as the 
parameters change and the optimization of the system must be based on minimum total exergy 
destruction for the entire system. Table 2 shows the effect of frequency and the valve parameter 
on exergy flow and destruction in the OPTR. The forward, backward and net exregy flow is 
reported in the table for three values of frequency and three values of valve parameter. The 
values of the parameters are chosen such that one occurs below and one higher than the nominal 
values for frequency of 20 Hz and the valve parameter of A: = 0.5*10"' Kg/s*Pa. For all other 
parameters the nominal values are used as given in given in Table 1. 
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Figure 5. Exergy balance including the irreversibility of different components in the OPTR. 
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Table 2. Exergy flow at different locations in OPTR for three values of frequency and three 
values of valve parameter. 

Location 

Reg. hot 
Side 

Reg. 
Cold 
Side 

PT Cold 
Side 

PTHot 
Side 

Valve 
Inlet 

Valve 
exit 

Exergy flow 
(watts) 

Forward 
Backward 

Net 
Forward 

Backward 
Net 

Forward 
Backward 

Net 
Forward 

Backward 
Net 

Forward 
Backward 

Net 

Forward 
Backward 

Net 

/ = 1 0 H z 
A=0.5*10''' 
(Kg/s*Pa) 

839.9 
776.1 
63.8 

1137.0 
1094.6 
42.4 

1157.9 
1139.9 

18.0 
243.9 
227.7 
16.2 

242.7 
227.4 
15.3 

235.5 
235.5 

0 

/ = 2 0 Hz 
yt=0.5*10"'' 
(Kg/s*Pa) 

899.8 
831.7 
68.1 

1163.8 
1121.6 
42.2 

1170.9 
1152.9 

18.0 
244.0 
227.8 
16.2 

242.7 
227.4 
15.3 

235.6 
235.6 

0 

/ = 3 0 Hz 
yt=0.5*10"' 
(Kg/s*Pa) 

1023.1 
947.6 
75.5 

1230.8 
1189.2 
41.6 

1206.0 
1188.0 

18.0 
244.2 
227.9 
16.3 

242.8 
227.4 
15.2 

235.6 
235.6 

0 

/ = 2 0 Hz 
/t=0.25*10-' 
(Kg/s*Pa) 

563.3 
533.6 
29.7 
641.5 
622.4 
19.1 

600.8 
592.5 
18.3 

122.0 
114.1 
7.9 

121.4 
113.7 
7.7 

117.8 
117.8 

0 

/ = 2 0 Hz 
yt=0.75*10"' 
(Kg/s*Pa) 

1350.8 
1225.7 
125.1 

1796.0 
1728.7 
67.3 

1846.2 
1817.0 
29.2 
366.7 
341.8 
24.9 
364.1 
341.1 

23 

353.3 
353.3 

0 

CONCLUSIONS 

A model, which captures the effect of important parameters on the energy and exergy flow 
in OPTRs, is developed. This model is used to calculate the exergy flows in the forward and 
backward directions at the inlet and the exit of each component of the pulse tube. The 
magnitudes of the forward and backward directions give insight into the losses occurring in each 
component. Through the exergy balance for each component, the exergy destruction is obtained 
for the components. In addition, the separation of mechanical and thermal exergy components 
gives insight into how the input exergy is transformed into product exergy at the load. It is 
shown that the pressure and mass flow variations significantly influence the exergy flow and 
consequently the exergy destruction in each component. The effect of the model for the valve 
used in this study influences the mass flow variation and the exergy flow as well. A general 
equation for the irreversibility of the valve based on a Fourier series expansion of the mass flow 
rate through the valve is obtained. Exergy analysis is a powerful method for thermodynamic 
understanding and quantification of losses in pulse tubes. 
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ABSTRACT 

The volumetric heat capacities of a number of binary and ternary Er- and Tm-based 
intermetallic compounds, which exhibited substantial ductilities, were measured from ~3 to 
-350 K. They have the RM stoichiometry (where R = Er or Tm, and M is a main group or 
transition metal) and crystallize in the CsCl-type structure. The heat capacities of the Tm-based 
compounds are in general larger than the corresponding Er-based materials. Many of them have 
heat capacities which are significantly larger than those of the low temperature (<15K) 
prototype cryocooler regenerator materials HoCui, ErsNi and ErNi. Utilization of the new 
materials as regenerators in the various cryocoolers should improve the performance of these 
refrigeration units for cooling below 15 K. 

INTRODUCTION 

Lanthanide materials have been used as low temperature (<20 K) regenerators since 1990 
because of their large magnetic entropies at their magnetic ordering temperatures'. This 
development allowed Toshiba scientists •' to reduce the low temperature limit of a two stage 
Gifford-McMahon cryocooler from 10 to 4 K by replacing some of the Pb with ErsNi in the low 
temperature stage regenerator. Since then, Nd'' and HoCu2^ have been used as replacements for 
ErsNi; and the Eri.xPrx alloys (0 < x < 0.50) as a substitute for Pb'''^ for cooling down to between 
60 and 10 K. GdAlOs (Tc = 3.8 K) has been employed to cool to 4 K when utilized in the 
coldest section of a compound regenerator^ Below we discuss our latest work on the 
development of regenerator materials - ductile intermetallic compounds which have high 
volumetric heat capacities in the vicinity of the magnetic ordering temperatures between 4 and 
16 K. 

EXPERIMENTAL DETAILS 

The alloys were prepared by arc-melting stoichiometric amounts of the component materials 
on a water cooled copper hearth under an argon atmosphere. The alloys were generally turned 
over 6 times (except for ErIr which was turned over -20 times) and remelted to ensure a 
homogeneous ingot. Weight losses after melting were negligible. The metals used in this study 
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were purchased from various commercial sources. The rare earth metals were 95 to 98 atomic 
percent pure with the major impurities being O, C and N, while the non-rare earth metals were 
99.9+ atomic percent pure. The x-ray powder diffraction data were collected on an automated 
Scintag powder diffractometer using Cu Ka radiation to check on the phase purity and the 
crystallography of the samples. All of the samples were found to be single-phase materials 
within the limitations of the x-ray powder diffraction technique (typically 2 to 5 vol.% of an 
impurity phase). Most of the intermetallic compound samples were not heat treated because they 
were single phase alloys after arc-melting. ErRh and ErAu, however, were heat treated for 335 
hours (2 weeks) at 900°C and rapidly quenched to room temperature to retain the B2 structure. 
The heat capacities at constant pressure were measured using an adiabatic heat-pulse-type 
calorimeter from ~3.5 to ~350 K in zero magnetic field. 

DUCTILE INTERMETALLIC COMPOUNDS 

Magnetic lanthanide intermetallic compounds exhibit a wide range of magnetic ordering 
temperatures ranging from less than 1 K to nearly 1300 K. Of particular interest to the 
cryocooler industry are those compounds which order magnetically below 20 K ' . Although 
many compounds have high heat capacities at the required temperature and thus would perform 
well as passive regenerator materials, their mechanical properties are far from ideal. In general, 
as most stoichiometric compounds, they are inherently brittle. Thus, they are nearly impossible 
to fabricate into sheets, jelly rolls, wires, and screens, which can be assembled into a regenerator 
which is more efficient than a packed bed of spheres. Furthermore, because of this brittleness 
the spheres can decrepitate and eventually leading to the failure of the regenerator and therefore 
the cryocooler. Thus, if one could make the brittle intermetallic compounds into ductile 
materials, or if one could find ductile intermetallic phases with suitable thermal properties, either 
development would be a major breakthrough in improving the efficiency of low temperature 
cryocoolers. Recently, we have discovered such a family of compounds which have 
unprecedented ductility (as high as 20%) and high fracture-toughness at room temperature'". 
This family of equiatomic compounds, RM, is made up of a rare earth (R) and a main group or 
transition metal (M) atoms, and has the B2, CsCI-type structure (see Fig. 1). There are over 120 
known members in this family. Some of these binary RM phase have high heat capacities below 
20 K [e.g. ErCu, To = 8.5 K and 13 K " ; ErAg To s 15.5 K'^; TmCu, To s 6.5 and 8 K " ' " ; and 
TmAg, To s 7 K " (the ordering temperatures listed here are those found in this study, which 
may differ slightly from earlier values reported in the literature)], and thus are of interest to the 
cryocooler community. Indeed, Biwa et al.^'* have proposed that ErAg be utilized as a 

¥"•'• 

:<J 
. • " ' " • • • . : ' 

Figure 1. The B2 CsCl-type crystal structure. The larger sphere shown in the center of the unit cell 
represents the rare earth metal atom, while the smaller spheres on the comers represent the non-rare earth 
metal (a main group or a transition metal) atom. 
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Figure 2. The volumetric heat capacities of ErCu, ErRh, ErAg, Erir and ErAu from ~4 to 20 K. 

regenerator material from 9 to 17 K, but they did not realize that this compound is a ductile 
intermetallic. In addition to their ductilities, these B2 compounds are stable in air and have good 
oxidation resistance at room temperatiu'e. 

Alloying studies have been carried out on ErCu and TmCu to establish: (1) whether the two 
ordering peaks can be merged or shifted closer together to design an alloy which would have a 
larger heat capacity over a broader temperature range, and thus may increase the efficiency of the 
regenerator; and (2) how much the major heat capacity peak temperature (the lower ordering 
one) could be shifted upward or downward to give some flexibility in designing regenerators to 
fit a particular requirement. 

RESULTS AND DISCUSSION 

The pure B2 RM binary compounds studied include ErCu, ErRh, ErAg, ErIr, ErAu, TmCu 
and TmAg. In addition, many ternary R(M,M') and (R,R')1VI compounds were studied, 
especially the ErCu- and TmCu-base materials. The non-rare earth dopants include Al, Mn, Fe, 
Ni, Co, Zn, Ga, Ru and Ag, while the rare earth additives were Sc, Y, La, Ce, Pr, Nd, Gd, Tb, 
Dy, Ho, Er, Tm and Lu. 

Binary B2 RM Compounds 

The volumetric heat capacities of the binary ErM (where M = Cu, Rh, Ag, Ir, Au) B2, CsCl-
type intermetallic compounds are shown in Fig. 2. Of these five compounds, only ErCu has two 
magnetic ordering temperatures (~8.5 and -12.7 K), while the others probably have one 
magnetic transition: ErAg at about 16 K, ErAu at about 14 K, and ErRh and ErIr below 4 K. It is 
possible that ErAu may have a second magnetic transition at about 7.5 K but this needs to be 
verified by other physical property measurements such as the magnetic susceptibility or electrical 
resistivity. The upswing in the volumetric heat capacity below 5 K of ErRh and ErIr suggests 
that these two compounds might be good magnetic regenerator materials for cooling below 4 K, 
but lower temperature heat capacity measurements need to be made to verify the actual peak heat 
capacity values and their magnetic ordering temperatiu'es. However, the high cost of Rh and Ir 
will prohibit their widespread use as regenerator materials, regardless of their ordering 
temperature and heat capacity peak value. 
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Figure 3. The volumetric heat capacity of (Tmo.95Yo.o5)Cu from ~3 to 20 K. The corresponding 
volumetric heat capacities of the cryocooler prototype regenerator materials Er;oPrso, H0CU2 and ErNi are 
also shown. 

TmAg, which orders at 7.5 K, has a maximum heat capacity of 0.7 J/cm^K, which is about 
50% larger than the double peaks of H0CU2, and would make an excellent replacement 
regenerator material for either H0CU2 or ErsNi. 

Rare Earth Additions 

The substitutions of R = Sc, La, Ce, Pr and Nd for Er in (Ero9Ro i)Cu have similar effects: 
the lower ordering temperature at -8.5 K is wiped-out, the heat capacity at the upper peak 
(-12.7 K) is greatly reduced and shifted slightly to lower temperatures. The effect of Y is not 
nearly as drastic: both peaks are shifted to a lower temperature (8.5 to 7 K, and 12.7 to 12.2 K) 
and the magnitudes of the heat capacity peaks are greatly reduced, especially that of the 8.5 K 
peak. A similar behavior is observed for R substitution of Tm in TmCu, for R = La, Ce, Pr, and 
Nd. The substitution of Y for Tm in TmCu is, however, different from the (Er].xYx)Cu alloys, 
where 0 < x < 0.15. The temperatures and the peak volumetric heat capacity values of TmCu are 
lowered by Y doping. The upper peak temperature drops more rapidly than the lower one, so 
that they merge for x = 0.15. The volumetric heat capacity of (Tmo 95Yo05)Cu is compared to 
those of the three low-temperature cryocooler prototype regenerator materials in Fig. 3. This 
alloy would be an excellent regenerator material for cooling down to 5 K. 

The heavy lanthanides behave differently from the light lanthanides in that both peaks of 
pure ErCu still remain upon alloying. In the case of Gd and Tb dopants the peaks are shifted to a 
higher temperature and the volumetric heat capacities are considerably reduced. The substitution 
of Dy and Ho, in contrast to the other lanthanides, hardly has any affect on either the ordering 
temperature or the volumetric heat capacity, and Ho more so than Dy. For Dy, the temperature 
spread between the lower and upper ordering peaks is widened by about 2 K with low transition 
temperature shifted downward and the upper temperatures upward. 

The substitution of Er for Tm (Tm-rich alloys) and Tm for Er (Er-rich alloys) on the 
volumetric heat capacity in the (Tmi.xErx)Cu pseudo binary system results in an increase of the 
upper heat capacity peak value of ErCu (1.4 J/cm^K) to that of TmCu (2.8 J/cm^K). The 
increase, however, is not linear, but has a sinusoid-like shape. The maximum value of the heat 
capacity for the lower magnetic ordering peak remains essentially constant (1.0 ± 0.3 J/cm^K) as 
X varies from 0 to 1.0. In general, as x increases, the two ordering peaks shift slowly to higher 
temperatures. 
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Figure 4. The volumetric heat capacity of Tm(Cuo,98Feo.o2) from ~4 to 20 K. The corresponding 
volumetric heat capacities of the cryocooler prototype regenerator materials ErsoPrso, H0CU2 and ErNi are 
also shown. 

Transition Metal Additions 

The substitution of Mn, Fe, Co, Ni and Ru for Cu in Er(Cui.xMx) and Tm(Cui.xMx) have 
been studied. Nominally x was 0.05, but in some cases it was as large as 0.20 and as small as 
0.02. In general, the two magnetic ordering peaks of the ErCu parent compound are shifted to 
lower temperatures, the upper one faster than the lower ordering peak, but only in the case of Ru 
additions did the two ordering temperatures merge. The volumetric heat capacities are 
significantly lowered, with Co additions having the largest effect followed by Ni, Fe and Mn in 
that order. 

For TmCu, the transition metal substitutes caused the two magnetic ordering peaks to merge 
at X s 0.05. The heat capacity values at the ordering temperature are significantly reduced, again 
with Co having the greatest effect followed by Ni, Ru and Fe. The volumetric heat capacity of 
the Tm(Cuo 98Feo 02) ductile intermetallic compound is shown in Fig. 4 along with the prototype 
regenerator materials H0CU2, ErNi and ErosoProso- It is seen that the Fe doped alloy has a much 
better volumetric heat capacity between 5 to 8 K than H0CU2. But when compared to 
(Tmo 95Yo 05)Cu (Fig. 3) its heat capacity values are significantly smaller. 

Main Group Metal Additions 

The main group metals (M = Al, Zn and Ga), when substituted for Cu in the ErCu, behave 
significantly different from the previous alloying agents. The lower ordering peak is shifted to 
higher temperatures and tends to merge with the upper magnetic ordering peak, and the heat 
capacity maximum is increased over the undoped ErCu material. For the Al and Ga additions at 
X = 0.05, these compounds have large heat capacities between 12 and 17 K (for Al), and 12 and 
18 K (for Ga). The volumetric heat capacity for Er(Cuo 95630.05) along with the prototype 
materials is shown in Fig. 5. As far as we are aware this alloy has the highest heat capacity in 
15 ± 3 K range of any known material. 

The effect of Al and Ga substitutions for Cu in TmCu is different from that noted above for 
ErCu. In the Tm-based materials, the two ordering peaks merge between the two peaks of the 
TmCu compound, with a volumetric heat capacity value between those of the two peaks of 
TmCu. For the Tm(Cuo.95Alo05) compound, the heat capacity is three times larger than that of 
H0CU2. 
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Figure 5. The volumetric heat capacity of Er(Cuo gsGao 05) from ~3 to 20 K. The 
corresponding volumetric heat capacities of the cryocooler prototype regenerator materials 
ErsoPrso, H0CU2 and ErNi are also shown. 

Recommended Regenerator Materials 

Of the alloys studied, the best material for a regenerator which operates below 4 K is ErRh, 
followed closely by Erh", see Fig. 2. But because of the cost of Rh and Ir, these two intermetallic 
compounds would see limited use. 

There are eleven Er- and Tm-based B2 CsCl-type intermetallic compounds that could be 
used as a replacement for H0CU2. The best is TmCu, which has a maximum heat capacity value 
more than six times larger than that of H0CU2. However, when 5% Lu is substituted for Tm, i.e. 
(Tmo 95LU0 05)Cu the peak maximum is lowered by about half of that of TmCu, but the breadth of 
the pair of peaks is wider and thus is more competitive with H0CU2, see Fig. 6. 
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Figure 6. The volumetric heat capacity of (Tmo.95Luo.o5)Cu from ~3 to 20 K. The corresponding 
volumetric heat capacities of the cryocooler prototype regenerator materials ErsoPrso, H0CU2 and ErNi are 
also shown. 
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Figure 7. The volumetric heat capacity of (Tmo.6oEro4o)Cu from ~3 to 20 K. The corresponding 
volumetric heat capacities of the cryocooler prototype regenerator materials ErjoPrjo, H0CU2 and ErNi are 
also shown. 

In the 6 to 9 K temperature range (i.e. between the H0CU2 peaks and the ErNi peak) there 
are four ErCu-based materials and three (Tmo eEro 4)Cu compounds which have significant heat 
capacities and could be used as regenerator materials covering this region. The best of these is 
(Tmo.6Ero.4)Cu, see Fig. 7. 

There is one (Tmi.xErx)Cu alloy which would be competitive with ErNi prototype 
regenerator material, namely (Tmo 2Ero ,8)Cu, see Fig. 8. As a matter of fact the performance of 
the two materials as regenerators would be expected to be nearly the same if the two compounds 
were used as spheres. However, since (Tmo2Ero,8)Cu is ductile, it can be fabricated into forms 
(parallel plates, monolithic perforated cylinders, etc.) which have much higher efficiencies than 
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Figure 8. The volumetric heat capacity of (Tmo2oEro,8o)Cu fi-om 3 to 20 K. The corresponding 
volumetric heat capacities of the cryocooler prototype regenerator materials ErsoPrso, H0CU2 and ErNi are 
also shown. 
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Figure 9. The volumetric heat capacities of Er(Cuj|,5Fe„̂ 5) andErCCu ĵĵ Niuî ) from ~3 to 30 K. The 
corresponding volumetric heat capacities of the cryocooler prototĵ se regenerator materials Erĵ Pr̂ j,, HoCu^ 
and ErNi are also shown. 

packed particle beds.'^ But, since ErNi is a brittle intermetallic compound it is impossible, or 
nearly so, to fabricate into parallel plates, etc. 

There is one major drawback to these Tm-based B2 intermetallic compounds, and that is the 
cost of Tm which can be 2 to 5 times more expensive than Er. There are, however, Er-based CsCl-
type intermetallic compounds which are also better than the current prototypes, but they do not 
have nearly as large heat capacities as the Tm-based materials noted above. As a replacement for 
HoCu2,the Er(CuQg5Ni(, ,5) alloy is the best Er-based material, while for the 6 to 9 K temperature 
range Er(CUg ̂ jFep gj) would be the choice material, see Fig. 9. 

For temperatures above 12 K there are three Er(CU(, ĵM^ ĝ ) alloys, where M = Al, Zn and Ga, 
which would make excellent regenerator materials. The best being M = Ga, see Fig. 5. 

SUMMARY 

A large number of (Erj^R^)M and (Tmj^R^)M compounds have the B2 CsCl-type crystal struc
ture and are also ductile. Several of them have heat capacities below 15 K, which are greater than 
those of the currently used prototype materials, such as HoCUj, Er^Ni and ErNi. In addition be
cause the Er- and Tm-based intermetallics with the B2 structure are ductile, they can be easily 
fabricated into more efficient regenerator forms, while this is nearly impossible to do for the proto
type compounds because they are brittle intermetallics. Furthermore, it has been shown that in 
general the Tm-based compounds are far better materials than Er-based compounds as regenerator 
materials because of their much higher volumetric heat capacities. When the ductile Er- and Tm-
based B2 intermetallic compounds are utilized as regenerator materials for cooling below 15 K, the 
performances of cryocoolers will be improved, their efficiencies increased, and the no load tem
peratures will be lower as compared to the currently utilized regenerator materials (HoCuj, ErjNi 
and ErNi). 
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ABSTRACT 

This paper describes the status of recent developments of ceramic regenerator materials. First, 
improvement of the thermal and mechanical properties of Gd^OjS (GOS) regenerator material has 
been achieved. Since the heat capacity of GOS is very high (> 1 J/cm^), with a X type peak at 5.2 K, 
the thermal penetration depth is about 30% smaller than that of HoCu^ below 6 K. Thus, a small 
particle size (less than 0.3 mm) with a high homogeneity is important for optimization of cooling 
efficiency. The recent introduction of Hot Isostatic Pressing (HIP) for fabricating GOS particles has 
been shown to be very effective in increasing the quality. Higher thermal conductivity and a with
standing pressure higher than 5 MPa have been achieved. 

Secondly, new concept regenerators using a variety of ceramic materials have been consid
ered. Multicomponent magnetic materials that consist of (Gd^Tbj ^)202S have been fabricated for 
cooling temperatures above 6 K. Magnetic materials consisting of two magnetic elements show a 
broad heat capacity peak involving the combination of the two different heat capacity curves. By 
adjusting the heat-treatment conditions with catalyst materials there is a high potential for control
ling the heat capacity curve using multicomponent magnetic materials. 

In order to freeze the movement of the spherical magnetic materials in the regenerator, a 'solid' 
4 K regenerator consisting of sintered GOS particles has been fabricated. Cooling-test results with 
the solid GOS regenerator show a certain level of decrease in the cooling capacity at 4.2 K. For a 
particle size of 0.4 mm in diameter, the cooling capacity at 4.2 K decreases by 20% compared with 
a regular regenerator with unsintered particles. However, this value is comparable to the cooling 
capacity achieved using only HoCu^ for the lowest temperature portion of the 2nd regenerator. 

INTRODUCTION 

Ceramic magnetic regenerator materials (GAP = GdAlOj and GOS = GdjO^S) have demon
strated improvement of the cooling performance of 4 K cryocoolers. For example, replacing HoCUj 
with GOS in a typical 4 K cryocoolers and be expected to increase the cooling capacity by 20%o at 
4.2 K.''2 A long-term operational test with GOS has been conducted successfully', and GOS is 

Cryocoolers 13, edited by E. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 3 7 3 
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1. Thermal penetration depth of GOS and HoCu^ at 1 Hz. 

being used as a commercial regenerator material for 4 K cryocoolers. Efforts for improving the 
regenerator quality are continuing. 

This paper first reports on recent improvements in the thermal and mechanical properties of 
GOS. Next, we show the status of the development of new-concept regenerators that make use of 
these ceramic magnetic materials as well as the fabrication flexibility offered by these materials 
compared with metallic compounds. Then, multicomponent magnetic materials for broadening the 
heat capacity curves and a 'soUd' 4 K regenerator bases on sintered magnetic material are shown. 

IMPROVEMENT OF QUALITY OF GOS REGENERATOR MATERIAL 

Thermal conductivity is one of the important factors determining the thermal penetration depth 
of a regenerator material. Figure 1 shows the thermal penetration depth of GOS and HoCUj. This 
value relates to the thermal conductivity and the heat capacity given in Fig. 2. Since the heat capac
ity of GOS becomes very high (> 1 J/cm') with a A. t5fpe peak at 5.2 K, the thermal penetration depth 
of GOS is roughly 30% smaller than that of HoCu^ below 6 K. Thus, a smaller particle size (less 
than 0.3 mm in diameter), which is typical of that used in conventional regenerator materials, is 
required for the GOS regenerator material. 

The spherical particles of GOS can be fabricated between 0.2 mm and 0.8 mm in diameter using 
a specially designed granulator with ultra-fine raw materials with a diameter of- 0.3 |u,m.' The 
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Figure 2. Conductivity of stainless steel, GOS and GAP, and volumetric heat capacity of GOS and HoCUj. 
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Figure 3. Cross sectional view of the GOS particle with diameter of 0.25 mm fabricated by HIP process. 

thermal and mechanical properties of polycrystalline GOS show a high level of the quality as a 
regenerator material: thermal conductivity of 0.3 W/cm-K at 4 K and a Vickers hardness of 900. 
The relative density of the fabricated polycrystalline GOS is about 99 % compared to the theoreti
cally predicted value. This indicates that void area still remains in the particles and that broken 
particles may be produced during long-term operation—although no broken powders have been 
observed. In addition, we found that the lower density also causes less thermal conductivity in the 
particles. Since our heat capacity measurement makes use of a heat relaxation method, the unsteady 
heat flow process in the sample can be observed directly through the temperature changes. The time 
dependent temperature curve normally shows a simple exponential shape, but if the sample has 
poor thermal properties, the curve becomes more complex including several different time con
stants. This is typically caused by poor uniformity of the density in the sample. Since it is difficult 
to measure the thermal conductivity of small particles with a diameter less than I mm, this experi
ment is usefiil to estimate the tiniformity of regenerator particles. 

We found evidence of such a density fluctuation in the GOS particles when the particle size 
became smaller than 0.3 mm. In order to increase the relative density of the GOS particles, we 
introduced Hot Isostatic Pressing (HIP) as a process at the final stage of the regenerator fabrication. 
By using HIP, the relative density of the GOS particles was increased up to 99.5%, and the unifor
mity of the density improved appreciably. Figtire 3 shows a photograph of a cross section of a GOS 
particle of 0.25 mm diameter fabricated by the new HIP process. There is no observed void area, 
and consequently its time-dependent heat relaxation curve shows a typical simple exponential shape. 
The new fabrication process also increased the withstanding pressure of the particles. Since the 
regenerator materials are packed into a regenerator housing under high pressure, the regenerator 
materials must have enough strength to withstand the pressure. The fabricated GOS regenerator 
materials have achieved a withstanding pressure of > 5 MPa. These improved properties have 
contributed to achieving stable cooling capacity. 

NEW REGENERATOR CONCEPTS BY THE CERAMIC MAGNETIC MATERIALS 

It is difficult to cover a wide span of cooling temperatures with a single magnetic regenerator 
material, especially from 10 K to 4 K or lower temperatures. Thus, multilayer regenerators, which 
consist of several magnetic materials with different peak temperatures of the heat capacity, are 
useful to increase the performance of 4 K cryocoolers.'* However, fabricating a multilayer regen
erator is more complex, and therefore, may be less reliable and more expensive. We are seeking 
new, simpler methods for fabricating regenerators. In the present paper, two kinds of new ap
proaches are described. 
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Multicomponent Regenerator Materials 

GOS shows a high volumetric heat capacity between 3 K and 5 K as shown in Fig. 2, but its 
heat capacity decreases significantly above the magnetic transition temperature of 5.2 K. Thus, 
other materials are needed to compensate for the lack of the heat capacity above 5.2 K. The material 
(Gd^Tbj^)202S has been proposed as a candidate for regenerator materials for temperatures be
tween 6 K and 8 K.̂  Figure 4 shows heat capacity curves for fabricated bulk samples of 
(Gd Tb| jj)202S. The heat capacity curves show a strong dependence on the composition x of Gd 
and Tb elements, cind the range of x < 0.1 is found to provide a usefully high heat capacity for 
temperatures above 6 K. 

When the heat treatment condition is optimized, the heat capacity data for newly fabricated 
(Gdg QjTbg 55)2028 shows a broad peak, as shown in Fig. 5. This suggests that the (Gdg gsTbg 95)2028 
consists of several magnetic materials with slightly different transition temperatures; in other words, 
there remains several unreacted magnetic materials with different concentrations. However, if the 
heat treatment time is long enough, the material tends toward a single magnetic phase. This occurs 
much more clearly in small regenerator particles because of their small size. More thorough heat 
treatment like HIP is needed to improve the thermal and mechanical properties of the regenerator 
materials. 

In order to satisfy these conflicting conditions between the reacting time and the heat treatment 
time, multicomponent magnetic materials have been considered. Figure 6 shows the heat capacity 
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Figure 5. Volumetric heat capacity of (Gdj„5Tbg5,5)20jS with optimized heat treatment condition. 
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Figure 6. Volumetric heat capacity of multicomponent magnetic materials. 
Sample A = (Gd„ ,Tb„,)p,S + Tbp^S and Sample B = (Gd„„Tb„,,)p,S + (Gd„ ,Tb„,)p^S. 

curves for fabricated multicomponent magnetic materials consisting of two magnetic elements. 
The sample A, (Gdg iTb^ 5)2028 + TbjOjS, shows two peaks in the heat capacity relating to two 
different curves. The sample B, (Gdgg^Tb^(,5)2028 + (Gd(,,Tbg,),02S, shows a more integrated 
smooth curve without the two sharp peaks. The key parameters in the fabrication process are mainly 
heat treatment time, temperature, and catalyst material. The as-fabricated condition of sample B is 
much closer to that of a real regenerator particle. The disappearance of the sharp peaks with sample B 
suggests that the two magnetic phases are diffused uniformly in the sample, but both phases still 
hold their magnetic properties. This result shows that multicomponent magnetic materials have a 
high potential for allowing the heat capacity curve to be tailored for specific applications. 

Solid Regenerator 

Regenerator materials are exposed to the oscillating pressure changes brought about by the 
oscillatory helium gas flow in the regenerator. This causes collisions and friction between the re
generator particles, since the particles are slightly movable. Such motion of the particles occasion
ally results in damage to the regenerator material if the strength of the particles is not high enough. 
This is the main reason why 4 K regenerator materials must be fabricated into a spherical form with 
a high Vickers hardness and a smooth surface. A wire mesh regenerator is often used for the higher 
temperattires, and it is much easier to assemble into a regenerator. However, conventional 4 K 
regenerator materials are brittle, and consequently they are difficult to make into a wire form. If the 
regenerator particles are bonded firmly to each other, the motion of the particles can be frozen. This 
is the concept of a 'solid' type regenerator considered here. 

Ceramic magnetic materials have a high potential for being made into solid regenerators using 
the sintering process. This is because the sintering temperature for ceramics is lower than their 
melting point, and therefore, this temperature margin makes it much easier to use a diffusion bond
ing method. Thus, we have applied this technique to the GOS regenerator particles. Figure 7 shows 
the fabrication process for achieving a solid, sintered G08 regenerator. 

First, we prepared a cylindrical housing that was made of G08 with a wall thickness of 1 to 
2 mm. Then we firmly pressed the GOS particles into the GOS housing with an amount of pres
sures similar to that used in packing a conventional regenerator. After the density of the regenerator 
reached a high enough value of ~ 4.2 g/cm^K, the GOS cylinder was heat-treated at a temperature of 
1200 ~ 1500°C for several hours. Finally the GOS cylinder was machined to fit the 2nd regenerator 
of a cryocooler. 
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Figure 7. Fabrication process of 'solid' GOS regenerator. 

Figure 8. Picture of the fabricated solid Figure 9. Cross sectional view of the solid 
GOS regenerator. GOS regenerator. 

Figure 8 shows a picture of the fabricated solid GOS regenerator. The sintered GOS particles 
are tightly bonded with high homogeneity in the entire cylinder. Figure 9 shows a cross-sectional 
view of the solid GOS regenerator. The GOS particles are well bonded, and defects at the diffused 
bonding area are not found. Excessively long processing time during diffusion bonding results in 
distortion of the spherical particles and decreased void volume of the regenerator. Thus, the heat-
treating time must be carefully controlled. In this experiment, the size of the sintered GOS regen
erator is 29 mm in diameter and 30 mm in height. For this case, with GOS particles of 0.4 mm in 
diameter, the density of the sintered GOS particles without the GOS housing was ~ 4.7 g/cm^, while 
that of the regularly packed GOS with 'free motion' was ~ 4.2 g/cm^. Thus, the density increased 
by about 11 % by the sintering process, and this also decreased the void volume of the regenerator. 

Thermal performance tests have been carried out with a Sumitomo SRDK-408D GM cryo-
cooler with a cooling capacity of 1 watt at 4.2 K. The 2nd regenerator consisted of Pb, HoCu^ and 
GOS, from the hot to the cold end. Three kinds of the sintered GOS regenerators with particle sizes 
of 0.25 mm, 0.4 mm, and 0.7 mm in diameter were prepared. Figure 10 shows the cooling capacity 
at 60 Hz operation as a function of 1st stage temperature and GOS particle size. As a reference, 
GOS particles of 0.4 mm in diameter without sintering were also tested. It is clear that the cooling 
capacity of the sintered GOS with 0.4 mm particle size is about 20% lower than that of the reference 
GOS without sintering. However, it is noticeable that the cooling capacity of the sintered GOS is 
comparable to that of the HoCu^ regenerator material. This experimental condition has not been 
fully optimized for thermal efficiency. For example, the sintered GOS regenerator consists of both 
the sintered particles and the GOS housing, and the housing does not contribute effectively to the 
regenerator function, though the weight of the GOS housing occupies up to 10% of the total weight. 

When the sintered particles size is changed from 0.7 mm and 0.25 mm, there is a strong corre
lation between the cooling capacity and the particle size. In particular, the 0.7 mm particle size 
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Figure 10. Cooling capacity at 4.2 K as functions of 1st stage temperature and the GOS particle size. 

yields a decrease in cooling capacity by 20% compared to that with 0.4 mm-size particles. On the 
other hand, the 0.25 mm particles result in a slightly higher cooling capacity than with the 0.4 mm 
particles. This tendency is similar to that with the regular regenerator without sintering. Namely, 
decreased cooling capacity mainly comes from poor thermal diffusivity and smaller heat exchange 
area due to the larger size particles. For the smaller size particles, the pressure drop in the regenera
tor becomes larger because of the smaller volume of the cooling channels. However, the result for 
the 0.25 mm size particles suggests that the thermal diffusivity is still a dominant factor for the 
cooling capacity. Another factor in the thermal loss in the sintered regenerator is the thermal con
duction loss caused by the better thermal links between the sintered particles. Also, there is some 
amount of additional axial heat conduction through the GOS housing wall and the small gap be
tween the GOS housing and the regenerator housing. The conduction loss coming from the GOS 
housing can be reduced by using a thinner wall in future developments. However, the thermal loss 
from the bonded particles is essential to the method. Quantitative estimation of the thermal loss 
based on measuring the thermal conductivity of sintered particles is being investigated. 

SUMMARY 

The current development status of ceramic regenerator materials is summarized as: 

1. Using the HIP fabrication process for generating GOS particles has achieved a relative density 
of 99.5% and a withstanding pressure of higher than 5 MPa. 

2. The two-component material, (Gd^ ĵ̂ Tbu,5)2028 + (Gd(,,Tb„5)2028 has shown that two mag
netic phases can be diffused imiformly in a sample and retain their individual magnetic proper
ties. Three or four components will be more effective in realizing a broader heat capacity curve. 

3. A solid regenerator material achieved by sintering the GOS particles has been successfully 
fabricated, and the sintered material has been used in a real regenerator. The major thermal loss 
comes from thermal conduction through the bonded particles and the wall of the GOS housing. 

4. Sintered regenerator magnetic materials provide for easier assembly and maintenance of the 
regenerator. 
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ABSTRACT 

The magnetocaloric properties of samples of Smo.ssSro^sMnOa, (Ndo28Euo.72)o.55Sro.45Mn03, 
and (Ndo.46Tbo.54)o.55Sro.45Mn03 ceramics have been investigated in fields up to 1.4 T. 

The adiabatic temperature change was measured by a direct method. It was established that 
the Curie temperature 7c and maximum specific adiabatic temperature change (per Tesla) near 
Tc in Smo.55Sro.45Mn03, (Ndo.28Euo.72)o.55Sro.45Mn03, (Ndo.46Tbo.54)o.55Sro.4sMn03 were 126, 112 
and 76 K and 1.43, 1 and 1 K/T, respectively. The contributions to the magnetocaloric effect in 
Smo.55Sro.45Mn03 were determined with the help of a thermodynamic model. It was shown that 
the main contribution at the magnetic phase transition is the contribution related with the 
exchange energy change. 

INTRODUCTION 

Doped AMn03 perovskites (manganites) displaying unusual physical properties (colossal 
magnetoresistivity and giant magnetostriction) also exhibit essential magnetic entropy change.'"' 
The latter circumstance, together with the ability to adjust magnetic ordering temperature by 
changing composition, makes them suitable for use in magnetic cryocoolers as effective 
materials for complex working bodies. However, the mechanisms of, and contributions to, the 
magnetocaloric effect (MCE) in these materials are not well understood. It should also be noted 
that the choice of the optimal dopant and the optimal doping level in the manganites is not well 
established in the literature. A number of recent papers have been concerned with the 
relationship between the tolerance factor t, cation size dispersion a, and the structural, electrical, 
and magnetic properties of the perovskite-type manganites.^"'" The tolerance factor / is defined 
as t = (<rA> + ro) / -12 {KMU + ro ), where <r\> is the mean radius of the A-site cations, TMH and 
ro are the radii of the manganese and oxygen ions, respectively. It is known , that the value of 
r = 1 corresponds to the ideal cubic perovskite structure, and with a decrease of t the perovskite 
structure transforms to rhombohedral, and with further decrease of /, a perovskite becomes 
orthorhombic. Dispersion cr, defined as o^ = < r̂ A > - < ''A >^, describes a deviation of the 
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A-sites cations radii from the mean value. Analysis of literature data'^"'^ points to the possible 
dependence of the magnetocaloric effect on both the tolerance factor of the perovskite structure t 
and on the dispersion a. However, analysis of the data is complicated due to the fact that these 
parameters vary simultaneously. 

In this work we directly measured the magnetocaloric effect of three ceramic compositions 
— Smo.55Sro.45Mn03, (Ndo.2sEuo.72)o.55Sro.45Mn03, (Ndo.46Tbo.54)o.55Sro,45Mn03 — using the same 
value of the tolerance factor (r = 0.927) and the same strontium doping level (i.e. with the same 
Mn '̂̂ /Mn''̂  ratio) but different values of the cr (see Table 1). We also calculated the 
contributions to the MCE of Smo 55Sro,45Mn03 on the basis of a thermodynamic model. 

EXPERIMENTAL DETAILS AND THE MODEL 

The ceramic samples were prepared by the foUlowing procedure: ash-ftee paper filters were 
soaked with water solution of the metal nitrates with a total concentration of about 1 mol/1. Then 
the ash formed by burning of the dried filters was annealed at 700°C, the powder was pressed into 
pellets and sintered in air for 16 hours at 1200''C. 

The phase purity and lattice parameters were controlled by X-ray diffraction, DSC (differential 
scanning calorimetry), SEM (scaiming electron microscopy) and Raman spectrometry measure
ments. DCS was accomphshed by a Netzsch STA-409 thermoanalyser with a sapphire single 
crystal as a reference material. Raman spectrometry measurements were performed with a triple 
monochromator system (Jobin-Yvon T64 000) in a subtractive arrangement and in a 
backscattering geometry of the incident laser light (514.5 nm line of an Ar -ion laser with power 
of up to 50 kW/cm^). It was established, that all three samples were single phase with 
orthorohmbic perovskite structure. The position of the structure-sensitive Ag(2) band in the 
Raman spectra is a highly sensitive indicator of the perovskite structural distortion.'* We found 
the same position of the band for all three samples under study. The result corresponds to 
negligible variation of the tolerance factor or chemical stoichiometry in the series of the samples. 

AC magnetic susceptibility was measured in the temperature range from 10 to 300 K using 
an APD cryogenic magnetometer (with magnetic field amplitude 10 Oe and frequency of 640 
Hz). Direct measurements of the magnetocaloric effect have been carried out from 77 K to 
300 K under quasi-adiabatic conditions. Magnetic fields up to 1.4 T were produced by an 
electromagnet (corrected for demagnetization factor); the typical time for establishing a specific 
known magnetic field was about 3 seconds. The cylindrical sample (4 mm diameter, 8 mm 
height, with the long axis along the magnetic field) was placed into an evacuated volume 
(vacuum about 10'̂  torr) to reduce the heat exchange. The temperature was measured using a 
copper-constantan thermocouple. 

The contributions to the magnetocaloric effect in Smo.55Sro.45Mn03 were determined on the 
basis of the previously made magnetic and linear thermal expansion measurements. For 
calculations, a thermodynamic model of the first order magnetic phase transition was used. The 
model considers a magnetic material in which one magnetic phase can be transformed to another 
by the field-induced first order magnetic phase transition occurring at a certain critical value of 
magnetic field. In this case the Gibbs energy in the corresponding magnetic state can be 
presented in general case as;' ' 

G = G„+G,„„+G„- / / / , (1) 

where Gex is the free energy of the exchange interaction, Gme is the energy of the magnetoelastic 
interaction, Ga is the anisotropy energy, and HI is the magnetic energy (/ - magnetization, H -
magnetic field). On the basis of Eq. (1) it is possible to calculate the magnetic entropy change 
A5M and adiabatic temperature change Ar related with the first order transition induced by the 
magnetic field. At the transition, the potentials of the magnetic phases should be equal, i.e. G] = 
G2. From this condition it follows that at the transition: 

AG„+AG,„+AG„=/ /„A/ , (2) 

where the symbol A denotes the change of the corresponding parameter across the transition {AI 
= h- h) and H^ is the critical magnetic field of the transition. The magnetic entropy change at 
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the transition can be calculated on the basis of eq. (2) and the magnetic Clausius - Clapeyron 
equation; 

dT M ^ ' 
and has the form: 

A.--f^^.^^.^-//„^l (4) 
" \ dT dT dT dT J 

where d/dT denotes derivatives of the corresponding values on temperature. Then using 
equation: 

AT = --^AS^, (5) 

where Cp^ is heat capacity and T - temperature, it is possible to determine the adiabatic 
temperature change at the transition: 

^ r - = ^ r 9 A G ^ , 5 A G ^ , 9 A G , _ M / y 
C^f, { dT dT dT dT) 

As one can see from Eqs. (4, 6), there are several contributions to the magnetocaloric effect at 
the first order transition (according to the sequence they appear in the parenthesis in Eqs. (4, 6)): 
the contribution from exchange, magnetoelastic, anisotropy, and magnetic energy changes. In 
order to calculate AiS'̂ ^ and AT"' temperature dependences one should know the temperature 
dependences of the values in Eqs. (4, 6). 

i/cr and A/ temperature dependences can be determined from experimental magnetization 
measurements. AGa can be obtained from magnetic anisotropy constant data, but this 
contribution is usually small in comparison with others. The method of calculation of the 
magnetoelastic energy change is presented elsewhere. ' AGme can be calculated from data on 
the linear temperature expansion and the linear forced magnetostriction temperature dependency. 
AGex can be determined on the basis ofHaAI, AGa and AGme data and Eq. (2). 

RESULTS AND DISCUSSION 

Figure 1 shows the temperature dependency of the AC magnetic susceptibility of the 
investigated samples. There is a rapid rise in the susceptibility near the Curie temperature, which 
was determined to be 126, 112 and 76 K for Smo.55Sro.45Mn03, (Ndo.28Euo.72)o.55Sro.45Mn03, 
(Ndo.46Tbo,54)o.55Sro 4sMn03, respectively. As one can see from Fig. 1, the transition becomes 
broader and the maximum susceptibility decreases with increasing cr. 

The temperature dependency of the adiabatic temperature change (AT) for Smo ssSro^sMnOa 
is shown in Fig. 2. Measurements were performed with different magnetic field changes AH (up 
to 1.4 T) during heating and cooling of the sample. The MCE peaks were observed near the 
Curie temperature, and the maximum AT value was ~ 2 K at a temperature of 131 K and AH = 
1.4 T, which corresponds to the specific adiabatic temperature change {ATIAH) of 1.43 K/T (for 
Gd ATI AH = 2.9 K/T for Afl'= 2 T).̂ ^ Although the MCE was field-reversible, the temperature 
hysteresis characteristic to the first order magnetic phase transitions was clearly observed. It 
should be also noted that the AT{T) peak in the compound was rather narrow—about 20 K (the 
second order MCE peaks are much broader: 60-80 K, and even more for Gd ). According to 
literature data^^"'̂ '', the heat capacity and the linear thermal expansion of Smo 55Sro.45Mn03 also 
display a clear temperature hysteresis. Furthermore, linear thermal expansion is abruptly 
changed at the Curie temperature from the low-temperature (high magnetic moment) and low-
volume to the high-temperature (low magnetic moment) and high-volume state, although usually 
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Figure 1. AC magnetic susceptibility temperature dependences: 1 - Smo.ssSro ŝMnOs, 2 
Ndo.i53Euo.397Sro.45Mn03, 3 - Ndo.299Tbo.25iSro.45Mn03. 
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Figure 2. Magnetocaloric effect of Smo.55Sro45Mn03 as a function of temperature. dJl = 0.5 T 
(circles), 1 T (squares) and L4 T (triangles). Data collected on the heating sample up (open symbols) and 
cooling it down (closed symbols). 

The magnetovolume effect is a transition from a low-volume, low-moment to a high-volume, 
high-moment state. So, it is possible to assume that the magnetic phase transition in 
Smo.55Sro.45Mn03 is of the first order and possibly accompanied by a structural transition. DSC 
measurements revealed the latent heat of the transition of ~ 443 J/kg. It also should be noted that 
the magnetostriction behavior in Smo.55Sro.45Mn03 (in particular, large negative volume 
magnetostriction (—4x10" ) observed above the Curie temperature'̂ '*) shows that above Curie 
temperature the material can be reverted into the low-temperature phase by the magnetic field. 

In another two samples of ceramic perovskites — specifically Ndo.299Tbo.25iSro.45Mn03 and 
Ndo.i53Euo.397Sro.45Mn03 — one rare earth element (Sm) was replaced by a mixture of two differ-
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Figure 3. Magnetocaloric effect as a function of temperature for Ndo.i53Euo.397Sro,45Mn03 (open 
symbols) and Ndo.299Tbo.25iSro.45Mn03 (closed symbols). 

ent rare earth elements (Nd+Tb and Nd+Eu, respectively). In both samples, the weighted 
average of the 3* rare earth ions radii was equal to that of the Sm^* ion. Figure 3 shows the MCE 
temperature dependences meastired in these samples for a magnetic field change hH = 1.4 T. 
The maximum specific adiabatic temperature changes for (Ndo.28Euo,72)o.55Sro.45Mn03 and 
(Ndo,46Tbo.54)o.55Sro.45Mn03 were found to be ~ 1 K/T. The samples revealed the same MCE 
behavior as Smo.ssSro^sMnOa. The maximums of MCE were observed at the lower temperatures 
and reached lower values than in Smo,55Sro.45Mn03 without any monotonic dependence of the AJ 
maximum value on the dispersion cr (see also Table 1). At the same time, one can see from 
Table 1 that under the constant values of the tolerance factor and the doping level the positions 
of MCE maximums and Curie temperature monotonically depend on the dispersion of the 
A-sites cations radii a. This agrees well with the results relating the shift of Curie temperature 
with the variation of a for the constant doping level. 

The results of calculations of contributions to the magnetic entropy change in 
Smo.55Sro.45Mn03 on the basis of the thermodynamic model are presented in Fig. 4. As one can 
see, the main contribution comes from the change of the energy of the exchange interaction. 
This can be related with observed changes in the essential lattice parameter of this com
pound."'^'' Earlier, we made analogous calculations for rare earth metals Tb, Dy, Er, and alloys 
TbosDyo.s, Feo.49Rho,5i and GdsSiijGea, where the first order magnetic first order transitions 
were observed.^* It was found that the main contribution to the magnetocaloric effect in these 
materials also gave exchange energy change. The obtained results point to the possible driving 
force of the high magnetocaloric effect general for the first order magnetic phase transitions -
modification of the exchange energy. 

Using referenced data on the heat capacity^'', it is possible to calculate the adiabatic 
temperature change AT", which in general reproduces the /ISM(7) dependence. Its maximum 
value is -1.5 K; this is the value related with the magnetic phase transition itself. Experimental 
value in Smo.55Sro.45Mn03 for MI= 1.4 T is 2 K. The excess can be related with the paraprocess, 
which is especially large near a magnetic phase transition temperature. 
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Table 1. Cation size dispersion o^, maximum MCE value ATmax and a temperature 0, where 
the maximum value of the MCE occurs. 

Sample o^ (a.u.f .^IKL Ar„,ax (K) 
Ndo.299Tbo.251 Sro.45Mn03 
Ndo.i53Euo.397Sro.45Mn03 
Smo.55Sro.45Mn03 

8.5 * 10"̂  
8.0 * 10"^ 
7.8 * 10"^ 

90 
127 
131 

1.4 
1.4 
2.0 

CONCLUSIONS 

In this work the magnetocaloric effect of Smo.s5Sro4sMn03, (Ndo.28Euo.72)o.55Sro.45Mn03, and 
(Ndo.46Tbo.54)o.s5Sro.45Mn03 ceramic manganites was investigated. It was shown that the 
character of the AT{T) dependences point to a first order transition at the Curie points in these 
materials. In the framework of a thermodynamic model of the first order magnetic phase 
transition, the main contribution to the MCE in Smo.55Sro.45Mn03 was determined. It was shown 
that the model adequately describes the MCE in the vicinity of the magnetic phase transition. 
The main contribution to the MCE in Smo.55Sro.45Mn03 comes from the exchange energy change 
under the transition. Together with our previous results on the contributions to the MCE at the 
first order magnetic phase transitions — in rare earth metals, and the alloys Feo.49Rho.51 and 
Gd5Sii.7Ge2 — the obtained data highlight the very important role of this factor in forming of 
high MCE values at the first order phase transitions. It was also shown that under the constant 
values of the tolerance factor and the doping level, the positions of the MCE maximums and 
Curie temperature monotonically depend on the dispersion of the A-sites cations radii cr. 
However no monotonic dependence of the maximum adiabatic temperature change on the 
dispersion was found. 
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ABSTRACT 

The regenerator has had a significant influence on the development of refrigerators for 
cryogenic application. It is a key component in every cryocooler because it efficiently cools and 
heats up the gas as it flows between the compressor and the expansion space and vice versa. An 
essential parameter in the regenerator design is the heat capacity ratio." In addition, the pressure 
drop across the regenerator must be minimized to achieve maximum p-V work in the expansion 
space. 

This paper describes the design and the manufacturing process of a regenerator partially 
filled with lead screens in order to decrease the pressure drop compared to a regenerator filled 
with lead spheres. Furthermore they offer a high heat capacity ratio. Our four valve pulse tube 
reixigerator (FVPTR) was equipped with such a regenerator. The performance of this cooler is 
presented in this paper. This presentation includes experimental loss analysis as well. 

At present the cooler provides a cooling power of 120 W at 74 K and 40 W at 34 K. The 
minimum no-load temperature achieved is 17 K. 

INTRODUCTION 

It is well known that lead is a common regenerator material for working temperatures 
between 20 and 50 K. Because of its low stability it is not possible to manufacture gauze discs 
from pure lead strands. Nowadays spheres with a typical diameter of approximately 200 |j,m are 
used. These spheres have two decisive disadvantages. Firstly it is very difficult to fix them at the 
right place in the regenerator, secondly they have a larger pressure loss than gauze discs.^ 

This work aimed at building a pulse tube cooler which has a high cooling performance in the 
entire temperature range between 20 and 80 K. To fulfill this approach we have designed a new 
regenerator with a lead wire mesh in order to decrease the pressure drop and to have a 
regenerator material with a high heat capacity at lower working temperatures. We chose a 
coaxial structure because this arrangement is the most compact and convenient one for current 
applications."' We have built the cooler in a four valve arrangement, which includes two 
additional valves at the hot end of the pulse tube to achieve the proper phase shift between 
pressure and volume flow."*'^'' 
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Figure 1. Schematic diagram of the FVPTR. 

EXPERIMENTAL SET-UP 

A schematic diagram of the refrigerator is shown in Fig. 1. The diagram also illustrates the 
location of the various sensors used to study the gas process during operation.' The pressure 
oscillation in the cold head is made by means of a rotary valve which is driven by a dc-motor. This 
valve cormects the inlets and the outlets of the regenerator and of the pulse tube periodically to the 
high- or low-pressure side of a commercial helium-compressor (Leybold RW 6000, nominal input 
power 7 kW). A detailed cycle description is given elsewhere.* 

The pulse tube has an inner diameter of 3 8 mm, a length of 317 mm and it is placed inside the 
annular screens in the regenerator. A specific material with a low thermal conductivity has been 
selected for the tube, which has a wall thickness of 1 mm. The regenerator tube has an inner diam
eter of 58 mm and a wall thickness of 0.75 mm. We chose the length as well as the arrangement of 
the regenerator in a way which minimises the heat exchange between pulse tube and regenerator. 
The total length of the regenerator is therefore 120 mm. 

Description of the Manufacturing Process of the Regenerator 

Primarily we used a stainless steel 200 mesh regenerator. In a further step we replaced the 
colder part of the regenerator (below 50 K) by lead screens. The section of the lead screens is about 
one third of the total length of the regenerator. It is essential to choose the right length in order to 
avoid an excessive pressure drop. 

Figure 2. Screenview before and after electrostatic coating. 
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The lead screens were fabricated in the following way: At first we took bronze screens with 
155 mesh and a wire diameter of 50 nm as a basic material in order to obtain mechanical 
stability. After a multi-staged cleaning and a chemical activation of the surfaces, which is an 
essential process in order to get a sufficient rugged lead coating, we deposited lead galvanically 
on the bronze mesh screens. The thickness of the lead was about 25 ^m. A screenview before 
and after the deposition is shown in Fig. 2. It is important to obtain a rough lead surface in order 
to maximize the area of heat transfer. Therefore the composition of the electrolyte, the current 
density and the deposition time has to be optimised for a given screen geometry in oder to 
achieve optimal heat transfer and heat capacity ratio as well as convenient mechanical properties. 
The average porosity of the lead screens is 0.4 but it can be varied depending on the place in the 
regenerator. Still a further optimisation process is necessary to find out the best porosity 
distribution in the coldest part of the regenerator. 

EXPERIMENTAL RESULTS AND DISCUSSION 

Cooling Performance 

At first we used a regenerator totally made of stainless steel. The FVPTR reached a 
minimum temperature of 32 K and a cooling power of 100 W at 75 K. 

After we had replaced the cold end of the regenerator with lead spheres, the cooling power 
in the temperature region below 40 K was improved significantly. We reached a minimum 
temperature of about 23 K and a cooling power of 100 W at 72 K. The performance at higher 
cooling powers was better as well. This is due to improvements at the hot end of the pulse tube 
and to the decreased pressure drop of the lead screens in comparison to spheres. The cooling 
power of these two setups is shown in Fig. 3 (left). 

After we slightly changed the arrangement of our thermal insulation, we even reached a 
minimum temperature of 17 K. The performance of the FVPTR for different filling pressures is 
shown in Fig. 3 (right). There PM means the average pressure of the pulse tube at minimum 
temperature. The improvement of performance at increasing pressures can be seen. 

We achieved a cooling power of 120 W at 74 K and 40 W at 34 K with an average pressure 
of 16.8 bar whereas in the lower temperature region the performance for different pressures was 
almost equal. It has to be mentioned that all these curves were measured without any 
readjustment of the cooler. 

In two previous papers ' we developed a model to represent P-V diagrams for a FVPTR, 
derived from measured pressure curves and the coefficient of discharge of the hot end inlet and 
outlet of the pulse tube. 
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Figure 4. Typical pressure curves in a FVPTR (left) and characteristic of the two middle pressures 
and high and low pressure in dependence of the cooling power 

This model has shown that the gross refrigeration power in a FVPTR strongly depends on 
the two intermediate pressures PMI and PM2 (see Fig. 4 (left)). These two pressures were firstly 
introduced by Yuan et al. for a five valve pulse tube refrigerator.'" They represent the pressure 
in the pulse tube after the gas has flovra into and out of the reservoir or the pulse tube of a 
FVPTR, respectively. Fig. 4 (right) shows these two middle pressures as well as the high and low 
pressure in dependency on the cooling power. By means of this plot two typical features of a 
FVPTR can be seen. 

Firstly the pressure difference between high and low pressure rises with increasing cooling 
power. This means that there is a higher gross refrigeration power for higher cooling power. 
Secondly the two middle pressures PMI and PM2 split up for higher cooling power. Since P H - PMI 
is the pressure difference for compression and PM2 - PL is the difference for expansion, larger 
pressure differences than in pulse tube coolers with passive phase shifters are available for 
refrigeration. In pulse tube coolers with passive phase shifters these two middle pressures 
coincide to one middle pressure. 

Loss Analysis 

Loss analysis is essential in the design and fabrication process of a pulse tube refrigerator. In 
this paper we report on the experimental analysis of the total static (e.g. conduction and 
radiation) and dynamic losses (e.g. regenerator and shuttle losses) of our FVPTR in coaxial 
design. Other references ' describe a simple method to estimate the total static and dynamic 
losses and therefore the total losses at the cold head of the pulse tube cooler. 

If the refrigerator is switched off at a certain temperature of the cold head, the total static 
losses are given by 

a,,, = m•c^•^T-^ (1) 

where m is the mass, Cp the specific heat and AT the temperature distribution of the cold head. 
Since the determination of these values is not possible, a heat load Pd is supplied at the cold head 

P„ + a,^, = m-Cy^T^ 
Ar 

For 1/Ax -^ 0 this equation results in 

P,--Q.. 

(2) 

(3) 
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Figure 5. Total static (left) and total losses (right) of the FVPTR 

To determine the static losses Pei is plotted against l/Ax and 1/AT is extrapolated to 0. Fig. 5 
(left) shows such a measurement. In this way three different heat up curves for a heat load at the 
cold end of 0, 10, and 20 W are evaluated for temperatures above 90 K. We experimentally 
obtained a value of 8 W for the total static losses. 

This method was also adapted to determine the dynamic losses of the refrigerator. In this 
case we have modified the cooler in such a way that during operation no p-V work is produced. 
This yields to the following equation for the cold head 

P, + &y,. + Q,,a. = m'C,'^T-^ (4) 
Al

and for 1/AT —> 0 this equation yields 

icdvii ~ el iJsl, (5) 

The experimental procedure was the following: Firstly the refrigerator was cooled down to 
77 K by liquid nitrogen which flew into a vessel around the cold head. After the cold head had a 
temperature of 77 K and there was a linear temperature profile in the regenerator, the liquid 
nitrogen was blown out of the vessel and the cold head heated up. This procedure was done for 
different heat inputs at the cold head while the refrigerator was working and the dynamic losses 
are obtained in the same manner as the static losses. Fig. 5 (right) shows such a measurement. By 
means of this method we estimated the total d3Tiamic losses to be 41 W at a frequency of 2.2 Hz. 

1.6 1.8 2.0 2.2 2.4 2.6 2.8 3.0 

Frequency [Hz] 

Figure 6. Frequency dependence of the dynamic losses 
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Fig. 6 depicts the frequency dependence of the total dynamic losses. A non-linear behaviour 
can be seen clearly. Furthermore, below the ideal working frequency of 1.9 Hz the dynamic 
losses are still decreasing. This frequency was found for no-load as well as load mode. This 
means that at lower frequencies the gross refrigeration power decreases faster than the dynamic 
losses. At higher frequencies the dynamic losses increase drastically because of the high 
regenerator losses. 

CONCLUSION 

This paper describes the manufacturing process of a regenerator partially made from lead 
wire mesh. A single stage FVPTR has been equipped with such a regenerator. The minimum no-
load temperature achieved is 17 K. The cooling capacity is 120 W@74 K and 40 W@34 K. 
These values can be reached without any readjustment of the cooler. 

In addition thermodynamic loss analysis has been done. We estimated the total static losses 
to be 8 W and the total dynamic losses to be 41 W at a working frequency of 2.2 Hz. 
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ABSTRACT 

A method has been devised to fabricate a uniform channel parallel plate heat exchanger suit
able for high frequency low temperature regenerative cryocooler applications. The low porosity 
matrix design theoretically optimizes heat transfer and operating efficiency while minimizing losses, 
including thermodynamic losses in the matrix void volume, at higher operating frequencies than 
are currently achievable in regenerative cryocoolers designed for cooling below 15 K. Higher 
operating frequencies would enable efficient low mass valveless compressors to drive the coolers. 
To ensure that the thermal penetration depth is much larger than the matrix depth or inter-channel 
thickness at operating frequencies of about 30 Hz and at porosities as low as 10%, the channel 
small dimension must be less than about ~50 ^m (0.002 inches) for typical matrix materials. For 
optimum heat exchanger effectiveness the deviation of the channel small dimension must be less 
than about 3 % from nominal to avoid significant flow maldistribution within the matrix gas vol
ume. A simple and cost-effective fabrication method for reproducibly constructing such a matrix is 
discussed in terms of preliminary flow test results and predicted thermal performance as a function 
of matrix porosity. The method as currently implemented produces a continuum of high aspect ratio 
rectangular channels along a spiral length within a thin matrix disk component. The method also 
enables the design of a variable porosity matrix along the regenerator temperature gradient. Pre
liminary flow tests with disks having nominal 38 jim flow channels are consistent with the as-
measured charmel dimensions and matrix geometry. 

INTRODUCTION 

Rationale for Parallel Plate Matrix 

Several attempts have been made by various researchers to produce a low porosity regen
erator matrix having a parallel plate micro-channel flow geometry. Based on analytical and nu
merical modeling,''^ it is believed that a low porosity parallel plate matrix would optimize the heat 
transfer figure-of-merit while reducing the regenerator primary loss mechanism at temperatures 
below ~ 15 K, viz., compression losses in the matrix void volume.'•'' However, the theoretically 
superior performance of a parallel plate matrix geometry,'' compared to other geometries, such as 
collimated tubes,'*' packed spheres, or conventional screen matrix geometries, has not yet been 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 3 9 5 
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conclusively demonstrated. It has long been known that collimated flow channels should in prin
ciple provide superior heat exchange and lower pressure loss than flow channels which have the 
equivalent total flow area but involve more tortuous flow paths.'""'^ Figure2 ofRef. lOprovides 
a comparison between the parallel plate, tube, and packed sphere geometries in terms of the 
nondimensional parameter StPr '̂Vf plotted against the Reynolds number (N^), where St is the Stanton 
number, Pr is the Prandtl number, and f is the Fanning friction factor. This parameter is a measure 
of the ratio of heat transfer to pressure loss that is useful in comparing different working fluids 
because it is independent of their thermophysical properties. It remains essentially constant over a 
large range of Nĵ  for a given geometry. Figure 6-1 in Ref 11 tabulates this parameter for laminar 
flow in several other cross-sectional geometries, including rectangular channels of different aspect 
ratios. 

Equinox has developed regenerator design software that calculates regenerator matrix proper
ties as a function of porosity n and channel geometry. The regenerator volume and aspect ratio, the 
required mass flow rate, and the matrix channel dimensions can be separately specified. Pressure 
drops, surface areas, matrix depth, thermal penetration depth, Reynolds number, and other param
eters are computed and charted in an EXCEL® spreadsheet format. Fig. 1 below makes a geometri
cal comparison similar to Ref 10 but plots StPr^'Wagainst the matrix porosity. Although the results 
are nearly independent of channel size, porosity, and flow rate, the dimensions and flow rate used in 
Fig. I are stated for consistency with Figs. 2 to 4 below. The regenerator internal volume in this 
example is a 2 cm diameter x 4 cm long cylinder, and the laminar mass flow rate is 1 g/s. It is seen 
that the value of StPr '̂̂ /f is ~0.39 for infinite parallel plates, -0.36 for rectangular channels with an 
aspect ratio of 10:1, ~ 0.31 for tubes, and for equispaced spheres it varies weakly from -0.04 at n = 
0.30 to -0.05 at n = 0.70 because the friction factor is a function of porosity. (Note that the mini
mum theoretical porosity for packed spheres is -30%, although 38% is a t)T5ical practical limit.) 

For a 4 K Gifford McMahon (G-M) cooler driven by a low frequency (-1 Hz) valve-type 
compressor, the regenerator matrix typically uses spheres of Pb, phosphor bronze, or rare earth 
compoimds. The resultant 38% porosity is too large for efficient high irequency operation because 
of the compression losses in the matrix.^ One approach to lower the porosity is to mix different size 
spheres, but this can result in a highly variable matrix geometry and unpredictable cold perfor
mance. In addition, care must be taken to prevent the tiny spheres from "leaking" into the flow 
system and causing damage to the coldhead components or the compressor. A "clean" quasi-paral
lel plate matrix with a high aspect ratio (a = w/d = width / height) therefore offers an attractive 
solution. If the rectangular channel height (small dimension d) is uniform, then the flow paths 
should provide evenly distributed heat exchange that involves the entire matrix mass. 

A comparison of surface areas for the three finite channel geometries having the same charac
teristic dimensions as in Fig. 1 is shown in Fig. 2. Although the high aspect ratio rectangles provide 
a smaller matrix surface area for contact with the working fluid, the parameter StPr '̂Vf is larger 
because of the lower AP. The surface area to AP ratio and the Nusselt number (Nu) to AP ratio are 
also larger for the rectangular geometry, so surface area alone is not sufficient to predict thermal 
performance. Because of the different channel geometries and channel distributions, the optimum 
"matrix depth," or inter-channel spacing, also varies with the porosity and geometry. Fig. 3 plots 
the matrix depth, i.e., the distance to the deepest part of the matrix material from the channel flow 
perimeter, as a function of the geometry and porosity. At a given operating firequency (30 Hz) and 
temperature (10 K), the ratio of the thermal penetration depth to the matrix depth should be large to 
enable optimum heat exchange between the working fluid (e.g., GHe) and the matrix bulk material. 
For porosities > 12 %, the matrix depth is smaller for the 10:1 rectangular channel geometry than 
for the tubes or spheres, and the thermal penetration depth to matrix depth ratio is therefore largest. 

The most important figure-of-merit for regenerator performance is the NTU/AP ratio, which is 
maximized with the parallel plate or high aspect ratio rectangular flow geometries. This figure-of-
merit is related to the parameter StPr '̂Vf by 

NTU/AP = (StPr^/Vf) X 2 p {Mmfl Pr '̂̂  (1) 



A LOW POROSITY REGENERATOR MATRIX FOR COOLERS 397 

- Infinite Parallel Plate 

-Collimated Tubes 

-Collimated 10:1 Rectangles 

-Equispaced Spheres 

0.45 

0.40 

0.35 

t 0,30 
CO 

g, 0.25 

a 0.20 

w 0.15 

0.10 

0.05 

0.00 

-oooooooooooooooooooooooooooooooa 
drect = 38 |im, aspect = 10 

" dtube = 38 ^m 
- rsptiere = 38 urn 

Regen Vol = 12.57 cm'̂ 3 
Regen Aspect = H/D = 2 
Flow rate = 1 g/s 

0.00 0.10 0.20 0.30 0.40 0.50 0.60 0.70 0.80 

Porosity 

Figure 1. Plot of the ratio StPr̂ '̂ /f vs. porosity for tliree matrix geometries. Collimated 10:1 
rectangular channels are in a "spiral-in-disk" configuration. Collimated tubes are in a triangular array. 
Spheres are equispaced. 

1.00 

0.90 

0.80 

0.70 

0.60 

0.50 

0.40 

0.30 

0.20 

0.10 

0.00 

0 

drect = 38 ^m, aspect = 1 0 
dtube = 38 ^m 

: - rsphere = 38 jifn 
_ Ftegen. Vol = 12.57 cm" 3 
;. Regen, Aspect = H/D = 2 

Flow rate = 1 g/s 

-Collimated 10:1 Rectangles 

-Collimated Tubes 

- Equispaced Sptieres 

Porosity 

Figure 2. Plot of the surface area vs. porosity for three matrix geometries for the same 
characteristic dimension. Collimated 10:1 rectangular channels are in a "spiral-in-disk" configuration. 
Collimated tubes are in a triangular array. Spheres are equispaced. 

" 5.0E-05 

O.OE+OO 

-Collimated 10:1 Ftectangles 
-Collimated Tubes "'^'^^ = 38 ^m, aspect = 1 0 

^ . J c- u — dtube=38nm 
- Equispaced Spheres ^ 

_ _ _ _ -_ rsphere = 38 (.im 
Regen. Vol = 12,57 cm»3 
F^gen. Aspect = H/D = 2 
Row rate = 1 ! 

0.80 0.00 0.10 0.20 0.30 0.40 0.50 0.60 0.70 

Porosity 

Figure 3. Plot of the matrix depth vs. porosity for three matrix geometries for the same 
characteristic dimension. Collimated 10:1 rectangular channels are in a "spiral-in-disk" configuration. 
Collimated tubes are in a triangular array. Spheres are equispaced. 



398 REGENERATOR MATERIALS DEVELOPMENT AND TESTING 

5.5 
5.0 
4.5 
4.0 
3.5 
3.0 
2.5 
2.0 
1.5 
1.0 
0.5 
0.0 

drect = 38 ^m, aspect = 10 
dtube = 38 urn 
rsphere = 38 ^m 

" Regen. Vol = 12.57 cm"3 
Regen. Aspect = H/D = 2 
Flow rate = Ig/s 

-Collimated 10:1 Rectangles 

- Collimated Tubes 

- Equispaced Spheres 

0.00 0.10 0.20 0.50 0.70 0.80 0.30 0.40 
Porosity 
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where NTU is the number of transfer units," p is the fluid density, A is the open (gas flow) area, 
and in is the mass flow rate. Unlike the parameter StPr^^/f, the ratio NTU/AP, for a fixed 
regenerator sleeve cross-section and a fixed mass flow rate, is a function of the square of the 
matrix porosity, which varies as A. This parameter also varies with the working fluid properties 
and was computed here for GHe at 2.5 MPa at 15 K. It is seen in Fig. 4 that for a fixed fiow rate 
the ratio of this figure-of-merit for any two geometries is identical to the corresponding ratio in 
Fig. 1. The ratio remains constant with decreasing porosity, while the figure-of-merit itself 
decreases. The parallel plate, or any rectangular channel with an aspect ratio > -3 :1 , is superior 
to the other geometries at any porosity and at any channel dimension. Collimated tubes, e.g., 
formed as perforated disks, have figures-of-merit that are ~16 % lower than the 10:1 rectangular 
channels. The compression losses in the void volume nonetheless drive the matrix design toward 
the lowest porosities.^'* A better figure-of-merit would include the axial thermal conduction loss 
through the matrix. If the NTU/AP ratio is to be increased at a fixed porosity, then the 
regenerator sleeve area must scale up with the gas flow area. But the axial conduction will then 
also increase, so there is a practical limit at which axial conduction ' ' becomes comparable to 
the compression loss. At a fixed porosity all collimated channel matrices will conduct heat 
equally in the axial direction, assuming equivalent matrix sections (e.g., disks), so the 10:1 
rectangular channels would still provide the best overall figure-of-merit. 

Previous Research 

Two different approaches to construct a low porosity matrix have been reported by Chafe 
and Green.*'' In one case embossed Nd ribbon strips were wound in a spool to approximate the 
desired parallel plate geometry.* In a second case perforated Nd disks were stacked together to 
form a collimated capillary geometry.' Both approaches resulted in a modest reduction in 
operating temperature (4.5 K to 3.8 K) for a given input power and heat load (0.5 W). These tests 
were conducted with a modified G-M cooler whose low temperature packed sphere matrix was 
replaced by the Nd ribbon or disk components. Matrix porosities in the range of 13 to 20 % were 
achieved, with the best temperature reduction achieved with the lowest porosity. Given its much 
lower porosity, the measured flow impedance (pressure drop / mass flow rate) was also favorable 
compared to packed spheres, although our calculations show that it was still well above the 
theoretical value for that geometry. The experimental results nonetheless indicated modest 
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performance improvements over packed spheres. The researchers did not operate the G-M at a 
higher frequency nor attempt to modify a pulse tube or Stirling cooler regenerator. 

M. Mitchell" has also fabricated and performed limited testing on an etched foil parallel 
plate regenerator matrix. The fabrication method requires a critically etched ribbon element to 
achieve both the flow channel and matrix spacing features along the entire regenerator length to 
ensure even flow distribution and to reduce axial conduction. It also involves critical splices in 
the foil to prevent bypass flow. However, this method has only been applied to stainless steel 
(not a suitable matrix material for < 15 K) and the theoretical matrix porosity is high, ~ 50 %. 

Kelly et a l ' have recently reported on the LIGA micro-machining process and its 
potential application to cryocooler regenerators. Their fabrication method employs a stack of 1 
to 2 mm thick washers with coUimated flow channels and porosities as low as 5 %. To achieve a 
uniform matrix depth over the matrix cross section, the symmetrically distributed channels 
would be identically round, hexagonal, or square (higher aspect ratios would be preferable). 
However, the authors indicate that there might be significant washer-to-washer porosity variation 
and that washer-to-washer channel alignment might be critical. Manufacturability of the LIGA 
matrix elements could be automated, but the washers would be expensive, because LIGA is a 
complicated multi-step process. It should also be noted that collimated tube matrix elements, 
which can achieve porosities comparable to our high aspect ratio rectangular channel matrix, 
have yet to be experimentally demonstrated because of the difficulty in fabricating micro-
channels having the diameter uniformity required for uniform flow and heat exchange. 

Marquardt and Radebaugh have recently made measurements of the effectiveness of a 
40 K miniature counterflow heat exchanger for Brayton cryocoolers. It is formed by diffusion 
bonding photo-etched components into an array of high aspect ratio rectangular channels. The 
authors note that flow maldistribution and channel deformation due to differential flow pressures 
are the primary design challenges. The measured effectiveness was 0.97, lower than the design 
value of 0.99, but better than similar comparably sized heat exchangers 

The fabrication approaches used in the foregoing research efforts are complicated and 
expensive. The limited published performance data indicate that flow and heat transfer efficiency 
can deviate from theoretical predictions. The disagreement between the measured and theoretical 
values is probably attributable to a maldistribution of the flow. Low measured flow impedance, 
e.g., is caused either by peripheral bypass flow or internal flow tlirough a significant fraction of 
larger-than-nominal passages, while high measured flow impedance is probably due to a failed or 
collapsed matrix design. Therefore, good agreement between experimental and theoretical flow 
impedance is a first criterion for validating a micro-channel matrix of known geometry. 

EQUINOX RESEARCH 

Matrix Description 

For maximum efficiency at T < 15 K a regenerator matrix needs to have a low porosity 
and a matrix thickness that is much less than the thermal penetration depth at the operating 
frequency. These two constraints drive both the channel size and spacing. During our research 
we investigated several micro-machining methods (EDM, laser, molding by LIGA process, etc.) 
for fabricating matrix disks that would have a long uniform and continuous (as opposed to 
segmented) spiral flow channel to meet these constraints. The required flow channel dimension 
was d = 38 |im with a fixed separation between adjacent spiral turns to ensure low porosity and 
compatibility with the thermal penetration depth of the matrix material at ~30 Hz. The result was 
that none of these methods was acceptable either due to cost and / or reproducibility. We were 
led to find a simpler approach and therefore revisited the spiral geometry. The simple approach 
taken here involves interleaved components and results in highly reproducible disks having a 
spiral array of 10:1 aspect ratio rectangular flow channels that closely approximate the parallel 
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Figure 5. Photomicrograph of Pb alloy matrix disk #9 with 380 micron x 38 micron (10:1) 
rectangular flow channels and -10% measured porosity. 

plate attributes of a continuous spiral. The porosity and flow measurements presented below 
support this segmented "spiral-in-disk" design concept and the fabrication approach that we 
employed. Moreover, this Inexpensive fabrication technique is workable for any flexible 
(preferably armealed) matrix material and can be automated with simple equipment. We 
successfiilly fabricated and flow tested several 6 mm and 4.7 mm thick disks of Pb alloy and Nd. 
A photomicrograph of a sample disk is shown before final processing in Fig. 5. 

High Frequency Operation 

The optimum regenerator matrix porosity is critically related to the magnitude of various 
frequency dependent and non-frequency dependent loss mechanisms.^'* Because the losses 
associated with axial heat conduction and working fluid heat transport become relatively less 
important at lower temperatures, the compression loss in the regenerator void volume can 
become dominant. These losses can be estimated, leading to optimized porosity and channel size 
(height d) gradients over the regenerator physical length and axial temperature range to optimize 
performance at a given operating frequency. 

The segmented spiral channel in the Equinox regenerator disk provides the clean high 
aspect ratio (10:1) rectangular geometry needed to establish a hydraulic diameter (D ~ 1.8d) 
close to the infinite parallel plate value (D = 2d) to maximize the NTU/AP figure-of-merit at a 
given porosity and mass flow rate. To effect maximum heat exchange between the matrix 
material and the oscillating gas, the matrix depth, i.e., the half-separation between adjacent spiral 
charmels (~ 9d/2 for a matrix porosity of 10%) must be small compared to the matrix material's 
thermal penetration depth, d;i.= (X/7icf)"^, at the operating frequency f and the local matrix 
temperature. The volumetric heat capacity c and the thermal conductivity A, of the matrix 
tj^ically increase with temperature. At f ~ 1 Hz and T = 15 K, d̂  ~ 2000 \xm for many rare 
earth materials. Since dj. varies as 1/f' ,̂ d;̂  ~ 365 \im at f = 30 Hz. Thus the half-separation 
must be at least < 365 \xm, and therefore d must be at least < 81 \im (-3.2 mils) for the desired 
10% porosity matrix disk. A value of 170 )xm for the half-separation would be much better, 
yielding d ~ 38 |im (-1.5 mil). By stacking several disks of thickness t and variable spiral 
channel dimension d, the porosity can be increased gradually toward the warm (-60 K) end to 
match the warm stage regenerator's fixed screen porosity of-65%. The value of d). -365 nm at f 
= 30 Hz and T = 15 K will decrease toward the 4 K end, leading to further reduction of channel 
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height d from 38 ^m. However, the limit to that reduction is determined by the fabrication 
method; at this time the limit is ~ 20 p.m without special processing. Non-uniformity of the disk 
chaimels would cause flow maldistribution through different areas of the disk. Since the mass 
flow varies as d for a fixed aspect ratio, the mass flow rate variation in a given channel is four 
times larger than the chaimel variation. The flow would be disproportionately distributed in the 
widest channels, negating the heat exchange fimction of much of the matrix material. A goal of 
continuing research at Equinox is to experimentally determine the acceptable variation in d for 
the thousands of channels comprising the total flow cross section, i.e., the required chaimel 
distribution function. We estimate that a standard deviation of 1.25 |im for d = 38 ^m would put 
96% of the total flow within 15 % of the nominal value over 95 % of the matrix cross section. 

At this time the choice of matrix materials for fabricating these disks is more limited than 
for the packed sphere matrix. Although the highest volumetric heat capacities over the 
temperature range are desirable, achieving a uniform flow within the disk is also paramount. It is 
equally important to use well-characterized materials, since many rare earth compounds have 
high uncertainty in location of heat capacity peaks, i.e., paramagnetic transition temperatures. 
Fully annealed, both Nd and Ero.sPros are pliable at room temperature and can be processed like 
lead alloy to achieve the uniform channels. Britfle disks would be susceptible to thermal and 
mechanical shock that could alter the flow channel uniformity, defeating the fundamental design. 
Nd and Ero.sPro.s are also antiferromagnetic below their paramagnetic transitions, important for 
extending the matrix application to 4 K SQUID systems. 

Data 

Several Pb alloy and Nd matrix disks having measured porosities of - 1 1 % were 
successfully fabricated at Equinox. The photomicrograph in Fig. 5 above shows a magnified 
portion of a disk cross section (Sample #9) during processing. Calibrated dimensional 
measurements across the disk diameter are in excellent agreement with the known matrix 
material dimensions and are consistent with the nominal channel height, d = 38 \xm (1.5 mil). 
Fig. 6 plots the derived disk porosity for nine sample disks. Values were determined from 
measured component masses and the disk as-built dimensions. The disk-to-disk variation o f - 5 % 
is primarily due to the mass uncertainty. Equinox flow-tested the Pb alloy disks both individually 
and as a prototype regenerator stack at ambient temperature. Fig. 7 compares the measured flow 
impedance (APM) of each sample to the theoretical value for a disk having the nominal channel 
dimension d = 38 \xm, the nominal 10:1 aspect ratio, the measured disk thickness (t = 6 mm), and 
the nominal total number of channels n = 1230. Neglecting the chaimel radius of curvature and 
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Figure 6. Plot of measured porosities of 9 disk samples. Dashed line is the -10% theoretical value. 
The ordinate zero is suppressed. Error bars show the standard deviation. 
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Figure 7. Measured GHe flow impedances vs. mass flow rate at 295 K and ~ 12 PSI ambient vent 
pressure for the individual disk samples. The solid line shows the theoretical disk impedance for the 
nominal 38 p,m channels per Eqn. (2). The ordinate is suppressed. 

end effects at the disk faces, the theoretical disk impedance is 
Zth=12.37r|t/napd'* (2) 

where r[ and p are the viscosity and density of GHe at the ambient temperature and average 
pressure. The data curves are distributed fairly evenly about the theoretical impedance curve. 
From Eqn. (2) it was determined from the measured impedances that the effective channel height 
d for six of the nine samples was within ~3 % of the nominal value based on dimensional 
measurements of the matrix component materials. Fig. 8 plots these values; the standard 
deviation is 1.4 |um. We note that with increased fabrication experience, our final samples 
achieved increasingly better conformity to theoretical porosity and flow criteria. Fig. 9 shows 
the measured flow impedance for a stack of 3 disks (samples 7, 8, 9) assembled in a crude 
prototype regenerator configuration. The qualitative agreement is good, but the data lie slightly 
below the theoretical curve, possibly indicating weak bypass flow at the middle disk. 
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Figure 8. Plot of the derived rectangular channel height dimension d for 9 disk samples. Dashed line 
shows the nominal 38 ^m value. The ordinate zero is suppressed. Error bars show the standard deviation. 
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Figure 9. Measured GHe flow impedance at 295 K for a prototype matrix (3-disk stack). The solid 
line shows the theoretical impedance for the matrix using the "as measured" disk impedances from Fig. 7. 
The ordinate is suppressed. 

Future Research 

A primary research goal for matrix optimization using the segmented spiral-in-disk 
fabrication approach is to determine the optimum size and number of disks per unit length 
required to maximize the figure-of-merit and reduce axial heat conduction while also limiting 
any pressure losses associated with entrance/exit effects between disks. Current numerical 
models that assume a homogeneous regenerator matrix cannot do this. Thus, experimental 
optimization of the working length and aspect ratio of a prototype regenerator through in-situ 
cryogenic performance testing is fundamental to the matrix development. Such work is currently 
scheduled during 2004. The effect of graduated matrix porosity will also be investigated. 

CONCLUSIONS 

The theoretical regenerator matrix figure-of-merit, expressed as the NTU/AP ratio, is 
optimized with a parallel plate or high aspect ratio rectangular geometry. Prototype disks 
with porosities o f - 1 1 % for high frequency applications have been fabricated. A method for 
reproducibly achieving the matrix geometry with low porosity has been developed. 
Components with 10:1 rectangular flow charmels have been produced in the form of a 
segmented spiral-in-disk channel. Preliminary ambient GHe flow tests in disks with nominal 
38 |xm flow channels indicate worst case effective dimensional uncertainties to be within 
-1.4 |xm of nominal, or ± 3.7 %. A prototype regenerator comprising a stack of these disks 
has a porosity of < 15 % and a flow impedance close to the theoretical value. Cryogenic 
performance testing is expected to confirm the Equinox fabrication approach and the 
application of this matrix for high frequency low temperature regenerators. 
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ABSTRACT 

NASA, Air Force, Missile Defense Agency (MDA), and DoD repeatedly express the need for 
long-life, low maintenance space cryocoolers. Two types of cryocoolers that meet these require
ments are the pulse tube and the Stirling coolers. One of the major factors limiting the efficiency of 
these coolers is the regenerator. Improving the regenerator performance would substantially in
crease the efficiency and thus reduce the power required to operate these coolers. 

Recent advances in the field of microfabrication have resulted in the ability to create advanced 
geometries in lead and erbium alloys for use as regenerators in cryocoolers. The performance of 
cryocoolers, both in terms of power efficiency and the attainable cold end temperature, is strongly 
influenced by the geometry and cryogenic thermal properties of the regenerator material. These 
new fabrication techniques allow for the ability to reduce the pressure drop across the regenerator 
and improve the thermal capacity by optimizing the porosity, channel shape, channel size, and 
material of construction. Previous work indicates that the resulting regenerators support lower 
NPH/NTU values over current screens and powders used in cryocoolers.' 

While these advanced geometries have already been formed in both lead and erbium, the tech
nology can be expanded to include a wide variety of materials such as other rare-earth alloys, 
stainless steel, copper, and nickel alloys. A complete regenerator has been formed out of lead and 
is currently being evaluated. Improvements in the thermal performance of the regenerator will 
result in an overall improvement in regenerative cryocoolers, especially at the lower temperature 
ranges (<30K). 

INTRODUCTION 

Regenerative cryocoolers can be used to maintain the temperature of a device at cryogenic 
levels ranging from approximately 4 to 70 K. The performance of such cryocoolers, in terms of 
power efficiency and the attainable cold end temperature, is strongly influenced by the geometry 
and cryogenic thermal properties of the regenerator design and material. Depending upon the ap
plication, preferred regenerators typically have one or more of the following characteristics: 

• High heat transfer area • Low pressure drop loss 
• High wall-to-gas heat transfer • High heat capacity 
• Low axial conduction • Low dead (void) volume 
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Previously, wire meshes and packed beds of powders have been used as the thermally conduc
tive components for regenerators in cryocoolers. For these systems, the pressure drop across the 
regenerators for a given unit of heat transfer is high (typically at or above about 6 NPH/NTU), 
resulting in low overall efficiency of the cryocooler.' This problem is particularly acute at low 
temperatures (below 3 OK) where manufacturing limitations have resulted in cryocoolers with re
generators consisting of packed beds of lead powders (for temperatures in the range of 10-3 OK) or 
magnetic intermetallic compound pellets (at temperatures below lOK). Packed powder beds have 
at least two disadvantages. First, they have very high pressure drops. Second, their porosity is fixed 
at approximately 38%, and carmot be reduced to more desirable values. Both factors are significant 
contributors to the low efficiency of cryocoolers employing packed powder beds.^ 

Regenerators made from stacked, porous plates through which fluid can flow have also been 
proposed for use in regenerators. Current plate designs suffer from losses of efficiency due to the 
difficulties in manufacturing thin plates with extreme precision to maximize the efficiency of heat 
transfer and fluid flow dynamics. Until now, available manufacturing methods (other than those 
for wire meshes and packed beds of spheres) used to fabricate the intricate geometries required in 
regenerators have been limited. Such options have included photoetching, excimer lasers, electron 
beam drilling, and conventional single electrode electro discharge machining (EDM). Each of 
these methods has major drawbacks that prevent it from being feasible for regenerator fabrication. 
Photoetching can only produce features that have aspect ratios less than two, resulting in plates that 
are less than 100 microns thick and have poor sidewall quality. Thousands of these plates have to 
be fabricated reliably for each regenerator formed. Excimer lasers have the ability to create the 
required geometry, but the process is extremely slow. Current lasers take about 10 seconds to drill 
a 50 micron hole in a 200 micron thick sheet of material. Using this process to create a complete 
regenerator in certain designs could take more than one month of processing time, which is not 
practical for production. Electron beam drilling is very fast and is capable of drilling hundreds of 
holes in a single second, but the smallest hole that can be drilled is 50 microns and the highest 
possible porosity is 8% due to a severe taper that develops during the process. Thus, electron beam 
drilling cannot be used to produce a thermodynamically optimal regenerator. In the case of conven
tional single electrode electro discharge machining (EDM), the process can create certain geom
etries, but is very slow and would be cost prohibitive for production. Thus, a need still exists for a 
way to fabricate regenerator plates that have characteristics that can improve the efficiency of the 
regenerators in which they are employed. 

Mezzo has utilized two methods to fabricate disks for regenerators. The first method employs 
the LIGA process to directly mold lead disks. LIGA stands for X-ray Lithography, Electroforming 
(German: Galvanoformung), and molding (German: Abformung). As the name implies, this tech
nology allows us to define high aspect ratio structures in a three-step micro fabrication technique: 
x-ray lithography, followed by an electroforming step to produce a metallic molding die, which is 
then used to mold microcomponents. In the traditional LIGA process the mold is used to form 
polymer parts, but Mezzo has modified the process for the molding of lead. Mezzo utilizes the 
x-ray facility at the Center for Advanced Microstructures and Devices (C AMD) to perform its x-ray 
lithography. The LIGA process can produce structures as deep as 2000nm with lateral dimensions 
as small as a few microns. The sidewalls of these structures are extremely smooth with roughness 
measured in nanometers, and are essentially vertical with lateral dimensional variation/height on 
the order of 0.1 |im/I OOnm. Due to low setup and production costs associated with the reproduction 
of microstructure via molding, LIGA promises to be a cost-effective mass production method, which 
can be used to produce highly accurate and complex microstructures for a wide variety of products. 

Figure 1(a) is a series of molded lead plates that have been stacked to form a regenerator 
particularly suitable for a Stirling cycle cryocooler. Figure 1(b) is a micrograph of the molded lead 
sheet with an array of microchannels featuring an alignment aperture through which an alignment 
pin may extend, so that when stacked upon one another, each disk can be easily aligned with its 
adjacent counterparts. Each micro-channel is aligned with a corresponding micro-channel of an 
adjacent disk creating a continuous flow path through the stack. 

The second regenerator manufacturing method developed at Mezzo begins with the formation 
of a molding die consisting of an array of microfeatures, typically microposts/microslots, which are 
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Figure 1(a): Stacked plate regenerator Figure 1(b): Micrograph of lead disk, 
made from lead disks. 

used to create through-channels, alignment features, and walls that form the perimeter of a single 
disk. In the case of molding lead, the LIGA tool is pressed into the lead using a combination of heat 
and pressure. In the second method, referred to as LIGA-EDM, the LIGA tool is used in conjunc
tion with an EDM machine to form the disk for the regenerator. EDM technology began over fifty 
years ago and has been developed in recent years to allow for high precision and control over the 
process. EDM removes material using an electric spark and can be applied to any conductive 
material. In this technology, a high-frequency pulsed ac or dc current is applied through an elec
trode or wire to a material, which then melts and vaporizes the surface of the work piece. The 
electrode never comes into contact with the piece, but instead discharges its current through an 
insulating dielectric fluid across a very small spark gap.^ This process has been combined with 
LIGA-fabricated electrodes in the past with success'' and is applied towards fabricating regenera
tors in this work. 

In order to fabricate a working regenerator using EDM, a LIGA tool consisting of an array of 
microposts or microslots, shown in Fig. 2, was fabricated. The LIGA tools act in a similar fashion 
as they do when they are used to mold materials. The LIGA tool is attached to the plunger (cutting) 
section of the EDM and is pushed into the material (Er) to be cut. As the micro posts are driven into 
the Er, material is removed to form the negative of the LIGA tool. The main advantage this method 
has over single electrode EDM methods is that hundreds of thousands of holes can be created in 
parallel, allowing for quick processing as shown in Fig. 3. 

The LIGA-EDM manufacturing process allows for the production of custom engineered ge
ometries of cryogenic materials, which when assembled into a working regenerator should result in 
highly efficient regenerators that would greatly improve the performance of cryocoolers. It also 
enables the fabrication of high-aspect ratio microchannel regenerator plates that are more precise 

Figure 2. Close-up of completed nickel molding tool; the larger post in the figure on the left is the 
alignment post. 
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Figure 3. EDM process, figure on left is prior to EDM, figure on right is after EDM. 

and economical than those produced by any other current method. The ability to design and engi
neer the shape and size of the regenerator provides the opportunity to both optimize the porosity of 
the regenerator and decrease the pressure drop across the length of the regenerator. The particular 
geometries of the microchannels in cross-section may vary substantially depending upon the de
sired porosity, other fluid dynamic considerations, and manufacturing practicalities. Thus, for ex
ample, the microchannels may have a smooth, unitary wall to form, in cross-section, a circular or 
elliptical shape, or the microchannels may have two or more walls which intersect at angles to form 
in cross-section a triangle, square, rectangle, hexagon, octagon, etc. 

In certain regenerator designs, for example, each plate is a solid circular disk or a flat annular 
ring with: 

• inner diameter preferably in the range of 0 to 6 centimeters 
• outer diameter preferably in the range of 1 to 10 centimeters 
• average thickness in the range of 100 to 500 microns 
• hydraulic diameter in the range of 20 to 50 microns, and 
• total height of the stack of plates preferably in the range of 1 to 20 cm. 

The microchannels may be laid out in one of a variety of array formats. A preferred array 
format is one that is substantially uniform so that each microchannel is an equal distance 
away from each neighboring microchannel over the annular or circular disk. For low tem
perature applications (<20K), each plate preferably has a porosity in the range of 0.10 to 0.30. 
The sheet of thermally conductive material is typically metal or metal alloy with a thickness 
in the range of 100 to 500 microns. However, any material that is sufficiently thermally 
conductive and meets the physical and chemical requirements of the specific application may 
be used. In some applications, metals or metal alloys are particularly suitable and may be any 
conductive material in general (copper, stainless steel, Inconel, rare-earth alloys). However, 
due to their high heat capacity at cryogenic temperatures, Er-alloys and other intermetallic 
compositions such as HoSb, NdGe, PrGe, ErPr, ErjNi, or Er^ jDy^ jNi^, are the preferred ma
terials for cryocooler regenerators, particularly at temperatures below 15 K. Figure 4 shows 
micrographs of an erbium regenerator disk fabricated at Mezzo. 

i 
Figure 4. Erbium regenerator disk. 
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Figure 5. Multiple material regenerator (left); single material regenerator (right). 

Materials at very low temperatures typically lose their specific heat (heat capacity), resulting in 
inefficiencies in the overall system. With the developed manufacturing method, multiple materials 
can be used in the cold region of a regenerator, allowing for high and uniform heat capacity throughout 
the regenerator. Figure 5 illustrates a regenerator formed using three different disk materials, as 
compared to a single material disk stack. 

CONCLUSION 

Previous work has highlighted the significant impact microchannel regenerators can have on 
cryocooler performance by both increasing the amount of heat stored and decreasing the pressure 
drop of the regenerator.' Models demonstrate the potential of microchannel regenerator plates to 
provide an optimal combination of channel geometry, porosity, and matrix material leading to 
substantial improvements over existing systems. In addition to performance factors, regenerators 
mad6 with the described method also provide advantages in terms of ease of assembly and environ
mental safety, such as avoiding the hazards associated with the use of lead microspheres. 
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ABSTRACT 

Over 20 Stirling-type nonmagnetic and nonmetallic pulse tube cryocoolers (NNPTCs) intended 
to support the portable cryogen-free low-noise continuous operation of high-Tc SQUIDs have 
been constructed and tested at CL/TIPC/CAS. All cooler components in the vicinity of the SQUIDs' 
pickup loops are made of nonmagnetic and nonmetallic materials to eliminate cooler-generated 
interference and to realize direct coupling with the SQUIDs. The system designs are described, and 
the positive and negative effects of the use of nonmetallic materials on the cooler performance are 
analyzed. A set of experiments on 24 Stirling-type NNPTCs have been carried out to optimize the 
cooler geometry and working parameters, and to investigate the working principles of the coolers. 
Preliminary results are considered satisfactory, and the analysis and evaluation of the cooling per
formance and interference characteristics of this new-type pulse tube cooler are presented. 

INTRODUCTION 

Superconducting Quantum Interference Devices (SQUIDs) are the most sensitive magnetic 
flux-to-voltage sensors known so far. They have been utilized in a wide variety of applications 
such as biomagnetic research, geophysical surveys, nondestructive evaluation (NDE), and SQUID-
based instrumentation for advanced scientific research.'-^ For more than a decade since they ap
peared, liquid helium filled cryostats had been the only cooling option. In the 1970s, the concept of 
supplying a cryogen-free mechanical cooling system for low-Tc SQUIDs was proposed and re
duced to practice soon afterwards.^ However, progress was slow, and extensive applications were 
not realized. The advent of high-Tc SQUIDs in the late 1980s relaxed the cooling requirements and 
thus made the situation less severe. From then on, many attempts have been made to cool high-Tc 
SQUIDs with various types of cryocoolers. 

Compared with cryogen-filled cryostats, the cryogen-free cryocoolers are mobile, user-friendly 
systems. They can realize turnkey operation, and there exists the possibility of operating the system 
in all orientations. Moreover, the flexible operating temperature may give potentially better SQUID 
performance (unlike the cryogens, whose operating temperatures are nearly fixed). Unfortunately, 
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cryocoolers introduce much more complicated interference than do cryogens. If no special mea
sures are employed, the intensity of disturbances generated by commercially available cryocoolers 
are often hundreds of times the intrinsic noise level of the sensors; this can make the output of the 
SQUIDs meaningless. In fact, providing an appropriate low-noise mechanical reftigeration system 
for SQUIDs has been an enormous challenge since they appeared. 

GM and Stirling cryocoolers have been the workhorses for cooling high Tc SQUIDs. But their 
moving displacers introduce distinct, sometimes severe, mechanical vibrations and electromag
netic interference (EMI) signals. These are often fatal for the SQUID operation and have required 
that the coolers be separated from the sensors in time or space. This has been named the time-
separation or space-separation method, accordingly. In the time-separation concept, the cooler is 
turned off during the SQUIDs' operation, while a latent cold reservoir is used to keep the tempera
ture stable; this results in non-continuous operation of the SQUIDs. Moreover, the frequent switch
ing on and off aggravates the wear of the coolers. The space-separation method' is designed to 
substantially reduce the interference by increasing the distance between the cooler and the SQUIDs, 
thus supporting non-interrupted operation. However, it usually significantly adds to the size and 
complexity of the system, and requires more additional cooling power. These disadvantages asso
ciated with GM and Stirling coolers have greatly hindered their wider acceptance as a cooling 
system for high Tc SQUIDs. 

Pulse tube cryocoolers (PTCs), on the other hand, are particularly attractive candidates for 
cooling high Tc SQUIDs because of the absence of moving parts at low temperatures. The feature 
has the potential for introducing much less vibration and EMI. For example, acceleration measure
ments* have shown that the vibration generated by PTCs is an order of magnitude less than that of 
GM knd Stirling coolers. And, there exists the possibility of continuous operation of SQUID sen
sors when they are near or even attached directly to the coolers. Therefore, there has been a surge of 
interest in attempting to cool high Tc SQUIDs by PTCs since the mid 1990s; this is when mature 
PTC commercial products became available.' 

STIRLING-TYPE NNPTCS 

PTCs are divided into "Stirling-type" and "GM type" according to their drivers and operating 
frequencies. So far, nearly all PTCs developed for cooling high Tc SQUIDs have been of the GM 
type, whose structural features greatly constrain the potential applications of high Tc SQUIDs. For 
example, presently, the practical application of high Tc SQUIDs is heavily confined to biomagnetic 
measurements and diagnostics due to the clumsiness of the cooling system. Moreover, the me
chanical vibration introduced by the rotary valve is still so severe that sometimes the time-separa
tion or space-separation method has to be employed.'^*' Stirling-type PTCs have many advan
tages over their GM type counterparts in terms of compactness, flexibility, and portability, due to 
their much smaller volimie and much lighter weight (a reduction in volume or weight by a factor of 
5 to 10). These merits greatly widen their potential application, especially in some special domains 
such as space and military, where SQUIDs are begirming to play an important role. Moreover, the 
vibration is damped further due to the absence of rotary valves, and this adds the possibility of 
coupling the SQUID sensors directly to the cold head. Therefore, we have attempted to develop a 
better cooling system based on Stirling type PTCs. 

To realize the direct coupling of high Tc SQUIDs with the PTCs, another troublesome prob
lem has to be solved in advance. Nowadays, nearly all components of the conventional PTCs are 
made of metallic materials or materials that exhibit marked remnant magnetization, such as OFHC 
copper cold heads, stainless steel tubes, stainless steel or copper regenerator matrix and flanges, 
etc. The magnetic components can also induce EMI because they generate Johnson noise, and then 
cause distortion of environmental fields. To solve the intractable problem in a simple and advisable 
way, we decided to fabricate all key components of the PTCs using nonmagnetic, noimietallic, and 
electrically insulating materials. For short, we have named this pulse tube a NNPTC" 

The selection of materials for Stirling-type NNPTCs is important and arduous work. Based on 
a series of systematic experiments, we chose a special machinable ceramic for the cold heads and 
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Figure 1. The schematic diagram of the system designed for high Tc SQUIDs. 1 - cold head; 2 - vacuum 
bonnet; 3 - flow straightener; 4 - hot end flange; 5 - double inlet; 6 - orifice valve; 7 - gas buffer; 8 -
fi-equency converter; 9 - transformer; 10 - compressor; 11 - flexible tube; 12 - matrix; 13 - pulse tube; 14 -
regenerator tube; 15 - flow straightener. 

used stacked Nylon screens for the regenerator matrix. We fabricated the regenerator tubes using a 
special glass-filled epoxy resin and the pulse tubes with a kind of Nylon plastic. The vacuum 
bonnet and connecting flanges are made of acrylic glass, and all flow straighteners are of 
pol5^etrafluoroethylene plastic. All of the materials can be regarded as nonmagnetic, nonmetallic, 
and electrically insulating, and their mechanical, thermal, and cryogenic properties meet the corre
sponding requirements, respectively. More detail can be found elswhere.''''""'^ 

The characteristics of the Stirling-type NNPTCs are suitable for the construction of portable 
cryogen-free cooling systems with very low vibration. This includes the potential of supplying 
continuous low-noise cooling for high Tc SQUIDs, even when the sensors are attached directly to 
the cold head. 

SYSTEM DESCRIPTION 

A schematic diagram of the system specially designed for cooling high Tc SQUIDs is shown 
in Fig.l. The NNPTC is a single-stage coaxial type design. A special synthetic epoxy resin adhe
sive is used to make the connection between the tubes and the cold head and flanges; this makes the 
system more compact. The double-inlet configuration is adopted to get better performance, and the 
needed phase shift is achieved by adjusting the needle valves at the hot end of the pulse tube. 

The compressor system consists of a frequency converter, a transformer, and a linear compres
sor. The transformer protects the compressor, and the frequency converter adjusts the operating 
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Table 1. The dimensional parameters of No.6 NNPTC. 

Regenerator tube 

Inner diameter 

(mm) 

11 

Wall thickness 

(mm) 

1.25 

Length 

(mm) 

60 

Pulse tube 

Inner diameter 

(mm) 

5 

Wall thickness 

(mm) 

0.75 

Length 

(mm) 

74 

Regenerator 
matrix 
Mesh 

400 

frequency. To reduce the vibration generated by the compressor, it is connected to the NNPTC via 
a small-diameter flexible tube. 

Four pressure transducers are used to measure the pressure drops through the orifice and double-
inlet valves and the pressure variation in the gas buffer. A Pt-100 resistance thermometer is used to 
measure the cold-end temperature, and several other Pt-100 thermometers are placed along the 
external wall of the regenerator to monitor the temperature profile. A wattmeter is used to measure 
the input electrical power to the compressor, and another wattmeter is used to measure the cooling 
power of the cooler. 

THE EFFECT ON PERFORMANCE OF USING NONMETALLIC MATERIALS 

The Positive Effect 

It is interesting that the use of normietallic materials for tubes and regenerator matrix results in 
a beneficial by-product, that is, the axial thermal conduction losses are reduced greatly due to the 
much lower thermal conductivities. For example, for a sample coaxial NNPTC, no.6, whose di
mensional parameters are shown in Table 1, the sum of axial conductions loss through the tubes, 
stacked screens, and the working gas (helium) is only about 9.2% of that of a PTC with the same 
dimensions, but whose tubes and matrix are made of stainless steel. '-̂  It should be pointed out that 
the walls of the regenerator tubes in common metallic PTCs are seldom as thick as those of the 
nonmetallic tubes, so the actual decrease of the axial conduction loss would not be as great. 

The Negative Effects of Use of the Selected Nonmetallic Matrix 

For a given regenerator housing, there are two important factors that influence the perfor
mance of regenerators. They are the volumetric heat capacity of the matrix materials, c^, and the 
thermal penetration depth in the solid matrix. A,. The volumetric heat capacity indicates how much 
heat per volume can be stored. We have computed the variation with temperature of the ĉ^̂  for 
stainless steel and the three nonmetallic materials. Nylon, Kapton, and Teflon"'^ and find that the 
c^ of Nylon is the highest of the three nonmetallic materials, but is only about 0.38 - 0.55 times that 
of stainless steel in the temperature range of 60-300 K; this indicates poorer regenerator perfor
mance compared with those with the metallic parts. 

Based on thermoacoustics theory'^, the thermal penetration depth in the solid should not be 
smaller than the characteristic matrix dimension (which refers to the wire diameter of stacked screens) 
to avoid degrading the effective heat capacity. For high-frequency miniature PTCs working at 
liquid nitrogen temperatures and using 300-400 mesh stainless steel stacked screens, all of the 
wire will contribute toward the effective heat capacity, and we needn't consider the effect of the 
thermal penetration depth.'^''* However, the situation is different for a Nylon matrix. The thermal 
penetration depth for Nylon is only 21.5-28.5% of that of stainless steel at the same frequency'^, 
and when the frequencies are between 30-80 Hz and the temperatures between 60-300 K, the 
thermal penetration depth for Nylon is of the same order of magnitude or smaller than the wire 
diameter of 400-mesh screens. Thus, we can not be sure that all of the wire will contribute toward 
the effective heat capacity. In order to reduce the negative effect, either a lower operating fre
quency or a larger mesh of screens would have to be adopted. It is difficult to produce the normie
tallic screens with too fine a mesh (we use 400-mesh Nylon screens in the experiments), so a lower 
operating frequency becomes inevitable. 
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According to calculations'^ for temperatures in the range between 60 and 300 K, to guarantee 
the same thermal penetration depth, the drive frequency of a NNPTC would have to be 0.045-
0.090 times that of a PTC of the same dimensions with stainless steel screens. Because the opti
mum drive frequency for a conventional Stirling-type PTC is usually in the range of 3 5 - 65 Hz, the 
drive frequency of a NNPTC with Nylon matrix would need to be between 1.575 Hz and 5.85 Hz; 
this is impossible and meaningless for a Stirling-type PTC. So poorer performance of a NNPTC 
can be expected, and optimization of the cooler's construction becomes particularly important. 

EXPERIMENTAL INVESTIGATION OF STIRLING-TYPE NNPTCS 

During the last four years, 24 Stirling-type coaxial NNPTCs have been fabricated and tested 
systematically in the Cryogenic laboratory of the Technical Institute of Physics and Chemistry, 
Chinese Academy of Sciences (CL/TIPC/CAS). The experiments have focused on investigations 
of the effect of the cooler geometry aind working parameters on cooling performance. The optimum 
parameters have been obtained, and the preliminary-target cooling capacities have been achieved. 

Experimental Optimization of the Cooler Geometry 

A theoretical model that includes the thermodynamic and the hydrodynamic behavior of gas 
parcels in an oscillating-flow regenerator was developed, and, based on the model, a preliminary 
set of optimum regenerator dimensions was obtained.'^ Then, a series of experiments was per
formed to address practical design issues and optimization of operational parameters. 

Jo optimize the dimensions of the regenerator, two sets of experiments were carried out. For 
thesd, the same pulse tube was used, and the regenerator geometry was allowed to vary between test 
items in the same test set. For test set 1, the pulse tube measured 5 mm in inner diameter and 
70 mm in length and had a wall thickness of 0.75 mm. The seven regenerators in the set all had the 
same volume, but had different aspect ratios (the ratio of the length to the irmer diameter). The 
operating conditions were held constant at a mean pressure of 3.5 MPa and a frequency of 40 Hz. 
The input electric power was maintained at 72 W, and the swept volume of the specially-designed 
compressor was varied from 0 to 1.66 cm^. Test set 2 had the same experimental parameters except 
that the pulse tube measured 5.5 mm in inner diameter and 76 mm in length. Figure 2 shows the 
variation in no-load temperature of the cold heads with the aspect ratio of the regenerators. The 
optimum aspect ratio of the regenerators is seen to be in the range of 5 to 6. 

Next, another two sets of experiments (set 3 and 4) were conducted for pulse tube optimiza
tion. For set 3, the regenerator measured 11 mm in inner diameter and 57 mm in length, with a wall 
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Figure 2. Variations of the no-load temperatures with the aspect ratio of the regenerators. 
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Figure 3. Variations of the no-load temperatures with the aspect ratio of the pulse tubes. 

thickness of 1.25 mm. The seven pulse tubes defined a set of constant volume and variable aspect 
ratio. The charge pressure, operating frequency and the compressor were the same as was used in 
set 1 and set 2, but the input electric power was maintained at 70 W. Set 4 used another regenera
tor, which measured 11 mm in inner diameter and 60 mm in length. Figure 3 shows the variation in 
the no-load temperature of the cold heads with the aspect ratio of the pulse tubes. The optimum 
aspect ratio of the pulse tube is seen to be in the range of 13 to 16. It should be noted that tempera
ture fluctuations were not as severe as those in the earlier regenerator-optimization experiments. 

Finally, additional experiments were performed with the optimization variable being the ratio 
of the volume of the pulse tube to the void volume of the regenerator. The optimum ratio was found 
to be in the range of 0.5 to 0.6.'-

Experimental Optimization of the Working Parameters 

Based on the above optimizations of the pulse tube and regenerator geometry, several NNPTCs 
were fabricated and tested systematically to optimize the working parameters. These included 
operating frequency, charge pressure, input power, temperature of the hot end, opening of the valves, 
direction of the asymmetric double-inlet valve, orientation of the cold head, etc. In the following 
paragraphs we have chosen some representative experimental test data for presentation. 

Figure 4 shows the frequency dependence of the no-load temperature of the cold head for the 
coolers. The optimimi operating frequency is seen to be between 36 and 40 Hz. With the same 
geometry and working parameters, the optimiun frequency for the conventional metallic PTCs 
developed in the same laboratory is usually around 50 Hz. The lower optimum operating frequency 
is attributed to the smaller thermal penetration depth, as discussed previously.'^ 

Figure 5 shows the variation in the no-load temperature of the cold head with the temperature 
of the hot end for two coolers. The no-load temperature rises sharply with an increase of the tem
perature of the hot end. Cooling of the hot end is important to the optimization of the NNPTCs 
because of the lower thermal conductivities of the materials. 

DC flow occurring around the loop formed by the regenerator, pulse tube, and the double-inlet 
is a well-known problem, and asymmetric resistance components are usually employed to reduce 
or cancel it. In the experiments, asymmetric double-inlet valves were used, and they are defined as 
in the positive direction when the needle points toward the warm end of the pulse tube; the opposite 
orientation is defined as in the negative direction. Figure 6 shows the cool-down curves for the 
no.5 cooler for the two directions. When in the positive direction, the no-load temperature is 10.6 K 
lower than that in the negative direction. We conclude that the direction of the intrinsic DC flow in 
the no. 5 cooler is from the inlet of the regenerator to the hot end of the pulse tube via the double-
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Figure 4. Frequency dependence of the no-load temperature. 
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Figure 7. Temperature dependence of the net cooling power of the NNPTC. 

inlet valve. We also observe that the cool-down curve when the double-inlet valve is in the negative 
direction is not as smooth as that in the positive direction, which can be attributed to the impact of 
a larger DC flow. 

Typical Performance of the Stirling-type NNPTCs 

At present, a cooling power of over 100 mW at 80 K with 70 W input electrical power has been 
achieved for the 24 Stirling-type coaxial NNPTCs.".'^ As an example, we herein present the ex
perimental parameters and results for the no. 6 cooler. Its dimensional parameters were shown 
earlier in Table 1. The operating frequency changes between 30 and 100 Hz, and the charge pres
sure varies from 2.0 to 3.6 MPa. Under the optimum working parameters, the no-load temperature 
reached 76.8 K after 80 minutes, and a cooling power of 130 mW at 80 K was achieved with 72 W 
of input electric power. The cooling capacity meets the basic cooling requirements of most high Tc 
SQUIDs, which require a cooling power from about 100 mW to a few hundreds watts. Figure 7 
shows the temperature dependence of the cooling power of the no.6 cooler between 80 and 100 K. 

The efficiency of the no.6 NNPTC at 80 K is about 0.6% of Camot efficiency, while the 
corresponding value for most metallic coaxial Stirling-type PTCs is in the range of 4-11%.'^ The 
much poorer performance of the NNPTCs confirms the previous analysis, and the main cause is the 
use of the nonmetallic regenerator matrix.'^ 

The remanent magnetic field and Johnson noise in the no.6 NNPTC can be negligible because 
all the components in the vicinity of the SQUID pickup loops are made of nonmagnetic and nonme
tallic materials. According to the measurements'2, the interference induced by the translation and 
rotation of the cold head is about 50-60/J . /VHZ, and the maximum temperature fluctuation of the 
cold head at 80 K with 130 mW applied heat load in 800 seconds was about 40 mK. The results 
indicate that the cooler can meet the basic noise requirements of most high Tc SQUIDs. 

DISCUSSION 

Successful application of high Tc SQUIDs is strongly tied to the development of satisfactory 
refrigeration technology. Pulse tube cryocoolers (PTCs) are promising candidates for providing 
low-noise cryogen-free cooling systems for high Tc SQUIDs because of their lower mechanical 
vibration and electromagnetic interference. Stirling-type pulse tube coolers are especially suitable 
for the task due to their compactness, portability, and lower vibration. Fabricating all of the cooler 
components in the vicinity of the SQUIDs' pickup loops using noimiagnetic and nonmetallic mate
rials minimizes the cooler-generated EMI and opens the possibility of coupling the SQUIDs di
rectly to the coolers. 
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The use of nonmetallic materials reduces the axial thermal conduction losses to some extent, 
but lower heat capacity per unit volume and the lower thermal penetration depth of the nonmetallic 
matrices than those of common metallic alternatives weaken the regenerator effectiveness signifi
cantly; higher operating frequencies and smaller dimensions make the situation worse. 

Over 20 Stirhng-type coaxial NNPTCs have been fabricated and tested systematically to ob
tain the optimum cooler geometry and working parameters. In the experiments, the optimal aspect 
ratio of the regenerator and the pulse tube is 5 - 6 and 13-16, respectively. Also, the optimal ratio of 
the volume of the pulse tube to the void volume of the regenerator is 0.5-0.6. The optimum oper
ating frequency of the NNPTCs is a little lower than that of their metallic counterparts. The use of 
asymmetric double-inlet valves has a marked positive effect to restrain the intrinsic DC flow, which 
is similar to the situation for metallic PTCs. 

A typical cooling power of 130 mW at 80 K for 70 W of input power has been achieved. The 
preliminary results indicate that the system can meet the basic cooling and noise requirements of 
high-Tc SQUIDs. In practical applications, larger cooling power and lower working temperatures 
are usually desired. So further performance optimization of the cooler is underway. In the future, 
practical applications of this new-style PTC are foreseeable. 
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Flow Circulations in Foil-Type Regenerators 
Produced by Non-Uniform Layer Spacing 

D. Gedeon 

Gedeon Associates 
Athens, OH 45701 

ABSTRACT 

In a Stirling-cycle cryocooler model a foil-type regenerator is split into two parts. The foil 
spacing in one part is increased while decreased in the other. This gives rise to DC flow 
circulations between the two parts and degrades overall cryocooler performance. 

Within the regenerator the internal temperature distribution tends to be skewed toward one 
end or the other, depending on the local direction of the DC flow. These temperature changes 
amplify the DC flow and significantly degrade performance unless prevented by means of 
transverse thermal coupling between the two parts of the regenerator. 

The problem worsens with decreasing temperature and increasing foil spacing. In the 
temperature range of 30-100 K, it is easily possible for a foil regenerator to degrade overall 
cooling efficiency (heat lift / compressor PV power) by 15% or more for a foil spacing variation 
of only ±10% between different parts of the regenerator. 

THE FOIL REGENERATOR RECORD 

The common wisdom in the cryocooler industry is that foil regenerators (parallel-plates) do 
not work. Theoretically speaking they should work just fine. In fact they should work better than 
any other known regenerator type. This assertion is typically based on the evaluation of a figure 
of merit that measures the benefits of high heat transfer and low flow resistance. See for 
example the comparison by Ruhlich and Quack which shows parallel-plate regenerators to be 
about 4 times better than stacked screens. Even computational models of complete cryocoolers, 
which consider more factors than just regenerator heat transfer and flow resistance, come to the 
conclusion that foil-type regenerators give the best coefficient of performance (COP) measured 
as heat lift per unit compressor PV power. 

Apparently something goes wrong when one actually builds a foil regenerator. Typically 
foil regenerators are fabricated by winding a foil strip into a cylindrical or annular form, 
somehow spacing the layers to provide locally parallel flow paths. It is very difficult to achieve 
uniform spacing. One approach is to space the layers by dimpling the foil at intervals or 
inserting some sort of spacers between layers. If the dimples or spacers do not stack directly on 
top of each other then they can induce bending moments in the foil which tend to distort the 
spacing. Another approach is to etch the spacing features directly into the foil (Mitchell^), but 
maintaining uniform spacing between layers remains a challenge. Even if initial spacing is 
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Figure 1. CAD renderings of parallel-plate regenerator matrices showing increasing spacing non-
uniformities between the left and right halves of each matrix, ranging from uniform spacing (at left) to 
flow gap 25% smaller than the mean in one half and 25% larger in the other half (at right). The gap 
variation in the middle is ±10%. 

perfect, non-uniform cooling or heating during operation can produce localized thermal 
expansions and contractions that may affect spacing. 

Exactly how uniform foil spacing must be has been a relatively unexplored issue. Backhaus 
and Swift discussed the matter in the context of a parallel-plate regenerator in a thermoacoustic 
Stirling engine but did not come to a definitive conclusion. This paper takes a fresh look at the 
importance of foil spacing by using a mostly computational approach, backed by a bit of theory. 

FORMULATING THE PROBLEM 

There are infinitely many possible ways that foil spacing can vary within a regenerator. 
Consider the simplest case that captures the essential problem, namely a regenerator consisting 
of parallel plates divided into two parts of equal flow area as illustrated in Figure 1. Subject the 
two parts to equal but opposite perturbations in flow gap (gap between plates) and see what 
happens in the context of an operating Stirling cycle. The most interesting thing that happens is 
that equal but opposite DC flows develop in the two regenerator parts. Something like a slow 
convection cell superimposed on the baseline oscillating-flow traveling up one regenerator part 
and down the other. 

In low Reynolds-number viscous flows, pressure drops are dependent on velocity shear rates 
whereas mass flows are dependent on the product of density and velocity. So variations in fluid 
density over the course of an oscillating-flow cycle may cause a net mass imbalance even though 
pressure drops are equal in the two directions. Or, if that is prevented by the lack of a return path 
for the surplus mass flow, there may arise a time-average pressure bias from one end of the flow 
path to the other. Or, anything between these two extremes. See Gedeon'' for a discussion of DC 
flows in pulse-tube or Stirling-cycle cryocoolers employing closed-loop flow paths. In the 
present case, the relationship between time-mean pressure drop and DC flow differs between the 
two regenerator parts because of their different flow gaps. The result is that there is a little DC 
pressure drop and a little DC flow required in order to keep the laws of physics in balance. 

ANALYTIC SOLUTION 

There is an impublished report' that derives the equation governing DC flow for such a two-
part parallel-plate regenerator in detail. The procedure is briefly summarized here. Begin with 
the equation governing Darcy flow for a parallel-plate regenerator 

« = - ^ ^ (1) 
\2/u dx 

where u is section-mean velocity, g is flow gap, ju is viscosity and dP/dx is the axial pressure 
gradient. Then assume that both velocity and density are the sum of a constant plus phasor part 
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(sinusoidally varying), u = u^+u , p = p^+ p and conclude after very little math that the DC 
flow per unit flow area may be written 

{pu\,=P„u„+y2p-u (2) 

where p • u denotes the usual dot product for vectors. Use a linear superposition principle to 
apply the Darcy flow Equation (1) to both the mean and phasor velocity components, giving 

(3) G»).= «"'^'-~ - ' " 
/ 

12// y ax dx 

Then make a few assumptions in order to conclude that there is a point, roughly the regenerator 
midpoint, where the local pressure gradients may be replaced by regenerator averages, i.e. 
dP/dx « AF/L, where L is regenerator length. Denote that point by subscript c, and write 
Equation (3) as 

(P«L - - J~J UAP„ +y,p^- AP) (4) 

Apply Equation (4) to the two regenerator parts, denoting one part by subscript A and the other 
by subscript B. Add the equations. In order to conserve mass the left-hand sides must sum to 
zero (assuming there is no DC flow beyond the regenerators). Solve the resulting equation for 
DC pressure drop AP„, then substitute the result back into Equation (4). Replace phasor density 
variation p with an approximation based on the gas energy equation. Also assume the 
temperature distribution in the regenerator is approximately linear, that an ideal-gas equation of 
state applies and that gas viscosity and conductivity vary as r " ' (reasonably accurate for helium 
in the range of 10 to 1000 K). At this point the equation gets messy, but it can be simplified 
considerably if one is willing to assume a few things. First, that the regenerator pressure-drop 
phasor is 90 degrees out of phase with the pressure phasor (pressure and velocity in phase). 
Second, that the regenerator compliance (volume) is small. The first assumption is reasonable, 
since optimal regenerator performance requires that pressure and velocity fluctuations be roughly 
in phase. The second assumption is equivalent to saying that velocity phase does not vary much 
through the regenerator. Not a very good approximation, but it will have to do. The final 
oversimplified but instructive equation governing DC flow in regenerator A is 

U L . . rP.^X" 8T g' 
(5) 

{pu\ 4S(/-\)N„k^p^L dx 

where the [-Ĵ  notation means evaluate the difference (-ĵ  - (-jg . The quantity on the left is the 
ratio of the DC mass flux to the amplitude of the oscillatory mass flux for the baseline 
unperturbed regenerator. Quantities on the right not yet defined are, 

y = ratio of specific heats (1.67 for helium) 
P„ = mean pressure 
AP[ = amplitude of phasor pressure drop 
T^ = Temperature at "rejection" end of regenerator (warmer end) 
T^ = Temperature at a central point within regenerator (near midpoint) 
dT/dx = Temperature gradient within regenerator (representative average) 
N^ = Nusselt number for laminar, developed parallel-plate flow (8.23) 
k^ = gas conductivity at "rejection" end of regenerator 
//, = gas viscosity at "rejection" end of regenerator 

A similar equation governs the equal and opposite DC flow in regenerator B. 
Note that the DC flow depends strongly on the gap difference between regenerator parts ( g-' 

dependence) and that the direction of DC flow reverses depending on the sign of the temperature 
gradient. For a cryocooler, where dT/dx is negative, a positive gap perturbation in regenerator 
part A results in a negative DC flow. For an engine, where dT/dx is positive, a positive gap 
perturbation results in a positive DC flow. In either case a positive gap perturbation produces 
DC flow from the colder end toward the warmer end of the regenerator. This DC flow combined 
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with the regenerator temperature gradient tends to remove heat from the interior of the 
regenerator, perturbing the temperature distribution colder in the part with the larger gap. 

Another thing to note in Equation (5) is that DC flow depends roughly on the central 
regenerator temperature raised to the -3.4 power. This means that the drop in central regenerator 
temperature noted in the previous paragraph tends to amplify the DC flow. The exact gain factor 
for the amplification is difficult to evaluate analytically. The heat removal produced by DC flow 
is counteracted by other thermal-energy transport mechanisms in the regenerator including: gas 
conduction, solid conduction within the foil, the time-averaged enthalpy flux produced by the 
regenerator AC flow, and any transverse thermal conduction between the two regenerator parts. 
All of these effects tend to restore the temperature distribution to its baseline roughly-linear state. 
Backhaus and Swift' discuss a similar battle between DC flow temperature destabilization and 
stabilizing transport mechanisms in the context of closed-loop thermoacoustic Stirhng engines. 

SAGE MODEL 

Because the available anal5ftic solution is difficult to work with, highly approximate and 
does not adequately deal with the regenerator interior temperature perturbations produced by DC 
flow, the quantitative results presented in this paper are based on numerical analyses of two-part 
foil regenerators using the Sage computer program.' Sage employs a finite-difference solution 
of the regenerator gas-dynamic equations and resolves DC flows in reasonable agreement with 
the above analytic solution. 

It is straight-forward to implement two regenerators in parallel within a Sage model. In the 
screen image on the left in Figure 2 the component labeled "parallel regenerators" contains two 
regenerator canisters as shown in the screen image on the right. A transverse thermal conduction 
link is established between the regenerator matrices inside each canister, as depicted by the 
coimector arrows labeled QGX- Transverse conduction is used as an optional means to restore 
thermal equilibrium to regenerator parts subject to DC flow. The transverse conduction distance 
between regenerators is an input to the model and can correspond to anything from heat flow 
across a single foil layer to heat flow between widely separated sections of the matrix. 

The matrix stuffing in canisters A and B is "wrapped-foil," which is equivalent to ideal 
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Figure 2. At left. Sage top-level model window for a simplified two-piston Stirling-cycle cryocooler. 
The model contains only the minimal number of components to implement the Stirling cycle using a two-
part foil regenerator. Numbered arrows indicate connections between model components. At right, two 
canisters within the "parallel regenerators" component, each containing a foil-type regenerator matrix 
with the provision for transverse thermal conduction provided by the QGX connectors. 
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parallel plates as far as the Sage model is concerned. It would also have been possible to fill the 
canisters with any other matrix type, such as stacked screens or random fibers. The reason for 
using wrapped-foil was that the phenomenon to be investigated is mainly thought to be a 
problem in foil-type regenerators. Another reason is that the above analj1:ic solution is available 
for parallel-plate flow. 

The remainder of the cryocooler model contains only those components necessary to 
implement a minimal Stirling-cycle cryocooler. The regenerator canisters have zero wall 
thickness and therefore zero thermal conduction loss. The rejector and acceptor heat exchangers 
at either end of the regenerators have isothermal wall boundary temperatures. The compression 
and expansion spaces are perfectly driven by sinusoidal volume-displacements provided by the 
CS and ES pistons, even though hardly any Stirling cryocooler employs two pistons in this way. 
There are no parasitic thermal conduction paths between the warm and cold ends of the 
cryocooler, except those provided by the regenerator foil and gas within the regenerators. 

Model Optimization 

To make the results most useful it is necessary to specify the various dimensional inputs to 
the Sage model in order that it represent a "good" cryocooler. Some variables are fixed at typical 
reasonable values, such as: 

• Hot and cold temperature (see Table 2) 
• Frequency = 30 Hz 
• Charge Pressure = 25 bar (2.5 MPa) 
• Piston amplitudes: CS = 5 mm, ES = 2 mm (both sinusoidal) 
• Heat exchanger lengths: Rejector = 30 mm. Acceptor =10 mm 

Other variables strongly affect the overall performance and cannot be arbitrarily assigned. 
Sage's built-in optimizer selected these in order to achieve minimum PV power input with net 
heat lift normalized to 1.0 W. The variables optimized and constraints they are subject to are 
summarized in Table 1. During optimization the canister diameter, flow gap and foil thickness 
are constrained to be the same for both regenerator parts. So the optimization is equivalent to 
optimizing a single foil regenerator. After optimization, the flow gap (and only the flow gap) is 
manually varied between the two parts. 

Table 1. Specifications used by Sage's optimizer in order to optimize the 1 '̂, 2"^ and 3'̂ '' 
stage regenerators and overall thermodynamic cycle. 

Optimized Variable 
CS Piston 
Frontal area 

ES Piston 
Frontal area 
Phase angle (relative to CS piston) 

Compression and Expansion Spaces 
Mean volume 
Wetted surface 

Acceptor and Rejector 
Tube number 
Tube ID 

Regenerator 
Canister diameter 
Length 
Flow gap 
Foil thickness 

Subject to 

= 1.5 * swept volume amplitude 
= 1.5 * minimal right circular cylinder 

< 100 mm 

> 15 microns 
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Table 2. Key values for optimized 1st, 2nd and 3rd stages used as the basis for 
computational experiments. 

r ' stage 2"" stage 3"* stage 
Boundary conditions 

Treject (K) 

Taccept (K) 

Foil Material 

Optimized regenerator dimensions and 
Regenerator length (mm) 

Flow gap (microns) 
Foil thickness (microns) 
Combined canister section area (mm^) 

Mean Reynolds number 

Pressure variation (bar @ deg) 

Pressure drop (kPa @ deg) 
Mass flux Treject end (kg/s m^ @ deg) 
Mass flux Taccept end (kg/s m @ deg) 

300 

97 
Stainless steel 

97 

31 

Lead 
operating conditions 

100* 
60 

15* 

18.3 
56 

3.0 @ 46 
6.1 @-14.7 

7.7 @ 64 
15.2 @-13 

100* 

31 
15* 

23.1 
168 

3.8 @ 50 

10.6 @-140 
21.6 @ 78 
48.9 @-12 

31 
10 

Lead + ErsNi 

94 

16 
63 

111 
522 

4.7 @ 46 

11.4 @-163 
39.8 @ 79 

150 @-29 

Overall performance 
Heat lift @ Taccept (W) 

PV power input (W) 

1.0 

2.96 

1.0 

3.38 

1.0 

3.80 

• value limited by max or min constraint 

Three Temperature Ranges 

According to the above analytic solution, DC flow depends strongly on regenerator 
temperature. So the Sage model was optimized over three temperature ranges, roughly 
corresponding to those bounding the individual stages of a three-stage cryocooler operating 
between 300 K and 10 K. The resulting models are referred to as 1 '̂, 2"'' and 3"̂  stage models. In 
each case the ratio of warmer-end to cooler-end temperature is 3.1, as shown in Table 2. The 
various materials shown in Table 2 for the regenerator foil are intended to represent typical 
practice in order to maintain solid heat capacity at low temperatures. For greatest accuracy the 
models employ a so-called tabular-helium working gas, where the equation of state is based on 
tabulated values accurate down to 10 K, or lower. 

In an actual three-stage cryocooler the heat lift rapidly diminishes in each successively 
higher stage, because the heat rejected by each stage adds to the heat lifted by the previous stage. 
This is unlike the three models of Table 2 where heat lift is normalized to 1.0 W for each. If the 
purpose were to put together an actual three-stage cryocooler from the specifications in the table, 
a scaling of the individual stages would be necessary. 

COMPUTATIONAL EXPERIMENTS 

For present purposes the main thing of interest is the relative change in regenerator 
performance and overall COP of each individual stage produced by perturbing the flow gap in 
the two regenerator parts by equal and opposite amounts — with the flow gap in one part larger 
than the mean value by Ag and in the other half smaller by Ag. This can be done with the two 
regenerator parts thermally isolated or in good thermal contact. The results of doing both are 
shown in Figure 3. As expected, COP goes down with increasing gap variation Ag/g„. Roughly 
speaking, combined viscous dissipation losses go down, and combined net-cyclic enthalpy flows 
go up, as shown in Figure 4. The former reduces the required PV power input while the later 
subtracts directly from the heat lift. The reduced heat lift is more significant, so the net result is 
that overall COP goes down. 
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COP vs Gap Variation 
No Thermal Connection 

COP vs Gap Variation 
Good Thermal Connection 

- 1 St stage 
—2nd stage 
-3rd stage 

- 1 St stage I 
'-2nd stageT 
-3rd Stage: 

0.1 0.15 

Delta g / 9 0 

0.1 0.15 

Delta g / gi 

Figure 3. Degradation in cryocooler COP (heat lift / PV power) as a function of gap variations 
between two foil-type regenerator parts. Ag/g^ may be thought of as the amplitude of the gap variation 
between the two regenerator parts 

The COP degradation is much worse when the two regenerator parts are thermally 
disconnected (left plot of Figure 3). This is because the DC flow circulation skews the 
temperature profiles in the two regenerators. The temperature skewing effect can be seen in 
Figure 5, which shows the temperature distribution in the two 1̂ ^ stage regenerator parts for the 
casQAg/gQ =0.25. Temperature skewing does two things: First, it tends to fiirther increase the 
regenerator DC flow, as noted above. Second, it changes the viscosity, conductivity and density 
of the helium, which affects the net cyclic enthalpy flux carried by the AC flow. Consider the 
larger-gap regenerator part. Assuming pressure drop amplitude is roughly constant, which it is 
because of equal but opposite changes in the two regenerator parts, Darcy flow Equation (1) 
implies that mass flux amplitude is proportional to 

Regenerator Frictional Loss vs Gap 
No Thermal Connection 

Regenerator Frictional Loss vs Gap 
Good Thei-mal'"Connection 

r 
0.7 

- 1 St stage 
-2nd stage -
- 3rd stage i 

0.1 0.15 

Delta g / gg 

J°' 
g 0.8 

- 1 st stage 

- 2nd stage 

- 3rd stage 

0.1 0.15 

Delta g / go 

Regenerator Enthalpy Flux vs Gap 
No Thermai Connection 

Regenerator Enthalpy Flux vs Gap 
Good Thermal Connection 

.-t^'* ' '^*' '^^^^^—""^ 

^•4—1st stage |_ 

—•—2nd stage i 

—A— 3rd stage 

Delta g / go 

Figure 4. Changes in combined regenerator flow-frictional losses (pumping power) and net cyclic 
enthalpy flux as a function of gap variations between two foil-type regenerator parts. There is some 
beneficial effect of gap variation on combined frictional loss. But this is more than offset by increased 
enthalpy loss. 
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Temperature Profiles 1st Stage Regenerators 
Delta g /go = 0.25 

No Thermal Connection 
300 
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Figure 5. T5'pical internal temperature skewings in 1'' stage regenerator parts A and B produced by 
DC flow. The effect illustrated is produced by a DC mass flux that is only about 0.13% of the AC part 
(0.011 kg/s-m^ DC part compared to 8.5 kg/s-m^ regenerator-average AC amplitude). 

{pu\- Pg (6) 

So mass flux amplitude increases strongly with increasing gap. Moreover, because temperature 
decreases in the larger-channel regenerator, density p increases and viscosity id decreases. 
Both tend to increase the mass flux amplitude beyond what it would increase as a result of the 
larger gap alone. Gas conductivity drops too, which means that the gas-to-foil temperature 
difference tends to increase more than it otherwise would. The result is increased net cyclic 

enthalpy flux {ViC^^pu)-! ) in the larger-gap regenerator part, with the increase being larger 

when its internal temperature is allowed to drop than if it does not. The effects are opposite in 
the smaller-gap regenerator part, but, because of the strong nonlinear dependence of enthalpy 
flux on gap and temperature, the increase in the larger-gap regenerator overwhelms the decrease 
in the smaller-gap regenerator. 

Worse at Low Temperatures 

In the thermally uncoupled case (left plot of Figure 3), for the same relative gap variation 
COP, degradation worsens with decreasing temperature — i.e. is worse for the 3' stage than the 
1"' stage regenerator. The regenerator interior temperatures are free to drift and at-least two of 
the factors that tend to stabilize the regenerator temperature distribution — gas conduction and 
foil conduction — tend to be less effective at extremely cold temperatures. The net result is that 
the regenerator temperature skewing produced by DC flow gets progressively worse in low 
temperature regenerators, which increases the net cyclic enthalpy loss as noted above. At 
extremely low temperatures the temperature distribution may even go unstable. Some evidence 
for this is the failure of the Sage model to converge for gap perturbations beyond Ag/g(, = 0.05 
in the 3'̂ '' stage regenerator. 

The thermally coupled case is substantially different (right plot of Figure 3). The COP drop
off is about the same for all three stages even though the relative DC flow increases in successive 
stages. Evidently, it is not so much the DC flow itself that affects COP in this case, as it is the 
effects of two non-optimal regenerators acting in parallel. 

Worse for Large Flow Gaps 

According to Equation (5) the relative DC flow depends on flow gap to the 4' power. 
However, pressure drop factor APj in Equation (5) also depends on gap to the -2 power 
according to Darcy flow Equation (1). So, in the case of a fixed regenerator canister where the 
overall foil spacing changes, the tendency for DC flow increases approximately in proportion to 
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2nd Stage COP vs Gap Variation 
For Various Baseline Gaps 

No Thermal Connection 

0 0.05 0.1 0.15 0.2 0.25 

Delta g ; g 0 

Figure 6. Sensitivity to gap variations increases dramatically with tlie size of the baseline 
regenerator gap. 

the square of the flow gap. To investigate this, two additional models, corresponding to the 2"'' 
stage regenerator with thermally disconnected parts, set the flow gap first about 30% higher, then 
30% lower than the optimal gap. Systematically perturbing the gaps in the two regenerator parts 
as before produces the result shown in Figure 6. As expected the regenerator with the larger 
flow gap shows much greater sensitivity to gap variations compared to the regenerator with the 
smaller gap. 

CONCLUSIONS 

Computational experiments confirm that imiform foil spacing is critical to foil regenerator 
performance. Intra-regenerator DC flow circulation always results as a consequence of non
uniform foil spacing. If all parts of the regenerator are in good transverse thermal contact, the 
effects of such DC flow circulation are minimal. There is a drop in COP, but it results mainly 
from the effects of non-optimal regenerator parts acting in parallel. If the regenerator parts are 
thermally decoupled then the DC flow circulation alters the regenerator internal temperature 
distribution in such a way as to reduce COP much more dramatically. These internal temperature 
changes also tend to amplify DC flow. In other words there is a positive feedback mechanism 
between regenerator temperature change and DC flow. Especially at very low temperatures or if 
the flow gap is a bit larger than optimal. For a regenerator operating in the range of 30-100 K 
with a flow gap 30%) higher than optimal. Figure 6 shows a degradation in COP by about 15%i 
for a flow gap variation of only ± 10%). 

To actually achieve something close to the theoretical performance of a foil regenerator a 
designer might do a few things. First, take care to space the layers very uniformly, e.g. with gap 
variations within ±10%). Second, design for a smaller flow gap than optimal. According to 
Figure 6 a gap reduction of 30% below optimal does not affect COP that much, and it results in 
greatly reduced sensitivity to gap variations. Third, provide for some sort of transverse thermal 
coupUng within the regenerator. This may be easier said than done. Ideal would be a foil with 
high conductivity normal to the flow direction and low conductivity parallel to the flow 
direction. Providing some means to allow transverse mixing between adjacent gas passages, 
thereby promoting gas mixing, would accomplish the same thing, though at some risk for 
increased viscous dissipation due to flow separations and increased axial thermal conduction via 
the mechanism of thermal dispersion. Thermal dispersion is a phenomenon that looks like 
enhanced gas thermal conductivity on a macroscopic scale (see Hsu ). In addition to increasing 
effective transverse thermal conduction, inter-layer mixing would also tend to average out any 
local variations in flow gap, thereby reducing the tendency to produce DC flow circulations in 
the first place. 



430 REGENERATOR MODELING AND PERFORMANCE INVESTIGATIONS 

While the detailed study of this paper was based on foil-t5^e regenerators the same sort of 
problems are likely to occur in non-foil regenerators, such as random fibers, screens and packed 
spheres, although to a lesser degree because transverse and axial thermal transports within such 
regenerators are typically much higher than for foils. Also, the flow in such regenerators lies 
somewhere between viscous-dominated Darcy flow and inertial flow, so the DC flow producing 
mechanism does not quite apply. Even so, there may come a point in low-temperature 
cryocoolers where an extreme sensitivity to local variations in matrix structure compounded by 
thermal amplification of DC flow begin to overwhelm the natural tendency of thermal dispersion 
to stabilize the axial temperature profile. An especially sensitive application would be high-
power coolers where the regenerator transverse conduction distances are large. 
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ABSTRACT 

Regenerators represent a crucial element of regenerative machines, where their flow 
characteristics have a strong impact on performance. Therefore, relatively extensive measure
ments on flow chfiracteristics of regenerators have been made in recent years. These measure
ments have shown that the flow friction factors of regenerators under reciprocating flow are 
much larger than those under steady flow, sometimes larger by 2~6 times. Some of these 
measurement observations are true, but there are uncertainties about the evaluation methods 
behind others. Usually, these papers evaluated the flow friction factors of cyclic regenerators 
based on the view of steady flow, in which the pressure drop across the regenerator is caused 
only by the viscous effect of the fluid. As a result, the pressure drop was treated as a scalar 
quantity having the same phase as the velocity in the regenerator; in addition, the effects of 
inertia were usually neglected. In this paper, a new perspective for understanding and evaluating 
the flow characteristics in reciprocating-flow regenerators is proposed. Here, the inertia effect 
will be included, and the pressure drop is considered as a vector. In addition, the unusual 
increase of the pressure drop in the reciprocating-flow regenerator may result from early trigger
ing or intensification of turbulence and entrance effects of the reciprocating flow in the complex 
geometry structure. The presented viewpoint may provide some new insights into the essence of 
the flow characteristics in reciprocating-flow regenerators. 

INTRODUCTION 

An oscillating flow can be classified as two types: a pulsating flow, and a reciprocating 
flow. In the former case the amplitude of the oscillating velocity is less than the time-averaged 
flow velocity, for which the flow direction never reverses. In the latter case, the amplitude of the 
oscillating velocity is greater than the time-averaged flow velocity, for which the flow direction 
can reverse periodically. Both types of oscillating flows have wide applications in the fields of 
acoustical, biological, chemical, and energy, as well as refrigeration and cryogenic engineering. 
Especially, in recent years, a great deal of effort has been devoted to the development of 
regenerative machines such as Stirling machines, pulse tube refrigerators and thermoacoustic 
machines. In regenerative machines, the regenerators used are the most important thermo
dynamic elements. For optimization of regenerative machines, it is important to accurately 
Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 4 3 1 



432 REGENERATOR MODELING AND PERFORMANCE INVESTIGATIONS 

predict the friction and heat transfer losses in the regenerators. However, at the present time, the 
flow-friction and heat-transfer-loss correlations used in the design of the regenerators are 
commonly based on steady flow conditions that are unrealistic, since the regenerative machines 
operate under reciprocating flow conditions. More recently, some experimental investigations on 
the flow characteristics of regenerators have been made that have shown that flow friction factors 
of regenerators under reciprocating flow are much larger than those under steady flow, some
times increased by 2-6 times.'"^'^ Some of these measurement observations are true, but there 
are questions over the validity of others. In this paper, the author presents a new perceptive on 
the flow cheiracteristics of regenerators with the objective of attaining a deeper understanding of 
the flow behavior in regenerators and providing suggestions for future research directions. 

PHYSICAL MODEL AND PRESSURE DROP OF CIRCULAR TUBE 

Flow characteristics in a reciprocating-flow regenerator are very complex due to gas com
pressibility, entrance effects, turbulence effects, and the complex geometric structure. The com
plete anal34ical solution is too ambitious to be addressed directly. However, qualitatively, the 
flow characteristics in a regenerator are similar to those in a circular pipe. Therefore, we start 
with the following analysis by first considering reciprocating flow in a circular pipe. For sim
plicity, a simplified two-dimensional transient momentum equation for describing the circular 
pipe subjected to reciprocating flow is given as follows. 

du du I dp d u 
— + u— = — + v—r-
dt dx p dx d y 

u^_=--'^ + v ^ (1) 

The following expression for the pressure drop over the length dx along the pipe can be 
obtained from Eq. (1), 

Ap = \pi 
d u du du. 

•~- u—) 
d y dt dx 

V —^ -^— u -^)dx (2) 

This clearly shows that the pressure drop over the distance of dx along the pipe results from 
viscous friction, transient inertia, and local acceleration. We first consider a fully-developed 

du 
laminar flow of an incompressible fluid. Therefore, the acceleration item, u — , will vanish. 

dx 
Adopting complex notation representing the thermodynamic variables appearing in Eq. (2), we 
have the following correlation between the pressure gradient, velocity and other operating 
parameters, 

dp ,Im(-/,) .1-Re(/,)^^ 
-^- = -p„ ai ^ + J ^ ] M (3) 

From Eq.(3), one can infer that the pressure drop over the distance dx consists of viscous and 
inertial contributions. The former is related to real friction losses, while the latter one is not. 
Even for the extreme case of a fluid with no viscosity, there is still a pressure drop over the 
distance dx due to the transient inertia of the fluid. It is important to note that the case of 
reciprocating flow is quite different from that of a steady flow. Keeping this in mind, it is useful 
to examine the important behaviors of reciprocating flow and to design appropriate experiments 
to obtain the correlations describing the dependence of pressure drop on the other thermo
dynamic parameters. Equation (3) gives a strict analytical solution for the pressure drop gradient 
dependence on the two similarity parameters and other thermodynamic variables that include 
zero^-order and first-order Bessel functions. Because these are not straightforward for engineer
ing design, Maa'* has generated an approximate solution as follows, 

^ = -[^\\ + l-(rJS^f +i«Po(l + ̂ = f ^ = ^ ) ] « (4) 
dx r^\ 16 p'+{rJ5^Y 
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Figure 1 shows the flow characteristics of laminar and reciprocating flow in pipes. It is 
found that when the kinetic Reynolds number is smaller than eight (this corresponding to the 
dimensionless parameter r„/<y ,̂ less than 1), the amplification of the pressure drop factor is no 
more than 1.1, and the phase of the pressure drop lags the velocity by about 20 degrees. In fact, a 
typical regenerator has the dimensionless parameter r„IS^ less than 1. This means that the 
pressure drop of a reciprocating regenerator should not be much larger than that of its steady 
flow. However, recent experiments on reciprocating-flow regenerators have shown that recipro-
cating-flow regenerators have a 2 to 6 times increase in the pressure drop compared with steady-
flow regenerators. We will expand our discussion on this issue in the following section. From the 
above analysis, we think that the appropriate similarity parameters are the peak Reynolds number 
and the kinetic Reynolds number. Figure 2 shows a comparison between the strict and approxi
mate solutions. It is easily seen that the approximate solution agrees with the strict analj^ical 
solution very well, with errors being less than 10% for a wide range of r^ 15^ that cover most 
real cases of reciprocating flows. However, the viscous pressure drop is indeed increased due to 
the reciprocating flow. The larger the kinetic Reynolds number, the more obvious the pheno
menon is. This interesting fact may be attributed to the more abrupt transverse velocity gradient 
with so-called "double boundary" layers or "annular effect".^'' 
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By introducing two similarity parameters, the peak Reynolds number, R^^„^ = p^ \u\D^I ^, 
and the kinetic Reynolds number, R^^ = p^coDl I/i, we can rewrite Eq. (3) in the following 
form that is familiar to most engineers, 

dx 2 + Jfin.r,ia)-f-Po\^\^ (5) 

where, f^.^. 
27?,,, Im(-/^) 

J ini 

2R,,^ 1-Re(/J 
R.. 11-/. 

, and / is the viscous factor[5]. 

In a similar way, we can rewrite Eq.(4) in the following form. 

dp 

dx 

1 
(/v/..o» + JAmJ-rrPo I«I" 

D, 

where, /„„„ 
64 

R. 
1 + -

128 
K.0, fi 

2R. 
e,Q} J inertia 

^ . , m a x ^ 3 ' + / ? , , / 8 

(6) 

Furthermore, we can rewrite Eq.(6) in the following form, 

dp 

dx 
: —-F—/9„ \u \u = —Fe^ — 

2 D, D. 

F = 
64 

R.. 

where. 64 
D 

e,ma: 

D 

(i?,^ « 32, viscous controlling zone) 

{Rgj„ » 3200, inertia controlling zone) 

1 
1 + -

and 6* = arctan(—^ , '̂ =—) 
32 Vl + ^.. /128 

(7) 

Based upon Eq.(7) and the expression for F and 0, it clearly shows these facts: (1) there is 
phase lag between the pressure drop and velocity, and the phase lag depends only upon the 
kinetic Reynolds number; (2) the "superficial" or "effective" pressure drop factor F is increased 
for a reciprocating flow compared with a steady flow by a factor of 

R. R 1 
(l + - ; ^ ) + - ^ ( l + , , , 

j ' 128' 32^' 3^+/?,_„/8 , { F 7 R ^ 
)• 

The larger the kinetic Reynolds number R^^ is, the larger the amplification factor is. 
Actually, the kinetic Reynolds number is related to the dimensionless parameter r^lS^, where 
5t, is the viscous penetration length; that is, R^^ = 8(r„ /<?,, )^- The reciprocating flow may be 
classified into three zones, viscosity controlling zone, transition zone and inertia controlling 
zone, corresponding to i?,,^ « 32 , 32< if, ^ « 3200 and R^^ »3200 . For the viscosity 
controlling zone, the pressure drop factor of the reciprocating flow is very close to that of steady, 
laminar flow, while for the inertia controlling zone, the "superficial" pressure drop factor can be 
much larger than that of a steady, laminar flow. 
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PHYSICAL MODEL AND PRESSURE DROP OF REGENERATORS 

A regenerator has a much more complex geometric structure than a pipe. Thus, it is not easy 
to obtain the two-dimensional momentum equations for it. However, the above analysis based on 
a circular pipe should illuminate the issues associated with analyzing reciprocating-flow in a 
regenerator. At least we can imagine that the regenerator may function qualitatively as a pipe. 
Thus, we still can use the peak Reynolds number and the kinetic Reynolds number to depict its 
flowing performance. Due to the complex geometric structure of the regenerator, it is necessary 
to introduce an additional similarity parameter, the dimensionless shape factor. Moreover, the 
onset of turbulence, turbulence behavior, and entrance effects in the regenerator can be quite 
different from that of either steady flow in a regenerator or reciprocating flow in a circular pipe. 
First, we consider a correction for the regenerator due to its complex geometric structure,^ 

- ^ = --(C„,„y/.„„,„, + yQ,„g/„„„J—Po I« I" (8) 

where, C^„^ =C^^,^(R^^^,R^^^,<p)md Q „ ^ =Q,„,-(^„,,„HX>-^.,<„.«') • Both of these correction 
factors are functions of the peak Reynolds number, the kinetic Reynolds number, and the dimen
sionless geometry similarity parameter <p. As mentioned previously, if the reciprocating flow in 
the regenerator is still laminar, the superficial pressure drop factor for it should not be increased 
too much for typical operating conditions {r^^lS < 1 or R^^ < 8). However, recent experiments 
on reciprocating regenerators have given a much larger pressure drop factor that ranges from 2 to 
6 times larger than that expected. What is the reason is for this phenomenon? We think that there 
are two possibilities, turbulence effects and entrance effects. 

Let us first look at the onset of turbulence with reciprocating flow in a pipe. According to 
previous extensive experimental investigations, the so-called acoustic Reynolds number is usefiil 
for characterizing the onset of turbulence with reciprocating flow. The acoustic Reynolds 
number is defined as follows, 

Ks,=pAii\s,ifi (9) 

Actually, the acoustic Reynolds number is based on the mean peak cross-sectional velocity 
and the viscous penetration depth, 5^. These experiments showed that the critical value for 
turbulence onset, {R^ g )„,, is about 500.^'^''^ Figure 3 shows the pressure drop factors for lami
nar and turbulent flows in a pipe. It can be seen that, for the same kinetic Reynolds number, 
turbulent flow has a much larger pressure drop factor than laminar flow by 2 to 3 times. Due to 
its extremely complex geometric structure, a screen-woven or ball-packed regenerator may have 
a much lower {R^ g )„, for the onset of turbulence in the regenerator. There seems to have not 
been much investigation of the onset of turbulence in a reciprocating regenerator; this needs to 
be studied more in depth in the future. 

We now examine the entrance effects for reciprocating flow in a pipe. It has been reported 
that the entrance length of reciprocating flow is time-dependent, and the time-averaged entrance 

1112 

length can be estimated using the following equation, ' 

x~Q.Q5R^s^P^D^ (10) 

Figure 4 shows that the pressure drop in the entrance zone is much larger than that in the 
fully developed zone (the figure is reproduced from Ref 12). The definition forCy , ^^ and R^^ 
can be found in the paper. Actually, ^„ is equal ioR^^^^ I Re,w The author of the paper argued 
that it is better to select ^„ and R^ ^ as independent similarity parameters. However, our above 
analysis shows that it is actually better to select the peak Reynolds number and the kinetic 
Reynolds number as similarity parameters for reciprocating flow. 
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Also, due to its more complex geometric structure, a reciprocating-flow regenerator may 
have a much larger entrance effect than a steady-flow regenerator. We still use Eq. (8) to 
describe the pressure drop dependence on the peak Reynolds number, the kinetic Reynolds 
number, the dimensionless shape factor, and other relevant physical variables. However, we 
think that the two new correction factors should be expanded to include enhanced turbulence and 
entrance effects. 

Now, let us take a look at changes to the acoustic Reynolds number and the time-averaged 
entrance length as a function of operating frequency, temperature, and pressure. In fact, the 
acoustic Reynolds number can be rewritten in the following form, 

_p,\u\5^ ip^co 

M M 
(11) 

where, X^^^ is the displacement amplitude of gas particles. 
In a typical experiment on a reciprocating-flow regenerator, one usually fixes the displace

ment amplitude of the piston, and this means that the displacement amplitude of the gas particles 
is fixed. Thus, if operating frequency is increased, the acoustic Reynolds number will be 
increased, and, consequently, the reciprocating flow trends toward earlier triggering or a stronger 
intensification of turbulence. In addition, for a gaseous fluid, if operating temperature is lowered, 
its density will increase and its dynamic viscosity will decrease. Both of these changes will 
increase the acoustic Reynolds number to trigger or intensify turbulence in the regenerator. 
Finally, a higher pressure will have a similar effect. These analyses may provide some reasons 
why the "superficial" pressure drop was 2 to 6 times larger for the cases having higher operating 
frequency and low-temperature. 

Entrance effects in a reciprocating-flow regenerator are another challenging problem. It is 
believed that entrance effects may also play a significant role in creating increased pressure drop. 
This definitely needs to receive greater attention in fiiture studies. 
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CONCLUSIONS 

Based on the presented study, the following conclusions are drawn: 

(1) The pressure drop associated with reciprocating flow consists of three parts: viscous, iner
tia, and local acceleration. There are at least two similarity parameters for describing recipro-cating 
flow: peak Reynolds number and kinetic Reynolds Number. The superficial (or effective) pressure 
drop factor for oscillating flow in a pipe is amplified, resulting from the aimular effect and the 
inertial effect. Certainly, the viscous part of the pressure drop will be amplified with reciprocating 
flow. 

(2) For a regenerator having typical operating conditions, the tmusual amplification of the 
superficial pressure drop factor may contribute to the triggering or intensification of turbulence and 
increased entrance effects associated with the oscillating flow in the regenerator. Both the onset of 
turbulence in a regenerator and entrance effects need to be studied more in-depth. 
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ABSTRACT 

In this paper, a one-dimensional regenerator hydrodynamic model has been developed. In the 
model, the definition of regenerator friction factor under oscillating flow is different from that for 
steady flow. A dynamic experimental apparatus has been designed and constructed to investigate 
the oscillating-flow characteristics of regenerators. In the prototype experimental system, a linear 
compressor was used to generate the oscillating pressure wave. Three different length regenerators 
were tested. Detailed experimental data have been obtained for the oscillating pressure and velocity 
wave that define the flow amplitude and the phase shift characteristics of a high frequency pulse 
tube cryocooler regenerator. The operational frequency of the system was run at 30 Hz, 40 Hz, 
50 Hz and 60 Hz. The oscillating flow friction factor at these operational frequencies is shown in 
the experimental data. It was found that the relationship between the friction factor under oscillat
ing flow and steady flow varied with the value of the instantaneous Reynolds numbers during one 
cycle. The ratio is not simply a sealer-multiple relationship as has been reported in other references. 
The results can be used to predict the performance of a pulse tube cryocooler and should be helpful 
in the design of a cryogenic regenerator using numerical simulation models. 

INTRODUCTION 

Interest in the pulse tube cryocooler has grown rapidly in recent years owing to its lack of 
moving components in the low temperature region. Therefore, it has merits in mechanical simplic
ity, high reliability, low vibration, and low cost. As a necessary component, the oscillating flow 
regenerator plays an important role in the refrigerator performance of the pulse tube cryocooler and 
other regenerative cryocoolers. An accurate prediction of the pressure drop across a regenerator is 
crucial to the design of these cryocoolers. 

To date, the most popular pressure drop correlation used for the design of these devices is the 
one provided by Kays and London', who obtained experimental data for steady flows through a 
stack of wire screens. Similarly, there are also some correlations with pressure drop in regenera
tors^"*, but most of them are based on unidirectional steady flow through a stack of screens. Since a 
pulse tube cryocooler operates under periodically reversing flow conditions, it is apparent that the 
correlation equations based on steady flow are not able to predict accurately the pressure drop in the 
oscillating flow regenerator. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 4 3 9 
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Considerable prior research has been performed on the pressure drop in a packed column sub
jected to oscillating flow. Hsu et al.^ performed oscillating-flow experiments with regenerators and 
revealed that the oscillating-flow friction factor is nearly the same as the steady friction factor at 
low operating frequencies. Yoshida et al.*, Zhao and cheng', Helvensterjn et al.*, and Ju et al.' found 
a higher friction factor with oscillating flow in the regenerator than with steady flow at the same 
Reynolds numbers based on the cross-sectional mean velocity. Recently, Nam and Jeong'"-'! mea
sured the flow characteristics of a regenerator under actual operating conditions. Their experimen
tal results show that when the operating frequency is less than 9 Hz, the oscillating-flow friction 
factor is nearly the same as the steady flow firiction factor for Reynolds numbers up to 100. For 
60-Hz operation, the ratio of the oscillating flow friction factor to that for steady flow increases as 
the hydraulic Reynolds number increases. Sungryel Chio'^ proposed a new oscillating flow model 
for the pressure drop with oscillating flow through a regenerator with pulsating pressure. Two 
correlations in the model were obtained from experiments with wire screen regenerators under 
various operating frequencies and inlet mass flow rates. The validity of these resuhs for cryocooler 
regenerators is still questionable because the temperature effects on the flow characteristics were 
neglected in his model and experiments. 

In this paper, the definition of the regenerator friction factor imder an oscillating flow is ob
tained by analyzing a one-dimensional regenerator hydrod)Tiamic model, which is different from 
the friction factor with steady flow. The pressure and velocity at the two ends of the regenerator 
were measured in a carefully designed apparatus to determine the oscillating flow friction factor. 
Finally, the friction factor is compared with the steady flow friction factor. 

ANALYSIS 

It is assumed that the flow in the regenerator is one-dimensional, the working gas is an ideal 
gas, the gas and matrix heat conduction along the matrix are neglected, and there is no temperature 
difference across the regenerator. The basic momentum equation is as follows: 

du du du dP I d , du. 8 , du. ^,, 
p — + pu — + pu— = +// ( r — ) + — ( / / — ) (,ij 

dt dx dr dx r dr dr dx dx 

The second term on the right of Eq. (1) can be expressed in the following form": 

1 d , du. d , du. J. 1 pu^ , , . 
H (r—)-!- — {pi—)«/ -t-— (2) 

r dr dr dx dx Dh 2 

The following definition of the oscillating flow friction factor can be obtained: 

dP du du du 
p pu pu — 

/• _ 8x dt dx_ dr_ y-,^ 
pu 

where , D^ is the hydraulic diameter, /j.„j, is the instantaneous friction factor of the oscillating 
flow regenerator, which is a fimction of position x and time t. 

In our experimental measurement, we can only obtain the pressure drop in a given length 
L, so the mean instantaneous friction factor in the length L: 

m = jl%,(^,Odx (4) 
L h 

The mean instantaneous velocity in the length is expressed as follows: 
1 rL 

u(t) = — u(x,t)dx (5) 
L •'o 

Integrating Eq. (3) over the total length L of the regenerator, we have 
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/ « = 
AP 2D, du 2D, AM 2D, du 

pu(ty • L u{ty dt L u(t) u(t) Br 

2D, 

(6) 

It is found that under our experimental conditions the pressure gradient term is far greater than 
the third and fourth terms in the right side of Eq. (5), so they can be neglected. The elimination of 
the two terms in Eq. (5) leads to the following simplified form of the mean instantaneous friction 
factor: 

AP 2D, 

m = pu(tY • L ii{tf 

2D, 

du 

'dt 
(7) 

where the oscillating flow friction factor includes two terms. The first term is similar to the steady 
flow friction factor in form, but the velocity is the mean instantaneous velocity. The second term is 
the inertial term, which cannot be neglected when the oscillating frequency of the flow is high. 

EXPERIMENTAL SYSTEM 

Figure 1 shows a schematic diagram of the experimental apparatus for testing the regenerator. 
The system is designed to measure the dynamic pressure and velocity of the oscillating flow gas at 
the two ends of the test regenerator. The test section consists of a packed column with both ends 
connected to the flow conditioning section made of stainless steel pipe of the same diameter. The 
two heat exchangers are provided at the two ends to maintain a constant temperature through the 
whole test section. This type of heat exchanger configuration is similar to other work.'' The test 
section is connected to a reservoir with an adjustable needle orifice valve that is connected to the 
end of the second flow-conditioning section. A linear compressor (swept volume: 5 cc) is used to 
generate the oscillating pressure and flow at various frequencies (30-60 Hz). 

A fine hot wire (DANTEC, Model 90N10) anemometer and two piezoelectric pressure trans
ducers (KISTLER, Type 601A) are used to measure the d}Tiamic pressure and the instantaneous 
cross-sectional mean velocity through the regenerator, respectively, as shown in Fig. 1. Detailed 
information about the experimental apparatus is similar to that in Ju, et al.' 

13 

~ ^ \ 

f 
10 I 1 0 _ 

ipd^^l lrv^l 
3 4 5 4 3 

^ X H 

Figure 1. Schematic diagram of experimental apparatus: 1-compressor, 2-cooler, 3-flow straightener, 
4—connector, 5-regenerator, 6-heater, 7-orifice, 8-reservoir, 9-pressure transducer, 10-hot-wire probe, 
11-hot-wire anemometer, 12-A/D converter board, 13-computer. 
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Table 1 Properties of sample regenerators. 

Regeneraor 
No. 

1 
2 
3 

Lengh 
(m) 

0.052 
0.050 
0.045 

Diameter 
(m) 

0.007 
0.008 
0.009 

Number 
of 

screens n 
1261 
1230 
1124 

Mesh 
size 

500 
500 
500 

Wire 
diameter 

(mm) 
0.021 
0.021 
0.021 

Pitch 
(mm) 

0.0508 
0.0508 
0.0508 

Hydraulic 
diameter 

(mm) 
0.0392 
0.0392 
0.0392 

vvWvWv^ 

Figure 2. Typical prototype of the instantaneous 
gas velocity and pressure wave. 

time (x0.4ms) 

Figure 3. The processed experimental data. 

EXPERIMENTAL RESULTS AND DISCUSSIONS 

Three regenerators were made to confirm the reliability and repeatability of the experimental 
results in this study. The regenerators were made of stacks of stainless-steel plainly woven wire 
screens with 500 mesh size. The properties for the three regenerators are listed in Table 1 including 
the number of screens n, wire diameter d„, pitch/?, and hydraulic diameter d^. The hydraulic diam
eter d, of the regenerator was determined from the equation given in the work of Miyabe.^ 

T5^ical raw experimental data for the oscillating flow is shown in Fig. 2. The raw experimen
tal data measured from the hot wire anemometer and the pressure transducers required data pro
cessing which included velocity transformation and correction. Figure 3 shows the real pressure 
and velocity wave at the inlet (VI, PI) and the outlet (V2, P2) of the test regenerator. Pressure and 
velocity for high frequency clearly show phase shift and amplitude attenuation. It is also observed 
from Fig. 3 that the positive and the negative amplitude of the velocity are different. These are 
typical phenomena for the valve (resistance) and the reservoir (capacitance) configuration, which 
were also found in the work of Kwanwoo" and theoretically verified in the work of Kuriyama et 
al."* 

THE INSTANTANEOUS OSCILLATING FLOW FRICTION FACTOR 

The pressure and velocity wave were measured for the oscillating flow at the two ends of the 
regenerator. The following correlation equation was used to calculate the instantaneous oscillating 
flow friction factor (Eq.7): 

AP(0 = / ' , ( 0 - A « (8) 
u{t) = [u^{t) + u^{t)y2 (9) 

Defining the instantaneous Reynolds number: 

R e ( 0 •• 
p(t) • u{t) • D, 

(10) 
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Figure 4. Variation of tlie instantaneous 
Reynolds number in terms of time in half cycle. 

Figure 6. The instantaneous Reynolds 
number for different operating frequencies. 

(cedlladngfiav) 
f̂  (stea^flcw) 

cperatingfrBquency s o t 

Figure 5. The instantaneous friction factor 
for 50 Hz. 

Figure 7. Ratio of the oscillating friction factor 
to the steady flow friction factor for 50 Hz. 

To compare the pressure drops over the regenerator in oscillating flow with those in steady 
flow, we used the following correlation equation for predicting the friction factor of a steady flow 
through a stack of woven screens^: 

J M 

33.6 
J M ~ „ 

Re, 
0.337 

O.Sptt' (11) 

where, M̂  is frontal flow velocity. 
The instantaneous oscillating flow friction factor^^^^ is computed and correlated according to 

Eqs. 7, 8, and 9 based on the experimental data. The instantaneous Reynolds number according to 
Eq. 10 for a half cycle is plotted in Fig. 4. Corresponding to the variation of the Reynolds number in 
Fig. 4, the relationships of the instantaneous Reynolds number and the oscillating flow friction 
factor are shown in Fig. 5. For comparison, the steady friction factor is also plotted. The measure
ment is performed at 50 Hz. It is clearly seen that the oscillating flow friction factor for increasing 
instantaneous Reynolds number exceeds the friction factor for decreasing Re5Tiolds number, and 
there is an obvious asymmetry. This is a typical result for the data obtained in our experiments. 
Moreover, note that the asymmetry characteristics become more apparent when the operating fre
quency increases in Fig. 6. By investigating the processed experimental data, we found that the 
cause of this phenomenon lies in that—even though total integrated mass flow in the positive 
direction is equal to that in the negative direction—the instantaneous mass flow in the positive 
direction (from the compressor to the reservoir) is larger than that in the negative direction (towards 
the compressor), and the period of the positive direction is shorter than that of the negative direction. 

It should also be noted that the oscillating-flow friction factor deviates from that for steady 
flow. The ratio of the oscillating-flow friction factor to the steady-flow friction factor at 50 Hz is 
presented in Fig. 7. The result indicates that the flow characteristics in the regenerator cannot be 
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treated in a quasi-steady manner for liigh frequencies. The xsAio f.^^^/ f^^ isn't simply a sealer-
multiple relationship as has been reported in other work''-^, as it is affected by the operating fre
quency and the instantaneous Reynolds number. For a 50 Hz operating frequency, from Fig. 7 we 
find that when the instantaneous Reynolds number is 0^25 in a half cycle, this ratio is about 2.2 
-1.9, and when the Reynolds number is 25->0 in the same half cycle, the ratio is 1.9-4.2. 

CONCLUSIONS 

In this paper, a definition of oscillating flow friction factor, which is different from the steady 
flow friction factor, has been presented by simplifying the momentum equation of the regenerator. 
A djTiamic experimental apparatus has been designed and constructed to investigate the oscillating 
flow characteristics of regenerators. The oscillating flow friction factor was obtained by measuring 
the oscillating pressure and velocity wave at the two ends of the regenerator. The results show that 
the friction factor at high frequency operation deviates significantly from that for steady flow and 
cannot be treated in a quasi-steady manner. The ratio of the high frequency oscillating-flow friction 
factor to that for steady flow is not simply a sealer-multiple relationship, as the relationship changes 
under different operating frequencies and the instantaneous Re)Tiolds number conditions. In addi
tion, asjTnmetry characteristics associated with the oscillating friction factor in one cycle were 
found in our experiments, and the reason for the asymmetry was discussed. 
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ABSTRACT 

A hyperbolic system of partial differential equations based on the volume averaged Navier 
Stokes system is discretized and used to portray the fluid and matrix interactions during 
oscillating regenerator flows. This system is solved using the Method of Characteristics for axial 
flow and time for the fluid phase while the matrix energy balance is solved using a discretized 
Fourier conduction equation axially and in time. Solution of the fluid phase is simplified by 
integration of the microscale diffusive flow friction and dissipative energy balance effects using 
volume averaging principles. The solution then uses a solution grid which is of the same order 
size as the volume averaging integration volumes. Correlations between previously obtained 
empirical regenerator performance data and these solution results indicate that this modeling 
approach appropriately describes the macroscopic performance character of a real regenerator. 

INTRODUCTION 

Cryocooler regenerator flows are characterized by unsteady gas dynamics, but the methods 
of describing these flows also take many attributes of the flows described in a variety of porous 
media sources which emphasize flows of incompressible fluids. The boundary between these 
approaches to the regenerator problem has been to this point unaddressed, and hence is the 
subject of this paper. Prior work has been dominated by one of two approaches to solution of the 
Navier Stokes Equations describing this system. Derivative from the Kays and London empirical 
treatise' are the various REGEN models such as that from Radebaugh et al.^ This general 
approach describes the cryogenic regenerator as being a serial compilation of regenerators and 
flow and energy transfer impedances through the regenerator as a whole are essentially the sum 
of these serial parts. The other approach is that of thermoacoustics as exemplified by Swift.^ A 
compromise between these two is the derivation of Shapiro's incompressible flow model'' by 
Organ.' This paper will address a novel approach to Organ's derivation, and present preliminary 
results which illumine a set of empirical measurements of regenerator performance. This new 
derivation is based upon the modeling of compressible and combusting flows done by Fedkiw et 
al.*'^'^ 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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A NUMERICAL MODEL FOR REGENERATOR FLOWS 

The Navier Stokes System 

Roberts and Desai derived using volume averaging methods for porous media flows the 
following system of equations that describe the mass, momentum, and energy balances in the 
working fluid using the ideal-gas equation of state. 

dt dx 

_5. a(v" 
dt 

-+ V" 
^•.^(v^] 

dx -+-
1 d{P") 

,<>Y" dx 
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d_ 

dx 

e= 
dip") 

dt 
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- + -

>")"(v«)"| 
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dt 
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- + 

= -,/? r =-i (2) 

The dissipative and diffusive terms in the momentum and energy balances are defined: 

$ = F ' 
dt 

+ F^(v")°+F^(v")"(v°)" 

(p")"e.qr' ' - (r")1-^^fc)>l 
(3) 

dt 

The remainder of this paper will address these fluid properties as being volimie averages, and 
henceforth drop the averaging notation (<JC>). 

The hyperbolic nature of this system is critical for characterizing the fluid flows within the 
regenerator, as hyperbolic systems are capable of propagating wave phenomena, and given the 
use of regenerators in oscillatory acoustic-mechanical systems, we would expect the model to 
describe this type of phenomena. Restating equation 1 in terms of density, mass flow rate, and 
energy: 

(4) 

with E = Cv T + p v72 + P/p. 
This system now has the general form of U, + F(U)x + S = 0 and can be numerically solved 

by determining the Jacobian of the flux vector, 5", which is the transformation matrix between the 
x-t plane and the real space of the dependent variables: density, velocity, pressure, and specific 
energy. In this case the Jacobian can be used to restate equation 4, 
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by a simple implementation of the chain rule in R . 

Eigensystems and Characteristic Fields 

Solution for the eigensystem of the Jacobian is feasible numerically, and Fedkiw et al [1999] 
gave its eigenvalues as the set { v+c, v-c, v), which are consistent with the characteristic lines for 
this system given by Shapiro'*, among other texts. The eigenvectors describe how the fluid 
property solution propagate along these characteristics. Using the eigenvectors as the columns of 
matrix R. 

JR=RDiag({v+c, v-c. v}) (6) 

Defining L to be the inverse ofR, these two matrices can diagonalize the Jacobean. 

LJR =Diag({v+c, v-c, v}) (7) 

Applying this system to a solution node, XQ, .and finding estimates for LQ and RQ, equation 
can be used as an exact diagonalization of equation 4 at xg, and used as a linear estimate in some 
neighborhood of xg. The first step in accomplishing this is by multiplication of equation 4's 
general form by Lg 

LoUt + LoF(U), + LoS = 0 (8) 

A discretized differential operator, A, is applied to F(U), and then the resulting system is 
multiplied by Rn-

U, + RoA [Lo F(U)J + S = 0 (9) 

Equation 9 clearly shows how the eigensystem has been used to transform the original non 
linear system to what is now a system three independent, linear ordinary differential equations. 
This is entirely consistent with how prior implementations of the Method of Characteristics 
solved along analytical characteristic lines, with one important caveat: the local region of valid 
linearization of the Jacobean is considerably smaller than what might be expected from Courant-
Friedrichs-Lax criteria (in this case (xi - Xo)/(v+c) , the nodal separation divided by maximum 
propagation speed). Instead, due to the stiffness of this system and the way that pressure 
variations have been incorporated into the specific energy derivatives, the effective step size is 
usually on the order of the CFL condition divided by 100. Offsetting this is the highly linearized 
system now being solved which poses an extremely low computational overhead. In addition, the 
necessity for intermediate point interpolations of timestep starting data, which characterized prior 
Method of Characteristics implementations, has been eliminated. 

Solution of the matrix Temperature field 

The requirement that the energy transferred from gas to matrix in the source vector in the 
Navier Stokes system be used as the convective boundary condition for any matrix segment was 
the foundation of the implicit solution of the matrix temperatures at the end of each time step. In 
addition, both ends of the matrix were presumed to be attached to constant temperature sinks. 
Empirically measured conduction values for an actual regenerator were used, which were 
approximately an order of magnitude less than the usual values for 304 stainless steel. 
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IMPEDANCE VALUES FOR HEAT AND MOMENTUM TRANSFER 

A major goal of this study was to determine whether the empirical trends noted in Roberts 
and Desai'" and extended below can be numerically simulated. In that paper it was noted that a 
relation between flow impedance and both instantaneous flow values and flow history was 
evident. 

f^C,Str + < ^ ^ ^ (10) 

An investigation was conducted concerning whether a similar relationship could be 
confirmed for the heat transfer impedance exhibited by the regenerator. In this the energy 
balance can be depicted as a balance between the material derivatives of internal energy and the 
convection and dissipative thermal interactions between the fluid and matrix: 

^. Dt Dt 

^(p°)"(v°r 
$ «, 77> ^̂  ' ^ ' ' + F' (v«)" + F' (v")" (v")" (11) 

On a cyclic, integral basis this balance can be re-expressed as the balance between how the 
fluid loses internal energy in transiting the regenerator and its interactions with the matrix. 

^Cp (7],„,,„j - 7;„u,„rf) w Ri — [T„^,^ - r̂ ,„,̂ ) + Jv^u: 

V h ^ v^ ,,^^ 
1~ Ct+f—, r (12) 

{'^-CJEc)StrCif:^St 

Equation 12's manipulations allows for the/value to be either the actual data gathered on a 
regenerator, which would not be available on an a priori basis to any design, or an estimate of 
what/might be from Roberts and Desai.'° The results of these two optional paths, compared to 
Kays and London's data' is shown below. The coefficients for the regressions, both of which had 
R-square values close to unity, were: 

/actual /fromEqn. 13 

CI 0.599 0.599 

C2 -4.47E-05 -3.54E-05 

In general the Strouhal numbers were in the area of le-4 and the Eckert numbers in the range of 
5e-3 to 9e-4. As can be noted from figure 1, the results of this model correlated very closely with 
observed performance and differed greatly from the Kays and London trend. 
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Figure 1. Results of correlation of Reynolds, Eckart, and Strouhal numbers with lieat transfer Impedance 

NUMERICAL RESULTS 

The numerical model was coded using Mathematica version 5. The subsidiary goals in this 
part of the study were: 

1. Obtain a working code to model how wave phenomena propagate in this linearized 
model of the Navier Stokes equations. 

2. Verify if the form of equations 10 and 12 indicates that on a local, instantaneous basis: 

/ ! « c l 9 ^ ^ + c2v / « c 3 9 ^ ^ + c4v (13) 

In order to accomplish the second goal, the coefficients for the terms of these equations were 
modified in order to achieve two quantitative requirements: 

1. Match the mass and enthalpy flow rates exiting from the model with experimental exit 
rates. 

2. Obtain smooth propagation of the pressure waves through the regenerator (in short, no 
shock developments due to artificial numerical processes). 

Preliminary results were obtained for simple sinusoidal entry conditions, as shown in Figures 2 
through 5. The results for purely instanteous {cl, c3 = 0, no relationship of impedance with 
dv/dt) impedance dependancy are shown in Figure 2. 
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•I— T ime 

Figure 2. St and f only functions of v (dotted line is warm end trace, while solid is cold end trace). 

t- Time 

Figure 3. Comparison of warm end traces using St(u, u )̂, f(u, û ) [dashed linejvs. St(u), f(u) [solid]. 

Time 

Figure 4. Comparison of cold end traces using St(u, u )̂, f(u, û ) [dashed line] vs. St(u), f(u) [solid]. 
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Time 

Figure 5. Warm [solid] and cold [dashed line] end traces using St(u, û ), f(u, û ). 

As can be seen in Fig. 2, there is no significant phase shift between the two mass flow rates, but 
this changes as the coefficients for the equation 13's temporal derivatives are made non zero. 

Matching Empirical Data 

Experimentally measured mass flow, temperature, and pressure (Roberts and Desai [2003]) on 
a functional cooler regenerator was converted to enthalpy flow, and these flows were then approxi
mately duplicated by the numerical mode; see Fig. 6 for mass flows and Fig. 7 for enthalpy flows. 

In the modeled case presented above, the average temporal components of the heat transfer and 
flow friction factors were 14.5% and 15.1% of the cyclic average values for these factors, which 
implies that at maximum flow accelerations, this temporal factor is highly significant as a part of 
the overall momentum and energy transfer regime. 

CONCLUSIONS 

With some significant caveats (such as enthalpy flows being affected by warm end compres
sion effects and cold end refrigeration effects), this model gives reasonable predictions of what 

' warm massflow 
estimate 

~x—vvarm massflow 
normed 

cold massflow 
estimate 

-cold massflow 
normed 

Figure 6. Matching mass flow rates from empirical data with model. 
(Normalizing factors were the cyclic averages using absolute values) 
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Figure 7. Matching enthalpy flow rates from empirical data with model. 

phenomena are occurring in a Stirling or Pulse Tube regenerator. These reservations are largely due 
to the fact that any real regenerator's boundary conditions are simultaneously another components 
boundary conditions, and therefore a model which does not take into accoimt the joint thermody
namic processes occurring in the cooler as a whole is bound to be simplified to a significant extent. 
Examples of this can be seen in comparison of the empirical versus model results, as the empirical 
results show many jagged variations in flows which are possibly due to reflection sites and entry 
and exit conditions. Other phenomena which also might significantly affect the estimate for enthalphy 
flow in particular is the probability that work extraction and cooling extend into the cold end of the 
regenerator, which is not incorporated in this model. 

NOTATION 

V. = the velocity vector of the fluid, a 
T = the temperature of the fluid, a 
M = specific internal energy of the fluid, a 
c = speed of sound 

c^,c = constant volume and pressure specific heats 
y = ratio of specific heats 
p = density 
P = pressure 
f. = friction factor 

F,G = tensor coefficients in equation 3 
Q = specific heat flux from porous media to fluid 
a" = subscript for fluid 
fi" = subscript for solid matrix 
£" = ratio of fluid volume to total volume 
ft) = frequency 
r̂  = hydraulic radius of matrix mesh 
J = Jacobian 

R,L = matrix of eigenvectors and its inverse 
Re = Reynolds number based on r^ 
Str = Strouhal number ,a)r,/v 

' h mean 

Ec = Eckertnumber, v /̂c (T -T ,) 
' p * warm cakf 



FLOWS MODELED USING METHOD OF CHARACTERISTICS 453 

REFERENCES 

1. Kays, W. and London, A., Compact Heat Exchangers, 3rd ed., McGraw-Hill Book Co., NYC (1984). 

2. Radebaugh, R., Gary, J., Marquardt, E., Louie, B. Daney, D., Arp, V., and Linenberger, D. Measure
ment and calculation of regenerator ineffectiveness for temperatures of 5 to 40 K, Wright Laboratory, 
WPAFB, OH, USA WL-TR-92-3074 (1992). 

3. Swift, Greg, Thermoacoustics, Acoustical Soc. of Amer., Sewickley, PA (2002). 

4. Shapiro, A. The Dynamics and Thermodynamics of Compressible Fluid Flow, Wiley, NYC (1953-4) 
(vol. 1 & 2). 

5. Organ, A. Thermodynamics and Gas Dynamics of the Stirling Cycle Machine, Cambridge Univ. Press, 
Cambridge UK (1992). 

6. Fedkiw, R., Merriman, B., Donat, R. and Osher, S., "The Penultimate Scheme for Systems of Conser
vation Laws: Finite Difference ENO with Marquina's Flux Splitting," UCLA CAM Report 96-18 
(1996). http://www.math.ucla.edu/applied/cam/ 

7. Fedkiw, R., Merriman, B., and Osher, S., "Efficient Characteristic Projection in Upwind Difference 
Schemes for Hyperbolic Systems," J. Comp. Physics, v. 141 (1998), p. 22-36. 

8. Fedkiw, R., Merriman, B., and Osher, S., "Simplified Discretization of Systems of Hyperbolic Conser
vation Laws Containing Advection Equations," UCLA CAM Report (1999). 
http://www.math.ucla.edu/applied/cam/ 

9. Roberts, T. and Desai, P., "Periodic Porous Media Flows in Regenerators," Cryocoolers 12, Kluwer 
Academic/Plenum Publishers, New York (2002), pp. 516-524. 

10. Roberts, T. and Desai, P., "Working Fluid State Properties Measurements in Medium and High Fre
quency Cryocoolers," Adv. in Cryogenic Engineering, Vol. 49B, Amer. Institute of Physics, Melville, 
NY (2004), pp. 1146-1153. 



A Fast and Accurate Regenerator 
Numerical Model 

Jeremy P. Harvey , Carl S. Kirkconnell , and Prateen V. Desai^ 

Raytheon Space and Airborne Systems 
El Segundo, CA 90245-0902 

G.W. Woodruff School of Mechanical Engineering 
Georgia Institute of Technology 
Atlanta, GA 30332-0405 

ABSTRACT 

A complete, fast, and accurate numerical method for solving the regenerator one-
dimensional conservation equations has been developed. This model utilizes an artificial 
convergence technique to advance the Method of Lines (MOL) solution to steady state within as 
little as 20 cycles of simulation time, which is much faster than traditional methods. 

In addition to parameters which characterize the porous medium and regenerator 
dimensions, the model requires six boundary parameters; cold and hot mass flux amplitude and 
phase difference (3), cold and hot mean temperature (2), and mean pressure (1). Specified mean 
pressure and mean boundary temperatures are achieved using the artificial convergence 
technique. Constant regenerator net energy flow is demonstrated, and is the requirement for 
convergence. 

This model has been used to quantify the effects of several limiting assumptions typically 
used in regenerator analysis such as ideal gas, constant properties, local thermal equilibrium, and 
constant temperature, i.e. T = T(x). These assumptions all lead to under-prediction of regen
erator net heat flux, or regenerator loss. Comparison of this model to experimental data and 
system level modeling using Sage is also included. Finally, the numerical method is validated 
using an exact solution test case, yielding normalized errors of order 10"̂ . 

INTRODUCTION 

Regenerators in cryocoolers and power engines serve to thermally insulate the hot reservoir 
from the cold reservoir while allowing for pressure work transmission. Practical limitations on 
regenerator design prevent complete insulation and the resulting net enthalpy flow leads to a 
reduction in net refrigeration or power production. For modeling regenerative systems, the flow 
and heat transfer in the regenerator needs to be modeled by solving the system of conservation 
equations with appropriate boundary conditions. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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L 

^ "l{t) 

Figure 1. Diagram of the one-dimensional regenerator. 

MATHEMATICAL MODEL FOR THE ONE-DIMENSIONAL REGENERATOR 

The conservation equations for the one-dimensional regenerator (Fig. 1) have been derived 
using a voltime averaging technique.' The result is a system of four coupled partial differential 
equations for gas density, p, gas mass flux, m, gas energy, E, and matrix temperature, T^. 

Three decoupled auxiliary equations give the entropy generation in the gas, s™̂ ,̂ matrix, j 

and the system, s"' 
'j3,sen » 

j ^ ^ . Lastly, two equations of state are necessary to define the gas 

temperature, T, and pressure, p, in terms of the density and energy. These equations are 

repeated here: 
dp dm 

dt dx 
dm d (m^ ] jus m m^ £ c, r -. 
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(9) 

(10) 

The 1-D momentum equation contains two parameters, K and Cf, which characterize the flow 
friction due to viscous and inertial effects respectively. The gas viscosity, ^ , is in general a 
fluid property and thusly dependent on temperature and pressure. The energy equations contain 
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a volumetric interfacial convection heat transfer coefficient, a,,7/, which is dependent on the 
local instantaneous Re5Tiolds number, Re. The length scale in the Reynolds number is chosen 
as the square root of the permeability which is the natural length scale derived from scale 
analysis of the momentum equation; thus the momentum and energy equations are united via a 
common scale. Dispersion in the gas phase has been shown to behave as a diffusive energy 
flux. Gedeon acknowledges this as a loss mechanism in regenerators and labels it as enhanced 
axial conduction.^ He utilizes a similar methodology for modeling the dispersion in the form of 
a dispersion coefficient, N,^. The porosity, e, is the final parameter which characterizes the 1 -D 
model. This general model represents a fully nonlinear, compressible model for the regenerator. 

ARTIFICIAL CONVERGENCE TECHNIQUE 

The total energy flux in the regenerator is composed of a diffusive/dispersive flux and an 
enthalpic flux. This total energy flux must be constant at steady state as will be shown. Cyclic 
averaging of the combined gas and matrix energy equations under the assumption of periodic 
steady state results in 

f{—k+?,.„+?„,,» ]U=o, (11) 

where the "ss" subscript indicates steady state. This conclusion is reached by noting that the 
cyclic average of the internal energy terms is identically zero at steady state. Let 

OX £ OX 
K, = P"c,T,„ ^^„. = -N,k^, ?„,„ = -^-^k^Tp "-^. (12) 

A simplification in terms of temperature gives 

I '? = 0. (13) 

The temperature field at the end of a cycle may not satisfy this relationship. In this case, this 
relation provides a means of calculating a correction for the initial condition of the following 
cycle. By defining the quasi steady-state temperature fields which satisfy Equation 12 exactly as 

r,, = T\x)+T{x,t\ r̂ _„ = T\x)+Tf,{x,t), (14) 

where the primed temperature is an axial correction. T(x,t) and Tp(x,t) are the temperatures of 
the gas and matrix, respectively, from the current cycle. These quantities can be substituted into 
Equation 13 and T'(z) can be solved to obtain 

^ ( z ) | ? + / , ( z ) f : + /3(z)=0, (15) 
oz oz 

where 

(16) 

(17) 
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which follows from a cyclic-average of the continuity equation. Equation 14 is a second order 
ODE which can be solved for the temperature correction function. The boundary conditions are 
appropriately chosen as 

r(o)=o 
/ \ (18) 

since the temperature field at the ends does not need a correction due to the boundary conditions 
which fix those values. T' can then be solved numerically with a finite difference technique. 
Then the initial conditions for the temperatures for the next period are 

T{0,X) = T{T,X)+AT'{X) 

T^{0,X) = T^{T,X)+1T'{X). *^^^^ 

A relaxation factor, X, is used to aid stability. Experimentation has indicated an optimum value 
of 0.30-0.35. This method has been used to advance the solution to steady state in as little as 20 
cycles of simulation. In practice, the temperature correction is only applied once every three 
cycles. 

SIMPLIFIED MODELS FOR THE REGENERATOR 

A few special cases of the general model as presented in Equations 1-10 are worthy of 
notice since they can be used to 1) illustrate the non-conservative effect of simplifying 
assumptions and 2) decompose the total regenerator loss. 

Constant Temperature Model (CTM) 

In the limit of infinite convective heat transfer coefficient and infinite matrix heat capacity, 
the regenerator gas and matrix have constant temperatures which vary only with axial location. 
The gas and matrix temperatures must be identical. In this limit, the energy equations are 
eliminated altogether. A solution is achieved using the artificial convergence technique. 

Local Thermal Equilibrium Model (LTEM) 

A less restrictive model than the constant temperature model can be proposed by relaxing 
the infinite heat capacity assumption. In this case, the gas and matrix temperatures are still 
identical, except now there can be a time varying temperature field. A single energy equation 
can be written by relating the convective heat transfer terms. Under the assumption of ideal gas, 
this energy equation becomes 

at Qjj, ax Cjjj; ox'y ox e ax ) 

where the combined volumetric heat capacity is defined as 
\ — £ 

CLW.=PC,+{/X)P • (21) 
s 

Real Gas versus Ideal Gas/Constant Properties 

The LTEM is limited in applicability to ideal gas and constant properties. The CTM and the 
full model both have variants based on the use of real gas or ideal gas equations of state. 
Properties such as the viscosity can vary with temperature and pressure in general. As a result, 
five models can be compared. An illustrative comparison is provided in the following section. 
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EFFECT OF LIMITING ASSUMPTIONS 

The five models presented in the previous section were simulated under identical operating 
and boundary conditions. Figure 2 shows that the regenerator loss increases as the limiting 
assumptions are removed. Beginning with the CTM using ideal gas, the regenerator loss 
reported is totally due to conduction and dispersion, i.e. the net enthalpy flow is identically zero. 
Addition of the real gas shows that the net enthalpy flow becomes nonzero due to pressure 
dependence of the enthalpy. Pressure and mass flux are partially in-phase resulting in a net 
enthalpy flux. The LTEM model shows that the effect of finite matrix heat capacity, at least for 
this simulation, resulted in a net enthalpy flux increase comparable to the effect of real gas. The 
full model which utilized the dual energy equations and real gas represents the most accurate 
prediction of the regenerator loss. This model accounts for additional net enthalpy flow in the 
regenerator due to temperature differences between the matrix and gas. Figure 3 illustrates how 
the four loss mechanisms compare. The most significant loss that is commonly ignored is that 
due to real gas effects. It should be noted that temperature dependent properties such as 
viscosity were used only for the real gas simulations. 
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Figure 2. Comparison of regenerator loss calculated with limiting case models based on identical 
operating conditions (ideal gas assumes constant properties.) 
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Figure 3. Comparison of regenerator loss mechanisms. 
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Figure 4. Comparison of mean temperature profiles calculated with the different models based on 
identical operating conditions. 

These simulations were performed for a regenerator operating at no-load at 70 K. Figure 4 
shows the mean temperature profiles for the five models and a linear profile. The profiles deviate 
by as much as 50 K (Constant T Real Gas versus Dual E Real Gas.) It is this temperature profile 
which produces a steady state solution. Beginning with a linear profile, a model must eventually 
converge on a temperature profile that produces a imiform energy flux along the regenerator. 

MODEL COMPARISONS 

This model was compared to two other regenerator models, Sage and REGEN3.2. The models 
compared reasonably well. It is expected that the Georgia Tech model is the most accurate based 
on the evidently more accurate energy balance and entropy generation discrepancy. Figure 5 shows 
the energy fluxes as predicted by the three models. 

Each model has three curves: 1) for enthalpy flux, h, 2) conductive and dispersive flux, q, 
and 3) the total flux, h+q. As presented earlier, the total energy flux in the regenerator must be 
constant and imiform at steady state. The GT model demonstrates this uniformity while the Sage 
and REGEN models produce noticeably non-uniform total energy fluxes. Fortunately, Sage and 
REGEN over-predict the regenerator loss in comparison to the GT model. 

- « - Sage h 
-a- Sage q 
- B - Sage M-q 

GT h+q 
- G T q 

G T h 
- o - REGEN h+q 
- » - REGENh 
- » • REGEN q 

0 0.01 0.02 0.03 0.04 0.05 
Position [m] 

Figure 5. Comparison of Sage-predicted regenerator loss versus GT model. 
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Table 1. Sage Comparison Summary. 

461 

Net refrigeration 
Regenerator Loss 
Viscous and Inertiai 
iost power 
interfacial heat 
transfer lost power 
Gas conduction and 
dispersion lost power 
Matrix conduction lost 
power 
Total gas and matrix 
conduction and disp. 
Total lost power 
Lost power based on 
external calculation 
Lost power 
discrepancy 
Warm end pressure 
ratio 
Cold end pressure 
ratio 
Warm end pressure 
phase angle 
Cold end pressure 
phase angle 

GT 
0.0 
1.73 

15.3 

3.17 

0.618 

0.129 

0.747 
19.2 

19.2 

-0.029% 

1.30 

1.22 

-42.6 

-62.8 

0.5 
1.60 

14.2 

2.36 

0.477 

0.105 

0.582 
17.2 

17.2 

-0.012% 

1.31 

1.22 

-43.1 

-62.2 

1.0 
1.54 

14.1 

1.87 

0.381 

0.087 

0.469 
16.4 

16.4 

-0.060% 

1.33 

1.24 

-44.9 

-63.4 

SAGE 
0.0 
1.84 

15 

3.15 

0.713 
18.9 

19.0 

-0.734% 

1.30 

1.21 

-42.7 

-63.1 

0.5 
1.744 

14.18 

2.34 

0.553 
17.1 

17.2 

-0.481% 

1.31 

1.22 

-43.27 

-62.5 

1.0 
1.671 

14.02 

1.85 

0.441 
16.3 

16.4 

-0.270% 

1.33 

1.24 

-45.11 

-63.6 

Sage provides listings which include the available energy losses and an available energy loss 
discrepancy. This discrepancy is a measure of the difference in available energy loss based on an 
internal and external control volume formulation. The discrepancy is a measure of numerical er
rors. Table 1 compares the results from the Sage and GT models for three runs. The GT model 
averaged 0.03% discrepancy, while Sage averaged 0.5% discrepancy. 

SUMMARY 

The model presented in the work represents a complete model which produces accurate results. 
Simulation time is reduced by a factor of 50 by utilizing an artificial convergence technique which 
drives the solution to the steady state solution without sacrificing accuracy. This technique works 
by predicting a correction to the mean temperature profile based on a partially converged solution. 

This model was used to show the effect of simplifying assumptions on the regenerator loss 
prediction. The use of ideal gas and constant properties was shown to have a significant non-
conservative result over real gas and temperature dependent properties. 

A comparison of this model with Sage and REGEN3.2 shows that this model is at least if not 
more accurate based on the First and Second Laws of conservation. 
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ABSTRACT 

Regenerative lieat exchangers define the crucial design component for high frequency 
cryocoolers such as Stiriing and Pulse Tube refrigerators. To aid in their design, a parametric 
investigation has been carried out using the NIST code REGEN3.2 to optimize a single-stage 
regenerator operating with a warm end temperature of 300 K and a cold end temperature that 
varies between 60 and 80 K. The matrix choice in all the calculations is 400-mesh stainless 
steel. The optimization has been defined by maximizing the COP as a function of geometry, 
mass flow, and the phase between the cold-end mass flow and pressure. We have conducted the 
optimization investigation over a frequency range of 30 - 60 Hz using a constant average 
pressure of 20 bar and a pressure ratio of 1.2. Regenerator performance—defined by net cooling 
power, COP and losses—is presented along with the optimized parameters of geometry, mass 
flux, and phase angle as a function of cold end temperature and frequency in order to provide 
convenient design charts for single-stage regenerators. 

Additionally, first order design approximations are explored such as the dependence of the 
optimized length on end temperature conditions alone, and the independence of an optimized 
mass flux over a wide range of cooling power. 

INTRODUCTION 

The regenerator-design code developed at NIST ' " ' in its most recent version, REGEN 3.2, 
provides a powerful tool for the user to investigate the influence of geometry, material selection, 
frequency, temperature, pressure ratio, and the phase between flow and pressure on regenerator 
performance. While the broad array of variable parameters enables a wide variety of questions 
to be investigated, the multiplicity of choices can be intimidating to the new user, and the 
optimal approach for utilizing REGEN 3.2 in regenerator design is not immediately obvious. In 
this report we present the sequential steps, and summary of trends observed, in a systematic use 
of REGEN 3.2 over range of what we consider to be 'typical' operating conditions for single 
stage cryocoolers. Here the cold end temperature varies between 60 K and 80 K and the 
frequency varies between 30 and 60 Hz. The pressure ratio (P, = Pmax / Pmin) is fixed at 1.2, and 
stainless steel screens are chosen for the regenerator matrix. 

The intent of this investigation is to identify 'rules of thumb' that can be used in a 
quantitative sense to optimize the design of regenerators without having to repeat the detailed 
investigation with REGEN. It should be noted that there are certainly many other uses one can 
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make of REGEN, and our investigation does not come near to exploring its fUll capabilities. For 
example, the real-gas properties of helium that are accommodated and influence regenerator 
design near 10 K are not explored in our investigation. Following a brief description of the key 
performance parameters within REGEN 3.2, we describe the approach used in our systematic 
investigation, and the resulting performance trends. The broad picture indeed provides a set of 
interesting and quantitative guidelines one can quickly apply for parametric analyses and 
regenerator designs. 

KEY PARAMETERS 

The thermal and fluid relations that form the foundation of REGEN are well detailed by 
Radebaugh and Louie' as is the numerical approach by Gary and Radebaugh ' . From a user's 
perspective, the distinctive features afforded by REGEN include the temperature dependent 
properties of the matrix material, a large selection of materials (more than 30) and flow 
geometries (5), and the flexibility to add user-defined materials or geometries. REGEN accounts 
for the pressure drop across the regenerator and includes the non-ideal pressure dependence of 
enthalpy for the working gas. REGEN 3.2 permits these analyses to be carried out on standard 
PCs. Input parameters are required for the assumed sinusoidal mass flow at each end in terms of 
the fi-equency, amplitude, phase difference, and temperature. The average pressure is also 
required. Alternately, one can define the input in terms of the pressure ratio (Pr), the phase angle 
between pressure and mass flow at the cold end (0), and the average pressure (PQ). 

The output provided by REGEN 3.2 defines the performance of the regenerator in terms of 
its gross and net cooling power, thermal losses, associated PV work at the cold and warm ends, 
and various other parameters that describe the flow. In the present study, an optimized 
regenerator is defined by the design that minimizes the necessary work supplied at the warm end 
in order to achieve a desired cooling power at the cold end. In the variables supplied by REGEN 
3.2 such an optimization is achieved by maximizing the net adjusted coefficient of performance 
(NTACOP). The coefficient of performance is calculated fi-om the net adjusted cooling power 
(NTCADJ) and PV work at the warm end of the regenerator (PVWKOT) by: 

NTACOP =NTCADJ/PVWKOT (1) 

The net adjusted cooling power is calculated beginning from the acoustic power at the cold end 
of the regenerator (PVWKl). The cold end acoustic power is determined from the integral of the 
product of the dynamic pressure and volumetric flow at the cold end of the regenerator around 
one cycle: 

PVWKX='^\' ^^^^MPMMldt. (2) 
7 '-' PL 

Here cp and A are the porosity and cross sectional area of the regenerator respectively, while 
v(L,t) and p(L,t) are the instantaneous velocity and density of the gas at the cold end of the 
regenerator (see Fig. 1). Pd(t) is the instantaneous dynamic pressure and pL is the gas density at 
the constant cold end temperature. REGEN 3.2 modifies the cold end acoustic power by the loss 
terms ENTFLX, and HTFLUX, which respectively account for the regenerator ineffectiveness, 
and heat flux due to conduction through the cold end of the matrix, to calculate the net adjusted 
cooling power. 

GRCADJ = (PVWKl - PRLOSS)*COOLING_MULT (3) 

NTCADJ = GRCADJ - RGLOSS - HTFLUX (4) 
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Hot Cold 

x=0 x=L 

Figure 1. Regenerator configuration defined in REGEN 3.2 

RGLOSS = ENTFLX - PRLOSS (5) 

ENTFLX is calculated from the cycle averaged enthalpy flow out the cold end of the 
regenerator: 

ENTFLX = - I ' (pAv(L,t)p{L,t)h{L,UP)dt (6) 
r ' •" 

The term COOLING_MULT allows one to estimate a reduced cooling power produced through 
a non-ideal expansion process in, for example, a pulse tube or Stirling cycle expander. However, 
throughout the present investigation, COOLESFGMULT is set at unity. The term PRLOSS 
accounts for the non-ideal gas dependence of enthalpy on pressure. Separating this term out of 
ENTFLX allows RGLOSS to characterize the dependence of regenerator ineffectiveness on 
geometry parameters alone. 

Combining equations (3), (4), and (5) in the case where COOLING_MULT =1 jdelds the 
expression for the net adjusted cooling power: 

NTCADJ = PVWKl - ENTFLX - HTFLUX (7) 

The PV work at the warm end of the regenerator (PVWKOT) is determined in a similar 
fashion as that described by equation (2), except that the velocity and density terms are evaluated 
at the warm end (x=0), and the dynamic pressure amplitude is increased by an amount equal to 
the pressure loss through the regenerator. Notice that the net adjusted coefficient of performance 
defined by equation (1) accounts for both thermal and pressure losses in the regenerator, and 
thereby provides a realistic comparison of the net cooling power at the cold end and required 
acoustic power at the warm end. 

OPTIMIZATION PROCEDURE 

The results generated in the present investigation have been obtained by running REGEN 
3.2 simultaneously and continuously on 4 different Pentium IV PC's over a period of 
approximately two months. In each run the program is halted after 50 cycles. As noted in the 
instruction manual that accompanies REGEN 3.2, the accuracy of the solution, and the approach 
to cyclic steady state, can be monitored through the ratio ETHDIF/ETHFLX that measures the 
energy balance through the regenerator. If ETHDIF is 5-10% of ETHFLX the solution is 
probably acceptable, a value of 50% is probably not acceptable. As shown in Fig. 2, most of our 
data produce ratios of approximately 25%. In view of our interest in trends and not necessarily 
precise quantitative information, and noting that accuracies of less than 10% would require 200 
months for the same quantity of information, we have elected to accept the numerical inaccuracy. 
We note that the variance of NTACOP fi-om 50 cycles to 5000 cycles is less than 10%. 

A nested sequence of parameter loops, shown in Fig. 3, is used to generate performance data 
from REGEN 3.2. To begin, the values of the cold end temperature (Tc), frequency (/), 
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Figure 2. Variation of NTACOP (left) and solution accuracy (right) with number of cycles used in the 
solution 
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Figure 3. Systematic approach to determine the optimized regenerator geometry as a function of cold-
end-temperature and frequency 

regenerator area (A), regenerator length (L), and cold end mass flow rate (rh^) are fixed. In a 
preliminary investigation, it was found that for the relatively small valtie of Pr = 1.2 used in this 
study, the term PVWKl is essentially identical to the expression for acoustic power: 

W3cous.ic=iRT,m,-icos^ (8) 

where R is the ideal gas constant. Thus, using Eq. (8), a set of runs can be performed for a 
constant value of acoustic power by varying n\ over a range of 9. The set of runs with various 
constant power curves are generated for each value of regenerator length indicated in Fig. 3. 
This group of runs is repeated for the each of areas indicated, with the systematic approach 
continuing through the full nested set of runs, finally generating more than 100,000 runs of 
REGEN 3.2. 
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467 

Figure 4. The dependence of COP on theta with variable power, but constant cold end temperature, 
area, length and frequency. In this case T̂  = 80 K, f = 50 Hz, A = 0.02 m ,̂ and L = 0.05 m. 

INVESTIGATION RESULTS 

As noted above, the primary performance characteristic of interest for each run is the 
NTACOP. Results from a series of runs within the innermost loop of Fig. 3, carried out for 
different values of acoustic power, are shown in Fig. 4. From such data, the optimum acoustic 
power associated with the fixed values of Tc, / , A, and L is found by identifying the power and 
corresponding value of 8 that produces a maximum NTACOP. 

By repeating the above runs for a variety of regenerator lengths, a set of optimized values of 
power, phase angle, and COP are obtained for each length. An example of optimized COP -
length data are showm in Fig. 5. In this case the associated values of acoustic power (PVWKl) 
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Figure 6. Correlation between the optimized cross sectional area of regenerator 
and the associated cooling power for two different cold end temperatures. 

and phase angle are 500 W and 45 °. Repeating this investigation for other values of regenerator 
area, while holding frequency and cold end temperature fixed, reveals a strongly linear 
relationship between the optimum acoustic power and regenerator area. A corresponding linear 
relationship also exists between the net adjusted cooling power (NTCADJ) and the regenerator 
area, as illustrated in Fig. 6. Here the scatter of data is primarily a result of the course step size 
(100 W) used for the values of acoustic power. Fig. 6 also suggests a slight frequency 
dependence at 60 K in the relationship between the optimized area and cooling power. Fig. 7 
explores this relationship explicitly for a fixed cooling power (300 W). Although the frequency 
dependence is evidenced in the 60 K data, more information is required at 80 K to make a similar 
conclusion at that temperature. 
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In contrast to the clear correlation between cooling power and area, there is little, if any 
correlation between the cooling power and the optimized length. As shown in Fig. 8, the 
optimized regenerator length is insensitive to cooling power, but varies inversely with the cold 
end temperature. For a constant cold end temperature, one can also clearly identify a frequency 
dependence to the optimized length (see Fig. 9). Finally, the optimized values of NTACOP are 
found to be frequency independent, and vary inversely with the cold end temperature as 
expected. Fig. 10 displays that the optimized COP values, including the various real loss terms 
accounted by REGEN 3.2, are 0.14 at 80 K and 0.085 at 60 K. These values indicate that an 
optimized regenerator can be expected to perform with an efficiency of at best 38.5% and 34% 
of Camot at 80 K and 60 K respectively. 
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CONCLUSIONS 

A systematic use of REGEN 3.2 including over 100,000 runs reveals a number of useful 'rules 
of thumb' for designing single stage regenerators operating between a warm end temperature of 
300 K and a range of cold end temperatures between 60 K and 80 K. The optimized length of the 
regenerator is independent of the cooling power but found to be inversely dependent on the cold 
end temperature and frequency. At 80 K and 60 Hz, the optimized length is 53+0.5 mm. Decreas
ing the frequency to 45 Hz increases the optimized length to 60 mm. A linear relationship exists 
between the optimized regenerator area and the desired cooling power. At 80 K the coefficient of 
proportionality is approximately 7.7 x lO-̂  m^AV. (This area represents the total cross section of 
the regenerator, including the screen matrix). The optimized area at 60 K is found to be somewhat 
frequency dependent, varying from 0.04+0.005 m^ at 40 Hz to 0.03+0.005 m^ at 60 Hz to provide 
300 W of cooling power. In all of the runs at 80 K and 60 K, the optimized phase angle between the 
mass flow and pressure at the cold end of the regenerator is 45+5°. Finally, REGEN 3.2 calculates 
that the optimum COP of a regenerator operating at 80 K and 60 K will be 38.5% and 34% of 
Camot respectively. 
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ABSTRACT 

Active magnetic regenerative refrigeration (AMRR) systems represent an environmentally at
tractive space cooling and refrigeration alternative that do not use a fluorocarbon working fluid. 
Two recent developments have made AMRR's feasible in the near-term. A rotary regenerator bed 
utilizing practical and affordable permanent magnets has been demonstrated and shown to achieve 
a reasonable coefficient of performance (COP). Concurrently, families of magnetocaloric material 
alloys with adjustable Curie temperatures have been developed. Using these materials, it is pos
sible to construct a layered regenerator bed that can achieve a high magnetocaloric effect across its 
entire operating range. This paper describes a numerical model capable of predicting the practical 
limits of the performance of this technology applied to space conditioning and refrigeration. The 
model treats the regenerator bed as a one dimensional matrix of magnetic material with a spatial 
variation in Curie temperature, and therefore magnetic properties. The matrix is subjected to a 
spatially and temporally varying magnetic field and fluid mass flow rate. The variation of these 
forcing functions is based on the implementation of a rotating, multiple bed configuration. The 
numerical model is solved using a fully implicit (in time and space) discretization of the governing 
energy equations. The nonlinear aspects of the governing equations (e.g., fluid and magnetic prop
erty variations) are handled using a relaxation technique. Some preliminary modeling results are 
presented which illustrate how an AMRR system can be optimized for a particular operating condi
tion. The performance of the AMRR in a space cooling application with the layered vs non-layered 
bed is compared to current vapor compression technology. 

INTRODUCTION 

Magnetic cooling has the potential to become competitive with vapor compression systems. 
The metallic refrigerant has essentially zero vapor pressure and no ozone depletion potential or 
direct global warming potential. The theoretical limit on the efficiency (or COP) of an active 
magnetic regenerative refrigeration (AMRR) system is the Camot limh. However, the temperature 
lift of an AMRR system is limited by the material properties of the magnetocaloric alloy. Practical 
limits on the performance of an AMRR have yet to be established as there is currently no directly 
applicable, non-proprietary model that considers the detailed, coupled thermal-fluid processes oc
curring within a layered magnetic bed. 

Cryocoolers 13, edited by R. G. Ro.'is, Jr. 
Springer Science+Business Media, Inc., New York, 2004 4 7 1 
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The Magnetocaloric Effect 

The thermal and magnetic properties of magnetocaloric materials are highly coupled over a 
certain, typically somewhat limited, temperature range, allowing them to be used within energy 
conversion systems. Temperature (7) and entropy (S) form what in thermodynamics is called a 
canonical conjugate property pair that, together, defmes the transfer of heat. Pressure (P) and 
volume (F) form another such property pair defining the transfer of mechanical work. If 
hysteresis is ignored, then it is possible to define a similar pair of properties to describe the 
transfer of magnetic work: applied field (jioH) and magnetic moment (VM) [1]. The fundamental 
property relation for a substance capable of experiencing magnetic work is shown in Eq. (1). 

dU = T-dS + n^-H-d{V-M) (1) 

Examination of Eq. (1) reveals that the applied field is analogous to pressure and magnetic 
moment is analogous to (the inverse of) volume. This analogy is physically revealing; increasing 
the applied field tends to align the magnetic dipoles, which can be thought of as small torsional 
springs, and the result is an increase in the magnetization and an increase in temperature. The 
process of aligning the magnetic dipoles requires work and reduces entropy. In a compressible 
substance increasing the pressure tends to reduce the space between molecules, which can be 
thought of as small linear springs. The process of reducing the volume requires work and 
reduces entropy and increases the temperature of the gas. 

Using the analogy described above it becomes possible to apply all of the typical 
thermodjTiamic results and identities ordinarily used with a pure compressible substance to a 
magnetic material; including Maxwell's relations that describe relationships between partial 
derivatives of properties and the idea of an equation of state that describes the magnetization as a 
function of temperature and applied field. 

Magnetic Refrigerator Configurations 

The thermodynamic coupling between thermal and magnetic properties allows a 
magnetocaloric material to be used as the working fluid in a refrigeration cycle. In 1933, 
Giauque and MacDougall [2] reported using this effect to reach temperatures below 1 K, 
breaking the temperature barrier that was previously imposed by the properties of compressible 
fluids. These early, "one-shot" techniques utilized an isothermal magnetization followed by an 
adiabatic demagnetization. This cycle suffers from limited temperature lift due to the magnetic 
material properties. 

This technical barrier has been overcome by the use of a regenerator in the active magnetic 
regenerative refrigeration (AMRR) cycle. A porous, packed bed of magnetic material is exposed 
to a time-varying magnetic field and a time-varying flow of heat transfer fluid. Each segment of 
the bed undergoes a unique refrigeration cycle and interacts with the adjacent material via the 
heat transfer fluid. The net result of these cascaded refrigeration cycles is a temperature lift that 
is much larger than can be achieved with a "one-shot" configuration. Different mechanical 
realizations of this cycle are possible. For example, the magnetic material may be stationary and 
the field varied by controlling the current in a solenoid. This configuration is feasible at very 
low temperatures where superconductors can be used to efficiently handle the large currents that 
are required to generate significant magnetic fields but is not practical near room temperature 
applications where the applied field variation is achieved by physically moving the magnetic 
regenerator into and out of a stationary magnetic field produced by a permanent magnet either 
linearly [3-6] or rotationally [7]. The practical limit on the efficiency that can be realized by an 
AMRR is then limited primarily by losses that are related to the regenerator and can only be 
assessed through the development of a detailed and reaUstic model of this component, as 
described in the subsequent sections. 
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Layered beds 

Ideally, the regenerator in an active magnetic refrigerator (AMR) would utilize a magnetic 
material that undergoes a magnetic field induced change in entropy that is constant across the 
bed over its entire operating temperature range. However, pure magnetic materials exhibit a 
sharp peak in their magnetic-to-thermal coupling and therefore in the magnetically driven 
entropy change. This peak occurs at the Curie temperature (7c«ne)- When used as a magnetic 
refrigerant in an AMR, this characteristic of the material results in there being only a very small 
temperature range (near the Curie temperature) where the AMR can maintain its otherwise 
potentially high performance. 

Researchers have recently identified families of magnetic material alloys whose Curie 
temperatures can be engineered, within some range, through variation in the alloying formula [8-
10]. Therefore, AMR beds may be constructed with engineered, spatial variations in their Curie 
temperature; the material with the lowest Curie temperature is placed at the cold end of the 
matrix and the Curie temperature of the material increases towards the hot end. 

MODELING 

The conventional equipment outside of the magnetic regenerator bed, including the pumps, 
heat exchangers, fans, drive motor, and permanent magnets are not explicitly modeled. Their 
effect on the bed is felt through an imposed time variation of the mass flow rate ( « ( / ) ) and the 
variation of the magnetic field in time and space (/j^H(x,t)); these variations must somehow be 
related to the fluid-mechanical-magnetic configuration that is employed to operate the bed. 
When the fluid mass flow rate is positive, flow is in the positive x direction and therefore enters 
the hot end of the regenerator bed. A negative mass flow rate indicates flow entering from the 
cold end of the bed. The flow entering the bed is assumed to have the temperature of the 
adjacent thermal reservoir, TH or Tc, depending on whether the flow rate is positive or negative, 
respectively. The fluid is assumed to be incompressible (p/= constant). The remaining required 
fluid properties, specific heat capacity (c/), viscosity {^j), and thermal conductivity (kj), are 
assumed to be functions of temperature but not pressure. 

The fluid flows within a regenerator matrix formed from a layered magnetic material. The 
layering causes the Curie temperature to vary spatially along the matrix {Tcurie(x)). The partial 
derivative of entropy with respect to applied field at constant temperature is assumed to be a 
function of the temperature of the material relative to the local Curie temperature and of the 

ds 
applied magnetic field ( '— {T-1^,^,1^,^i^H)); this dependence implies that the magnetic 

effect of different alloys can be collapsed onto a common shape by shifting the temperature scale 
according to the Curie temperature. The specific heat capacity of the material at constant, zero 
applied field and the thermal conductivity of the material are assumed to be a fiinction of the 
material's temperature, applied field, and its Curie temperature {c^(T,T^^^.^,ij,^H)and 

K{T,Tc„,„H,H)). 

The geometry of the matrix consists of many small passages that allow the fluid to flow in 
intimate thermal contact with the regenerator material. Regenerator geometries ranging from 
packed beds of spheres to screens to perforated plates may all be considered by this model. In 
order to maintain this flexibility, the regenerator geometry is characterized by a hydraulic 
diameter (c4), porosity {e), and specific surface area (Oj). The Nusselt number of the matrix is 
assumed to be a function of the local Reynolds number and Prandtl number of the fluid (Nu{Ref, 
Prff). The friction factor is assumed to be a fiinction of the local Reynolds number (fiRef)). The 
matrix/fluid combination is characterized by an effective thermal conductivity {kef) that relates 
the actual axial conduction heat transfer through the composite sohd/liquid structure to the heat 
transfer through a comparable solid piece of regenerator material. The overall size of the 
regenerator is specified according to its length (L) and total cross-sectional area {A^). 
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Derivation of Governing Equations 

The fluid and regenerator temperature variations over a periodic steady-state cycle are the 
eventual output of this model {T^x,t) and Tr(x,t)). These variations, coupled with the prescribed 
mass flow rate and applied field, allow the calculation of cycle performance metrics such as 
refrigeration load and magnetic power. The temperature variations are obtained by solving a set 
of coupled, partial differential equations in time and space obtained from energy balances on the 
fluid and the matrix. After some simplification, the energy balance on the fluid is: 

H(>f{^f)^ 
Nu{Re,,Pr^)k,{T,) 

^c[Tf-T^) + PfAec^{Tjf-^ 
dp m{t) 

8x PI-
(2) 

The first term in Eq. (2) represents the enthalpy change of the flow, the second term represents 
heat transfer from the fluid to the magnetic material, the third term represents the energy stored 
by the fluid that is entrained in the matrix structure, and the fourth term represents viscous 
dissipation. Note that axial conduction is ignored in the fluid equation and instead is applied to 
the matrix and modeled using the concept of effective bed conductivity. The governing equations 
are simplified and the numerical solution is stabilized considerably if the entrained fluid heat 
capacity is "lumped" with the heat capacity of the matrix itself; therefore this term is removed 
from the fluid energy equation but will be included in the regenerator energy equation. 
Investigations are ongoing relative to the impact of this simplification, but it appears to be 
conservative; that is, this simplification tends to reduce the performance somewhat. After 
removing the entrained fluid heat capacity and expressing the pressure gradient in terms of a 
friction factor, Eq. (2) becomes; 

i{t)c,{T,) 
STj , Nu{Re^,Pr,)k,{Tj) 

dx 
a,A[T,-T;)-

f{Rej)m{t)' 

^p]Kd, 
(3) 

The energy balance on the magnetic material in the regenerator is; 

l^u{Ref,Pr?\kAT,\ , \ , , 8M d^T , , du 

dt dx' 

where the first term represents heat transfer from the fluid to the regenerator, the second term 
represents the magnetic work transfer, the third term is axial conduction, and fourth term 
represents energy storage. The magnetic work term is grouped with the change in the internal 
energy in order obtain an expression involving the partial derivative of the entropy with respect 
to magnetic field. The fluid heat capacity, removed Irom Eq. (2) is added to the regenerator 
energy balance. The governing equation for the regenerator becomes; 

dT 
+ 4 [pj.sCf{T,) + {\-s)p, c^,(T^j^^^^^^i,^H)\-^ 

(5) 

The boundary conditions for Eq. (3) and (5) include that the fluid is assumed to enter the matrix 
at the temperature of the associated thermal reservoir, the ends of the regenerator are assumed to 



NUMERICAL MODEL OF ACTIVE MAGNETIC REGENERATOR 475 

be insulated from conductive heat transfer, and the regenerator must undergo a steady-state 
cycle. This last boundary condition leads to the constraint that the temperature at any location in 
the regenerator at time / must equal the temperature at the same point at time t + r where r is the 
duration of a cycle. 

Numerical Model 

The numerical solution for the fluid and regenerator temperatures is obtained on a numerical grid 
that extends from 0 to i in space and from 0 to r in time. Initially, "guess" values for the 
temperatures at each node (T^jj and 7^,,) are assigned based on a spatially linear and time 
invariant assumption. The properties, local flow characteristics, and other temperature dependent 
aspects of the matrix behavior are computed for each control volume based on these "guess" 
temperature values. The fluid and regenerator governing equations are linearized, discretized 
and written for each control volume. These equations are solved using a sparse matrix 
decomposition algorithm. The absolute value of the maximum error between the "guess" values 
of the regenerator and fluid temperatures and the calculated values is determined. If the error is 
less than a relaxation tolerance (to/) then the relaxation process is complete. If not, then a new 
set of guess values is used in a subsequent iteration. These new "guess" values (T**) are 
computed as the weighted average of the calculated and "guess" values. 

Material Properties 

The fluid properties are obtained by implementing polynomial correlations for the specific 
heat capacity, thermal conductivity, and viscosity as a function of temperature over the 
temperature range of interest. Water and other heat transfer fluids such as propylene/glycol and 
ethylene/glycol solutions can be implemented using this technique. Experimental property data 
for a 94% gadolinium 4% erbium alloy measured at Ames Lab and provided by Astronautics 
Corporation were used to provide enfropy over a range of temperatures and applied fields. These 
experimental data are interpolated using a two-dimensional spline technique and the interpolated 
enfropy data are numerically differentiated to determine the required model inputs: constant field 
specific heat capacity and the partial derivative of entropy with respect to applied field. 

Thermal/Hydraulic Performance of Matrix 

Although the model is generally applicable to a number of matrix configurations, the initial 
analyses have focused on a packed sphere regenerator. The effective conductivity of the 
regenerator/fluid mafrix is computed using the correlation presented by Kunii and Smith [11]. 
The friction factor is computed using the Ergun equation [12] and the Nusselt number is 
calculated using a correlation for a bed of uniform diameter spheres found in Rohsenow [13]. 

The Biot number associated with the magnetic material is not generally much less than 
unity throughout the entire cycle, particularly in the flow periods. Therefore, the temperature in 
the spheres that comprise the regenerator matrix cannot be considered spatially uniform. As a 
result, the heat transfer from the fluid to magnetic material is significantly affected by 
conduction from the center of the spheres to the outer surface as well as by the convection from 
the surface of the spheres to the fluid. This effect is accounted for by modifying the heat transfer 
coefficient as suggested by Jeffreson [14]. 

Validation of tlie Numerical Model 

There are few analytical solutions to the regenerator equations. However, in the limit of 
constant properties and no axial conduction, the thermal effectiveness (e) of a conventional 
regenerator (i.e., one with no magnetocaloric effect) subjected to a constsmt, alternating mass 
flow rate (i.e., constant in time and with the same value during both the cold-to-hot and hot-to-
cold flow periods) is well-known. 

The thermal effectiveness (s,) in this case is defined as: 
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9/-. 
f»Cj{T„-Tc) 

(6) 

where m is the magnitude of the mass flow rate and q^_^ is the average heat transfer rate 

between the fluid and the matrix during the cycle: 

qy_,=mcj. j[T„-T^{x = L,t))dt (7) 

The typical variables used to characterize this problem are the number of transfer units 
{NTU, sometimes also referred to as the reduced length of the regenerator) and the utihzation 
ratio ([/, the inverse of the matrix capacity rate ratio [15]). 

Nu kf a L A^ 

d^ mCf 
(8) 

U--
2A^L{\-e)p^c^„ 

(9) 

Dragutinovic and Baclic [16] present tables for the EI as a function of NTU and U in this 
limiting condition and the passive behavior of the numerical model can be verified against these 
solutions. The numerical model was implemented in this limiting (passive) condition by 
specifying constant material properties, removing the axial conduction and viscous dissipation 
terms in the governing equations, setting the matrix porosity to zero, and eliminating the 
magnetocaloric effect. A grid with 80 spatial control volumes (« = 80) and 100 time steps {m = 
100) was used and the results are illustrated in Fig. 1. Excellent agreement between the 
published and predicted results is observed, verifying the accuracy of the numerical model in this 
limit. 
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Figure 1. Comparison between model and published regenerator solution in passive limit. 
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Heat Exchangers 

A practical AMRR device will interact with the conditioned space and the ambient 
environment via conventional heat exchangers. The hot and cold heat exchangers, the equivalent 
of the condenser and evaporator in a vapor compression cycle, are modeled as cross flow air-to-
liquid heat exchangers. The overall conductance, UA, and mass flow rate of air through each 
heat exchanger are specified based on values that are reasonable for an equivalent vapor 
compression system. UnUke the evaporator and condenser in a vapor compression cycle, the 
heat exchangers in an AMRR will have a finite capacity ratio and therefore the performance, as 
indicated by an approach temperature difference, will not remain constant as the mass flow rate 
of the refiigerant (in this case the heat transfer fluid) is varied. An iterative calculation is 
required to ensure that the reservoir temperatures used as the fluid temperature boundary 
conditions for the numerical model of the AMR bed (TH and Tc) are consistent with the mass 
flow rates of the air and heat transfer fluid and the operating temperatures. 

The fluid entering the hot end of the AMR is assumed to be at a constant hot reservoir 
temperature, TH- During the cold-to-hot flow process, fluid leaves from the hot end of the AMR 
bed with a time varying temperature TAMR.omft) that is predicted by the model. The fluid exiting 
the AMR is assumed to fully mix prior to entering the hot heat exchanger (the equivalent of the 
condenser) at a constant temperature THXm, the enthalpy average temperature of the fluid flow. 
Air from the surroundings is used as a heat transfer medium and enters the heat exchanger at 
Tambieni, a temperature that is tj^jically specified according to an Air-Conditioning and 
Refrigeration Institute (ARI) standard test condition. Knowledge of the mass flow rates and 
temperatures on each side of the hot heat exchanger allows the heat exchanger effectiveness to 
be computed, using the e-NTU for a cross-flow heat exchanger with both fluids unmixed [17]. 
The effectiveness is then used to compute the heat exchanger load and finally the exit enthalpy 
and temperature of the heat transfer fluid. The calculated exit temperature will not in general be 
equal to the value TH used in the model, necessitating an iteration loop in which this temperature 
is adjusted. An analogous process is applied to the cold heat exchanger (the equivalent of the 
evaporator). 

RESULTS 

It is useful to directly compare the predicted performance of an AMR to a standard vapor 
compression system. To accomplish this, the DOE/ORNL Heat Pump Design Model developed 
by Rice [18] and available online was exercised using its default conditions with the one 
exception that dry indoor and outdoor air conditions were used rather than the default relative 
humidity values. Currently the heat exchanger models used for the AMR cycle do not accurately 
model the dehumidification process. The parameters used to carry out the comparison are 
summarized in Table 1. The AMR bed model coupled to the heat exchanger model described 
above was operated in order to determine how system performance varies with the regenerator 
volume, aspect ratio {L/d), and bed layering. 

Table 1. Parameters used for comparative study. 
Parameter 

heat rejection temp. 

load temperature 

cooling capacity 

maximum applied field 

cold air mass flow rate 

hot air mass flow rate 

cold heat exchanger UA 

Value 

308.2 K 

299.8 K 

7.3 kW 

1.5Tesla 

0.58 kg/s 
1.35 kg/s 

577 W/K 

Parameter 

hot heat exchanger UA 
motor efficiency 

pump efficiency 

heat transfer fluid 

number of beds 

period 

sphere size for packing 

Value 

957 W/K 

0.9 

0.7 

Water 

6 

0.2 sec (5 Hz) 

0.1 mm 



478 REGENERATOR MODELING AND PERFORMANCE INVESTIGATIONS 

Fi gure 2 illustrates the refrigeration capacity and COP for an AMR system using the 
parameters listed in Table 1 and a regenerator of a fixed volume (25 L) and aspect ratio {L/d = 
0.34). The results are shown both for a regenerator consisting of a single magnetic material alloy 
(i.e. a non-layered bed) as well as for a layered regenerator bed. The layered regenerator has a 
Curie temperature that varies linearly along the bed from the AMR hot reservoir temperature to 
the cold reservoir temperature, and the non-layered regenerator contains a constant Curie 
temperature magnetic material that is set at the midpoint between the hot and the cold reservoir 
temperature. The COP curve of the non-layered bed lies almost directly on top of the COP curve 
of the layered bed plotted against water mass flow rate. This shows that a layered bed can 
produce a higher cooling capacity than a non-layered bed at approximately the same efficiency. 
Notice that for each type of bed configuration it is possible to produce a specified refrigeration 
capacity using one of two possible mass flow rates. In the figure, the lower mass flow rate 
always corresponds to a higher COP. In order to design a bed for a given refi-igeration capacity 
(7.3 kW in this case) it is therefore necessary to vary the water mass flow rate in order to 
generate refrigeration capacity and COP vs. mass flow rate information. This information is 
interpolated using a piecewise cubic hermite interpolating polynomial in order to select the mass 
flow rate required to produce the desired cooling capacity; the lower mass flow rate is selected 
by constraining the solution to those values where the slope of capacity against mass flow rate is 
positive. 

Figure 3 illustrates the COP as a fiinction of aspect ratio for a 25 L layered bed producing 
7.3 kW of refrigeration. Figure 3 shows that there exists an optimal aspect ratio where the COP 
is maximized; lower aspect ratios result in excessive conduction losses and higher aspect ratios 
result in excessive pumping losses. 

Preliminary Comparison with Vapor Compression System 

The DOE/ORNL Heat Pump Design Model predicts a COP of 2.51 for the vapor 
compression cycle including 0.59 kW of fan power. The AMR model was subsequently run at 
the same conditions and using the same heat exchanger sizes (as indicated by the UA values in 
Table 1) and air flow rates. The numerical model does not account for fan power, so the fan 
power from the Heat Pump Design Model was added to the total power predicted by the 
numerical model and used to correct the predicted COP for the AMR cycle. 

Figure 4 illustrates the predicted COP as a fiinction of regenerator volume for a layered and 
non-layered bed; these curves were generated using a refrigeration capacity of 7.3 kW and the 
optimal aspect ratio for each volume. Figure 4 shows that an AMR cycle may be capable of 
achieving higher values of COP than an equivalent vapor compression cycle, depending on the 
volume of the magnetic regenerator bed used. As the AMR regenerator volume increases, the 
operating efficiency also increases and the layered bed out-performs the non-layered bed. Of 
course, larger regenerator volumes are also associated with higher initial investments and 
therefore there must be an economically optimum regenerator volume. 

CONCLUSIONS 

The numerical model presented in this paper is capable of predicting the performance of an 
AMRR with a layered regenerator matrix. The model was verified in its passive limit and 
subsequently used to analyze the effects of regenerator volume and aspect ratio. An initial 
optimization of the AMRR cycle was presented to demonstrate how this space cooUng efficiency 
of this technology compares to current vapor compression technology. 
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Figure 2. Refrigeration capacity and COP of 

a 25 L layered and non-layered bed as a 
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Figure 4. COP of a layered and non-layered bed producing 7.3 kW of refrigeration at its optimal aspect 
ratio. Also shown is the COP for a comparable vapor compression cycle. 
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ABSTRACT 

Small-scale Cryotiger coolers are based on commercially available hermetic oil-lubricated 
compressors and operate in a range of 70 to 200 K with different mixed refrigerants. Modem cool
ers efficiently operate with both flammable HC-based and nonflammable HFC-based refrigerants. 
This allows compliance with the requirements of many customers involved in the design of inte
grated systems. 

New HFC mixed refrigerants are compatible with the selected oils, and a family of refrigerant 
candidates allows retrofitting of the coolers with an optimal composition for a given temperature 
range. However, the configuration of the counter flow heat exchanger significantly influences re
frigeration performance. Test data obtained for tube-in-tube heat exchangers are in a good agree
ment with computer modeling. This allows optimization of the performance and dimensions of the 
heat exchanger for a particular cooler. This paper compares the performance of the new nonflam
mable refrigerant mixtures with prior flammable refrigerant mixtures. Test data on the performance 
and operating parameters are presented for both steady state and cool down regimes. 

INTRODUCTION 

Small-scale Cryotiger coolers have been developing since the mid 1990s.'^ They are based on 
commercially available hermetic oil-lubricated compressors and operate in a range of 70 to 200 K 
with different mixed refrigerants (MR). A schematic of the simplest single-stage throttle cycle 
cooler is presented in Fig. 1. It consists of a single flowloop comprising of a compressor unit (CM), 
recuperative heat exchanger (HE), throttle capillary (TH), and evaporator (EV) connected to an 
interface plate that removes heat from the object to be cooled. The compressor unit includes an oil 
separator and an air cooled after-cooler that removes heat (Q^) to the environment. The cryostat of 
the cooler consists of the HE, TH, and EV. It is connected to the CM with flexible lines that can be 
configured in various lengths, typically ranging from 3 to 20 m and longer. 

In general, the schematic of a closed cycle MR cooler operating with a single compressor 
varies depending on the application and objective functions in design. The Klimenko auto-cascade 
cycle can be efficiently used for larger scale coolers designed for industrial applications.' As dis
tinct from the Cryotiger coolers, they operate with the multistage refrigeration process providing 
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Figure 1. Cryotiger schematic and temperature- enthalpy diagram 

different operational modes: cool, rapid defrost, and standby. The standby mode allows the cryostat 
to be prepared for rapid cool down. 

A single-stage MR cooler can operate with the MR supplied to the cryostat either partially 
liquefied (LRS technology) or gas mixed refrigerant (GRS technology). Although the LRS pro
vides the higher refrigeration capacity (Qĵ ) and power efficiency^, the GRS was selected for de
signing the Cryotiger coolers. Initially, they were designed to be integrated with various electronic 
devices that need a relatively low Q^. The GRS technology also avoids two-phase flow transporta
tion through the long, flexible lines. In addition, it makes possible a compact cryostat and oil 
separation system. 

First-generation coolers perform efficiently with different flammable hydrocarbon (HC-based) 
MR in the range of 80 to 130 K.'' New applications, like Charged-Coupled Device (CCD) cameras, 
need refrigeration at elevated temperature ranges up to 200 K. Both traditional and new applica
tions need coolers operating with nonflammable MR. This would satisfy the requirements of many 
customers involved in the design of systems integrated with coolers. 

This paper compares the new HFC-based nonflammable mixed refrigerants (NF MR) with 
traditional HC-based flammable mixed refrigerants (FL MR) operating in the range of 120 K to 
200 K. Performance of standard-design coolers and possibilities for customizing them have also 
been analyzed with computer models developed in our previous research. 

DESIGNING NONFLAMMABLE MIXED REFRIGERANTS 

The modern MR design must consider the thermo-physical properties of the ingredients and 
the environmental characteristics, as well.5.* In cryogenic applications, HC components are widely 
used due to their good thermodynamic properties, good solubility with compressor oils, and zero 
ozone depletion potential. However, these components are flammable and are not suitable for all 
customer applications. In systems, such as the traditional Cryotiger with a standard design, appli
cation of HC-based MR is possible because the system volume is rather small. Typically, less than 
150 g of MR is required. In developing nonflammable mixed refrigerants, either FC (fluorocar-
bons) or HFC (hydroflurocarbons) components have been considered. They have zero ODP and are 
commercially available. The freezing temperature (T^^) is one of the essential issues in designing 
a NF MR. It must be lower than the lowest operating temperature of the cooler without heat load. 
Table 1 shows comparative data for potential MR ingredients.^ 

We can see that T^j^ for high-boiling nonflammable (NF) candidates is essentially higher 
compared to the previously used flammable (FL) HC components of MR. Based on preliminary 
modeling and testing, nonflammable MR have been developed for the selected T^ in the range of 
120 to 200 K. These are presented and covered by US Patent 6502410.'' Test data on freezing 
temperatures of the selected MR are presented in Table 2. 



CRYOTIGER PERF. WITH DIFFERENT MIXED REFRIGERANTS 

Table 1. Thermodynamic properties '̂  of the potential candidates for MR design. 
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No. 

1-FL 
1-NF 
2-FL 
2-NF 
3-FL 
3-NF 
4-FL 
5-NF 

Formula 

CH4 
CF4 
C2H6 
CHF3 
C3H8 
C2HF5 
i-C4H10 
CF3CH2CF3 

(Prefix) & 
ASHRAENo. 
(HC) R50 
(FC) R14 
(HC) R170 
(HFC) R23 
(HC) R290 
(HFC) R125 
(HC) R600a 
(HFC) R236fa 

Boiling 
T, K 
111.6 
145.2 
184.3 
191.0 
231.0 
224.6 
261.5 
271.8 

Freezing 
TFRZ,K 
90.9 
89.3 
90.4 
118.1 
85.5 
170.0 
113.0 
180.0* 

Molecular 
Mass 
16.04 
88.01 
30.07 
70.02 
44.10 
120.03 
58.13 
152.04 

*) Polycold test data. 

Table 2. Test data on freezing temperatures: MR composition in %, mole. 

No 
1 
2 
3 
4 
5 
6 

TFRZ, K 
<I13 
<116 
115...116 
116 
120 
130 

NE 
-
-
8.5 
5.0 
-
-

AR 
24.2 
41.0 
14.0 
33.0 
17.3 
19.0 

R-14 
46.8 
32.0 
29.0 
23.0 
20.0 
22.0 

R-23 
12.5 
18.0 
48.5 
39.0 
33.0 
27.5 

R-125 
14.5 
9.0 
-
-
21.5 
19.5 

R-134a 
-
-
-
-
3.7 
3.0 

R-236fa 
-
-
-
-
5.3 
9.0 

Another aspect is compatibility of nonflammable MR with compressor oil. A compressor 
designed to operate with HFC refrigerants typically uses either polyolesters (POE) or polyalkylene 
glycols (PAG) type of oil to ensure long-term operation. POE oil Solest LT-32 has a pour point 
temperature of 223 K. Test data shows that blended with R23 (95% by weight) the pour point 
temperature reduces to 167 K; the same proportion with R125 gives Tpj^ = 170 K. Three compo
nent MR consisting of R14, R23 and R125 provides T̂ ĵ ^ = 167 K if the oil content equals 3.5 %. 
Also, reduction of oil content to 1% decreases Tpj^ to 150 K. Thus, to provide long-term operation 
with the nonflammable MR, the cooler should be equipped with an appropriate oil separator pro
viding oil content below these levels. The combinations of these oils with nonflammable mixed 
refrigerants are also presented and covered by US Patent 6502410.'' 

Table 1 also shows that the molecular mass of the HFC components is essentially higher com
pared to their HC equivalents. This affects the MR flow rate and performance of the cooler basic 
components: CM, HE, TH and EV, especially for replacing the flammable MR in the existing 
coolers. 

Thus, modeling combined with test data is needed to identify minor hardware modifications 
required to achieve the needed refrigeration capacity Q^ and other objective functions. 

PERFORMANCE OF THE COOLER COMPONENTS 

Adiabatic Compressor 

Cryotiger coolers operate with single-stage adiabatic compressors designed for a traditional 
vapor-compression refrigeration cycle. For GRS technology, it would be more efficient to use an 
isothermal compressor for reduced power consumption (PW;,). Using an adiabatic compressor 
would reduce the Carnot efficiency (CEF) by about 20%.^ However, due to practical reasons, we 
are limited to commercially available components to provide a cooler at reasonable cost. 

A simple equation shows the compressor influence on the cooler efficiency: 

CEF = CEF SI nc (1) 

where CEF^j is for a system operating with an ideal adiabatic compressor. 
Power efficiency of an adiabatic compressor r|̂ ^ = AHg/PWj,̂ ^ could be calculated if PW|,jj is 

known either from testing or from catalog data. Volumetric efficiency (X) is another important 
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Figure 2. Test data on adiabatic compressor efficiency. 

parameter as it influences the MR flow rate. It affects the ratio of the actual volumetric flow enter
ing the compressor suction port to the compressor displacement Vjj. Figure 2 shows test data 
obtained by A. Limin for a rotary piston compressor of V̂ ^ = 28 L /min (1 cfm). The efficiency data 
are shown as a function of compression ratio (s = P^/ P̂ )̂. In modeling the cooler performance, it is 
necessary to correlate compressor efficiency with the properties of pure and mixed refrigerants. 
The volumetric efficiency data can be correlated with the equation: 

A. = A + B ( s ' * - 1 ) (2) 

where k is the ideal-gas adiabatic constant. For blends, k was calculated as k = Tz k , where z and 
k. are the mole firaction and individual coefficient of the blend component, respectively. For Mix (1): 
k= 1.13; for Mix (2): k= 1.28. For the presented data, the calculated values of >̂  are accurate within 
5% when the following coefficients are used: A = 0.71 and B = 0.35 - 0.34xk. 

It is more difficult to find a correlation for adiabatic efficiency rif̂ ^due to significant deviations 
in the test data. However, we can see that, in the practical range of e = P̂ ^ / P̂^ =3... 9, all the tested 
refrigerants are quite identical, providing r]^^ = 0.46 on average. A little increase in performance 
can be noticed for those having lower adiabatic constants. 

Throttle Device 

A throttle capillary is used for pressure reduction from the high discharge pressure (P ĵ) to the 
low pressure at the evaporator (Pgy). This component of the hardware, which is the simplest in 
design, essentially influences the cooler performance when combined with a given compressor and 
heat exchanger. Both the inner diameter (ID) and length of the capillary (L(,̂ p) determine the value 
of Pgy and the MR flow rate (G). Modeling data may be obtained with a simple assumption about 
the homogeneous structure of the two-phase MR flow. 

Figure 3 shows the capillary characteristics of different four-component MRs: flammable (FL) 
consisting of AR and HC components and nonflammable (NF) in which HCs are substituted with 
HFCs. These modeling data were obtained for the case of T= 130 K and P=2.0 MPa at the capillary 

0.4 0.8 1.2 

Lcap.m 
0.8 1.2 1.6 

Lcap.m 

Figure 3. Calculated characteristics of the throttle capillary tube. 
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inlet. It can be noted that the same standard-size capillary would provide about 50 % lower flow 
rate for a NF MR as compared to a flammable one. As a result, direct retrofitting with a NF MR 
will reduce the refrigeration capacity Qĵ . 

Computer modeling shows that the effective capillary length is shortened when the inner diam
eter is reduced. For example, for a standard size capillary IDg.,., increasing Lj,̂ p above 2 m does not 
cause a significant flow change. At the same time, this length is in the range of 0.5 to 0.7 m if the 
capillary size is reduced to ID = IDg.̂ / 2. 

Thus, to provide identical refrigeration capacity Qpj at the MR replacement, adjusting the cap
illary size is required. Accuracy of modeling can be improved with adjustable coefficients obtained 
with limited experimental data. 

Recuperative Heat Exchanger 

A simple criterion has been proposed ^ to identify the effectiveness (HEE) of a heat exchanger 
operating within a cryocooler. This is a ratio of the design objective function in the real cycle to that 
in a highly idealized cycle. In the last case the cycle includes intrinsic losses only, which could not 
be eliminated for the selected refrigerant. These losses inherently belong to the analyzed process 
and are associated only with the thermodynamic properties of the refrigerant. 

For Cryotiger coolers, the refrigeration capacity Qĵ  was selected as the design objective func
tion; thus: HEE„ = Q^^ I Q,^^- For a different case designed to minimize PW,̂ , the HEE should 
be modified to: HEEp^ = PWID / PW^L. 

In this analysis we consider maximizing Q̂^ as the design objective function and use HEE as 
the heat exchanger efficiency. Values for HEE can be in the range of 0 to 1. This function helps in 
finding the conditions for the most effective application of a heat exchanger. Both the refrigeration 
capacity of the real cycle with a given heat exchanger (^^ = f (AT ^^, SS^, Z^^,), and the refrig
eration capacity of the idealized cycle Qjj"^= f (AT^,^ = 0, AF̂ ^ = 0, Z ^ have been calculated with 
computer software described elsewhere.^''' 

Computer models and test setups developed allow evaluating and comparing tube-in-tube coil 
type HE performance of different patterns. Table 3 a presents the geometry characteristics of the 
tested HE. Modeling and test data for HEg operating at elevated T^ = 120-140 K is presented in 
Table 3b. Good agreement is seen among the calculated and experimental data that were obtained 
by adjusting the overall heat transfer coefficients and the measured pressure drop in the discharge 
APp and suction APg lines of the cooler. These coefficients have been also used in obtaining the 
modeling data presented in Fig. 4. 

Modeling and test data for Tĵ  < 100 K is presented elsewhere.^.'' The best results were ob
tained for the HEg with enlarged tubes that were matched to the standard cryostat dimensions. 
Meanwhile, investigating the standard-size HEg is of practical interest as well, as this HE is more 
compact and could be used with a direct retrofit of the MR. 

The data presented in Fig. 4 allow evaluation of the HE length influence on the cooler perfor
mance when operating with NF MR. We can see that at PR = 3 and Tj, = 130 K, HEg could provide 
a Qjj about 25 % higher compared to the standard HE^. At a pressure ratio PR = 5, Q^ is essentially 
the same at L = 0.75 L^-^. At the same time, at PR = 3, which can be achieved with elevated pressure 
in the suction line, Q^ increases with increasing L up to the cryostat-size limiting value of L< 4 m. 
In most of the analyzed cases, Qj^monotonically increases with increasing L. The result depends on 
both the AT and AP influence on Q,̂ . In some cases the length increase does not improve the 
performance at all: PR = 3 in a range of L = 0.75 L̂ .̂  to 0.9 L^j. 

Table 3a. Counter-flow Heat Exchangers (HE) tested in the Tiger Cooler. 

HE Type 
Length 
IDB 
ODs 
Area-AHE 
Best HEEo 

HEs, 7 in 1 
LsTD 
IDsTD 
ODsTD 
AsTD 
0.42 

HEB, 7 in 1 
LsTD 
1.2*IDsTD 
1.35*ODsTD 
1.4*AsTD 
0.58 

HEB, 7 in 1 
0.9*LsTD 
1.2*IDsTD 
1.35*ODsTD 

1.2*AsTD 
0.56 

HEB, 10 in 1 
0.75*LsTD 
1.8*IDsTD 
l,55*ODsTD 
1.7*AsTD 
0.32 
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Table 3b. Comparing HEB (7 in 1) performance data from testing and modeling. 

Data from: | QR, W | PWc, W | APs, MPa | APD, MPa | ATWE, K | ATCE, K 

LSTD; F L MR: Nc=4, AR+HC, TR = 123 K, PD=2.24 MPa, PE = 0.73 MPa 

Testing 
Mod- real 
Mod- ideal 

40 
38 
72 

460 
556 
640 

1.5 
1.6 
0.02 

1.7 
1.0 
0.02 

6.7 
5.6 
1.9 

2.2 
4.2 
2.7 

L= 1.14 LSTD; FL MR: Nc=3, N2+HC, TR = 140 K, PD=2.02 MPa, PE = 0.62 MPa 

Testing 
Mod- real 
Mod- ideal 

20 
23.7 
44 

482 
625 
650 

0.9 
1.5 
0.02 

-
2.4 
0.02 

2.0 
2.9 
0.1 

8.1 
12 
10 

L= 1.14 LSTD; FL MR: Nc=4, N2+HC, TR = 142 K, PD=1.64 MPa, PE = 0.53 MPa 

Testing 
Mod- real 
Mod- ideal 

20 
18.1 
25 

465 
451 
480 

0.9 
1.0 
0.02 

-
1.6 
0.02 

4.2 
4.1 
3.6 

0.6 
0.6 
0.1 

LSTD; N F MR: Nc=4, AR+HFC, TR = 138 K, PD=2.12MPa, PE = 0.62 MPa 
Testing 
Mod- real 
Mod- ideal 

25.0 
26.6 
71.3 

520 
495 
621 

2.8 
2.5 
0.02 

2.3 
1.7 
0.04 

4.5 
4.0 
0.1 

2.5 
3.5 
2.7 

40 

30 

20 

10 

0 

•Hes; PR=5 

-HXb; PR=5 

-Hes; PR=3 

-HXb; PR=3 

0.5 0.625 0.75 0.875 
L/Lst 
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Figure 4. Heat exchanger performance operating with NF MR at T^ = 130 K. 

Reduction of the HE length is beneficial in developing compact coolers. This may be attractive for 
coolers integrated with electronic devices. However, at a certain HE length the power consumption 
could exceed the nominal power of the given compressor motor. The potential PW ,̂ increase relative 
to the standard cooler PW^ (L) / PW ,̂ (Lg.̂ ) is shown at Fig. 4b as a function of the HE length. 

Based on preliminary testing and modeling the refrigeration performance, the standard size 
heat exchanger was selected for the NF MR development at Tĵ  = 130 K. However, both refrigera
tion capacity and dimensions of the cryostat can be customized, if necessary. 

STANDARD COOLER OPERATING WITH NF MR 

Preliminary test data and modeling show that a standard design cooler provides as much refrig
eration capacity as is required for a number of electronic-instrumentation applications. Only a mi
nor hardware modification is needed to adjust the throttle capillary size to operate with the NF MR 
in the range of T^ = 130 to 200 K. 
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Figure 5. Refrigeration map of the standard Cryotiger operating with NF MR. 
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Figure 6. Cool down regimes of the LT cooler operating with NF MR. 

Two cases have been considered for development: 1) a relatively low temperature cooler 
(LT) designed forTjj^= 130...150K, and 2) a higher temperature cooler (HT) designed for the 
higher temperature range of Tĵ  = 180...220 K. An experimental refrigeration capacity map 
that plots T|̂  = f (Qĵ ) is presented in Fig. 5 for both coolers. 

Although the coolers are designed to operate with both electrical-voltage standards: 120 V 
60 Hz and 230 V 50 Hz, for a frequency of 50 Hz, refrigeration capacity is about 15% lower as 
compared to at 60 Hz. The LT cooler provides a Qĵ  that is 3-5 W lower than for the flam
mable PT-30 MR, which consists of AR and HC components. Cooldown time of the LT cooler 
was less than 25 min without a heat load, as is shown in Fig. 6. With a heat load of 10 W 
applied at the start, cooldown time was less than 60 minutes. 

CONCLUSIONS 

The proposed nonflammable mixed refrigerants provide a refrigeration capacity with the stan
dard-design Cryotiger coolers of 25 to 50 W in the temperature range of 120 to 210 K; this is 
consistent with the cooling required for many applications. Throttle capillary size must be adjusted 
to the selected mixed refrigerant to operate efficiently in a specified temperature range. 

A counter flow heat exchanger with enlarged tubes that matches the standard cryostat size 
would allow a 30 % increase in refrigeration capacity. 

The Cryotiger cooler could be customized to provide either more refrigeration capacity or a 
smaller size cryostat with a minor modification in design. 
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ABSTRACT 

At the University of Twente, research on the development of a sorption-based micro cooler is 
in progress. Because of the absence of moving parts, such a cooler is virtually vibration free and 
highly durable, which potentially results in a long lifetime. A miniature cryogenic cooler with these 
properties would be appealing in a wide variety of applications including the cooling of vibration-
sensitive detectors in space missions, low-noise amplifiers and semi- and superconducting cir
cuitry. 

The objective of the present project is to scale down a Joule-Thomson (JT) cold stage to a total 
volume of a few hundredths of a cm\ This size reduction introduces many problems. The proposed 
cold stage volume results in a restriction cross-sectional area of about a thousandth of a mm^ which 
may cause clogging problems. Flow channels with a cross-sectional area of a few hundredths of a 
mm^ will produce high pressure drops influencing the JT cycle. Furthermore, the micro channels 
must be capable of withstanding high pressures and maintaining a large temperature gradient over 
a relatively short length. 

The project aim is to develop a reliable micro JT cold stage that is fabricated out of one mate
rial with a relatively simple and reproducible fabrication method. The length of the cold stage is 
calculated at about 20 mm with a width of 1.7 mm and height of about 0.3 mm. The mass flow is in 
the order of one mg per second to create a net cooling power of 10 mW at 96 K. The final objective 
of the project is to integrate the cold stage, vacuum chamber and device into one compact design. 
This paper discusses possible solutions to the problems mentioned and presents a concept design of 
such a miniature JT cold stage. 

INTRODUCTION 

Cooling of low-noise amplifiers, infrared detectors, and other electronic circuitry to cryogenic 
temperatures can be advantageous. It improves the signal-to-noise ratio and bandwidth of the sys
tem. For superconducting devices it is crucial that they are cooled below their critical temperature 
in order to operate properly. In many cases the system, which is to be cooled, is very small so an 
accompanying small cryocooler would be obvious. Several attempts have been made to construct 
such a miniature refrigerator.' 
Cryocoolers 13, edited by R. G. Ros.';, Jr. 
Springer Science+Business Media, Inc., New York, 2004 4 8 9 
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Figure 1. On the left: a two stage nitrogen/neon refrigerator made by MMR technologies, Inc.'' and a 
prototype of a micro miniature N^ refrigerator made by Little et al.̂  On the right: a micro machined ethylene 
cold stage fabricated by Burger et al.' 

Much pioneering work on micro coolers was done by Little et al, who made different miniature 
cold stages 2,3. The smallest had a size of 15x2x0.5 mm (0.015 cm'). This cooler was used in an 
open-loop cycle with N^ gas at a high pressure gas of 165 bar and a flow rate of 3 mg/s. It had a 
cooling power of 25 mW at a temperature of 101 K and with no heat load the cold stage temperature 
reached 95 K. It was constructed through an abrasive etching process. Unfortunately, this achievement 
was not reproduced or turned into an industrial product. However, larger coolers of this design are 
nowadays commercially available from MMR Technologies, Inc. *. The smallest has a size of 
about 60 X 14 X 2 mm (1.68 cm') (Fig. 1). It can cool down to 35 K with a cooling power of 50 mW 
using a two-stage nitrogen/neon Linde-Hampson configuration. 

Burger et al. developed a Joule-Thomson (JT) cold stage with a total volume of 0.76 cm' (77 x 
9 x 1 . 1 mm) combined with a sorption compressor, thus realizing a closed-cycle micro cooler.^ 
This miniature cooler had a cooling power of 200 mW at 170 K (Fig. 1). Burger used Micro Electro 
Mechanical System (MEMS) technology to construct different components of the cold stage. Wet 
KOH etching and wafer bonding techniques were used for the fabrication of a condenser, restriction 
and evaporator in silicon. Counter flow heat exchangers were made out of tiny glass capillaries. 
After fabrication the different cold stage parts were glued together. 

As a continuation of this previous research we present an approach for the development of a 
miniature cold stage with a total volume of about 0.010 cm'. Compared to the previous work, the 
present project wdll only use MEMS technology to fabricate the cold stage. By using a sorption 
compressor the gas cycle will be closed in combination with a total exclusion of any mechanical 
moving parts. The cold stage temperature will be about 96 K with a net cooling power of about 10 
mW. In addition, the cold stage will be highly reproducible by applying a relatively simple production 
process. As a final goal we are aiming at the integration of cold stage, vacuum chamber and device 
into one compact easy-to-use device. 

CHOOSING WORKING GAS AND PRESSURES 

In a Linde-Hampson cycle, gas is pressurized using a compressor (Fig. 2, 1—>2). After 
compression the gas flows from the compressor through a counter flow heat exchanger (CFHX) to 
a flow restriction (2—>3). Through this restriction, the gas undergoes isenthalpic expansion to the 
low-pressure side and usually changes its phase to a liquid (3—>-4). By absorbing heat from its 
surroundings the liquid evaporates (4—>5) and the produced vapor flows back through the CFHX 
absorbing heat from the warm high-pressure side (5->l). Once the gas has reached the compressor 
it can be compressed again, closing the cycle. 

In certain applications the device to be cooled has a very low dissipation or no dissipation at 
all. In these cases the required cooling power is determined by the total parasitic heat load from the 
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Figure 2. On the left side, a schematic scheme of the Linde-Hampson cycle. On the right side, the T-S 
diagram of nitrogen with isobars and isenthalps. The bold line with numbers represents the cycle. 

environment. By a clever design of the cryogenic enclosure of such a small device, the required 
cooling power can be limited to a few mW only. 

The gas used in a Linde-Hampson cycle in combination with the chosen low pressure will 
determine the temperature of the cold stage. In the search for a cheap, non toxic and nonflammable 
gas which can create a cryogenic temperature (roughly T<120 K), nitrogen is an obvious choice. 
The boiling temperature of nitrogen at 1 bar is about 77 K. 

With the change in pressure during compression, the gas undergoes a change in enthalpy. 
Theoretically this change in enthalpy will determine the available gross cooling power of the cold 
stage. To create sufficient cooling power with nitrogen, a relatively high pressure (80 bar) is chosen 
at the high-pressure side of the cycle (Fig. 2). It is our intention in the future to combine the cold 
stage with a sorption compressor.^ Based on first calculations of a two-stage nitrogen sorption 
compressor the low-pressure side is chosen at 6 bar. At this pressure the sorption material of the 
compressor has considerably more sorption capacity than at lower pressures. This way a cooler 
with acceptable efficiency can be designed. 

A pressure change from 80 to 6 bar results for nitrogen in a cooling enthalpy of about 15 J/g. 
The cold stage temperature at 6 bar is about 96 K. Since the gross cooling power is given by mdh^^, 
where m is the mass flow and dh^^ the cooling enthalpy, the mass flow will have to be in the order 
of 1 mg/s to create a net cooling power of 10 mW. 

FABRICATION OF MICROSTRUCTURES 

The abrasive etching technique used by Little et al. is based on powder blasting.^ This is a 
micromachining technique where a high pressure mixture of air and powder particles is accelerated 
towards a substrate''. The powder consists of AljOj particles and is accelerated through a nozzle 
(Fig. 3). Once the particles hit the target they erode surface particles. A mask protects parts of the 
target to create different structures. Wensink et al. found a removal rate for glass and silicon of 
approximately 25 |im/min.' The smallest feature size attainable is about 30 nm with an aspect ratio 
of2.5. 

The main disadvantage of powder blasting is the relatively high roughness of the blasted surface 
which goes hand in hand with the process. Small imperfections at the sides of the channels are 
likely to be the starting point of a rupture when a micro channel is pressurized to a high pressure. 
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Figure 3. The top two figures show a schematic impression of the powder blast process and a 50 (jm 
wide channel in Pyrex with an aspect ratio of 2.5 (blasted with 9 \\xa alumina particles at 290 m/s).' The 
lower two figures show a schematic impression of the isotropic wet etch process and three etched channels 
with a width of approximately 30 ixm.' 

Also the flow behaviour through the micro channels is influenced. Higher roughness results in a 
higher flow resistance and associated pressure drop. The rough surface can also be more sensitive 
to clogging. This is why we prefer to use a wet etching process for fabricating a miniature cold stage. 

As an alternative, photolithography can be used, which is a widely used technique in MEMS 
technology.5'^ A wafer is coated with a photo resist layer and exposed through a mask to ultraviolet 
light. Using positive resist the exposed areas are removed with a development solution. Now the 
wafer can be etched using an acid, usually hydrogen fluoride (HF) (Fig. 3). After etching the resist 
layers are stripped from the wafer and the wafer is cleaned. These processing steps can be repeated 
to create different structures and depths in the wafer. To create closed charmels the processed wafer 
is closed with another wafer through an anodic or fusion bonding process. Miniaturizing cold stage 
parts using MEMS technology 

One of the most crucial parts in a Linde-Hampson cycle is the counter flow heat exchanger 
(CFHX). The CFHX maintains the temperature gradient between the warm and cold ends of the 
cooler. The CFHX also improves the efficiency of the cooler by exchanging enthalpy between the 
high and low-pressure side. In an ideal cycle we presume that the counter flow heat exchanger 
works with an efficiency of 100%, theoretically corresponding to an infinite length. Inefficiency of 
a CFHX results in a loss of the cold stage's gross cooling power. 

To maximize the efficiency of the CFHX we are looking for a geometry that results in an optimal 
enthalpy exchange between the high and low-pressure lines. In general, this means that the heat-
exchange surface between these lines has to be maximized. Two rectangular channels on top of each 
other seem to be a convenient configuration. A very thin layer separates the channels (Figs. 4 and 5). 
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Figure 4. Width of a microchannel versus CFHX length, total loss and pressure drop at the low-
pressure line. The graph is calculated for two symmetrical channels with constant high and low pressure, 
CFHX efficiency, wall thickness, channel height and mass flow. 
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Figure 5. On the left: cross-section of a CFHX. On the right: crosscut of a restriction and evaporator. 
The throttle valve and evaporator will be etched into the glass. 

To optimize the geometry we study the effect of different parameters on the operation of a 
CFHX. Next to a high efficiency in exchanging enthalpy per unit length of the CFHX, only a small 
pressure drop over the high and low-pressure lines can be accepted. A large pressure drop at the 
high-pressure side will increase power loss and a drop at the low-pressure side will result in an 
increase of the cold-stage temperature. For a constant shape of the channel, the cross-sectional area 
will mainly determine the pressure drop per unit length of the CFHX. The smaller the area the 
higher the pressure drop. However, a smaller cross-sectional area will improve heat-exchange 
properties. Another very important parameter influenced by the geometry of the CFHX is the loss 
in the gross cooling power due to conduction from the warm side of the CFHX to the cold side. 

The objective is to make a very small, highly efficient heat exchanger. However small, or in 
other words short, goes hand in hand with a high conduction loss. The task is to optimize the heat 
exchanger's geometry for minimal pressure drop and heat losses (conduction and radiation) in 
combination with very small dimensions. Figure 4 shows the general behavior of all parameters for 
a constant height and changing width of the CFHX-channels. 
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Figure 6. Concept design for a N̂  miniature cryocooler with a net cooling power of about 10 mW at 96 K. 

Similar calculations can be made for different geometries. In this way an optimal configuration 
can be found. Aiming at a net cooling power of about 10 mW, an optimal channel geometry of 
( L x W x H ) = (18.9x 1.5x 0.03) mm was found. The thickness of the wall between the two channels 
is calculated at 50 |am. The mass flow is 1 mg/s and the total parasitic heat loss is about 4.57 mW. 
The presstire drop over the low-pressure line is about 0.15 bar resulting in a cold-stage temperature 
of97K. 

A wide and shallow channel will be etched in the glass wafer to serve as the restriction 
establishing a flow of 1 mg/s at a pressure drop of 80 to 6 bar. The dimensions of this channel are 
calculated at (L X W X H) = (0.083 x 1.0 x 0.3-10-3) mm. An etched reservoir in the wafer will serve 
as the evaporator (figure 5). Combining all the different designed parts a concept design for a 
miniature N^ cooler is made (Fig. 6). 

Since the miniature coolers will be etched in glass wafers it is possible to fabricate a high 
number of coolers at the same time. Some test structures are etched in glass to test the technology 
and some properties of micro charmels and restrictions (Fig. 7). Micro channels with varying widths 
and lengths and different flow restrictions are fabricated. 

TOTAL INTEGRATED COMPACT DEVICE 

One of the final objectives is to integrate the miniature cold stage with the device that is to be 
cooled and a vacuum chamber into one compact design. Since the construction material of the cold 
stage is glass (Pyrex) it is expected that it is possible to connect the cooler to devices made out of 
silicon (e.g. integrated circuits or MEMS devices). 

It is our aim to combine the integrated cold stage package with a small sorption compressor. 
Optimization of sorption compressor configurations is ongoing at the University of Twente.^ 

CONCLUSIONS 

An approach for the fabrication of a miniature N^ cold stage using MEMS technology was 
presented. The total volume of the cold stage is about O.OIO cm .̂ An optimal channel geometry for 
the counter flow heat exchanger was calculated at (L x W x H) = (18.9 x 1.5 x 0.03) mm with a 
wall thickness between the two channels of 50 |im. A wide and shallow channel with the dimensions 
(Lx W x H ) = (0.083 X 1.0 X 0.3-10"5)mm will serve as flow restriction. A high pressure of 80 bar 
and a low pressure of 6 bar in combination with a mass flow of 1 mg/s results in a net cooling power 
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Figure 7. Micro test structures etched in glass with HF. A channel with a width of 110 [xm (A), a 
meandering channel structure, channel width is 140 nm (B), a flow restriction with a width of 3 mm, a 
length of 0.253 mm and a height of 248 nm (C) 

of 10 mW and a cold stage temperature of 97 K. The pressure drop over the low-pressure line is 
about 0.15 bar. Since a photolithography fabrication method is used it is possible to fabricate a high 
number of coolers at the same time. It is our aim to combine the cold stage with a small sorption 
compressor and to integrate the miniature cold stage and vacuum chamber with the device that is to 
be cooled into a totally integrated compact device. 
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ABSTRACT 

Miniature Joule Thomson refrigerators have been widely used for the cooling of infrared de
tectors, cryosurgery, thermal cameras, missile homing heads, and guidance systems because they 
have a simple, compact structure and rapid cooldown characteristics. 

The purpose of the present study was to characterize the thermal performance of a commercial 
demand-flow miniature Joule Thomson refrigerator designed for cooling infrared detectors. It has 
an O.D. of 5 mm and has a bellows flow-control mechanism to provide temperature control. Ex
perimental data have been gathered on cooldown characteristics, no-load temperature, and cooling 
capacity for different pressures of nitrogen (NBP 77.3 K) and argon (NBP 87.4 K) gas. 

The test refrigerator was installed into a dewar that has a vacuum connection and radiation 
shields to diminish the heat load through conduction and radiation heat transfer. In the experiments, 
a pressure regulator was used to adjust the high-pressure supply gas to a constant pressure. 

The presented results show that there exists a minimum supply pressure for getting the re
quired coldend temperature, and higher supply pressure to the Joule Thomson refrigerator results in 
more rapid cooldown performance. 

INTRODUCTION 

Miniature Joule Thomson refrigerators have been widely used for the cooling of infrared de
tectors, cryosurgery, thermal cameras, missile homing heads, and guidance systems because they 
have a simple, compact structure and rapid cooldown characteristics. ''̂  

Different working fluids can be used to achieve a wide range of cooling temperatures. In the 
basic Joule Thomson cycle, the high pressure gas from a compressor or bottle passes through a 
counterflow heat exchanger and is precooled by the returning low pressure gas stream. The pre-
cooled gas is expanded isenthalpically through the Joule Thomson nozzle, which produces a two 
phase fluid. The liquid is used to adsorb the heat load at constant temperature. The low pressure gas 
is exhausted to the compressor or atmosphere to complete the cycle. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. Configuration of experimental 
apparatus. 

Figure 2. Dewar and installation position 
silicon-diode of thermometers. 

Fixed orifice Joule Thomson refrigerators do not contain a control mechanism to vary the 
refrigerant flow during operation, so they produce refrigeration at a continuous high rate when the 
supply pressure is high. They are good for fast cooldown applications, but are not suitable for long-
term steady-state operation. 

Demand-flow Joule Thomson refrigerators contain a flow control mechanism to adjust the 
refrigerant flow rate according to the heat load in order to conserve refrigerant. Although a variety 
of configurations of flow control mechanisms have been proposed, the bellows control mechanism 
is the most widely adopted. ^•'^ 

The performance of the Joule Thomson refrigerator is strongly dependent on the effectiveness 
of the heat exchanger and the operating pressures. '•'' 

Nitrogen and argon are widely used as refrigerants for the Joule Thomson refrigerator. Com
pared with nitrogen, the performance of argon as a refrigerant appears to be very superior.'' 

The purpose of the present study has been to examine the thermal performance of a miniature 
Joule Thomson refrigerator. In particular, the cooldown characteristics, no load temperature and 
cooling capacity were investigated by experiment for different pressures of nitrogen (NBP 77.3 K) 
and argon (NBP 87.4 K) gas. In addition, the mass flow rate through the refrigerator and tempera
ture profile on the surface of dewar were measured during the cooldown process. 

EXPERIMENTAL SETUP 

The Joule Thomson refrigerator test unit was a commercial demand-flow miniature refrigera
tor for cooling of infrared detectors. It has an CD. of 5 mm and has a bellows flow control mecha
nism. The configuration of the experimental apparatus is shown schematically in Figs. 1 and 2. 

Pure nitrogen or argon gas was supplied from a high pressure gas tank into the miniattire Joule 
Thomson refrigerator. The supply pressure of the gas was adjusted by a pressure regulator. The 
Joule Thomson refrigerator with dewar was installed in a vacuum chamber where the pressure was 
maintained below 10-̂  torr using a turbo molecular vacuum pump to reduce the thermal load during 
the measurements. 

Two types of dewars were used for the measurements: a glass dewar and a stainless steel 
dewar: 

Glass dewar. A glass dewar (thickness 1.2 mm) was used for the measurement of cooldown 
performance and cooling capacity. A manganin resistance wire was wound on the cold end to 
measure cooling capacity. The cooling load was introduced by an external DC power supply. A 
silicon-diode thermometer was attached to measure the temperattire at the cold end. 

Stainless steel dewar. This was used for measurement of the mass flow rate and the surface 
temperature profiles. A gas filter was installed between the Joule Thomson refrigerator and the 
mass flow meter. Pressure transducers were employed to record the supply and exhaust pressures. 
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Figure 3. Photograph of experimental apparatus. 

As shown in Fig. 2, the five silicon-diode thermometers were attached on the surface of the 
stainless steel dewar to measure the temperature distribution. Instantaneous mass flow rate through 
the reMgerator was measured by the mass flow meter. 

All sensors were connected to an HP 34970A data logger. A photograph of the experimental 
system is shown in Fig. 3. 

EXPERIMENTAL RESULTS 

Cool down and cooling capacity 

Figure 4 shows the cooldown performance of the Joule Thomson refrigerator with glass dewar 
for seven different supply pressures of nitrogen. The measurements were performed during 10 
minutes. It is observed that the Joule Thomson refrigerator has a rapid cooldown rate at higher 
supply pressure, typically about 2 minutes, and there exists a minimum supply pressure for achiev
ing the required cold-end temperature. The minimum temperature achieved at the cold end is around 
84 K. Steady state conditions were achieved in less than 4 minutes when the supply pressure is 
above 8 MPa. The cooldown rate increases to around 110 K for all test cases. 

Figure 5 shows the cooldown process wdth argon. The cooldown rate increases as the supply 
pressure increases. At a supply pressure of 10 MPa, the cool down time to reach 100 K at the cold 
end is around 1.4 minutes, which is about 1.43 times faster than with nitrogen. Steady state condi
tions were achieved in less than 4 minutes when the supply pressure was above 7 MPa. The mini
mum temperature achieved at the cold end was around 90 K. The temperature does not reach the 
NBP due to the pressure drop of the heat exchanger. At the end of cooldown process, temperature 
oscillation occurred. 

10 12 

Time (min) 

Figure 4. Cooldown process of the Joule Thomson refrigerator with nitrogen at various pressures. 
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Figure 5. Cooldown process of the Joule Thomson refrigerator with argon at various pressures. 
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Figure 6. Cooldown time to reach 100 K at cold end and cooling capacity. 

Figure 6 shows the cooldown time to reach 100 K at the cold end and the cooling capacity 
when the supply pressure is 10 MPa. The cooldown time decreases as the supply pressure increases. 
Argon has a faster cooldown performance than nitrogen for all test cases. When the supply pressure 
is low, the cooldown time of argon is about 2 times faster than that with nitrogen. As the supply 
pressure increases, the ratio of cooldown time with argon to that with nitrogen decreases. 

The cooling capacity of the refrigerator increases as the temperature at the cold end increases. 
The refrigerator with nitrogen has 0.5 W cooling capacity at 100 K, but with argon it has about 
0.3 W. For the same temperature at the cold end, the refrigerator with nitrogen has more cooling 
capacity than with argon. 

Mass Flow Rate and Temperature Profiles 

Figure 7 shows the transient temperature profiles and mass flow rates through the refrigerator 
with nitrogen at 10 MPa. The mass flow rate increases as the cold end temperature decreases. 

After 1 minute, the cooldown rate increases due to the increased mass flow rate. The maximum 
mass flow rate is around 8 SLPM. The mass flow rate suddenly decreases when the temperature at 
cold end reaches steady state. These phenomena is the result of the operation of the flow control 
mechanism. It is observed that a small amoimt of nitrogen is supplied to keep the temperature at 
steady state. As time increases, the temperature near the cold end decreases. After 2.5 minutes, a 
large temperature gradient along the surface of the stainless steel dewar is established. 

For comparison. Fig. 8 shows results with argon using a supply pressure of 10 MPa. In this 
case, large variations of the mass flow rate and oscillation of the temperature were observed. The 
maximimi mass flow rate was around 9 SLPM. 
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Figure 7. Mass flow rate and temperature profiles with nitrogen. 
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Figure 8. Mass flow rate and temperature profiles with argon. 
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Figure 9. Mass flow rate and exhaust pressure 

Early in the cooldown process, the temperature profile with argon in the stainless dewar is 
similar to that with nitrogen. After the temperature at the cold end reaches the minimum tempera
ture, the cold region on the surface of the dewar spreads out. Therefore, the temperature profile has 
a steep slope at steady state. 

Figure 9 shows the maximum mass flow rate through the refrigerator and the exhaust pressure. 
The maximum mass flow rate occurred at the end of cooldown process and increases as the supply 
pressure increases. At the same supply pressure, the mass flow rate of argon is larger than that of 
nitrogen. 
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The exhaust pressure of the refrigerator increases as the supply pressure increases. These in
creases of the exhaust pressure result from the pressure drop of the gas filter. The larger mass flow 
rate through the gas filter results in the higher pressure drop. 

SUMMARY 

In the present study, the cooldown characteristics, no load temperature and cooling capacity of 
a miniature Joule Thomson refrigerator were investigated by experiment using different pressures 
of nitrogen and argon gas. In addition, the mass flow rate and temperature profile on the surface of 
the dewar were measured during the cooldown process. 

The results show that there exists a minimum supply pressure for getting the required cold end 
temperature, and higher supply pressure to the Joule Thomson refrigerator results in more rapid 
cooldown performance. The mass flow rate increases during the cooldown process, then a small 
amount of gas is supplied to keep the temperature at steady state. The maximum mass flow rate 
increases as the supply pressure increases. 

ACKNOWLEDGMENT 

The authors are grateful to the Ministry of Science and Technology (MOST) and the Agency 
for Defense Development (ADD) for support of this work through the Dual Use Technology project. 

REFERENCES 

1. R. Levenduski and R. Scarlotti, "Joule-Thomson cryocooler for space applications," Cryogenics, vol. 
36, no. 10 (1996), pp. 859-866. 

2. W. A. Little, "Microminiature Refrigerators for Joule-Thomson Cooling of Electronic Chips and De-
•vices," Advances in Cryogenic Engineering, vol. 35, Plenum Press, New York (1990), pp. 1325-1333. 

3. Graham Walker, Miniature Refrigerators for Cryogenic Sensors and Cold Electronics, Clarendon 
Press, Oxford (1989), pp. 23-35. 

4. Martin Donabedian, Spacecraft Thermal Control Handbook Volume II: Cryogenics, The Aerospace 
Press, California, (2003), pp. 44. 

5. H. Xue, K. C. Ng, J. B. Wang, "Performance evaluation of the recuperative heat exchanger in a minia
ture Joule-Thomson cooler," Applied Thermal Engineering, vol. 21 (2001), pp. 1829-1844. 

6. B. Z. Maytal, "Performance of ideal flow regulated Joule-Thomson cryocooler," Cryogenics, vol. 34. 
no. 9 (1994), pp. 723-726. 

7. J. S. BuUer, "A miniature self-regulating rapid-cooling Joule Thomson cryostat," Adv. Cryo. Eng, 
Vol. 16, Plenum Press, New York (1971), pp. 205-213. 



Development of a 4K Sorption Cooler for 
ESA's Darwin Mission: System-Level 
Design Considerations 

J.F. Burger', H.J.M. ter Brake', H.J. Holland', G. Venhorst', 
E. Hondebrink', R.J. Meijer', T.T. Veenstra', H. Rogalla', M. Coesel^ 
D. Lozano-Castello^, A. Sirbi* 

' University of Twente, Faculty of Science and Technology 
7500 AE Enschede, The Netherlands 

^ Dutch Space, The Netherlands; •* University of Alicante, Spain 
" ESA-ESTEC, The Netherlands 

ABSTRACT 

ESA's Darwin mission is a future space interferometer that consists of six free-flying 
telescopes. To guarantee a proper mechanical stability of this system, hardly any vibration of the 
optical system with integrated cryocoolers can be tolerated. This paper presents the system 
design of a 4.5 K, 10 mW vibration-free sorption cooler chain, of which the helium stage is 
currently in development under an ESA-TRP contract. A sorption cooler is a favorite option 
because it has no moving parts and it is, therefore, essentially vibration-free. A two-stage 
helium/hydrogen cooler is proposed which needs 5 Watts of input power and which applies two 
passive radiators at 50 K and 80 K. The paper includes the following aspects: system modelling, 
radiator configurations, activated carbons, different multi-stage cooler options, and integration 
aspects of the compressor cells with the radiators. 

INTRODUCTION 

ESA's Darwin mission is an Infrared Space Interferometer that will search for terrestrial 
planets in orbit around other stars . Until now, there are a number of indirect methods to search 
for these. For example, the radial velocity of stars can be determined very accurately using the 
Doppler shift (wobble) of the star spectra . Alternatively, photometric fransit methods can be 
used to detect the brightness drop in the stellar light produced by the planet when it passes the 
star's line of sight^ With these indirect methods, only the existence of some massive planets 
dissimilar of our own was proved. Darwin hopes to look directly at smaller terrestrial planets by 
- for the first time - making use of space-based 'nulling' interferometry, which allows for a 
serious search for life on other planets with a very real chance of success. By using a 
combination of six free-flying 1.5 m telescopes and 1 cenfral hub with a baseline of 50 - 500 m 
(see Fig. 1), a symmettic transmission map can be produced, allowing the search for a planet in a 
specific zone (e.g. where water is in the liquid phase) around the star. Once a planet is found, the 
same system can be used to observe it in more detail. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. Artist impression of the Darwin free-flying interferometer concept (Courtesy of Alcatel 
Space). It consists of six free-flying telescopes in a hexagonal configuration that redirect the beams to the 
central spacecraft. 

The optical paths between the central hub and the six telescopes are controlled and stabilized 
to less than 10 nm by making use of micro-Newton ion thrusters that operate in a control loop in 
combination with RF, optical and laser metrology. To guarantee the pointing and dimensional 
stability, no vibration of the optical system with integrated cryocoolers can be tolerated. As a 
consequence, zero-vibration is one of the central requirements for the cryocooler, and the main 
reason to investigate the use of sorption coolers. 

Darwin will have to operate at the L2 Lagrange point in the sun-earth system - the point at 
which the gravitational forces of the sun and earth balance, leaving the spacecraft almost 
completely still in the sun-earth space.' The reason for this is that otherwise there will be too 
much background zodiacal dust, interfering with any readings taken. In addition, the L2 position 
makes it possible to apply passive radiative precooling for temperatures larger than ~ 30 K, a 
temperature impossible to reach for low earth or geostationary orbits." In this way, all Darwin's 
optical elements are passively cooled to 40 K. Low-temperature radiative cooling can also be 
used to precool an active cryocooler that is applied to reach temperatures below 30 K. 

Active sub-10 K cooling is required in the central hub of Darwin to cool the mid-IR camera 
(5 - 30 nm), which could consist of a Si: As array. Wade and Lindensmith' argued that in such a 
system the cooling power can be reduced to a few mW's by careful thermal design of the 
integrated package of cooler and camera, and by providing proper precooling and shielding at 
somewhat higher temperatures. To be conservative, in this study a required cooling power of 10 
mW at 4.5 K is assumed. 

Darwin's essential cryocooler requirements that were discussed in this section are 
summarized in Table 1, together with some additional requirements regarding mass, lifetime, 
power input, etc' 

Table 1. Summary of cryocooler requirements for Darwin. 
cooling power and cold-stage temp. 
radiative precooling power and 
temperature 

exported mechanical vibrations 
input power 
mass target 
temperature stability 
lifetime 

10mW@4.5K 
1. <5W@50K, resulting in max. 17 m̂  radiator area 

(or scaled to other temperatures using T* law) 
2. < 200 W @ 300 K on spacecraft bus 

< 1 HN/VHZ for f > 0.1 Hz or < 1 nN RMS 

< 200 W 
<10kg 

< 1 mK for 1 hour, < 10 mK for 2 weeks, < 0.1 K for lifetime 
> 5 years 

others: continuous operation; resistant to launch loads; resistant to radiative environment 
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CRYOCOOLER OPTIONS 

Active cooling of the mid-IR camera can be done either by stored cryogens (open cycle), or 
by closed-cycle cryocoolers. Important advantages of stored cryogens are: no vibrations and no 
power consumption. On the other hand, important disadvantages are: a limited lifetime and a 
large volume and mass. Two candidates have been considered for Darwin: superfluid helium 
around 2 K and solid hydrogen at 10 K.' Superfluid helium was used on a previous European 
spacecraft (ISO) and will be used for the Herschel mission. If the parasitic heat losses are 
reduced to 30 mW by technological improvements (50 mW for Herschel), then still a 5 m^ 
cryostat is required for a 5 years lifetime. This makes superfluid helium an unsuitable option. 
Solid hydrogen, on the other hand, could provide a suitable cooling power at 10 K during 5 years 
of operation, assuming a cryostat mass of 300 kg and a hydrogen mass of around 75 kg, 
contained in a volume of 1 m^ This technology appears compatible with the Darwin mission, 
provided that the detector does not need to be cooled below 10 K. However, there are 
disadvantages that make this option less favorable: a substantial mass and volume is required to 
reach a lifetime that is still limited, and hydrogen in such large amounts is dangerous to handle. 

There are a very limited number of closed cycle coolers that could be considered as an 
option for Darwin. Space qualified Stirling and Pulse-Tube coolers that have been developed in 
recent years are based on the 'Oxford' technology: a clearance seal is used around the piston to 
guarantee leak tightness without mechanical contact. The seal is rigidly maintained in lateral 
position by a set of diaphragm springs. Control electronics have been developed to minimize the 
exported vibration of a pair of back-to-back compressors to the order of a few 10 mN. Such 
vibrations, however, are still incompatible with Darwin - which makes use of )aN ion thrusters. 
Another reason that makes this type of regenerative coolers less suitable is the relatively small 
distance between the cold stage and the 300 K heat sink of the compressors; for Darwin it is 
better to have 300 K components far away from the optical components because of stray light 
concerns. For that same reason, it is more attractive to apply a continuous flow cooler such as a 
Joule Thomson (JT) or Turbo-Brayton, where complete separation of the cold stage and warm 
compressor is possible - if required. 

A Turbo-Brayton cryocooler was space qualified and demonstrated for use in the Near 
Infrared Camera/Multi-Object Spectrometer (NICMOS) of the Hubble Space Telescope.' A 
cooling power of 8 W is obtained at 70 K by the expansion of a gas by means of a mechanical 
turbine that operates with a very high rotational speed (4500 rev/s). The compressor also 
operates at such high speed, so that very limited low-frequency mechanical vibrations are 
expected. Developments are reported to adapt this system to lower temperatures (4 - 35 K) and 
lower cooling powers (20 - 100 mW), but this requires the development of a full-balanced 
expander of an extraordinarily small size that operates with a very high speed. Such kind of 
expander is challenged by fundamental scaling laws. 

In recent years, space-qualified closed-cycle JT coolers were developed that can supply 
enough cooling power for Darwin. They operate with the same type of piston-compressors 
based on 'Oxford' technology that was discussed above. As a consequence, the zero-vibration 
requirement cannot be met. As an alternative. Ball Aerospace is developing a 6 - 8 K hydrogen-
helium JT cooler for NGST that is driven by a mechanical rotary vane compressor.'" Although 
the exported vibrations of such compressor are less than for linear compressors, it is uncertain 
whether the exported vibrations are compatible with Darwin's micro-Newton requirements. 

An attractive alternative is the use of a sorption compressor that drives a JT cold stage, in 
combination with passive radiative precooling around 50 K. Such sorption cooler has no moving 
parts and is, therefore, essentially vibration-free. In addition, the absence of moving parts 
simplifies scaling of the cooler to small sizes, and it contributes to achieving a long lifetime. 
These two properties make sorption coolers even more attractive for future scientific space 
missions. A 20 K hydrogen cooler based on this technology is currently being built for ESA's 
Planck mission , and a 169 K ethylene sorption microcooler was developed at the University of 
Twente to illustrate the attractive scaling possibilities of this technology. Details on the basic 
operating principles of sorption coolers can be found in a few recent publications.'^' '* 
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PERFORMANCE OF A SINGLE HELIUM SORPTION STAGE 

Modelling approach 

Most sorption coolers can produce a limited temperature drop from the compressor heat sink 
temperature to the refrigeration low temperature - especially when physical adsorption is applied 
such as with helium gas in combination with activated carbon. To reach larger temperature 
differences, a number of cascaded sorption stages can be used - possibly in combination with 
other cooler types. Later on in this paper, different combinations of cascaded stages will be 
discussed. For a proper design of such a cascaded system, it is important that each individual 
sorption cooler stage is understood, modelled and optimized properly. This section describes our 
modelling approach, input parameters, and some performance trends of a single helium stage. 

A thermodynamic model was developed that calculates the basic thermodynamic 
performance of a sorption cooler stage. In essence, the compressor and cold stage COP's are 
calculated, with realistic gas and adsorption properties as input. The model includes 'intrinsic' 
loss factors, these are loss terms that are firmly associated with the sorption cooler architecture, 
and that cannot be reduced by clever design of the individual cooler components - once the gas, 
adsorption material, and compressor cylinder material are chosen. An example of an intrinsic 
loss term is the heat that is put in the heat capacity of the sorption material and compressor walls. 
The results of this model are basically independent of cooler size, i.e. the resulting cooler input 
power and radiator areas are scalable with the required cooling power. This is an important and 
characteristic feature for sorption coolers, which is usually not found for mechanical cryocoolers. 

Input parameters and boundary conditions 

Radiator thermal performance. The radiator temperature that must be chosen is not fixed 
at 50 K. In fact, the design of the radiator plus sorption cooler should be such that the radiator 
area is minimized. The design constraint of the precooling radiators can be expressed as: 

P„,=eAa{T:,-T;J (1) 
Here, T^mk gives the temperature of the radiator in case of no heat load. This temperature is 

determined by the parasitic load coming from the spacecraft; it depends on the detailed design of 
the radiators. In this project, it was decided to work with a radiator in the shape of a truncated 
pyramid, which resulted in Tsink = 20.5 K. Furthermore, a value of 0.8 was taken for the radiator 
emissivity. 

Adsorption materials. The performance of a sorption cooler is very much influenced by the 
selected adsorption material. Activated carbons are generally believed to be the preferred 
adsorption material (compared to zeolites and silica gels) for helium sorption compressors. An 
important parameter of an activated carbon is the amount of gas (per mass/volume of sorber 
material) that can be liberated from a sorption cell during one thermal cycle of the compressor. 
This is essentially coupled to two properties of the activated carbon: the adsorption capacity at 
low pressure and temperature (e.g. 50K and 1 bar for the helium stage) and the void volume -
since gas is stored and lost in this volume when the gas is compressed to a high pressure. 

Table 2 lists properties of three different types of activated carbon. Saran is a microporous 
monolithic carbon that is produced from Polyvinylidene Chloride - a carbon historically 
considered favorite for sorption compressors because of it's high adsorption capacity at low 
pressure and its very low void volume. Unfortunately, it cannot easily be produced because its 
precursor material is on an international hazard list. ESAl and ESA2 are carbons from Spanish 
anthracite, developed in this project. The table also compares the amount of delivered gas for the 
different carbons, for sorption compressors heat sunk at 20 K and 50 K. From the numbers, it can 
be concluded that at 50 K the void volume is affecting the amount of delivered gas much more 
than at 20 K, whereas at 20 K the adsorption capacity plays the major role. Since we prefer to 
apply radiative precooling of the helium sorption compressor, ESAl in a monolithic shape is 
currently selected as the preferred material. Fig. 2 compares some of the isotherms of ESAl and 
ESA2. 
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Table 2. Properties of three different types of activated carbon, together with an example of 
helium adsorption properties in a sorption cell that is heat sinked at 20 K and 50 K. 

carbon 

shape 

density (mg/ml) 
void volume fraction 

3aran 
monolith 

( 
1.0 

X54f 

Adsorption properties (all expressed in mg gas per gram 
Adsorption low temp., Ti 

Adsorbed gas at Ti and 1.25 bar 
Gas in voids at Ti and 1.25 bar 
Total gas in cell at TL and 1.25 bar (A) 
Adsorbed gas at 120 K and 13 bar 
Gas in voids at 120 K and 13 bar 

Total gas in cell at 120 K and 13 bar (B) 
Amount of delivered gas (= A - B) 

20 K 
58.5 

0.3 
58.8 

2.5 
2.8 
5.3 

S3.S 

ESAl 
monolith 

0.7 
0.68 

of sorter material) 
50 K 
8.7 
0.6 
9.3 

2.5 
2.8 
5.3 

4 

20 K 
77.4 

1.9 
79.3 

2.25 
5.01 
7.26 

72.04 

20 K 
7.5 
1.1 
8.6 

2.25 
5.01 
7.26 

1.34 

ESA2 

pressed powder 
0.5 

0.77 

20 K 
105 
3.3 

108.3 

2.25 
7.9 

10.15 

98.15 

50 K 

7 5 
1.8 
9.3 
4.2 

7.9 
12.1 

-2.8 

Gas and sorption container properties. Gas properties are obtained from Cryodata's 
Gaspak.'' Three material properties of Stainless Steel 316L (compressor material) are used: the 
temperature-dependent specific heat, the density and the yield strength. The yield strength is 
used to calculate the required thickness of the compressor container wall, and this required 
thickness is translated into a ratio of the container-to-sorber mass. A yield strength is assumed of 
295 MPa at 300 K; in the temperature range of 20 - 150 K the yield strength can be considered 
significantly higher. In the model, a maximum allowable stress is taken as 100 MPa, resulting in 
a suitable margin of safety to account for the repeated thermal and mechanical cycling. 

Performance trends of a single helium sorption stage 

The thermodynamic model was used to calculate performance trends as a function of 
relevant cooler operating parameters, such as: the compressor low and high temperatures, system 
pressures, precooling temperatures, void volumes, etc. As an example, Fig. 3a shows the radiator 
area as a function of the radiator temperature, for a radiator that directly heat sinks a single-stage 
helium sorption compressor. The total cooler performance is made up by the product of the 
radiator performance and the sorption stage performance. Clearly, for lower temperatures the 
radiator performance (expressed in radiator area per Watt of radiative power) deteriorates the 
system performance, and for higher temperatures the sorption compressor performance 
deteriorates the system performance, which explains the optimum operating temperature of about 
45 K for this specific case. As a second example, Fig. 3b shows the cooler COP as a function of 
the void volume fraction of the activated carbon, for a compressor heat sunk from 20 K and 
50 K. For a heat sink temperature of 20 K, the amount of gas produced in one compressor cycle 
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Figure 2. Measured isotherms of two different activated carbons: ESA 1 and ESA 2. 
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Figure 3. (a) Radiator area as a function of the compressor low and higti temperature; (b) effect of 
the void volume on the efficiency of the cooler. Pressure settings: p i= 1.3 bar;p//= 13 bar. 

is so big that the influence of the void volume is very limited - even for large void volumes of 
85% of the compressor cell. This is clearly not the case for a helium compressor operating from 
50 K: then the influence of the void volume is very significant. 

COMPARISON OF DIFFERENT MULTI-STAGE SORPTION COOLER CHAINS 

A number of different multi-stage sorption coolers were compared, some of them having 
non-sorption precooling stages. Some relevant characteristics are listed in Table 3. For all cooler 
configurations it was assumed that they should supply a cooling power of 10 mW at 4.5 K. 
Optimized operating parameters were determined with the models that were briefly described in 
the previous section of this paper; proper margins were taken into account. In cases where a 
trade-off was found between input power (COP) and radiator area, then the radiator area was 
minimized - with the penalty of a higher compressor input power. Optimization of the multi
stage sorption coolers was done by combining the results of individually optimized (sorption) 
stages, and subsequent variation of the interfacing temperature(s). Furthermore, three 
contributions were taken into account to estimate the cooler-chain masses: the estimated cooler 
masses itself, the radiator mass, and the mass needed to provide the required power to the 
cryocoolers. The main characteristics of the six cooler-chains are summarized below. 

Conflguration 1. Fig. 4a shows a schematic picture of configuration 1, including the most 
important operating parameters. This cooler makes use of two rather small sorption stages, which 
can both be located at the cold end of the spacecraft. The helium and hydrogen stages both apply 
activated carbon as the adsorption material, and also both operate as a two-stage sorption 
compressor (i.e. the gas is compressed in two steps from a low to a high pressure). Two-stage 
sorption compressors have a better performance, compared to single-stage compressors. 
Precooling of the sorption compressors is done by two radiators at 50 and 80 K. The hydrogen 
stage is supplying a tiny 25 mW at 14.5 K for precooling the helium cold stage and shielding 
purposes. The disadvantage of this cycle is the large total radiator area, which is mainly related 
to the helium stage. However, a number of advantages are present: the cooler itself is small, light 
and compact; it requires a very small input power; it can easily be made redundant without 
sacrificing total system mass; the small compressor cells can be integrated with the radiator, thus 
spreading the thermal load over the radiator area. This cooler configuration is chosen as the 
baseline design, and will be described in somewhat more detail later in this paper. 

Table 3. Overview of the different cooler options with their most important characteristics. 
This comparison is a thorough update of a previously reported comparison 
option: 
stage I: 
stage 2: 
P input (W) 
T rad (K) 
A total (m^) 
total mass (kg) 

1 
2-st C/H2 
2-st C/He 

7.9 
49 / 52 / 80 

18.6 
83 

2 
solid Ne 
2-st C/He 

7.9 
50/55 
23.25 
295 

3 
l-stLaNi/H2 

1-st C/He 
194 W @ 300 K 

50 / 300 
4.4 
153 

4 
2-st C/H2 
2-st C/He 

151 
105 / 135 

23.1 
171 

5 
Turbo-Brayton 

1-st C/He 
318W@300K 

50/300 
5.1 
190 

6 
solid Ne 
1-st C/He 
0.85 W 

-
-

2000 
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Configuration 2. This option applies a solid neon cryostat to precool the helium cold 
stage - replacing the small hydrogen stage. It does not reduce the radiator area, but it removes 
the possible development risks that come with the hydrogen stage - with the price of a bigger 
radiator area and a higher total mass (or shorter lifetime). On the other hand, the neon may be 
useful for other (cooling) purposes in a spacecraft. A cooling enthalpy of 105 J/g was assumed 
for the neon solid-vapor transition, leading to a required neon mass of 47 kg to provide a cooling 
power of 25 mW for 5 years. The total mass of the neon cryostat was estimated at 200 kg. 

Configuration 3. Fig. 4b shows a schematic picture of configuration 3. It makes use of a 
metal hydride sorption compressor that operates from a heat sink around 280 K, so that this 
hydride compressor must be located at the warm side of the spacecraft. The hydrogen gas is 
precooled by a radiator operating at 50 K. Compared to option 1 and 2, the advantage of this 
system is the limited radiator area, which can be further reduced to less than 2 m^ by using a 
multi-stage radiator. Also, the technology is available for space application." A significant 
disadvantage is that metal hydride technology is based on chemical absorption, which is 
inevitably related to degradation effects that can significantly limit the useful lifetime.'' This is 
not the case for carbon-based sorption technology, which is based on intrinsically reversible 
physical adsorption. Other disadvantages of configuration 3 are: a high cost, a high input power, 
and a more complicated system integration - because the compressor is located at the warm side 
of the spacecraft, and hydride technology requires delicate handling to prevent hydride 
contamination. 

Configuration 4. In this option, a hydrogen-carbon sorption stage is applied to provide 
active heat sinking of the entire helium-carbon stage at 18 K. Unfortunately, the total radiator 
area is very large. A second hydrogen/carbon stage can be added to precool the helium cold stage 
to 14.5 K, adding more complexity; this would reduce the input power and radiator area of the 
upper hydrogen stage with a factor of 0.67. However, the total radiator area will still be bigger 
than 15 m^ - for a very complex, inefficient and heavy cooler-chain. Notice that the high mass-
flow of the hydrogen stage will require significantly bigger compressor cells, tubing etc. than 
required for the small hydrogen stage that is used in cooler option 1. In addition, the upper 
hydrogen stage applies radiators at 105 K and 135 K that radiate more than 150 W at the cold 
side of the spacecraft - which makes this option less attractive as compared to the other options. 

Configuration 5. Creare is currently developing a Turbo-Brayton cooler that will be able to 
cool to 20 K with a cooling power of about 1 W.'^ This Turbo-Brayton cooler is used in option 5 
to heat sink the helium sorption stage at 20 K. Preliminary performance data was obtained from 
Creare: 1.04 W of cooling at 20 K, for 1 W heat sinking at 50 K and a compressor electrical 
input power of 200 W at 300 K. The data was scaled to accommodate the required 1.3 W of 
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Figure 4. (a and b) Schematic picture of cooler configuration 1 and of cooler configuration 3. 
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î DU 
Nfjpj-

—u 

•fP' 

MP, 

14.5 K r ^ 
25 mW ^ -• 

13.6 mW 
for shielding etc. 

of 4.5 K stage 

Figure 5. Schematic picture of the baseline design of the entire 4K sorption cooler chain. 

cooling power. Like for the sorption stages, a 25% margin was added. According to information 
from Creare'^, it may be possible to increase the 50 K precooling temperature somewhat - which 
would significantly reduce the radiator area. Advantages of this system are: a limited radiator 
area, existing technology and a proper lifetime. Disadvantages are: a high input power and 
system-mass, and the use of moving parts and high gas flows that may cause vibrations. 

Configuration 6. For completeness, an option is included in which a solid neon cryostat 
heat sinks the helium sorption compressor at 18 K. Clearly, this option is not attractive because 
of the extreme large mass, although no radiator is required at all. 

BASELINE COOLER DESIGN 

Fig. 5 shows a schematic picture of the proposed baseline design of the entire 4K sorption 
cooler chain, with some relevant parameter settings included in the picture. The mentioned 
parameters include a 25% loss-budget. 

Gas buffers are used at the intermediate and low pressure for the helium sorption stage, and 
for the intermediate, low and high pressure in the case of the hydrogen sorption stage. These gas 
buffers have several functions. Firstly, the gas buffers facilitate the discontinuous and 
independent use of the individual compressor cells'*, which has several advantages at the low 
and intermediate pressure-side. Secondly, the low-pressure buffers are needed to limit the system 
pressure to acceptable values when the system is stored at 300 K. At 300 K, virtually no gas is 
adsorbed on the activated carbon - independent of the pressure. If no low-pressure buffer is used, 
then pressures higher than 100 bar will be present in the system or, alternatively, the system will 
burst. All parts of the system could be designed to stand such high pressures, but for the 
compressor cells this is not feasible; it would result in very thick walls that would deteriorate the 
cooler performance dramatically due to the added thermal mass. No high-pressure buffer is used 
for the helium stage: in the current design there are more than enough sorption cells to provide a 
continuous high-pressure gas flow, and a high pressure buffer rapidly increases the required size 
of the low pressure buffer. 

In addition to the low-pressure buffer, an excess-pressure relief-valve is required between 
the high pressure and the low pressure side, which opens at a pressure somewhat above the 
highest system pressure - for instance at 18 -20 bar in the case of<a high pressure of 16.5 bar. 
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This relief-valve is needed for the situation that the cooler temporarily stops operating, and the 
compressor sink temperature is raised. In that situation, all compressor cells are raised in 
temperature and the adsorbed gas is released and flowing through the check valves to the high 
pressure side, while at the same time the flow through the cold stage is reducing because of the 
temperature increase of the JT-restriction and the lack of precooling at 14.5 K. 

For the helium stage, currently 2 x 6 sorption cells of 1.5 cm in diameter and 15 cm in length 
are foreseen, each having a cycle period of more than 10 minutes. This architecture is based on 
the following ideas. The twelve cells (each combined with two check valves) can be distributed 
over the radiator area, resulting in a limited temperature gradient from the activated carbon to the 
radiator surface. In addition, it facilitates the design of very light and thin radiators. Furthermore, 
this number of cells makes it possible to loose one or two cells: the system becomes redundant. 
Obviously, gas leaks remain single-point failures, but a defect in one of the following cell-
components can be handled by the remaining cells: heater, gas-gap heat switch, mechanical 
support, temperature sensor, (leaking) check valve, a clogged filter. 

For the hydrogen stage the situation is slightly different. Here, the gas flow is so low that it 
is not required to distribute more cells over the radiator area. Therefore, 2 x 2 cells of 1.5 cm in 
diameter and 15 cm in length are proposed, in combination with three buffers. In this way, there 
is redundancy in the system and at least one of the cells may be lost. 

Different alternatives for the radiator design were compared, including deployable radiator 
options. Fig. 6 shows a side view of one of the favorite design options, consisting of a fixed 
radiator integrated in the beam combiner design. The design is such that there is a gradual 
temperature decrease from the sun-side of the spacecraft to the cold optical bench that is located 
at the other side of the spacecraft - in order to provide optimal passive cooling for the heat 
conduction losses. The cryocooler cold stage is located inside the optical bench, to provide the 
required cooling power at 4.5 K to the IR detectors. A sun-shield in combination with a V-
groove radiator is proposed to shield the passive radiators from the warm side of the spacecraft -
similar to the original Alcatel-design. The 80 K and 50 K radiators have the shape of a six-sided 
truncated pyramid, to obtain an optimal view-factor to space. The helium compressor cells are 
distributed over the inside of the radiator surface. The individual compressor cells (plus two 
check valves) are connected to three ring-lines for the low, medium and high pressures. 

From these drawings, it clearly appears that the radiator is very big - although the present 
design can be accommodated in the Ariane 5, which is currently the preferred launcher for 
Darwin. We are considering two options to reduce the radiator area: further improvement of the 
activated carbon adsorption properties, and a reduction of the required cooling power at 4.5 K. 

CONCLUSIONS 

A system-level design of a 4.5 K sorption cooler was made. Different options for vibration-
free precooling and/or heat sinking of a 4.5 K helium sorption stage were compared: a small 
carbon-hydrogen sorption cooler, a hydride-hydrogen sorption cooler, a solid neon cryostat, and 
a Turbo-Brayton cooler. All of these cooler chains make use op passive radiative cooling to as 
low as 50 K, which is made possible by Darwin's far-away position L2. According to this study. 
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Figure 6. Design impression (side-view) of the radiators integrated in the beam combiner spacecraft. 
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the properties of a few different cooler chains satisfy the requirements. More specific, a 
helium/hydrogen sorption cooler precooled by two radiators at 50 and 70 K has several 
distinctive advantages: the cooler itself is small, light and compact; it requires a very small input 
power; it can easily be made redundant; the small compressor cells can be integrated with the 
radiator. The big radiator area is a disadvantage; further improvements of the activated carbon 
and/or a smaller cooling power at 4.5 K can reduce the required area. 
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ABSTRACT 

A single sorption compressor cell that is thermally cycled provides an intermittent flow. For a 
Joule-Thomson expansion stage, a more or less continuous flow is required. The standard method 
to obtain a continuous flow out of a sorption compressor is to use three or more compressor cells 
that are operated out of phase. This paper presents an alternative compressor concept that uses only 
one compressor cell, two buffer volumes and two check valves. Such a compressor is easier to 
construct and to operate and has a higher reliability at the expense of a sUght variation in the 
cooler's cold-end temperature. The principle was demonstrated using a sorption compressor cell 
that is equipped with a gas-gap heat-switch, is filled with Maxsorb activated carbon, and uses 
xenon as a working fluid. A flow of 0.5 mg/s was achieved with a low pressure of 2.0 bar and a high 
pressure of 12.6 bar. The compression ratio can be increased by reduction of the void volume and 
by optimization of the compressor control system. 

INTRODUCTION 

A sorption compressor cell basically consists of a container that is filled with an adsorbent. It 
can act as a compressor by thermally cycling the adsorbent and at the same time controlling the gas 
flow to and from the system. This gas flow can be controlled either actively or passively. One can 
distinguish four different parts in the cycle. These are schematically shown in Fig. 1. Starting from 
an initial low (heat-sink) temperature and pressure, during the first part of the cycle (A) the sorber 
container is heated while no gas can flow into or out of the compressor cell. Adsorbed gas comes 
off the surface and builds up pressure in the void volume of the container. If, at some point, the 
container is opened, high-pressure gas flows out (phase B). In this phase, further heating of the 
container is required to keep the pressure constant. When most of the gas has come off the surface, 
the container is cooled back to the heat-sink temperature and the container is closed (phase C). Gas 
from the void volume now adsorbs onto the surface of the sorber material, causing the pressure in 
the container to drop. At a sufficiently low pressure, gas should be supplied to the sorber container 
in order to return to the starting point (phase D). So, during only one phase of the cycle (phase B) 
high-pressure gas is supplied by the cell and during another phase (phase D) low-pressure gas is 
taken up by the cell. In the other two phases no gas flows into or out of the system. 

While an individual sorption cell provides an intermittent flow, a Joule-Thomson expansion 
stage needs a more or less continuous mass flow in order to provide continuous cooling power. In 
general, a continuous flow is obtained by using three or more compressor cells. They are operated 
Cryocoolers IS, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 5 1 3 
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Figure 1 (a) Amount of adsorbed gas per gram of sorber material during the sorption cycle, 

(b) Temperature, pressure, flow and compressor status with time during the sorption cycle. 

out of phase and their phases are sjTichronized. A check valve unit is used to convert the intermit
tent flows of the individual cells to a continuous flow through the cold stage. A schematic picture of 
such a cooler using four sorption cells is shown in Fig. 2. Bowman et al.' recently published an 
overview of closed-cycle Joule-Thomson cryocoolers. 

Coolers that consist of a sorption compressor with a Linde-Hampson cold stage have several 
advantages. They are thermally driven and have no moving parts, apart from some check valves. As 
a consequence, they can be scaled to small sizes and can operate with an absolute minimum vibra
tion level. Besides, wear-related issues hardly play a role giving the potential for a long cooler 
lifetime. 

A disadvantage of this cooler type is the relatively complex compressor design including three 
or more compressor cells, each consisting of a container filled with sorber material and equipped 
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Figure 2. Sorption compressor with a Linde-Hampson cold stage using four sorption compressor cells 
operating 90 degrees out of phase. 
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with a heater, a heat-switch with an actuator, and some means to control the heater and the heat-
switch actuator. As more compHcated components in a system increase the risk of failures, a reduc
tion of complexity would increase the reliability of the cooler. Another drawback is that, in many 
cases, the cooler is relatively inefficient compared to other types of coolers. Every time the gas in 
the container is pressurized, the complete container including sorber material, heater, and walls 
needs to be heated. The contribution of the heat capacity of the container to the total amount of heat 
input is significant. Furthermore, a considerable amount of gas is lost in the void volume of the 
sorber material. 

In the next section, we present a new design to create a continuous flow out of a single com
pressor cell. Then, the setup to test the proposed compressor configuration is discussed and the first 
experimental results are presented. The paper concludes with a discussion on the principle and on 
the measurement results. 

1-CELL SORPTION COMPRESSOR 

A Joule-Thomson expansion stage requires a more or less continuous mass flow in order to 
obtain a continuous cooling power. Besides, the compressor should supply a constant low pressure 
as this pressure is directly related to the low-end temperature of the cold stage. As set out in the 
previous section, a single sorption cell supplies an inherently non-continuous flow. As far as we are 
aware, up to now all coolers of this type use a number of sorption compressor cells that are operated 
out of phase. As a simpler alternative, we present a design that uses only a single sorption compressor 
cell and two buffer volumes. This design is shown in Fig. 3. 

During phase A of the sorption cycle, the sorber container is heated and pressure builds up in 
the sorber container as both check valves are closed because of the pressure differences over the 
valves. The high-pressure buffer supplies gas to the cold stage which is taken up by the low-pressure 
buffer, while no gas flows to or from the compressor cell. As a consequence, the pressure of the 
high-pressure buffer slowly decreases while that of the low-pressure buffer steadily increases. Once 
the pressure in the container has become higher than that of the high-pressure buffer, the high-
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Figure 3. Single-cell sorption compressor combined with a Linde-Harapson cold stage, (a) Schematic 
drawing of the configuration, (b) Mass flow, pressure and cooling power (exaggerated) with time. 
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pressure check valve opens and a relatively large gas flow is supplied to the high-pressure buffer, 
causing the pressure of that buffer to rise (phase B). When the container has cooled down, the 
pressure in the container decreases and the high-pressure check valve closes (phase C). Again, the 
flow through the cold stage is maintained by the buffers. When the pressure in the container has 
dropped to below that of the low-pressure buffer, the low-pressure check valve opens and gas flows 
from the buffer to the cell (phase D). 

The configuration has a number of advantages. First of all, the number of components is reduced. 
This increases the reliability of the compressor. Besides, controlling the cooler has become easier 
as only one sorption compressor cell needs to be driven. The reliability of the design can be further 
increased by mounting a second compressor cell between the low-pressure and high-pressure buffers. 
The two parallel cells can be operated completely independently. If one of the compressor cells 
fails, the compressor can still operate (redundancy). The advantage of reduction of complexity 
becomes even more pronounced when multistaged compression is applied as suggested by Bard.^ 
Then, instead of two compressor units consisting of in total eight sorption compressor cells and 
16 check valves, only two sorption compressor cells, three buffer volumes and four check valves 
are needed. With a two-stage compression approach, the COP of the cooler can be increased.^-' 
Besides, in the proposed layout no synchronization between the different compressor cells is needed. 
As a result, each cell can be cycled at its optimum cycle frequency, and does not have to be tuned to 
others as is the case in the traditional layout. 

A disadvantage of the proposed design compared to the traditional layout is the slight fluctuation 
in pressure of the low-pressure buffer. This will result in some variation of the cold stage temperature. 
Proper design of the low-pressure buffer can minimize this temperature variation. Furthermore, 
this temperature fluctuation can be damped passively or actively. Another disadvantage of the pressure 
fluctuations in the buffers is that both the flow through the cold stage and the enthalpy of cooling 
will slightly vary with time as shown with some exaggeration in Fig. 3. However, the actual cooling 
power of the cold stage is buffered by the evaporating liquid in the boiler. 

EXPERIMENTAL SETUP 

Thermodynamical Set Points 

To demonstrate the single cell sorption compressor, we selected xenon as the working fluid. 
This gas adsorbs reasonably well at room temperature while at the same time a relatively low 
temperature of 165 K can be reached for a compressor low pressure of 1 bar. We plan to apply a 
thermoelectric cooler (TEC) to precool the high-pressure gas. Such a TEC-cooler increases the 
efficiency of the sorption compressor combined with the Linde-Hampson cold stage without com
promising its advantages over other types of coolers. Precooling of the high-pressure gas is useful 
as the enthalpy related to the gas-liquid phase change adds to the enthalpy of cooling.'' To liquefy 
the fluid in the precooler, the high-pressure gas should be precooled below the boiling point of the 
fluid at that pressure. For a 2-stage TEC-cooler, a temperature of about 235 - 240 K seems achiev
able with sufficient cooling power.' This implies a compressor high pressure in the range of 16 -
19 bar. Of course, the selection of the working fluid and the thermod)Tiamic setpoints is rather 
arbitrary. Also other gases can be taken depending on the requirements of the cooler. 

Sorption Compressor Cell 

The design of the compressor cell is shown schematically in Fig. 4. The sorber container is 
made of stainless steel, has an inner diameter of 9.4 mm and a length of 10 cm. It is filled with 
commercially available Maxsorb MSC-30 high surface area activated carbon. This sorber material 
has a surface area of 3290 m^/g and an apparent density of 0.28 g/ml.*'' The charcoal was filtered 
and only particles with a diameter between 210 - 420 \im were selected. On top of the sorber 
container, a 2 \im stainless steel filter is placed. In this filter, a feedthrough for a thermocouple is 
welded. This thermocouple is used both for sensing the temperature and as a heating element. 
While thermally cycling the sorber container, the thermocouple is switched between heating mode 
and sensing mode. The sorber container is gold-plated to reduce radiative heat loss and it is cen-
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Figure 4. Sorption compressor cell (a) Schematic drawing, (b) Top cover and filter of the sorber 
container with the thermocouple attached, (c) Gold-plated sorber container before installation of the heat-
sink, (d) Finished compressor cell. 

tered in a stainless steel heat-sink by means of two spacers. For a more detailed description of the 
compressor cell, the reader is referred to Burger et al.^ 

The sorption compressor cell is embedded in an aluminum heat sink. Cooling fms are mounted 
on top. An axial flow fan (Papst 9956L) is applied to further improve the thermal contact with the 
environment. A powerful TEC-cooler is positioned between the compressor cell and the cooling 
fins to keep the heat-sink temperature constant to 20 °C. The pressure in the sorber container is 
measured outside the cell with a low-void volume Kulite pressure sensor (type XTL-190). The 
thermocouple in the sorption compressor is an Omega E-type with an outer diameter of 0.25 rrmi 
and a length of 51 cm of which 37 cm is inside the sorber material while the remaining 14 cm is 
located outside the sorber container. The total thermocouple resistance is 393 Q. The temperature 
of the heat sink and of the 'cold junction' of the thermocouple was monitored with Heraeus PTl 000-
resistors. The total void volume between the filter of the sorption compressor cell and the check 
valves is estimated to be 1.2 cm .̂ 

Gas-Gap 

When heating the sorber container the thermal contact between the container and the surrounding 
heat-sink should be bad. When cooling down the container, a good thermal contact is required. To 
achieve this, a gas-gap heat switch is integrated in the sorption compressor cell. This is the narrow 
slit between the sorber container and the heat-sink and has a width of 300 \im. We selected helium 
as the contact gas. If the gas in the slit is in the viscous state, a relatively good thermal contact 
between the sorber container and the heat-sink exists. If the gas in the gap is in the molecular 
regime, the heat transfer scales with the pressure and hence a lower pressure implies a worse thermal 
contact.'''" Figure 5a shows the theoretical heat transfer coefficient for the gas-gap assuming an 
accommodation coefficient a = 0.3 for the helium gas.'" For the gas-gap high pressure SOmbarwas 
selected. The gas-gap low pressure should be as low as possible. A pressure below 5-10"' mbar 
gives a maximum conduction heat loss of 0.1 W which seems low enough for our application. 

We intend to vary the pressure in the gas-gap by a separated sorption compressor tmit that is 
integrated in the gas-gap. This tmit can e.g. be a metal-hydride acting as sorber material with H^ as 
the working gas.' ' ' ' To test the compressor operation in a laboratory setup, we created the pressure 
swing in the gas-gap by switching the gas-gap volume between a low-pressure and a high-pressure 
'reservoir' with the help of two active valves. This, and the other components of the experimental 
setup, is shown schematically in Fig. 6. A vacuum pump is used as the low-pressure 'reservoir'. 
For the high-pressure reservoir, helium gas of 1.5 bar is expanded over two flow restrictions to a 
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Figure 5. (a) Theoretic heat transfer coefficient in the gas gap for helium gas with an accommodation 
coefficient of 0.3. (b) Pressure in the high-pressure (top) and low-pressure 'reservoir' of the gas-gap control 
system. 

vacuum pump. The volume between the two restrictions acts as the high-pressure 'reservoir'. Note 
that the pressure dependent heat transfer of hydrogen does not deviate much from that of helium 
gas. Figtire 5b shows the time-dependent behavior of the pressure in the reservoirs as the active 
valves are switched. The pressures in both the high-pressure and the low-pressure reservoir are 
measured with MKS Baratron 627B pressure transducers that are located directly behind the active 
valves. The gas gap high pressure was set to 73 mbar. With this setting, the pressure in the reservoir 
is nearly always above 50 mbar. After opening the valve, the pressure in the high-pressure reser
voir reaches its equilibrium value again within about 30 seconds. For the low-pressure reservoir, 
equilibritmi takes about 100 seconds, but within the first 3 seconds, the pressure has dropped with 
more than a factor 1000. According to Fig. 5b, the heat transfer rate has dropped with a factor of 
about 500. These time periods are acceptable for our application. 

Buffer Volumes 

The size of the pressure variations in both the high-pressure and the low-pressure buffer de
pend on the mass flow through the cold stage, the cycle time and the volume as described by Eq. 1. 

Ap: 
VM 

^cycle ^ flow J (1) 

Here, Ap [Pa] is the pressure variation in the buffer, m [kg/s] the average mass flow through 
the cold stage, R [Jmol'K-i] the universal gas constant, T [K] the absolute temperature, K[m3] the 
buffer voltime. A/[kg/mol] the mole mass of the working fluid, t^ .^ [s] the cycle time and t^^^ [s] 
the period during which there is a gas flow between the compressor cell and the buffer under 
consideration. For the low-pressure buffer a volume of 300 cm^ was selected while for the high-
pressure buffer a volume of 75 cm^ was taken. 
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Figure 6. Schematic overview of the experimental setup. See text for details. 

Other Components 

For the check valve we used Swagelok 6L-CW4S4 valves. This is an all-welded check valve 
with a fluorocarbon coating on the poppet. They have a cracking pressure of 10 + 2 mbar, an esti
mated xenon leak flow of 11 |ig/s and an estimated pressure drop of 1 • 10' mbar for a xenon flow of 
2 mg/s at 1 bar absolute pressure. To prevent pollution of the check valves, Valco filters with screens 
of 10 jxm pore size are applied on both sides of the check valves. 

To test the compressor performance, the first experiments were performed without a cold stage. 
Instead, a tunable needle valve is used over which the pressure can drop. The pressures of the high 
and low-pressure buffers are measured with Druck PTX1400 sensors. The mass flows between the 
buffers and the sorption compressor cell and between the buffers and the flow restriction are mea
sured with Bronkhorst EL-FLOW mass flow controllers. The data are sampled with a National 
Instruments multiplexer board connected to an E-series DAQ-card. Each chaimel is sampled with 
500 Hz and averaged over 200 samples before the data was further processed. A custom written 
Lab VIEW program is used to control the system. 

RESULTS AND DISCUSSION 

Measurement Results 

The behavior of pressure, mass flow and the temperature of the thermocouple as measured are 
shown in Fig. 7. During phase A, the sorber container is heated with a duty cycle of 80%. This 
resulted in a time-averaged input power of 3.7 W. During the other 20%, the temperature is mea
sured. Directly after having heated the container, the observed temperature reduces rapidly. The 
heat distributes more uniformly over the sorber container resulting in a temperature decrease at the 
position of the thermocouple. During phase B, the sorber container is heated during only 50% of the 
time, resulting in an average input power of 2.3 W. In this way, the temperature profile in the sorber 
container is smaller compared to phase A, and more gas will be desorbed at the maximum tempera
ture that is allowed. During this experiment the maximum temperature was set to 550 K. 

The behavior of the pressures in the sorber container and the buffers is as expected (compare 
Fig. 7 with Fig. 3). The pressure in the container alternates between 2.0 and 12.6 bar. The high-
pressure buffer fluctuates between 11.8 and 12.4 bar and that of the low-pressure buffer varies 
between 2.1 bar and 2.3 bar. The average mass flow through the flow restriction is 0.50 mg/s. The 
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maximum flow through the cold stage is 8% larger than the average flow; the minimum flow is 5% 
less than the average. The broad band in the mass flow from the cell to the high-pressure buffer is 
caused by the intermittent heating during phase B. 

Once the compressor operation is stable, the time period each phase takes is nearly constant. 
The average time of each phase is 207 s for phase A, 174 s for phase B, 65 s for phase C and 135 s 
for phase D. When considering the individual cycles, the deviations fall within a band of 3% from 
the average. Of course, for a detailed analysis of the stability of the compressor many more cycles 
should be considered. When applying equation (1) to these times a pressure variation in the high-
pressure buffer of 0.63 bar results and 0.14 bar for the low-pressure buffer. The number for the low-
pressure buffer agrees exactly, for the high-pressure buffer the deviation is 0.09 bar. This may be 
caused by an error in the estimate of the total high-pressure volume. 

Consequences for Cooler Behavior 

As stated before, if the compressor is connected to a Linde-Hampson cold stage, the variation 
of the pressure in the low-pressure buffer affects the temperature of the liquid in the boiler of the 
cold stage. In Fig. 8, the measured pressures from the low-pressure buffer are converted to the 
temperature of the liquid within the boiler using GasPak.'^ It turns out that the temperature varies 
between 178.8 K and 180.3 K, a fluctuation of 1.5 K. Apart from common techniques to control a 
cooler's cold tip temperature, with this configuration one can reduce the variation by increasing the 
buffer volume size. 

Also the cooling power will vary somewhat because of the time-dependent flow through the 
cold stage and the pressure-dependent enthalpy of cooling. This will result in a variable liquid 
production rate and is in general not a problem. 
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Figure 7. Performance of a single cell compressor (a) Pressure with time; P̂ ,̂, (solid), P̂^̂  ̂ ^̂^̂^ (dashed), 
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Possible Improvements 

At the moment, a pressure difference from 2.0 to 12.6 bar is achieved. As discussed eariier, a 
minimum high-pressure of 16 bar is required in order to liquefy the gas in the precooler and, as a 
result, to largely increase the cooling power. A way to improve the current setup is to reduce the 
void volume in the sorber container part of the setup. Ways to do this include filling up void volume 
in the tubing, using smaller check valves", and using other activated carbons with inherently lower 
void volume fractions. Another improvement can be made by optimizing the compressor cell con
trol software. A shorter cycle time will increase the pressure difference between the high-pressure 
and low-pressure buffers as long as this effect is not counteracted by a decrease in the amount of 
desorbed gas because of a larger temperature profile in the sorber container. Another way to im
prove the cooler performance is to increase the maximum temperature that is allowed in the sorber 
container. 

CONCLUSIONS 

A new sorption compressor design was proposed consisting of only one compressor cell, two 
check valves and two buffer volumes. Such a design is easier to operate compared to a compressor 
consisting of multiple cells and increases the reliability of the cooler. The principle was demon
strated using a setup with a sorption compressor with a volume of about 8 cm^ that was filled with 
Maxsorb activated carbon and xenon as a working fluid. A continuous flow of 0.5 mg/s was estab
lished with a pressure difference from 2.0 to 12.6 bar. The low-pressure buffer had a pressure 
fluctuation of 0.2 bar resulting in a theoretical fluctuation in the temperature of the liquid in the 
boiler of 1.5 K. A high pressure of 16 bar is required to liquefy the high-pressure gas by a thermo
electric precooler and hence largely increase the cooling power. Ways to achieve this with the 
current setup include reduction of the void volume of the sorber container and optimization of the 
heater control. The proposed design is an alternative to the sorption compressor units consisting of 
multiple compressor cells that are operated out of phase. 
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ABSTRACT 

A test facility has been upgraded in preparation for testing of two hydrogen sorption cryocool-
ers operating at 18/20 K. These sorption coolers are currently under development at the Jet Propul
sion Laboratory (JPL) for the Planck mission sponsored by the European Space Agency (ES A). The 
two units share the same process and component design with different plumbing configurations 
required for spacecraft integration. Previous effort at JPL has led to the successful demonstration of 
a prototype of the sorption cooler. Each flight unit of the sorption cooler will be tested in a vacuum 
chamber with simulated background environment for the spacecraft. GM cryocoolers, bulk LN2, 
and a chiller unit are used to establish nominal temperature stages at 50, 100, and 280 K, respec
tively, allowing the cold end of the sorption cooler to operate at 18/20 K. 

This work summarizes the scope of the test facility upgrade, including design for cryogenic 
cooling power delivery, system thermal management, insulation schemes, and data acquisition tech
niques. Ground support equipment for the sorption coolers, structural features of the test chamber, 
and the vacuum system involved for system testing are also described in detail. 

INTRODUCTION 

Two Planck Sorption Cooler units are to be tested at the Planck test facility. The facility has 
been upgraded from the Engineering Breadboard (EBB) configuration to the current configuration 
for the testing of flight sorption cooler units. 

The two units share the same process and component design with different plumbing configu
rations required for spacecraft integration. Previous effort had led to successful demonstration of a 
prototype of the sorption cooler. Each flight imit of the sorption cooler will be tested in a vacuum 
chamber with simulated background environment for the spacecraft. Two Gifford-McMahon (GM) 
cryocoolers, bulk liquid nitrogen (LN2), and a chiller unit are used to establish nominal tempera
ture stages at 50, 100, and 280 K, respectively, allowing the cold end of the sorption cooler to 
operate at 18/20 K. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 5 2 3 
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The sorption cooler incorporates liydrogen hydride compressor technology^ with a Joule-
Thomson refrigerator cold end and hence eliminates moving parts in both the warm and cold ends. 
This type of configuration is especially suitable for certain space applications where low vibration 
levels are crucial. 

TEST OBJECTIVES 

Objectives for the cryogenic test are to verify chamber vacuum system integrity and cryogenic 
cooling capabilities for simulating operating environment of the flight hardware. Specifics are sum
marized as follows: 

o Vacuum leak rate < 1.0 x 10-' atm.- cc/s 
o Ultimate chamber pressure < 1.0 x 10"'' torr 
o Temperature of 50 K shroud reaches 90 K within 48 hours 
o All other temperatures reach 90 K within 24 hours 
o Temperature at PC3C reaches 45 K within 24 hours. 
o 100 K plate temperature < 120 K 
o 50 K plate temperature < 60 K within 7 days 
o PC3C < 40 K with zero power input 
o PC3C < 45 K with 3 W applied 
o PC3AandB<60K 
o 50 K shroud temperature < 45 K 
o LN2 tank holding time > 72 hours. 

CHAMBER DESCRIPTION 

The test chamber has an outer diameter of 1.8 m with an internal height of 2.8 m, which 
provides sufficient room to accommodate the testing of the sorption coolers. 

Structural Features and Analysis 

As shown in Figure 1, the 50 K (V3) plate of the Piping and Cold End (PACE) assembly is 
supported by four struts which therefore bear almost the entire weight of PACE. These struts are 
secured to the 100 K plate. The 100 K shroud is supported by the 100 K plate. The bottom flange 
of the 100 K shroud is bolted to the 100 K plate. Together they form the enclosure for the 50 K 
stage. The LN2 tank is both mechanically and thermally attached to the top of the 100 K shroud. Six 
posts sit on top of a base plate and support the 100 K plate. The Sorption Cooler Compressor (SCC) 
and Chiller Panel Assembly (CPA) will be bolted down to the base plate. Finally, the base plate is 
supported by three pads at the bottom of the vacuum chamber. These pads are situated directly 
above the three legs of the chamber. Detailed description and design analysis for the chamber 
structure are given in Ref. 4. 

Thermal Design 

For the cryogenic test alone, two temperature stages are established inside the test chamber for 
thermal management. Nominal temperatures for these stages are set at 50 K and 100 K. Two addi
tional stages at 18/20 K and 260 K will be further established for flight hardware testing. 

The 50 K stage is cooled by two GM cryocoolers, while the 100 K stage is cooled by the LN2 
tank. LN2 precoolers are installed in 50 K and 100 K plates to accelerate the initial cool down from 
ambient temperature to 90 K. Cooling power from these GM cryocoolers is delivered through 
flexible thermal straps and solid thermal bus bars. The thermal strap is made of braided multi-
strand copper wires. Each strap consists of 1000 wires with a nominal diameter of 0.01 in. The 
straps are individually trimmed to length in order to reduce their thermal impedance. 
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Figure 1. Test chamber schematic. 

A substantial amotmt of multilayer insulation (MLI) has been installed in the vacuum chamber 
for thermal insulation of the 50 K and 100 K temperature stages. Each blanket consists of 20 alter
nating layers of 0.5 mil, perforated aluminized mylar and Dacron spacer material. Detailed thermal 
system management schemes and chamber thermal analysis are given in Ref 5. 

Facility and Testing Equipment 

Supporting equipment for the test chamber includes vacuimi pumps and cooling equipment 
including cryogenic cooling equipment. 

A vacuum pump (Stokes Model 212-11) equipped with a roots blower (Stokes Model 607-1) 
serves as the main roughing pump for the chamber. The throughput of the pump is rated at 150 cfm, 
while the roots blower is rated at 600 cfin with an ultimate below milli-torr vacuum level. 

A turbo molecular pump or TMP (Seiko Seiki Model STP400) handles pumping in the high 
vacuum range. The TMP has a pumping speed of 420 liter/s for nitrogen at vacuum levels below 
1.0 X lO-'* torr. The TMP is backed up by an explosion-proof rotary pump (Edwards Model 
E2M30FX). A solenoid valve between the TMP and the fore-line pump closes in the event of 
power failure to prevent system contamination due to oil backstreaming from the fore-line pump. 

A chiller (BOC Edwards Model TCU 40/80) removes the heater input power of the sorption 
compressor elements. The TCU 40/80 is a single-channel temperature control unit with a cooling 
capacity of 3 50 W at ̂ 0 °C or 2000 W at -20 °C. The chiller unit was not used during the cryo test. 

Two GM cryocoolers of the same model (CTI Model 1020 Cryodyne) maintain the operating 
temperature of the precoolers (PCl-3) and the 50 K stage environment. The 1020 is a two-stage 
regenerative type cryocooler. With a 10-W heat load applied to the first-stage cold station at 42 K, 
it is capable of lifting 4 W at 14.5 K or 15 W at 26 K at the second stage. The first-stage cooling 
capacity reaches a maximum of 50 W at 93 K while the second stage capacity remains the same. 

A 300-liter liquid nitrogen tank sits on top of the 100 K shroud and cools the entire 100 K 
stage. During normal operation, this LN2 tank needs to be filled once a week. Gaseous nitrogen is 
exhausted through a vent stack to atmosphere outside the test facility. LN2 Pre-cooling loops are 
mounted on the 50 K and 100 K plates to speed up the initial cool-down. These cooling loops will 
be shut off and evacuated once the plates cool down to below 90 K. 
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Figure 2. Instrumentation for PC3C. 

Instrumentation and Data Acquisition 

Temperature sensors are strategically located in the chamber to collect data at all temperature 
stages. Heaters are used to maintain preset temperature levels at PC3C, 50 K shroud, and 50 K 
plate. The high vacuum range is monitored by hot and cold cathode gauges, while the rough vacuum 
end is covered by a mechanical pressure gauge (Leybold Diavac DVIOOO). A data acquisition 
system based on Labview logs readings from temperature sensors and power input to instrument 
heaters. 

As a critical element of the cryogenic testing, pre-cooler PC3C is equipped with temperature 
sensors and heaters to simulate the operating condition of the sorption cooler. A photo of PCS C 
mounted on its MGSE is shown in Figure 2. PC3C is bolted to its MGSE by eighteen M4 stainless 
steel bolts. These bolts are lubricated and torqued to 5 in-lbf to achieve a compression of 286 Ibf per 
bolt to avoid reaching the yield point of copper. Heaters mounted on the PC3C side, together with 
temperature sensors mounted on both the PC3C and its MGSE sides, allow a rough assessment of 
the temperature drop across their interface. The surface of PC3C is gold coated to improve thermal 
contact at the interface with its MGSE. 

The MGSE plate for PC3C is anchored to the 50 K plate via a wedge piece made of GIO 
material to reduce parasitic heat leak from the 50 K plate. 

Test Setup 

A photo of the chamber top view is presented in Figure 3 with major elements called out as 
shown. The dummy 50 K plate built solely for the cryogenic test will be replace by the PACE 
assembly for sorption cooler system test. The rest shown in the photo are actual MGSE parts to be 
used for flight hardware testing. 

TEST RESULTS 

The cryogenic test commenced in late January of 2004 and completed in less than ten days. 
Experimental data, including temperature readings and heater input power, were continuously re
corded. Selective data reflecting t3^ical operating environments are presented in this section. 

Chamber Cool-down 

During the initial vacuum pump-down, warm nitrogen gas (GN2) was used to back-fill the 
chamber. This process was repeated three times and each time the chamber pressure was cycled 
between 10"̂  torr and 300 -500 torr. The two GM cryocoolers were turned on once the chamber 
vacuum level was brought down to below lO ' torr by the turbo molecular pump. Immediately 
following that, liquid nitrogen from an external storage tank was supplied to rim the pro-coolers 
and to fill the LN2 tank. 
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Figure 3. Top view of chamber setup. 

The 50 K and 100 K stages (with the exception of the 50 K shroud) were cooled down to 90 K 
within a day. The 50 K shroud was cooled down by the second stage of GM #2 alone without any 
LN2 pre-cooling. It took less than 42 hours for the rear side of the shroud to reach 90 K, but slightly 
more than 4 days to reach 20 K. 

Temperature readings from all sensors during the cool-down and cryogenic test are graphically 
presented in Figure 4. 
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Figure 4. Temperature data collected during cryogenic test. 
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Temperature Control at PC3C 

The temperature at pre-cooler PC3C is controlled by the Proportional Integral and Derivative 
(FID) algorithm of Labview. Heaters are used to simulate the actual cooling requirement of ap
proximately 3 W. At zero heater input power, the temperature at PC3C bottomed out below 13 K. 
The heater input power was subsequently ramped up in several steps and reached a maximum of 
l o w , exceeding the required level by more than a factor of three. The additional power elevated 
the temperature at PC3C and made it possible to test the sorption cooler with PC3C running at 
temperatures up to 70 K. 

Two temperature sensors on each side of the interface between PC3C and its mechanical ground 
support equipment (MGSE) are located approximately 80 mm apart. As such, the difference be
tween their readings (A T^^^J) includes not only the temperature drop across the interface, designated 
by A Tj^i^^^^^, but also the temperature drop through the 80-mm spacing in the MGSE plate. The later 
was then analytically evaluated and subtracted from AT^^^^i to obtain AT^^^^.^^^. The dependence of 
these temperature differences on input power can be best described in polynomial terms through 
regression as follows: 

^Tj„,„ = 0.00492 - 0.03292^ + 0.197g + 0.0106 

^T,„,„f,„ =0.00792' +0.00262 + 0.0507 

(1) 

(2) 

The conductance across the interface C, -Interface ^^ ̂ ^^° Calculated and plotted in Figure 5 as a 
function of heater input power. The data points can be best fitted with the following fourth order 
poljTiomial: 

C/,„.r/... =-0.00552 +0.17462 -1.9867g^+7.9312 + 10.! (3) 

Temperature Control at 50 K Shroud 

Heaters mounted on the 50 K shroud allow the control of the shroud temperature. To simulate 
the operating envirormient of the spacecraft, the heater mounted on the front end of the shroud was 
turned on at 1.814 W. Temperature readings at this input power level and those at zero input power 
are given in Table 1. 

Temperature Control at 50 K Plate 

Temperature readings from sensors on the 50 K plate and GM#2 first stage are given in Table 2 
at zero and 13.91 W heater input power, respectively. 

Vacuum System Integrity 

The vacuum system integrity was successfully verified through the cryogenic test. The cham
ber had no detectible leak that could be picked up by a helium leak detector with a sensitivity of 
1.0 X 10"'2 atm-cc/s. In the initial pump-down, the chamber vacuum reached levels at 10"̂  torr and 

Table 1. 

Sensor 
Designation 

GM #2, 2"" stage 
50 K shroud, front 
50 K shroud, rear 

Table 2 

Sensor 
Designation 

GM#2, 1st stage 
50 K plate, center 
50 K plate, edge 

Temperature control at 50 K shroud. 

Temperature (K) 
Power = 0 W 

7.7 
11.14 
13.57 

Power = 1.814 W 
10.2 
18.5 
20.2 

Temperatures control at 50 K plate. 

Temperature (K) 
Power = 0 W 

35.01 
36.45 
36.56 

Power =13.91 W 
39.65 
59.47 
59.99 
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Figure 5. Temperature control at PC3C. 

10-* torr in two hours and twenty-four hours, respectively. The ultimate chamber vacuum reached 
was 6.7 X 10"̂  torr. 

LN2 Tank Holding Time 

The LN2 tank has a capacity of approximately 300 liters. The holding time of the tank under 
normal operation directly reflects the parasitic heat leak into the 100 K stage. The recorded holding 
time was more than a week (177 hours) after it was filled the last time. This translates into a boil-off 
rate close to 0.381 g/s, or a heat leak of 74.7 W. It should be noted that part of this heat leak directly 
entered the LN2 tank from the top of the chamber and had no impact on the thermal performance of 
the 100 K stage. 

DATA ANALYSIS 

Conductance of Thermal Straps 

As mentioned previously, cryogenic cooling power from the GM cryocoolers was delivered to 
the 50 K stage through flexible copper thermal straps. Thermal conductivity of copper is a strong 
fimction of temperature at cryogenic temperatures. This temperature dependence becomes most 
significant around 20 K. To correlate experimental data with theoretical predictions, temperature 
readings from three thermal straps are analyzed. These straps are used to cool PC3C, the 50 K 
shroud, and the 50 K plate. For each strap, temperature readings from sensors attached to both ends 
are used in conjunction with heater input power and strap geometry to obtain a value for the thermal 
conductivity integral over the temperature range experienced by the strap based on the equation 

A/L 
(4) 

where k is thermal conductivity; T^^^^ and T^^ are temperatures at the load and GM cold head, 
respectively; Q is the heater power input, A is the cross-sectional area of the strap, and L is the 
length of the strap. Once the value of the thermal conductivity integral is calculated, it is then 
compared with that generated by a commercial database CRYOCOMP * through an iteration pro
cess to determine the ratio of residue resistance or RRR value for the strap. The RRR values calcu
lated in this way for the three thermal straps are given in Figure 6. To estimate the parasitic heat 
leak at zero heater input power, a conductivity integral is generated by CRYOCOMP by using 
temperature readings and a RRR value either interpolated or extrapolated from all the RRR values 
calculated at various input power levels. 
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Table 3. Test facility heat leak summary. 

50 

Temperature Stage 
PC3C 

50 K Shroud 
50 K plate 
100 K stage 

Cooling Source 
GM #1,2"" stage 
GM #2, 2"" stage 

GM# land # 2 , 1 " stage 
LN2 tank 

Heat Leak (W) 
0.28 
0.77 
1.5 

74.7 

Heat Leak Summary 

Parasitic heat leaks into the system are estimated mostly based experimental data. For system 
components cooled by flexible copper thermal straps, thermal properties for copper derived from 
CRYOCOMP are used. Heat leak into the 100 K stage is calculated from the boil-off rate of liquid 
nitrogen in the LN2 tank. Heat leaks are summarized in Table 3. 

Due to the small size of PC3C, heat leak through the MLI blanket is negligible. The total heat 
leak of 0.28 W can be considered to come from the GIO wedge piece that supports PC3C over the 
50 K plate. Neglecting the conduction through three GIO legs, heat leak into the 50 K shroud is 
through the MLI blanket. Considering a surface area of 1.6 m ,̂ the average heat leak per unit 
surface area is approximately 0.48 W/m^. Among the 1.5 W heat leak into the 50 K plate, 0.69 W 
are attributed to the four stainless steel struts. This value is analytically evaluated based on the strut 
geometry and conductivity integral at the actual temperature boundary conditions of 36 K and 90 K. 
Over an approximate surface area of 2.66 m? (1.33 m^ per side) for the 50 K plate, the average heat 
leak through the 50 K plate MLI blanket is about 0.3 W/m^. 

To estimate the heat leak into the 100 K stage excluding the LN2 tank, heat flux along the 
shroud is roughly assessed by considering conduction alone. Using the ratio of cross-sectional area 
over length for the shroud at 0.22 m and temperature boundary conditions at 77.8 and 88.86 K, a 
thermal conductivity integral is evaluated at 1300 W/m, which yields a heat transfer rate at 28.19 W. 

Conduction through the six posts supporting the 100 K stage is estimated at 8.68 W. Subtract
ing this amoimt of heat leak, the heat leak through the MLI blankets becomes 19.51 W. The total 
surface area of the 100 K stage exposed to the 300 K environment is about 9.34 m .̂ The average 
heat leak over unit area of MLI blanket is about 2.1 W/m^. It should be noted that this approach 
underestimates the actual heat leak through the MLI blankets, since it neglected the interaction of 
radiation and conduction along the shroud. Heat leaks into different temperature stages are summa
rized in Table 3. 

Comparison of Experimental Data witli Test Objectives 

Experimental data collected through the cryogenic test serve as references for future chamber 
operation. As shown in Table 4, they compare favorably against the test objective. 
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Performance Criterion 
Chamber vacuum leak rate 
Ultimate chamber vacuum 
50 K shroud reaches 90 K 
50 K stage reaches 90 K 
100 K stage reaches 90 K 
50 K plate reaches 60 K 
PC3C reaches 45 K 
PC3C no-load temperature 
PC3C operating temperature 
PC3A and B operating temperature 
50 K shroud operating temperature 
100 K plate operating temperature 
LN2 tank holding time 

Test Objective 
<1.0xlO"''atm,-cc/s 

< 1 . 0 x l 0 ^ t o r r 
48hrs 
24hrs 
24hrs 
7 days 
24hrs 
< 4 0 K 

< 45 K at 3 W 
< 6 0 K 
< 4 5 K 

< 1 2 0 K 
>72hrs 

Results 
< 1 . 0 x l 0 ' a t m , - c c / s 

6 .7xlO' ' torr 
41.5 hrs 

12hrs 
13.7 hrs 
49.2 hrs 
7,7 hrs 

13 K 
< 32 K at 4.67 W 

< 3 7 K 
< 2 5 K 
< 9 0 K 
177 hrs 

DISCUSSION AND CONCLUSIONS 

The 50 K shroud had the longest cool-down time compared to the rest of the system mainly due 
to the absence of an LN2 pre-cooling circuit. Other factors include the fact that the low heat leak 
into the shroud led to a low operating temperature at the GM cold head, where cooling capacity is 
low, and the thin wall of the shroud is a compromise between less thermal mass and higher conduc
tance. Nevertheless, the cool-down speed of the 50 K shroud can be considered acceptable and no 
improvement measures seem to be necessary. 

In conclusion, the cryogenic test of the Planck test facility was carried out successfully. Experi
mental data compare favorably against those from previous testing of the sorption cooler prototype. 
With all test objectives achieved or succeeded, this experiment demonstrated that the test facility 
has adequate cryogenic cooling power and proper delivery means to create and maintain required 
testing environment for future testing of flight units of the Planck sorption coolers. 

ACKNOWLEDGMENT 

The research described in this paper was carried out by the Jet Propulsion Laboratory, Califor
nia Institute of Technology, under a contract with the National Aeronautics and Space Administra
tion. 

REFERENCES 

1. Collaudin, B. and Passvogel, T., "The FIRST and PLANCK 'Carrier' Missions. Description of the 
Cryogenic Systems," Cryogenics, Vol. 39 (1999) pp. 157-165 

2. Prina, M., et al., "Initial Test Performance of a Closed-Cycle Continuous Hydrogen Sorption Cooler, 
the Planck Sorption Breadboard Cooler," Cryocoolers 12, Kluwer Academic/Plenum Press, New York 
(2003), pp. 637-642. 

3. Bowman, Jr., R.C., et al., "Evaluation of Hydride Compressor Elements for the Planck Sorption Cooler," 
Cryocoolers 12, Kluwer Academic/Plenum Publishers, New York (2003), pp. 627-635. 

4. Zhang, B. "Structural Analysis of Test Chamber for Planck Sorption Cooler Non-flight Configuration 
Testing," Design Monograph, JPL (2003). 

5. Zhang, B. "Facility Thermal Analysis for Planck Sorption Cooler Non-flight Configuration System 
Testing," Design Monograph, JPL (2003). 

6. Cryodata, "User's Guide to CRYOCOMP," version 3.0, Colorado, (1997). 



Cryogenic Tests of a 0.1 K Dilution Cooler 
for Planck-HFI 

L. Sentis and J. DelmasS Ph. CamusS G. Guyof, and Y. Blanc'' 

'Air Liquide Advanced Technology Division, AL/DTA 
Sassenage, France 

^National Center for Scientific Research 
Centre de Recherche des Tres Basses Temperatures, CNRS/CRTBT 
Grenoble, France 

'Institut d'Astrophysique Spatiale, CNRS/IAS 
Orsay, France 

''French National Space Agency, CNES 
Toulouse, France 

ABSTRACT 

Planck is the third medium-size scientific mission (M3) of the ESA HORIZON 2000 program 
and is to be launched in 2007. The bolometer-based Planck/HFI (High Frequency Instrument) is 
cooled down to 100 mK in order to measure the Cosmic Microwave Background (CMB) radiation 
with sensitivity close to the fundamental photon noise limit. We report the critical design drivers 
for the open-cycle dilution system and the solutions adopted. 

The system must be able to operate for 24 months in space with severe constraints on the 
temperature stability. The thermomechanical architecture is described with the strong integration 
of the dilution with the focal plane. Thin NbTi superconducting tubes are used to achieve both a 
mechanical stiffness and a low thermal conductivity for the supporting focal plane. A passive 
thermal filter based on the high heat capacity of the Holmium-Yttrium alloy is used to achieve the 
low 20 nK/-v/Hz thermal fluctuation spectrum required. In order to survive the vibration level 
during launch, a locking mechanism, based on the shape memory alloy NiTi, has been designed to 
hold the focal plane while at ambient temperature. Control of the purity of the ^He and ''He isotopes 
is essential for long-term operation. In addition to the initial purity control, several filtering sys
tems are implemented within the injection system. 

The different critical items have been validated with an Elegant Breadboard whose results are 
reported in this article. 

INTRODUCTION 

The Planck satellite design is driven by the thermal requirements. The scientific payload is 
cooled by passive radiators (V-grooves) down to 50 K.' A Joule-Thomson (JT) expansion of hy
drogen using a sorption compressor cools the instrument down to 20 K.' A JT expansion with 
helium using mechanical compressors provides 4 K cooling for HFI. The system provides both 
100 mK, thanks to an open-cycle dilution, and 1.6 K with a JT expansion on the isotope mixture 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 5 3 3 
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Figure 1. The 51 L helium tank for Figure 2. The Dilution Cooler Pneumatic 
the PLANCK-HFI dilution cooler. Control Unit. 

exhaust flow. A complex optical filtering arrangement defines the different photometric bands for 
48 bolometers. Severe constraints are put on the optical filters and the focal plane thermal stability 
in the useftil bandwidth of the scientific signal (0.016-100 Hz).^ They required a temperature noise 
spectral density lower than 20 nK/-\/Hz at lOOmK +/-5mK and 28 |XK/VHZ at a temperature lower 
than 2. IK. 

The dilution Cooler is composed of: 

• 4 tanks mounted on the Service Module (SVM), one for 'He and three for "He, to store the 
helium isotopes required for the 24-month PLANCK mission 

• A Pneumatic Control Unit mounted on the SVM, used to monitor and regulate the isotope 
flows and pressure throughout the mission 

• Piping from the Pneumatic Control Unit at 300 K to the Focal Plane Unit (FPU), composed 
of counterflow heat exchangers and charcoal filters at the 50 K and 18 K level 

• The Focal Plane Unit (18 K-100 mK) on which will be mounted the HFI bolometers (100 mK), 
filters (1.6 K) and horns (4 K). This unit is designed for cryogenic performance, to withstand 
launch vibrations, and to provide suitable alignment of the 100 mK, 1.6 K and 4 K plates at 
100 mK. 

MECHANICAL DESIGN 

The 51 L tanks (Fig. 1) are made with a titanium liner over-wrapped with a multi-planar Kevlar® 
filament envelope. They are filled up to 295 bars before launch. 

The Pneumatic Control Unit (Fig. 2) is composed of pneumatic components set onto an alu
minium honeycomb panel. Latch valves isolate the high-pressure circuitry from the lower one dur
ing launch phase. High stability pressure regulators provide 18 bar to the cooler throughout the 
mission. Discrete flow control allows increasing the flow rate if additional cold power is required 
during the mission. Fill and drain valves are connectable with a pump or a tank-filling compressor 
during testing or ground operations. An electronic unit is designed to monitor and actuate the active 
components: valves, pressure sensors, and thermometers. 

The piping from 300 K to 18 K is composed of isotope injection pipes routed inside the ex
haust pipe to create a counter flow exchanger. It is designed to minimize heat loads on the payload 
module and to withstand the acoustic vibrations of the V-grooves on which the pipes are attached 
(Fig. 3). 

The Focal Plane Unit mechanical design (Figs. 4, 5 and 6) is driven by mass and volume 
constraints, by the material thermal properties at low temperature, and by the mechanical loads 
during laimch. The radiation shields at 4 K and 1.6 K are made of Al 6061. The counterflow 
dilution heat exchanger stiffness is achieved with NbTi tubes and 12 Stainless Steel annular plates 
for thermalization (Fig. 7). The thermal contractions of the various materials are carefully taken 
into account to achieve the required alignment of each optical plate. During launch, an equivalent 
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Figure 3. Complex piping assemblies. 
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Figure 4. The Focal Plane Unit. 
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Figure 5. The Focal Plane Unit with the bolometer 
plate. 
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Figure 6. Launch blocking clamps. The 
opening is actuated by NiTi shape 
memory alloy + spring washers. 

MbTi tubes 
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Figure 7. The Dilution Cooler heat exchanger between 100 mK and JT expansion. 
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static load of 30 g is applied onto the structure. A blocking mechanism including three clamps 
firmly tightening the Focal Plane with the 4 K shield. The clamp's opening is actuated using NiTi 
shape memory alloy sticks. The austenitic-martensitic transition of TiNi occurs at roughly 200 K. 
The NiTi stick applies a force of 1500 N at room temperature. After the transition, springs washers 
applying a compression of about 1500 N on the NiTi relax the system, allowing a displacement of 
1.15 mm of the clamps. In the open position, the 100 mK structure is isolated from the 4 K shield. 

OPEN-CYCLE DILUTION THERMAL PERFORMANCE 

Process patented by CNES, n ° 93.08201. 

The operation of the open-cycle dilution cooler in space has been discussed in previous ar
ticles'̂ '̂  and used in the balloon experiment Archeops.'''' The temperature response of the 100 mK 
cold tip can be explained by the thermodynamical properties of the ^He-''He mixture. As the open-
cycle dilution operates with an excess of'He (>15%)^ (as compared with the 6.4% solubility limit 
below 0.1 K), the theoretical cooling power is only a function of the ''He mass flow and the tem
perature. The available cooling power is measured with an electrical heater. Under 0.4 K and with 
constant isotope mass-flow, the temperature response of the dilution cold tip is accurately described 
by the classical square-temperature law: P = n^- q^^,^ -T^ -Pg where q^^^^ =0.13 JI K~ I mol depends 
on the heat exchanger design and Pg is a rough estimation of the cold losses (conduction in supports 
and wires, viscous dissipation, ...etc). Due to the excess of'He, the dilution provides a cooling 
power along a Counter-Flow Heat Exchanger (CFHE) located between the isotopes injection and 
the mixture exhaust capillaries. A Joule-Thomson expansion on the exhaust circuitry provides 1.45 K. 
Between the JT stage and the 100 mK cold tip, the structure on which the CFHE is routed is 
designed to reduce the conductive loads on the cold tip.' The efficiency of the CFHE thermaliza-
tion can be explained by a simple analytical consideration. We suppose here that the heat ex
changer is perfect (i.e. no temperature difference between the incoming isotopes and the return 
mixture). The thermal balance of a given volume including the cold tip and a section of the heat 
exchanger at temperature T gives the formula: 

P,r + kA~ = h,-q^„-T'-P, (1) 
at 

where Pj..̂ . is the external power on the cold tip, the second term is the conductive load, and / is the 
distance from the cold tip. Using the Wiedemann-Franz law valid for a normal metal, it is 
straightforward from (Eq. 1) to obtain an approximation of the conductive load on the cold tip: 

' ^DIL'V JT ^ 0 / fy\ 

.2-n,-q,,,-R-] 
P -kA-^ 
' WIRES ~ '^•" J, 

at 

where L^ is the Lorenz constant (2.45 10'* W-ii/K^), Ris the electrical resistance, and T„ and T^.^ are 
the cold tip and JT stage temperatures. 

The limit where the heat load equals the maximum cooling power [n^ • g'o,̂  • TJf ) is given by 
h^- R>L„Iq^jj^ • ln(r,j./7^) « 20{^molIs){mO). The thermalization reduces the conductive load 
by more than a factor 30. For quantitative results, a detailed conductive model must take into 
account the thermodynamic properties of'He-''He up to Tj.j, (1.5 K). 

The instrument requires 80 shielded cryogenic cables made with stainless steel braid and a pair 
of conductors (60 Q/m). The linear thermal conductance has been measured to be 0.47-T |.iW-cm K 
(T < 2K), dominated by the braid (equivalent to 5.2 Q/m). The mechanical support is made of NbTi 
superconductive alloy (very low thermal conductivity). 

As the available power at 100 mK is very low (about 100 nW), the performance of the open-
dilution relies on the quality of the 100 mK-1.6 K structure design. In Planck/HFI, we only need 
about 50 nW to regulate the focal plane temperature with the required stability' and 20 nW for the 
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Figure 8. The FPU qualification model, ready for integration in the test cryostat. 

18K stage 

20K stage 

4Kbox 

tielium batti (4.2K) 

LN2 bath (4.2K) 

Vacuum chamber 

Figure 9. The FPS installed in the test cryostat. Figure 10. The whole test installation. 

power dissipated by detectors and high-energy particles (energy deposited into the focal plane ma
terial). 

CRYOGENIC TESTS 

The main purpose of the test facilities is to recreate a "space-like" environment in which the 
FPU can be qualified under representative conditions. These test facilities (Figs. 8 to 10) are com
posed of a liquid helium cryostat in which a vacuum chamber containing the dilution unit is im
mersed. This helium bath provides the base temperature of the system via heat links between the 
vacuum chamber and the 4 K interface of the FPS. The 18 K and 20 K plates are then actively 
regulated. We monitor temperattires of the 1.6 K stage, middle of the heat exchanger, dilution plate, 
and bolometer plate. The cooling power of the system is determined at each stage by electrical 
heating. The DCPU is simulated by a test bench (ISSS-PGSE), which provides both isotopes sup
ply, isotopes molar flow control, mixture pumping, and storage. This bench also provides supply 
and molar flow regulation of He for the precooling circuit. Figure 9 depicts the whole installation. 

Joule Thompson (JT) Expansion Performance 

The JT expansion performances are critical for a good operation of the dilution unit. It indeed 
provides most of the cooling power used in the heat exchanger to cool down the helium coming 
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from the 4 K stage. We could investigate both the JT behavior as a fiinction of isotopes molar-flow 
and verily the thermal stability of the 1.6 K stage. 

The temperature of the JT stage is governed by the total molar flow. By decreasing the total 
molar flow we have observed a discontinuity in the 1.6 K stage temperature. This discontinuity 
appears when molar flow is lower than 20 |imols/s. We had already observed this phenomenon 
during the first prototype test session. It can be explained by the gas phase inside the JT heat 
exchanger. This phase reduces the heat exchange coefficient, and thus the temperature of the plate 
increases. Thermodynamic analysis suggests that this limit essentially depends on the '̂ He molar 
flow. In Fig. 11, the molar flow threshold around 20 |imols/s is clearly visible. If the total molar 
flow is greater than 20 |imols/s we can see that the temperature does not strongly depend on the 
molar flow (AT < 0.1 K). 

The temperature stability has also been investigated, and we have found that this stage is re
markably stable. Figures 12 and 13 show the temperature stability as a fiinction of time and the 
noise spectrum. These graphs were made with ''He and ^He molar flow of respectively 19.5 |imol/s 
and 7.0 |amol/s. The suction pressure was 400 Pa. The temperature measured on the bolometer 
plate was 92.55 mK with 100 nW applied on the dilution stage. The sampling frequency is 1 Hz. 
We can see in Fig. 13 that the stability specification is entirely fulfilled. We have indeed 80 | IK /VHZ 
at 0.02 Hz. 

The dilution cooler performance is critical for bolometer operation. It is necessary to have 
both cooling power and temperature stability at 100 mK. During the mission, the temperature sta
bility is achieved by regulating the dilution plate through a PID system and by mounting the bolom
eter plate on HoY supports. In our experiments HoY is replaced by brass in order to decrease the 
time response of the system. PID is not used. We thus consider the stability of the dilution itself We 
have investigated both the cooling power and the molar flow dependence for the minimum dilution 
temperature. These results have allowed verifying the theoretical model of the dilution cooler. 
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Figure 14. Measurement points in the molar flow plane. 

Figure 14 depicts the experimental plan we have followed. All the points have been measured 
with 100 nW applied on the cold tip. In this graph we have represented the JT limit (explained 
above) and the ^He limit we will discuss in this section. As the mission is 24 months long, the total 
isotope flow is limited. The gray square in Fig. 14 represents the molar flow domain usable for the 
Planck mission. Both temperature and cooling power specifications are fiilfilled in this domain. 
This window has been determined using measurement results as well as a theoretical model. 

The minimum dilution temperature and cooling power depends on the ^He flow and ''He flow. 
The temperature response of the '•He molar flow does not depends on the ^He flow if the latter is 
greater than 6.3 )^mol/s. For all ''He flows investigated it is also the condition to keep the ''He molar 
flow optimum in the left hand side of the graph, i.e. far from the ^He limit. The whole window can 
be modeled with accuracy, and we thus are able to foresee temperature and cooling power for given 
molar flows. 

Figures 15 and 16 represent the cold tip temperature as a function of 'He and ''He flows. 
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As we can see in Figs. 15 and 16 the temperature of the cold tip decreases with an increase of 
''He molar flow and reaches a saturation value that depends on the 'He molar flow. Meanwhile, if 
we increase the 'He molar flow, we first obtain a decrease of the cold tip temperature, but then this 
temperature increases again because of viscous losses. We can see this behavior in Fig. 15 with 
17 nmols/s of ""He. 

The ratio (X) of'He to '*He is also a key parameter, because it determines the "quantity" of the 
dilution process along the heat exchanger. Increasing this ratio increases the cooling power, but as 
we have seen above, it also increases viscous losses along the heat exchanger. On the other hand, a 
smaller ratio will stop the dilution process earlier, and the heat exchanger performance will be 
worse. We can easily see that an increase of this ratio leads to a significant decrease of the heat 
exchanger temperature. 

Figures 17 and 18 show the temperature of the middle of the heat exchanger when varjdng the 
isotope's molar flows. These figures point out an interesting behavior. With a fixed 'He molar flow 
the temperature increases if the ''He molar flow is greater than an optimum value. This optimum 
value increases with increasing 'He flow. In the worst case (5.4/19.5 fxmol/s) we have observed a 
strong increase of plate 6 temperature instability. This phenomenon is explained by a complete 
dilution of the 'He before the extractor. As we have seen, above the limit is given by the ratio of 
'He to ''He. From these data we can determine the value of this limit so that we can remain in 
favorable conditions. During these tests the limit was determined to be X > 22%. 

The dilution cooling power has been measured for the molar flows defined by of the gray area 
in the top right corner of Fig. 14. The results are plotted in Fig. 19. As we can see, the temperature 
squared variation predicted by the theoretical model is demonstrated. From these data we have 
evaluated the residual power. It is equal to 308 nW, which is in agreement with our model. 

Using the power and temperature response we determine the parameters required to fit the 
theoretical model, that is to say Q^^^, P„ and Tj.^ The difference between the model and the 
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measurements is then lower than 1 %. Figures 20 and 21 show the model behavior. The molar flow 
domain has also been represented. We can see in these figures that the cooling power is larger than 
100 nW in the whole molar flow domain. The temperature stability of the bolometer plate is also a 
key point, but as in oiu- system the HoY supports are not used, the stability we obtained is worse 
than the one expected in real conditions. Nevertheless, we obtained 15 |XK/VHZ at 0.02 Hz, which 
allows us to expect that the specification will be fulfilled with HoY supports. 

These graphs were made with "̂ He and ^He molar flow of 19.5 umol/s and 7.0 |j.mol/s, respec
tively. The suction pressure was 400 Pa. The temperature measured on the bolometer plate was 
92.55 mK with 100 nW applied on the dilution stage. The sampling frequency was 1 Hz. 
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Figure 23. Noise spectrum. 

CONCLUSIONS 

The cryogenic tests of the Elegant Breadboard have successfully demonstrated the ability of 
the open-cycle dilution cooler to match the theoretical model and to achieve the required cryogenic 
performance. The 1.6 K-JT behavior is also satisfactory. These results have allowed the manufac
ture of the FPU qualification model to be started using the same configuration. 

Air Liquide is now carrying out the cryogenic tests of this qualification model. During cool 
down, the launch blocking clamps opened successfully. The dilution is being tested with the HoY 
supports and with active regulation; this will allow verifying the thermal stability at 100 mK and 
1.6 K. The unit will then undergo vibration tests and final cryogenic tests to complete the qualifica
tion sequence. 
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ABSTRACT 

The HERSCHEL/PLANCK mission of the ESA Horizon 2000 Science Program accommodates 
two spacecrafts for a joined launch on ARIANE 5 in 2007. HERSCHEL, a multi-user observatory 
type mission, is a giant space telescope. It will be able to collect light from very distant galaxies and 
to observe, for the first time, objects completely enshrouded by dust such as the primeval galaxies. 
The HERSCHEL payload consists in three instruments built by international scientific consortia, 
HIFI (Heterodyne Instrument for FIRST), PACS (Photo-conductor Array Camera & Spectrometer) 
and SPIRE (Spectral and Photometric Imaging REceiver). The spacecraft provides the environment 
for astronomical observations in the infrared and sub-millimeter wavelength range requiring cryogenic 
temperatures for the cold focal plane units. A key requirement for the bolometric detectors, used in 
PACS and SPIRE, is that they will have to be cooled down to 290 mK. This will be achieved by two 
'He adsorption coolers for which CEA-SBT is responsible. The sub-Kelvin sorption coolers provide 
a wide range of heat lift capability at temperature below 400 mK. Helium adsorption coolers rely on 
the capability of porous materials to adsorb or release a gas when cyclically cooled or heated. Using 
this physical process one can design a compressor/pump which, by managing the gas pressure in a 
closed system, can condense liquid at some appropriate location, and then perform an evaporative 
pumping on the liquid bath to reduce its temperature. 

The structural and cryogenic qualification models have been developed and qualified. This 
paper deals with this program. 

INTRODUCTION 

Evaporative cooling is widely used in low-temperature laboratories where liquid helium pumped 
cryostats allow temperatures slightly below 1 K to be reached. Our cooler uses the same principle 
but with some distinctive features, some of which are dictated by the space environment. 

The first feature is the use of an isotope of helium, namely helium 3 (^He), whose physical 
characteristics allow temperatures as low as 250 mK to be reached. However, the cooler alone does 
not cover the temperature range from ambient down to sub-kelvin temperatures. It requires a pre-
cooling stage with enough cooling power at a temperature lower than 3.2 K, the ^He critical tem
perature. This can either be achieved using a helium bath (typical for laboratory units or on 
HERSCHEL), or a mechanical cryocooler. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. Actual 3D view of the HERSCHEL cooler. 

The second featiu-e lies in the technique used to achieve the pumping effect. To suppress all 
moving parts, and hence improve the reliability, we have recourse to the adsorption pump 
capabilities. Adsorption is the physical mechanism in which a gas can be trapped onto a surface. 
Material with a high specific area such as activated charcoal (typically 1200 m'̂ /g) is required. 
The amount of adsorbed gas strongly increases with pressure, and decreases with temperature. 
Thus, in a closed box filled with some gas and activated charcoal, it is possible to provide either 
an increase (gas release) or a decrease (gas trapping) of the pressure simply by varying the 
temperature of the adsorbant (the charcoal). Consequently, below its critical temperature, a gas 
can be compressed until it forms a liquid. Then, lowering the equilibrium presstire, the 
temperature of the condensed liquid can be reduced. 

The third feature is related to the zero gravity environment. In a laboratory adsorption 
cooler, gravity confines the liquid in the evaporator. Unfortunately, in space, we cannot rely on 
gravitational forces. The alternative is to include a porous material (such as an alumina sponge) 
in the evaporator, which confines the liquid by capillary attraction. For the cooling, the gas has to 
be first condensed directly into the evaporator and then evaporated by pumping. Thus, during 
condensation the evaporator needs to be thermally connected to the cold heat sink, and during 
the low temperature step, it must be thermally isolated. 

The fourth feature is related to the heat switches to make or break thermal contact. We have 
designed very efficient gas gap heat switches where the presence or absence of gas between two 
interlocked copper parts changes drastically the heat flow between them. The gas handling is 
achieved with a miniature cryogenic adsorption pump. 

The final feature is related to the structural strength required to survive the launch. The 
cooler must be firmly fixed while the parasitic heat loads on the cold parts must be minimized. 
To fulfil these two contradictory requirements, we have developed a suspension system making 
use of Kevlar strings. This material is chosen for its unique mechanical and thermal properties. 

As described above, the space-borne adsorption cooler comprises an adsorption pimip 
containing the activated charcoal, which will control the gas pressure, a pumping line, an 
evaporator holding the porous material, and two heat switches to control the temperature 
gradient during the various phases. Part of this assembly (pump, line and evaporator referred as 
the cooler heart) is suspended with Kevlar strings inside a mechanical frame as depicted in 
Fig. 1. The cooler is loaded with helium and sealed. The only links to ambient temperature are 
the heater wires used to drive the adsorption ptmip and the heat switches. 

Once the cooler is thermally mounted on the cold heat sink and cooled down to below the 
critical temperature of He (3.2 K), operation can begin. 
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Figure 2. Steps of the cooling operation; Steps A and B account for less than 5% of the running time. 

In brief, helium sorption refrigerators have no moving parts, are vibrationless, and can be 
designed to be self contained and compact with a high duty cycle efficiency. These features and the 
expected reliability that follows make them very attractive for space applications. Concerning the 
drawbacks, relatively poor thermodynamic efficiency with regards to Carnot due to the heat of 
adsorption, and non continuous operations can be noted. Details on their principle of operation 
have been described in numerous papers and the reader is referred to the relevant publications.'-^ 
Nevertheless a typical cycle is summarized in Fig. 2. 

CEA-SBT has acquired a long time experience in sorption cooler technology. Numerous labo
ratory systems ranging from single to three stages units have been developed, and several rocket or 
space borne systems have been flown.^'' 

HERSCHEL COOLER DESCRIPTION 

The SPIRE and PACS sorption coolers were both designed following the same overall speci
fications (see Table 1) and were sized using a software tool developed at CEA-SBT for the thermal 
aspects and ANSYS for the mechanical ones. They are designed to be interchangeable and thus 
feature both instrument mechanical interfaces. The thermal architecture in the satellite is such that 
the coolers are mechanically mounted off of a structure at 4 K or above (level 1) and thermal paths 
are then provided to the superfluid helium tank (level 0) for the cooler operation. This constraint 
calls for a specific thermal architecture (see Fig. 2) and design. In particular, during the recycling 
phase of cooler operation the heat flowing to the tank from the sorption pump and from the evapo
rator are significantly different. 

Table 1. HERSCHEL Cooler specifications. 

Safety 
Mechanical 
(worse case 
axis) 

Thermal 

Electrical 

Geometry 
and Interface 

Structural failure mode shall be "leak before burst" 
• Sine sweep vibration: 22.5 G peak up to 100 Hz / Random : 20-150 Hz: 11.5 G RMS 
• First eigenfrequency above 120 Hz 
• Proof pressure: 2 x maximun operating pressure 
• Heat lift capability: 10 nW minimum at 290 mK 
• Hold time: no less than 46 hours 
• Recycling time: no more than 2 hours 
• Total energy dissipated per cycle: no more than 860 J 
Cold interface (cooler heart) electrically isolated from the mechanical interfaces 
• Volume and Mass: 100 x 100 x 230 mm maximum - < 1.8 Kg 
• Mechanical interface: with a 4 K structure 
• Thermal interface: with a 1.7 K He II bath 
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Figure 3. Cooler thermal architecture. 

During this phase it is crucial to keep tlie evaporator temperature as cold as possible to increase 
the condensation efficiency and reduce the liquid fraction lost during cooldown. Consequently, two 
thermal interfaces and thus two thermal buses are required (see Fig. 1 and 3). Finally, to fulfil the 
electrical isolation requirement, the two heat switches are mounted on the mechanical frame using 
Kapton spacers. 

A picture of the cooler is shown on Fig. 4, and Table 2 summarizes its main characteristics. 
Most of the cooler, i.e. the evaporator and sorption pump envelope, the pumping line and heat 
switch tubing and support structure, is made of titanium 6A1-4V. All thermal interfaces are made of 
high purity gold-plated copper. The heat switches feature thermal interfaces to the main tank. The 
thermal switches are fixed at one end and behave like cantilever beams. Moreover, as a flexible 
copper strap is bolted on the free end, the first vibration natural frequency is lowered by this added 
mass. As a result, the first vibration frequency in the transverse axes is quite low. Consequently, 
both switches feature snubbers that are very efficient at limiting the thermal switch's motion, and 
are mandatory to protect them from damage. Snubbers are also implemented on the miniature pump 
side. 

The cooler is charged with 'He gas and permanently sealed. The pressure at room temperature 
is close to 8 MPa. To qualify as "leak before burst," both coolers are designed so that the pumping 
line with a calculated burst pressure of 35 MPa is the weakest point with regards to internal pressure. 
Both systems are proof pressure tested to 20 MPa. 

The switches are also charged with 'He gas at room temperature, as the use of 'He gas 
substantially improves the performance in the ON position, since in the 2K range 'He has a thermal 
conductivity three times higher than ''He, 

The Kevlar suspension system has been improved since the engineering models' and now 
features a ratchet mechanism to ease the tensioning of the strings. The behaviour of Kevlar strings 
under various conditions has been extensively studied and has led to some unexpected results. For 
instance, it was demonstrated that the Kevlar tension is substantially affected by the successive 
80°C bake out (required during the qualification program). A procedure was then established to 
train and stabilize the Kevlar tmder tension. 

The PACS unit uses 500 ^m diameter braided Kevlar strings everywhere, and the SPIRE imit 
uses 500 \im diameter strings on the pump side and 290 |xm diameter strings on the evaporator side. 

Table 2. Cooler main characteristics. 

He charge 
Pressure at room temperature 
Overall dimensions 
Overall mass 
Suspended mass (cooler "heart") 

6 SIP dm' 
7.5 MPa 
100 X 100 x229 mm 
1750 grams 
281 grams 
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Figure 4. Photographic record ofCQM cooler (protective plates aiid covers removed). 

QUALIFICATION PROGRAM 

A test cryostat, CRYOTEDI III, has been designed and manufactured. This cryostat contains 
a nitrogen and a helium tank, both supporting thermal shields. The useful volume on the cold 
plate is about 370 mm in diameter and 250 mm height. This cryostat provides autonomy of about 
a week at 1.7 K. A particular feature of the cryostat is the possibility to operate in any orientation 
between -90° and +90° as long as the liquid level is equals or below 50% (which is usually the 
case once the helium bath has been brought down from 4.2 K to 1.7 K). This feature allows the 
sorption cooler to be tested in any orientation. The cold plate features an additional aluminium 
plate which simulates the instrument interface (Level 1) and can be temperature regulated. 

A test plan has been established and comprises a test sequence to be performed on the 
sorption coolers that, together with analysis and other verification methods, contributes to 
qualification. This test program covers the functional performance and environmental tests 
required to provide confidence in the ability of the coolers to meet the specified requirements. 
Performance measurements have been made before and after the environmental tests, designed to 
detect changes in performance parameters that may indicate a potential failure. 

The main tests are listed in chronological order in Table 3 together with a summary of the 
results. 

Thermal performance 

A typical recycling curve is displayed on Fig. 5. For this run, the input power to the pump is 
300 mW until the latter reaches 45 K, at which point this power is reduced to 50 mW. The heat 
switch on the evaporator is maintained in the ON position with 800 |iW. Once the sorption pump 
is at 45 K, most of the helium is desorbed from the charcoal. 

Table 3. Test Plan - Main results 
Test 

Leaktightness and proof pressure test 
Thermal performance - bath @ 1.6 K 

Cooler bake out at 80°C for one week 
Verification of thermal performance 

Vibration tests 
Verification of thermal performance 

Autonomy tests 

Experimental result 

20.5 MPa for 3 minutes ~ leak rates < 10"'° mb.f'.s' ' 

SPIRE unit: 248 mK ultimate T, orientation independent 
Passed 
Consistent with first set 

Passed (see Table 4) 
Consistent with first set 
Problem at first (see further) - within specif, at delivery 
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Figure 5 : Typical cooler recycling and associated heat flows to heat sink 

150 

The enthalpy of the hot gas as well as the latent heat of condensation is evacuated to the 
cryostat cold plate through the finite thermal conductance of the switch and straps. The end of 
this phase occurs once the evaporator temperature drops below 2 K, at which point the input 
powers to the pump and to the evaporator switch are turned OFF. Shortly after the switch on the 
pump is turned ON. The pump temperature decreases quickly and the evaporator reaches 300 
mK within minutes. During the recycling phase and for ground test only, the cooler must be set 
so that the main sorption pump is above the evaporator to avoid any convective effect which 
would otherwise prevent any condensation. Once the cooler has reached its ultimate temperature, 
it is insensitive to orientation and can even be operated against gravity as shown farther. 

Both straps to the cryostat are instrumented with thermometers and heaters, and were fully 
characterized prior to the cooler tests. Then, using a simple shunt technique, one can easily 
extract from the thermal data the powers flowing through each of the straps (Fig. 5). These 
measured powers are consistent with predictions and contribute to the sizing of the thermal bus 
within HERSCHEL. 

The cooling power curves of both coolers were measured before and after each 
environmental test. In addition the tests were carried out for three cooler orientations, right-side 
up, horizontal and upside down. 
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Figure 6. Cooling power curves for both units (SPIRE and PACS). 

These tests allow verification of the "zero-G" operation and, for instance, check for any 
potential damage to the internal porous material after vibration tests. The results displayed in 
Fig. 6 do not show any significant differences between each set of tests. 

Probably the most critical tests are the autonomy tests. For these tests the cooler is recycled 
and the antonomy at low temperature is then measured for a given applied load on the cold tip. 
These tests allow for both a verification of the correct filling of the coolers, and a very precise 
measurement of the parasitic heat loads internal to the cooler. It is important to emphasize that 
this aspect is critical for the SPIRE and PACS instruments as any loss in autonomy can 
substantially impact the mission and the amoimt of data expected. 

The first set of autonomy tests revealed two anomalies as illustrated on Fig. 7. On this figure 
we have reported the autonomy (in fact the inverse of the autonomy) versus the load applied. For 
each data point the cooler was recycled in the exact same thermodynamic conditions and one can 
then assume the initial amount of liquid produced is the same. In addition, the operating 
temperatures were close enough so that the latent heat (L) can be considered constant. We can 
then simply write that the amount of "cold" joules produced is equal to the total load times the 
autonomy : moE = (Pappiicd + PparasiUcs) ^ time (where mo is the quantity of liquid at the beginning 
of the low temperature phase). Plotting 1/time versus Pappiied should then give a curve of slope 
l/(moE) and of ordinate PparasMcs /(mo-L). This analysis, performed for both coolers and reported 
on Fig. 7, clearly shows the underfilling and extra parasitic aspects. 

0 10" 

' ' ' I I I ' ' I ' ' ' ' I ' 
CQM SPIRE &PACS- Autonomy tests 
Nominal conditions -L0= 1.7 K/L1 =4K 

SPIRE experimental data 
- o - - PACS experimental data — 

SPIRE theoretical 
' PACS theoretical 

50 250 100 150 200 

Applied load (|jW) 

Figure 7. Thermal performance analysis - Autonomy tests. 
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^PACS 
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ZpACS 

Table 4. Vibration test - first natural frequencies. 
Cold tip 

386 
561 
291 
558 
653 
460 

Structure 
826 
1360 
1130 
1230 
1180 
923 

HS evap. I/F 
138 
705 
127 
126 
302 
128 

HS pump 1/F 
138 
705 
136 
132 
325 
134 

As it would be too complicated to keep He gas bottles under high pressure (> 8 MPa), the 
filling of the coolers is performed at low temperature and relies on a perfect knowledge of all 
void volumes in the circuitry as well as the cooler volume. Because the cooler internal volume is 
small and difficult to calculate accurately (activated charcoal, etc. .) an error of a few percent is 
within the realms of possibility. Indeed, the analysis of the results indicates a few percent 
underfilling for both coolers. The coolers are sealed and the amount of gas caimot be changed 
anymore, however this anomaly is not regarded as major as a new fill procedure has been 
established for the flight models. 

The second anomaly is related to an unexpected parasitic load (few nW). After 
investigation, it was found that the braided copper strap used between the evaporator heat switch 
and the cold tip induced stress on the switch and thus a slight internal contact between the two 
interlocked copper parts. Although the straps were initially very flexible, it turned out that the 
gold plating of the entire straps substantially changed their mechanical performance and led to 
these results. Operating the cooler without strap — i.e. without heat switch and thus making use 
of the gravity — gave results in accordance with predictions. The design of the strap was 
changed and the tests were successfully repeated leading to results consistent with predictions 
(see Fig. 6 - SPIRE unit). For instance, under the nominal conditions, i.e. Lo = 1.7 K and Lj = 
4 K, the autonomy of the PACS CQM unit was measured to be 47 hours with a 10 [iW applied 
load. The analysis of this result gives a 13 nW parasitic load compared with 14 |iW predicted. 

Mechanical performance 

Both coolers were successfully vibration tested at the Centre Spatial de Lieges (CSL -
Belgium) without apparent failure or helium leakage. Accelerometers were mounted on both 
thermal switch interfaces (HS I/F), on the titanium structure, and on the evaporator cold tip. 
Table 4 summarizes the first natural frequencies measured on the various interfaces. The axes are 
defined as follows (see Fig. 1): Y is along the pumping line, and X is along the upper plate 
(connector side). 

These tests were carried out at room temperature. The HERSCHEL satellite embarks a large 
superfluid helium tank, and the instruments and coolers will be launched cold. Consequently, the 
ultimate qualification of the coolers will be performed during the cold vibration tests of the 
instrument qualification models. 

The post-vibration-test thermal performance of both coolers was checked and found to be 
similar to previous measurements (see Fig. 6). 

CONCLUSION 

The two qualification models of the sorption coolers to be used onboard HERSCHEL for 
the SPIRE and PACS instruments successfully completed their qualification programs. Both 
units have been delivered to the instrument projects. 

The SPIRE unit has been integrated into the instrument qualification model, and the first set 
of tests have demonstrated satisfactory performance for the cooler. The SPIRE instrument will 
be cold vibration tested in the near future and shall demonstrate the final qualification of the 
cooler. 
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Preliminary tests of the PACS cooler integrated in the instrument are also satisfactory. 
Manufacturing of the flight models have been initiated. 
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ABSTRACT 

Because of renewed interest in low temperature refrigeration for space missions, there has 
been considerable developmental work on adiabatic demagnetization refrigerators (ADR) over 
the last decade or so. As a result, they have expanded from single-stage systems requiring 
relatively low heat sink temperatures to multi-stage systems capable of rejecting heat to 5 K and 
higher. This capability enables the use of cryocoolers for heat sinking instead of superfluid 
helium — a critical step in meeting the space community's need for long-life, low temperature 
coolers. Since there is no intrinsic limit to an ADR's operating range, the interface temperature 
for a hybrid ADR/cryocooler system can be set to achieve various performance goals, such as 
maximizing total system efficiency or minimizing mass. In addition, a larger operating range 
affords greater flexibility in selecting a cryocooler. In this paper we compare the specific power 
of ADRs and cryocoolers to develop guidelines for optimizing total system performEince, and 
discuss configurations and operating modes for higher temperature ADRs, along with future 
technology developments needed to implement them. 

INTRODUCTION 

Cooling requirements for space telescopes fall into two categories: cooling of the detector 
focal plane and cooling of the telescope structure. The temperatures required can be quite 
different. Microcalorimeters generally need to be cooled to less than 100 mK to achieve 
background-limited performance, while the telescope and other instrument components need 
only be cooled, in the case of infrared sensing, to ~4 K to limit the amount of stray radiation 
reaching the detectors. To date, this has been achieved using a low temperature cooler, such as 
an ADR or ^He refrigerator, connected to a superfluid helium bath. The helium bath may 
provide cooling directly, as on the Cosmic Background Explorer (COBE) , or indirectly by vapor 
cooling, as is the case for the Spitzer Space Telescope. 

The limited lifetime of stored cryogens provides a strong incentive for using cryocoolers on 
future missions, particularly for very large telescopes. This provides a pressure to develop low 
temperature coolers capable of operating with significantly higher heat sink temperatures than 
superfluid helium. At NASA/Goddard Space Flight Center, we have recently developed a 4-
stage ADR^ that operates continuously at 100 mK and below while rejecting heat at 5 K. The 
efficiency, computed as the ratio of "useful" entropy absorbed at the cold stage to the total 
entropy expelled to the heat sink, is quite high — just under 50% at 100 mK. Since there is no 
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intrinsic limit to an ADR's operating temperature, the total efficiency for a hybrid 
ADR/cryocooler system may be improved by having the ADR operate over a wider and wider 
range. This paper addresses that possibility by assessing the relative performance of ADRs and 
cryocoolers in their temperature range either one could be used. 

For this analysis, the relevant parameter is specific power. One difficulty is that 
comparisons of specific power can be misleading if the inlet and outlet temperatures are not the 
same. Cryocoolers are generally designed to reject heat at room temperature while ADRs 
operate much colder. We therefore present two analyses. The first is the performance of a single 
optimized ADR stage operating at temperatures between 1 and 30 K. The second is the 
performance of a hybrid system, shown schematically in Figure 1, consisting of a cryocooler 
operating between 30 K and room temperature, and an ADR cooling to lower temperature. A 
more complete analysis could be performed in which the interface temperature is varied, 
however this case seems to adequately illustrate the potential for using ADRs at higher 
temperature. 

ADR PERFORMANCE PARAMETERS 
The magnetic cooling cycle lends itself to an assessment of specific power, especially if we 

use the standard practice of considering only the input power to each refrigeration stage, not the 
total power dissipation of the drive electronics. In general, the input power has three terms: the 
energy of the magnetic fields used to drive the cycle, energy dissipated in the magnet leads, and 
power used to operate heat switches. In our case, the gas-gap heat switches are passive and have 
no dissipation. For the hybrid cooler depicted in Figure 1, a fourth term is the cryocooler's input 
power needed to reject the ADR's waste heat. Cooling power can be estimated from 
measurements of entropy versus temperature and magnetic field for a given refrigerant, or, where 
that is lacking, from the entropy of a system of non-interacting spins if an internal magnetic field 
is added to account for magnetic interactions. 

The impact of parasitic effects such as heat conduction, for example in the suspension 
system supporting each "salt pill", and thermal gradients within the heat switch and salt pill, is 
captured in an efficiency factor, e, as defined above. Historically, ADR efficiencies approach 
90% at the temperatures of interest here, but in this analysis we use 80% to be conservative. 

Cooling Power 

For a stage of molar mass m operating between temperatures Tugh and Thw, with a maximum 
magnetic field B, a cycle time T, and an efficiency e, the coohng power is given by 

Q„ = EmT,^„KSlT (1) 

where Â " is the difference in molar entropy of the refrigerant at low temperature and zero field 
and at high temperature and field B: 

AS = S{T,„^,0 Tesla) - S{T,,^„B) (2) 

Magnet Leads 

Stage 1 M 5 < > Stage 2 < x ) ... ( g ) . Stage N - (g ) -
Cryocooler 
Cold Head 

(4-30K) 

Magnet and 
ADR Control 
Electronics 

Figure 1. Schematic of a hybrid cooler consisting of an N-stage ADR and a cryocooler. The latter 
cools the ADR's magnets and electrical leads, and absorbs heat from the stage N refrigerant. The 
cryocooler is assumed to reject heat at room temperature. 
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Magnetic field considerations favor refrigerants with the highest possible entropy density 
over their cooling range. This has the effect of lowering the magnet's input power relative to the 
refrigerant's cooling power. At temperatures above a few Kelvin, gadolinium gallium garnet 
(GGG) has been used successfully in two-stage ADRs''. It is a readily available material and has 
significantly higher entropy capacity than the hydrated salts typically used at lower temperature. 
However, many other compounds, such as Gd fluoride, whose entropy properties are shown in 
Figure 2, have significantly higher density than GGG and low enough ordering temperatures to 
be useful in the 4-30 K range. 

At higher temperatures than those shown, the entropy function 

S{T,B)IR = xcoth(x) - (27+ 7)xcoth((2J+ l)x) + In 
sinh((2J+i)x) 

sinh(x) (3) 

X = Hj,gB/2kJ = {0.336 K/T) gB^jj IT 

is an acceptable approximation, using, for GdFs, 7=7/2, g=2, and Beff=B^+b'' with b~l T. 
/J=8.312 J/mol'K is the universal gas constant. 

The variety of magnetic materials that could be used as refrigerants might inspire a more 
intensive optimization study, but it is unlikely to yield qualitatively different results from those 
we present using the properties of GdFs. 

Input Power 

Magnet Energy. The energy required to create a magnetic field in a superconducting coil 
can be calculated exactly from the physical parameters of the coil (assuming a uniform 
distribution of windings): number of turns, inner and outer radii, and length. From these 
parameters, one can compute the coil's field to current ratio and inductance L, and subsequently 
the magnet's stored energy at current /. The average power input to the magnet is then given by 

1 

2 
Qmagnet ~ - ^ ' ' ''• (4) 

This expression is cast in terms of current rather than field because the input power for the 
magnet leads depends only on the current. 

A substantial enhancement of the inductance can result from the addition of ferromagnetic 
shielding, and a substantial reduction can result from the inclusion of bucking or shield coils. 
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Figure 2. Measured entropy of GdFa. 
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While field energy can still be calculated exactly, it is more enlightening to develop scaling laws 
for its dependence on parameters such as refrigerant volume and magnetic field capability. 

We consider two regimes. For small magnets with modest field to current ratios (sO.5 T/A), 
the windings are generally thin compared to their diameter and higher fields can be obtained 
either by applying higher current or adding proportionally more turns. In the latter case, the 
inductance increases as the square of the number of turns, but in both cases the magnet's stored 
energy is quadratic in the peak field and proportional to the refrigerant volume V. For higher 
field magnets (a 1 T/A), the dependences are complicated by the inverse relationship between 
critical current of superconducting wire and magnetic field. Higher fields are produced by 
increasing the number of turns and reducing the current. Using our high field magnets as a basis 
for scaling, the number of turns required for a given field grows approximately as the square of 
the field, but the energy only grows as B and as v' . Since these dependences are only 
slightly different than for small fields, we use these scaling rules for all field values and volumes. 

With B in Tesla and Fin cm^, magnet input power can be summarized 

Q„,,.,,={2.74J)B'"v'>"lr (5) 

Hysteresis. While the vast majority of magnet's energy is dissipated at room temperature, a 
small amount is converted to heat through hysteresis in both the magnet and shielding. It is 
potentially significant because this heat is amplified by the cryocooler's specific power. 
Fortunately the magnitudes turn out to be negligible compared to the magnet's energy. 
Hysteresis heating in the magnet is proportional to the volume of superconductor and the total 
field excursion (up and down), while in the shield it is proportional only to the volume of 
ferromagnetic material. Some differences may be expected for other materials, but for the NbTi 
and silicon iron "C"' used in our ADRs, the magnitudes are 1.44 mJ/T«cm' and 58 jij/cm'. 

Magnet Leads. In general, each ADR stage has independent magnet leads for temperature 
control. The leads must carry currents up to several amps, depending on the stage's temperature, 
with a duty cycle of between 25 and 50%. They can be normal metal or a combination of high 
temperature superconductors (HTS) and normal metal. In either case, the heat load to low 
temperature depends strongly on the presence (or absence) of upper cooling stages to which they 
can be thermally anchored. For this analysis, we assume there is either an intermediate 
cryocooler stage or a spacecraft radiator at 60 K. It is also assumed that the magnets are cooled 
by the cryocooler, which intercepts all heat conducted to low temperature. Heat absorbed at the 
60 K stage is scaled in temperature to give an equivalent heat load on the cold stage. 

Brass/HTS hybrid leads have a distinct advantage over all-brass leads, in both lower steady 
state heat conduction and the absence of ohmic heating in the superconducting portion. Using 
data for the HTS leads developed for the X-Ray Spectrometer instrument on Astro-E*, a pair of 
leads sized to carry 1 A will conduct 19 mW from room temperature to 60 K, and about 0.79 
mW from 60 K to low temperature (30 K or lower). In the brass, the round trip resistance of 35 
mQ approximately doubles the heat conducted to 60 K at fiill (1 A) current. The average heat 
load consequently depends on the magnet's duty cycle, which is typically about 30%. 

Cryocooler Efficiency. The cryocooler absorbs heat from the warmest ADR stage and 
magnet leads, and rejects it to room temperature. Its input power is computed from total 
effective heat load at the cold tip times the coefficient of performance for representative coolers. 
At 30 K, a reasonable range is 50-200 WAV, with the higher figure being more appropriate for 
low cooling power systems'. 

OPTIMIZED ADR PERFORMANCE 

The preceding analysis was used to optimize a multi-stage ADR operating between 1 and 30 
K. The system uses 8 stages, mainly because of the energy penalty associated with using 
magnetic fields much above 4 T. Using such modest fields, the highest temperature stages have 
appreciable cooling capacity only if their range is limited to about 4 K. The optimization 
parameter was the total input power divided by the cooling power at 1 K. Figure 3 shows the 
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Figure 3. Specific power of individual stages of an optimized ADR operating between 1 and 30 K, 
jared to the performance of the existing 4-stage ADR operating over the range trom 50 mK to 4.2 K. 

relative performance of each ADR stage in the system. For this comparison, specific power is 
computed using only the input power and cooling power associated with each stage. Figure 3 
also includes the performance of each stage in our 4-stage ADR. 

The most notable feature is the minimum in specific power just below 10 K. This occurs 
because, as can be seen in Figure 2, the entropy capacity of GdFj (per applied field) diminishes 
markedly above 10 K, and the magnetic field energy begins to rise rapidly relative to cooling 
capacity. The calculation suggests ADRs have better or at least competitive performance 
compared to mechanical cryocoolers up to about 30 K. 

The discontinuity near 1 K for the two ADR systems illustrates the earlier point about the 
importance of high-density refrigerants. Chrome potassium alum salt, used below 1 K, has 
relatively low entropy density (and consequently a low ordering temperature) and requires extra 
volume for a thermal bus, making the magnet volume and energy significantly larger than is 
possible with GdFs at higher temperature. 

The performance of a hybrid ADR/cryocooler system is shown in Figure 4. The cryocooler 
is taken to have specific powers of 50 and 200 WAV. The points for each stage reflect its cooling 
power and input power, plus the input power of all warmer stages and the cryocooler. The more 
or less constant offset between curves indicates the system's efficiency is dominated by the 
cryocooler's input power. At 4 K, the specific power is in the 1000-4000 range. From a 
compilation of data for space coolers', the efficiency of hybrid JT coolers ranges from 4000-
15000 WAV at 4 K, with some laboratory units as low as 1500 WAV. So we conclude that there 
is a potentially significant performance advantage to ADRs over the 4-30 K range which, 
coupled to their inherently higher reliability, makes them very attractive for space applications. 

CONFIGURATIONS FOR HIGH TEMPERATURE OPERATION 

The need for multiple cooling stages to span higher temperatures may give rise to concerns 
about the system's complexity. Indeed, if as many as 8 stages needed to be operated 
independently, the concerns would be well-founded. However, it is possible to configure the 
system in such a way that only two independent magnet controllers are required. This introduces 
some inefficiency, but it is more than offset by the reduced magnet lead heat load. 

The 8-stage ADR is shown in Figure 5. The extra stage for stabilizing the base temperature 
is optional. The 8 stages are divided into two groups in an alternating fashion. Each group of 
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Figure 4. Specific power for a hybrid ADR/cryocooler system over the ADR's operating range. 
Solid symbols correspond to 50 WAV at 30 K for the cryocooler, and open symbols correspond to 200 
WAV. The dashed line represents ideal performance. 

four is controlled by the same power supply, so all four stages warm and cool in concert. The 
interconnecting heat switches are passive gas-gap* with carefully sequenced on/off transition 
temperatures such that when one group is demagnetized, each stage cools into the range where 
its heat switch turns off, and as the other group is magnetized, each stage warms into the range 
where its heat switch turns on. For proper selection of refrigerant masses and magnetic field 
strengths, such a system is actually self-stabilizing. In other words, inefficiencies resulting from 
off-nominal temperature distributions will bias each stage toward its nominal operating point. 

Figure 6 shows a plot of an initial cooldown from 30 K, and subsequent stable operation 
with an applied heat load of 5 mW at ~4 K. Heat is rejected to 30 K at an average rate of 130 
mW, giving an overall heat transfer efficiency of 29%, or roughly 85% for each stage. 
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Figure 5. Configuration of an 8-stage ADR operating between 4 and 30 K. 
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Figure 6. Cooldown and continuous cycling of an 8-stage ADR; numbers on curves are stage number. 

FUTURE DEVELOPMENT 

The implementation of higher temperature ADRs relies critically on superconducting magnet 
technology. NbTi can generate suitable fields (up to 4 T) at no higher than about 6 K. While other 
materials can in principle extend the usable range, none presently has the capability we require. 
The main obstacle is the production of sufficiently fine wire to build low-current (SlO A), high-
field magnets. Progress is being made, though. Superconducting Solutions, Inc. is working on a 
"react and wind" process for NbjSn that has successfully yielded 0.2 mm wire with a critical cur
rent of 14.5 A at 10 K in a 3 T field.' The wire is designed to withstand handling and magnet 
winding after reaction to form the superconductor. The goal is to produce an 8 A, 3 T magnet for 
10 K operation. 

Other materials, such as MgB^ (T^~39 K) and HTS, have significantly higher operating range, 
but the prospects for their application in ADRs is imcertain. MgB^ has not yet demonstrated high 
enough critical current densities for practical magnets, and HTS materials are difficult to manufac
ture in sufficiently long lengths and with small cross-sectional areas. Should this change in the 
future, their availability would be enabling for higher temperature ADRs. 

At present, we are working to incorporate NbjSn magnets into a system'" that will operate 
between 4 and 10 K. The overall goal, beyond development of the basic components, is to demon
strate cooling capacities suitable for future IR telescopes. Estimates are highly dependent on de
tails of individual designs, but they tend to fall in the 10-100 mW range at 4 K. The plan would then 
be to integrate this system with our 4-stage ADR and a 10 K cryocooler to demonstrate cooling for 
both detectors and instrument components with good efficiency. 
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ABSTRACT 

In future space missions, it is likely there will be an increasing need for ultra low temperatures. 
For instance, XEUS is expected to employ a series of superconducting tunnel junctions and transi
tion edge sensors that will require cooling down to 100 mK and below. Only a few technologies are 
capable of producing such low temperatures: dilution refrigerators, adiabatic demagnetization re
frigerators (ADRs), and pomeranchuk cells, to name the most known. 

Space missions call for demanding specifications as far as the refrigerator design is concerned. 
In particular, they need to be extremely reliable, which implies that there should be no moving 
parts, and they should be as light and electrically efficient as possible. These requirements rule out 
most of the technologies except for the ADR and a promising new cooling technology: the SfNIS 
junction. The main drawbacks of the ADR are its weight and electrical needs, which can both be 
quite high. 

To address these issues, CEA-SBT has chosen to take advantage of its sorption-cooler know-how 
to design a small ADR that is composed of a 1 Tesla superconducting coil (0.2T/A) coupled with a 
chromium-based salt refrigerant material; the ADR is then precooled by a 300 mK sorption cooler. 

This paper presents the design of the 100 mK refrigerator system and the first experimental 
results obtained. 

INTRODUCTION 

For several decades since the first successful experiments at achieving sub-Kelvin tempera-
tures'-^, adiabatic demagnetization has been the only means of reaching ultra low temperatures—as 
low as 1 mK for electronic paramagnetism, even lower for nuclear demagnetization. It was only in 
the 1960s that a more practical way of producing ultra low temperatures was found: the dilution 
refrigerator. This refrigerator also has the advantage of producing continuous cooling with fairly 
high cooling power, even at the lowest temperatures. However, as far as space applications are 
concerned, dilution refrigerators are very complicated to use. The classical systems rely on gravity 
to work, although a dilution refrigerator has been designed for the Planck space mission.^ An effi
cient solution has yet to be found to confine the needed interface between dilute/concentrate mix
tures. In addition, a continuous system either requires large cryogen vessels or a way to recover the 
gas mixture. Until such a solution is found, the ADR retains considerable interest for space applica
tions due to its non sensitivity to gravity and its absence of any moving parts. 

Cryocoolers 13, edited by R. G. Ros.'i, Jr. 
Springer Science+Business Media, Inc., New York, 2004 5 6 1 
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Figure 1. 3D view of the prototype. 

CEA/SBT chose to combine an ADR with a sorption cooler to address the drawbacks of both 
solutions. The combination, equivalent to a multistage ADR, should be able to reach lower tem
peratures than those achievable with a ^He sorption cooler alone (typically 260 mK). In addition, 
because the ADR is pre cooled, lower magnetic fields are needed compared to a multistage ADR, 
leading to lower electrical consumption and a lighter system. Finally, an ADR stage coupled with 
a sorption cooler can allow continuous cooling at 300 mK to be provided. 

THE SYSTEM 

Figure 1 shows an illustration of the integrated system, 
heat sink and is composed of two main parts: 

It is thermally coimected to a 4.2 K 

1) 

2) 

The double-staged sorption cooler: A "He sorption stage pre cools and liquefies the 'He stage 
allowing temperatures as low as 250-300 mK to be reached. The complete description of the 
sorption cooler is beyond the scope of this article (see Ref. 4 for an in-depth description of the 
system). 

The ADR: This consists of a salt pill and a coil thermally isolated from each other through 
Kevlar cords. 

In the expected starting temperature range of our ADR (roughly 500-300 mK), the choice of 
the refrigerant is limited to Chromic Potassium Altim (CPA), Ferric Ammonium Alum (FAA), and 
Chromic Cesium Alum (CCA). Between 0.5 and 0.05 K, each of these salts has around the same 
capability as a refi-igerant, with maybe a httle superiority for the FAA. However, the melting point 
of FAA is quite low (around 39°C5), which can be a problem in space missions where the systems 
are usually baked around 80°C. In addition, there are the difficulties of handling during the build
ing of the pill (which may imply some TIG welding). As far as melting point is concerned, the best 
paramagnetic salt is CCA (116°C).5 However, CCA is quite difficult to grow.* So, for our first 
prototype, we made a trade-off and chose the CPA salt (melting point of 89°C5). Table 1 summa
rizes the key data for this salt. 

Table 1. CPA salts data* 
Molar weight (g/mole) 
Density (g/cm'') 
Neel temperature (K) 
Lande factor g 
total electronic angular momentum J 
Local magnetic field (interactions) (T) 

499 
1.83 
«0.01 
1.97 
' / 2 

0.01 
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The salt pill is connected to the double-staged sorption cooler ^He evaporator through a 'He 
gas gap heat switch. This heat switch has a similar design to our '•He gas gap heat switch'' but is able 
to work at a lower temperature. According to our model, with the 'He evaporator at 0.3 K, the 
switch will create a load of about 0.17 nW on the salts at 0.1 K, which is quite low. The pill is 
suspended in the center of the coil using Kevlar strings that bring a total load of around 1.3 ^W. 

PERFORMANCE PREDICTIONS 

In order to be able to determine the quantity of salts as well as the field intensity needed, a 
modeling of the adiabatic demagnetization transformation was performed. We choose the simple 
free ion approximation. However, this model alone does not take any interaction into account. 
Thus, a simple model correction was made for these interactions (mainly the dipolar interactions) 
via a small local field added to the applied field: i.e. H,̂ , = J H j + h^. The crystal field splitting 
effects were completely neglected in this model, but the variation between an 'exact' calculation 
and the free ion approximation is small enough (around 1% at most) to provide confidence that the 
results of our calculations are accurate. 

From the free ion approximation, we can derive the following expression for the entropy**-': 

S(H, T) _ , f sinh((2J + l)x/2)'| 

R 
:ln 

sinh(x/2) 

X , X 

—coth— 
2 2 

(2J- -i>icothi?:^±i>i (1) 

with X • 
Jfa^H; 

kT 
-. J is the total electronic angular momentum, g is the Lande factor, 

\iB is the Bohr magneton. 
Fig. 2a shows the entropy versus the applied magnetic field for a temperature of 0.3 K accord

ing to equation 1. At this temperature, it is useless to apply a magnetic field above IT. With this 
field, 95% of the entropy is already removed and removing the few percent left would be too high 
a cost in field intensity. 

At 1T, the heat rejected at the ADR heat sink (the cold tip of the double-staged sorption cooler) 
isq^=0.3x[S(0.3K,OT)-S(0.3K,lT)] = 3.3 J/mole. 

One of the consequences of the free ion approximation is that entropy is a function of H/T. 
Since the demagnetization is adiabatic, the final magnetic field available to regulate the system at 
the final temperature is defined by the following expression: 
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Figure 2. Entropy variation: as a function of the magnetic field for a temperature of 0.3 K and as a 
function of the temperature for different applied magnetic fields. 
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With a starting applied field of 1 T, there is about 0.33 T left to allow for temperature regulation at 
O.IK. 

Fig. 2b shows the entropy of the salts at various magnetic fields. Assuming the demagnetization is 
perfectly adiabatic, the energy at our disposal at O.IK is 0^= 0.1 x [ S(0.1K,0T) - S(0.3K,IT) ] = I . IJ / 
mole. 

ADR SETUP 

Salt Growth 

When growing the paramagnetic salts, one has to be careful to fully thermalize them. In par
ticular, the condition of having inter grain boundaries must be avoided. In order to fulfill this re
quirement, a thermal bus composed of 365 copper wires 250 ^m in diameter brazed on the cold tip 
has been designed (see Fig. 3). The wires are organized in a triangular array and spaced 2 mm from 
each other. The aim of such a thermal bus is to ensure that the crystal's sizes are at least of the same 
size as the wire spacing. Hagmann et al.^ built such a thermal bus to grow CCA crystals. We have 
built an equivalent bus for CPA, which grows in larger crystals. 

The growing apparatus is quite similar to the one of Hagmann: the copper bus is cooled by a 
Peltier cell in order to ensure that the growth occurs preferentially on the copper wires. The growth 
results in crystals of around 1 cm in size for the largest. In the whole, every crystal seems to have 
grown on a copper wire, and it does not appear that there were any crystals without cormections to 
the thermal bus. Because these salts need to be hermetically sealed to avoid any loss of water 
(which would impact their paramagnetic properties), the salts were sealed in a stainless steel pill. 

In total, 0.2 moles of salt have been grown. This will yield a refrigerator "autonomy," or dwell 
time, of about 12 hours with a 5 |j,W load for a magnetization field of 1 T. 

The Coil 

We used a homemade coil built with 0.3 mm NbTi wire. The coil is 100 mm long with a field 
hole 50 mm in diameter. It is composed of 66 layers of around 250 turns each. 

Each layer was potted with Araldite in order to ensure that the wire won't move in the mag
netic field (which would lower the coil heat dissipation). Since the coil is cooled only by conduc
tion, we built the mandrel of pure copper to ensure good thermal conduction between the 4.2 K 
heatsink and the wires. Despite this mandrel, our first tests showed that this is not enough to keep 
the whole wiring cooled during the manipulations. When the current is varying, the outer part of 
the wiring is heated, even at low current, which lowered the maximum field that could be applied. 
Solutions are currently being evaluated to prevent this heating. 

. . rn 

Figure 3. Photo of the thermal bus. 
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Figure 4. The coil measured field (dots) along with 
the expected calculated field (line). 

Plunged in liquid Helium, the coil critical current is 34 A for a field of 7.5 T and a field over 
current ratio of 0.22 T/A at the coil center. The coil weights 2.5 kg for a total system weight around 
5 kg (without any magnetic screening solutions that often represent a good part of the total weight 
of ADRs). Figure 4 displays the measured field profile as well as the predicted field. This field was 
calculated using roughly the same coil geometry and current intensity. It is important to emphasize 
that this coil is a homemade prototype. When designed by a specialist manufacturer, the weight is 
expected to be significantly less. 

EXPERIMENTAL RESULTS 

As mentioned previously, to validate this concept, we have used a double-stage helium sorp
tion cooler as the pre cooling unit. The first ''He stage is used to cool down and condense the ^He 
stage at a temperature of about 2.4 K (for this particular setup). The ^He then provides about 3 Joules 
of "cold Joules." This value is compatible with the operation of the ADR considering that: 

1. The specific heat of CPA is given by» C/R = aV+b/T\ with 3=4.10-" K'̂  and b = 0.016 K\ 
(According to these values, cooling 0.2 moles of CPA fi-om 2.4 to 0.3 K requires 83 mJ). 

2. The heat rejected at 0.3 K during the 1 T magnetization is Q^= 660 mJ. 
Due to schedule constraints the gas gap heat switch to be used in the fi-amework of this project 

was not available at the time of writing. Consequently, for the first set of tests, the switch was 
replaced by a copper strap. In this case the performance of the ADR is significantly degraded 
because, as the salt pill is thermally grounded to the 'He evaporator, a large fraction of the demag
netization energy is used to cool down the ^He liquid. In addition, the parasitic load to the pill is 
substantially higher. Nevertheless, using this setup, preliminary experiments were carried out. Since 
the enthalpy of the 'He liquid is fairly large, the ADR cooling effect depends on the amount left in 
the evaporator. On the other hand, the amount of liquid must be large enough so that the sorption 
cooler does not run out during the magnetization process. For one of the best cycles, the salt pill 
was magnetized at a temperature around 500 mK with a limited field of 0.4 Tesla. The subsequent 
demagnetization provided a 300 mK cooling effect (ultimate temperature of about 200 mK). These 
first results are very encouraging and demonstrate that the ADR is operating correctly. Yet they 
revealed two main areas for future improvements: a better overall thermalization of the coil, and 
probably a review of the thermal bus design. 

CONTINUOUS HELIUM SORPTION COOLER 

One of the drawbacks of helium sorption coolers is the single shot operation. Although typical 
duty-cycle efficiencies are in excess of 95%, the demand for continuous operation has been identi
fied. As mentioned previously, the addition of the ADR stage to the helium sorption cooler can 
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satisfy this objective. In this operating mode, the sorption cooler is recycled and the experiment is 
cooled down to a temperature slightly above its ultimate temperature. This mode, achieved by 
controlling the temperature of the sorption pump, allows retaining some margin in cooling power 
or rather in available "cold" Joules. In the first phase, only the sorption cooler is used. Then the 
ADR stage is slowly magnetized while the temperature of the experiment is temperature regulated 
using the additional cooling power available. Once the helium sorption cooler is close to being out 
of liquid helium, the ADR is thermally disconnected from the latter using the heat switch. In the 
meantime the ADR is demagnetized to maintain the experiment at constant temperature. The sorp
tion cooler is then recycled, and, once the evaporator is back at the operating temperature, the ADR 
stage is thermally reconnected. The cycle can then be repeated. The required ADR field is limited, 
as the autonomy of the ADR stage is set to compensate for the load from the experiment and from 
the heat switch OFF thermal leak during the sorption cooler recycling phase (less than ~5% of the 
overall cycle). 

CONCLUSIONS AND PERSPECTIVES 

The design and first test results have been presented for a small adiabatic demagnetization 
refrigerator coupled with a double-stage sorption cooler to reach temperature as low as 50 mK. The 
objective has been to come up with a sub-Kelvin cooling solution for space use, with limited mass 
and magnetic fields. In addition, this thermal architecture could be used to develop a continuous 
^He refrigerator. 

Due to the unavailability of the heat switch at the time of writing, this first set of tests was 
carried out with a degraded setup. Nevertheless, these preliminary results have demonstrated a 
cooling effect of 300 mK from a starting temperature of 500 mK. The next set of tests will be 
performed with the nominal setup, i.e. with a ^He gas gap heat switch. 
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ABSTRACT 

In order to provide continuous cooling at 50 mK for space or laboratory applications, we are 
designing a miniature adiabatic demagnetization refrigerator (MADR) anchored at a reservoir at 
5 K. Continuous cooling is obtained by the use of several paramagnetic pills placed in series with 
heat switches. We are aiming for a fast cycling process (= 500 s) in order to reduce the size of the 
pills. For that purpose, we developed and tested magnetoresistive heat switches based on single 
crystals of tungsten. They provide good thermal performance for a very short switching time, de
pending only on the ramping speed of the magnet used. Measurements of heat conductivity be
tween 150 mK and 10 K with fields ranging from 0 T to 3 T are presented for different tungsten 
crystals. Small superconducting magnets have been designed and manufactured from high current 
density NbTi wires. The shielding is achieved using ferromagnetic material, and a holmium core is 
used as a flux concentrator. Superconducting shielding is envisioned. Results of numerical simula
tions and measurements of magnetic field are compared. A prototype continuous MADR, using 
magnetoresistive heat switches, small paramagnetic pills, and compact magnets has been tested. A 
design of a MADR that would provide continuous cooling below 100 mK is described. 

INTRODUCTION 

The development of smaller and more reliable coolers for temperature under 200 mK is neces
sary to permit the utilization of new sensitive detectors' for space-based or ground-based applica
tions. The design of reliable heat switches is essential for low temperature coolers. The character
ization of tungsten crystal magnetoresistive heat switches is presented in this paper. We measured 
the conductivity of different crystals and discuss its uses and limitations. ADRs can provide cool
ing in this range of temperatures and they offer the advantage of being totally electronic and of not 
using any gas. ADRs are therefore independent of gravity and do not require any plumbing or 
moving parts. A design of a multistage ADR based on magnetoresistive heat switches is described. 
As part of an effort to reduce the mass of the full device and to limit stray field on the detectors, we 
present progress in the design of a multilayer shield. Finally, the latest developments and tests of a 
prototype of a continuous miniature ADR are described. 
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CONFIGURATION AND OBJECTIVES 

Our goal is to realize a MADR that can provide continuous cooling at 50 mK from a 5 K 
reservoir. Our design^ is comparable in principle to the continuous ADR described by Shirron.^'* 
The main feature is that the temperature of the last pill (starting from the bath) of the series is kept 
constant by control of its magnetization and demagnetization rate. 

The adjacent pills provide cooling during the magnetization process and allow a continuous 
process. This cascade type of cooling can be implemented with any number of pills greater than 
two. Depending on the number of stages, these devices could be used with a different bath tempera
ture or pre-cooler temperature. Our design aims at using the smallest pills possible. 

For that purpose, the cycling time has been minimized. As has been discussed^, the limiting 
factor for increasing the frequency of cycling is the eddy currents in the magnets and the copper 
thermal bus that connect the salt pills and switches. CPA (chromic potassium alum) salt is used. It 
provides good thermal properties and the crystal is relatively easy to grow. Use of GGG (gado
linium gallium garnet) is envisioned for the higher temperature stages. The cycling time of our 
prototype is of the order of 500 s, with the switching time of each magnet being between 10 and 30 
s. Ultimately, a 5K / 50 mK MADR would require a succession of four pills. We describe, in the 
last section, experimental results obtained with two pills. 

MAGNETORESISTIVE HEAT SWITCHES 

Magnetoresistive heat switches are used because of their simplicity, reliability and short switch
ing time.5 These switches require superconducting magnets providing a field of several Tesla, as is 
described in the next section. We acquired different commercial tungsten crystals, vacuum brazed 
them to a copper bus, and measured their thermal conductivity as a function of temperature (from 
150 mK to 10 K) and magnetic field (from 0 to 3 T). The values of the measured thermal conductiv
ity for two of these crystals (a square crystal of size 0.5 x 0.5 x 20 mm^ and a cylindrical crystal of 
diameter 0.5 mm and length 25 mm) are presented in Figures 1 and 2. The magnetic field has been 
obtained with the magnet described in the next section, therefore, as can be seen in Figure 3, the 
field is not homogeneous in the length of the crystal. Typically, the field on the edge of the crystal 
is half of the maximum field. For simplicity, we decided to represent the heat conductivity in the 
crystal as a function of the field in the center of the magnet. This approach leads to underestimation 
of the effect of the field and to overestimation of the crystal conductivity by around 40% for the 
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Figure 1. Thermal conductivity of a single crystal of tungsten as a function of temperature and applied 
magnetic field. The temperature represents the average temperature between the two sides of the crystal. 
The value of the field indicated is the field in the center of the magnet during the measurements. Measurements 
at high field are similar for all crystals. Differences with no field are discussed. 
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Figure 2. Thermal conductivity of a single crystal of tungsten as a function of applied magnetic field 
for two temperature. 

maximum field. The value of the conductivity should therefore be lower than what is represented. 
We found that the measurements at a field greater than 0.5 Tesla agree well and are consistent with 
the data^ of Batdalov to within less than 40 %. We explain this difference by the inhomogeneous 
field in our crystal. 

The discrepancy for measurements of conductivity with a field of zero is more important. 
Specifically, the conductivity is several orders of magnitude lower than the one reported by Batdalov.'' 
We measured the RRR (residual resistivity ratio) of the crystals, and found values of the order of 
100 to 200, as to be compared to Batdalov's value* of 1.5 x 10*. We expected that the small size 
of the crystal compared to the mean free path of electrons in the crystal^ could be a limitation 
to the RRR and heat conductivity in the absence of magnetic field. We therefore got a crystal 
of larger size (1.0 x 1.0 x 20 mm^) and measured its heat conductivity and RRR. The RRR mea
sured was lower than 50 and the heat conductivity in the absence of field is also low, showing a 
much lower purity. We haven't foimd an explanation for the poor quality of this crystal and are 
investigating this. 

As a conclusion, we can be confident of the reproducibility of the thermal conductivity of these 
heat switches in the presence of a magnetic field on the order of a few Tesla. The conductivity 
without magnetic field can be determined by electrical measurements and is largely dependent on 
the purity of the crystal. In order to achieve a conductivity ratio of 500, which would be suitable for 
our design, crystals with an RRR higher than 200 have to be found. 

Magnetoresistive heat switches with tungsten crystal of RRR of the order of 100 can be used at 
the expense of a lower efficiency and limitations on the lowest achievable temperature. 

MAGNETIC SHIELDING 

Superconducting magnets are required both for the paramagnetic pills and for the magnetore
sistive heat switches. Each magnet has to be shielded in order to limit the stray field on the detectors 
and on the neighboring heat switches or pills. The magnets, and especially their shields, are respon
sible for most of the mass and volume of the MADR. We first designed and built shields out of 
vanadium permendur (VP) and silicon iron. The magnetic field in the center of the magnet, as well 
as outside of the magnets has been meastired and compared to the simulation (Figure 3). The field 
fits our prediction to better than 20%. The difference is explained by uncertainties in the purity and 
heat treatment of the materials. 

In order to limit the size and mass of the magnet even more, as well as the stray magnetic field 
on the detectors, we are exploring the possibility of using a layer of superconductor as a shield. 
Superconductors can be used as shields by taking advantage of their perfect diamagnetism. The 
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Figure 3. Simulation of magnetic field in the magnet and sliields. Cross section of one quadrant of 
cylindrical symmetric design. Simulation done with software FEMM.') 

limitation of using superconductors is that the magnetic field must always be kept below the material's 
critical field. As a preliminary experiment, we wrapped Pb foil around a 3 T magnet and its VP 
shield and measured the field on the mid plane 5 cm fi'om the center. The comparison is presented 
in Figure 4. When the critical flux is not exceeded the magnetic field outside is kept very low. If, on 
the contrary, the critical flux is exceeded, part of the Pb becomes normal and is penetrated by the 
field. Furthermore, when the field decreases, the magnetic field is trapped in the superconductor. At 
maximum current, we believe that the field with superconductor is lower than the field without 
because part of Pb is still superconductor. In order to realize an efficient shielding, all of the mate
rial has to stay superconducting. This could be achieved by using a material with a higher critical 
field, like Nb, by using a thicker shield, or by placing the superconductor layer away from the inner 
shield. With appropriate superconducting shielding, we are aiming at a stray field at the position of 
the detectors of less than 0.1 mT. 

TWO STAGE PROTOTYPE AND TEST 

We built and tested a two-stage MADR to validate the concept of using small pills, 
magnetoresistive heat switches, and fast switching times (see Figure 5). The control of temperature 
and of the different phases of the cycle is fully automated using a computer controlled PID loop.' 
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Figure 4. Field 5 cm away from the center of the magnet with and without a layer of Pb tape around the 
VP shield. The field in the center of the magnet is 3 T when the current (shown on horizontal axis) is 15 A. 
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Figure 5. Experiment with two pills for a continuous temperature of 450 mK. The magnet and size for 
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Figure 6. Validation of the principle by the test of a two-stage ADR. Top panel : magnetic field at 
center of heat switches vs time. Middle panel: Temperature of continuous stage (CPAl) and second stage 
(CPA2). Bottom panel: Current in the magnet for both stages. Values of the magnetic field are proportional 
to the values of the current with a ratio of around 15 A/T. 

The temperature variations are shown in Figure 6. The fluctuations are on the order of 1 mK. Stabil
ity will be improved in future experiments by optimizing the PID parameters, using a more accurate 
power supply, and increasing the frequency of temperature acquisition. The continuous tempera
ture achieved in this example is 450 mK, with a bath temperature of 1.6 K. In the example shown in 
Figure 6, a drift appears in the current on CPAl, showing that the temperature chosen is slightly too 
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Table 1. Parameters for a four-stage MADR. Power is the heat load through the heat switches 
connecting the next stages. Q is heat extracted per cycle. Size is the size of the paramagnetic pills 
and field, the magnetic field of the corresponding magnet. Tmin and Tmax are the maximum and 
minimum temperature of the pill during a full cycle. 

Pills 

CPAl 
CPA2 
CPA3 
GGG 

Tmax 
(K) 

0.050 
0.8 
1.5 
5 

Tmin 
(K) 

0.050 
0.047 
0.78 
1.46 

Power 
(uW) 
15.8 
35 

1100 
2200 

Q 
(mJ) 

4 
8.6 
250 
550 

size 
(cm3) 

3 
10 
15 
15 

Field 
(T) 
0.15 
1.2 
1.5 
2.0 

low. For a temperature of 500 mK, the drift was negligible, and for a temperature of 550 mK, the 
drift was positive. 

Also, for a full prototype, the whole control process could be implemented using electronic 
components which would provide faster and more accurate temperature control. Each phase of the 
cycle is determined by measurements of temperature or of voltage (equivalent to field) of magnet, 
providing a fully self-controlled setup. This experiment shows the possibility of using miniature 
pills and magnets with fast cycling time. We are now working on the implementation of a third 
stage in order to reach a lower continuous temperature. 

DESIGN OF A FULL STAGE MADR 

Mainly because of the limitation in the heat conductivity of the tungsten crystal in the absence 
of magnetic field, and hence the limitation in the ratio on/off of conductivity, a four-stage MADR 
reaching a temperature of 50 mK cannot be made with the quality of crystal we have obtained so 
far. Several possibilities, however, should be explored in order to realize this promising cooler. 
Crystals exhibiting RRR of around 500 would be adequate to realize such a prototype. 

Measurements on such a crystal have been published'", the main difficulty being to find a 
crystal with such a purity with the size we are looking for and at a reasonable price. The utilization 
of other types of heat switches such as passive gas-gap heat switches'', or at the lower temperature, 
superconducting switches would allow the possibility of such a prototype. 

Following our measurements of heat conductivity of magnetoresistive heat switches, and as
suming that crystals with RRR of 500 can be found, we calculated the requirements for a MADR 
capable of reaching a temperature of 50 mK with a reservoir at 5K. CPA pills would be used for the 
three colder stages whereas GGG would be used for the stage ranging from 5 K to 1.6 K. The 
results of this estimation of size and magnetic field are shown in Table 1. The mass of such a cooler 
would be less than 5 kg. 

RESULTS AND CONCLUSION 

We designed a light and compact four-stage MADR for continuous operation under 100 mK. 
A magnetoresistive heat switch based on a tungsten crystal has been designed, and its conductivity 
has been measured. We determined that this type of heat switch can be used if the crystal has the 
necessary purity—^typically an RRR greater than 500. Other heat switches, like Al superconducting 
switches or gas gap switches, could be used for lower-temperature switches. We built a continuous 
MADR with a succession of 2 pills showing the feasibility of the design and of the temperature 
control technique. We are working on the implementation of one more stage in order to reach 
continuous cooling at 150 mK. Future development of lower temperature coolers will require a 
focus on efficient heat switches. 
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ABSTRACT 

Optical refrigeration using anti-Stokes fluorescence in solids has several advantages over 
more conventional techniques, including low mass, low volume, low cost and no vibration. It 
has been the topic of analysis and experimental work by several organizations. We recently 
demonstrated the first optical refrigerator which cooled an attached load 11.8°C below the 
surroundings. Our laboratory refrigerator is pumped by a 30 watt, tunable, ytterbium doped 
yttrium aluminum garnet (Yb:YAG), continuous wave, disk laser and uses a ytterbium doped 
fluorescent cooling element external to the laser cavity. 

In this paper, we report on the operation of our laboratory optical refrigerator at different 
pump wavelengths, power inputs and loads. We have modeled the refrigeration cycle based on 
the fluorescent material emission and absorption data at ambient and reduced temperature. We 
have also calculated the expected heat transfer into the refrigerator cold assembly. The 
measured performance of the refrigerator is presented and compared to the expected 
performance. 

INTRODUCTION 

The basic principle of cooling by anti-Stokes fluorescence was suggested as early as 1929,' 
but it was not until 1995 that the actual cooling of a solid was first demonstrated by Epstein et al. 
at Los Alamos National Laboratory (LANL) using Ytterbium doped Zirconium Fluoride 
(Yb:ZBLAN) glass.^'^ In 1996, Clark and Rumbles reported cooling in a dye solution of 
rhodamine 101 and ethanol. A collaborative effort by LANL and Ball Aerospace resulted in an 
isolated cylinder of Yb:ZBLAN cooling 48°C below the ambient temperature. Gosnell has 
reported cooling of 65°C in a Yb:ZBLAN fiber.'' In 2003, we demonstrated the first optical 
refrigerator. It cooled an attached load 11.8°C below the surroundings.' 

The fundamental refrigeration cycle of fluorescent cooling is simple. In the case of the Yb: 
ZBLAN material, the presence of the internal electric fields of the host ZBLAN cause the ground 
and first excited states of the Yb̂ "̂  ion to be split into multilevel manifolds as shown in Fig. 1. A 
photon from a laser tuned appropriately will be absorbed only by an ion that has been thermally 
excited to the highest level of the ground-state manifold and will promote that ion to the lowest 
level of the excited-state manifold. When that ion decays radiatively, it can fall to any of the four 
ground-state levels. On average, the outgoing fluorescent photon will carry slightly more energy 
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1030 nm pump 
photon from laser 

Phonon 
(energy e absorbed 
from host thermal 
vibrations) 

Energy Ep Ep = Ep + e 
1000 nm fluorescent 
photon to heat sink 

Figure 1. The photon-phonon refrigeration cycle results from the energy levels of the Yb'+ ion in the 
ZBLAN glass host material 

than the pump photon. By selectively "picking off the "hottest" ions, this process depletes the 
population of the highest ground-state level. Thermal equilibrium is re-established when another 
ion is promoted to that level by absorbing a phonon from the host material. The absorption of this 
phonon constitutes the refrigeration. In summary, a Yb^* dopant ion absorbs a pump photon and the 
photon is re-emitted slightly bluer (higher energy). This energy difference comes from thermal 
vibrations (phonons) of the host material. 

The simplest implementation of a cryocooler based on this principle is a simple Yb:ZBLAN 
cylinder (cooling element) with high-reflectivity dielectric mirrors deposited on the ends as shown 
in Fig. 2. The pump beam is introduced through a small feed hole in one mirror, and then bounces 
back and forth until it is absorbed. A key feature of this arrangement is that the pump light is 
confined to a nearly parallel beam, while the fluorescence is emitted randomly into 4p steradians. 
This makes it possible for fluorescence to escape while trapping the pump light inside. The fluorescent 
photons that are nearly parallel to the pimip beam are also trapped. They are reabsorbed and then 
simply try again to escape with a small and calculable degradation to the overall efficiency 

The potential advantages of optical cooling have been identified in previous work.* The overall 
system mass for mechanical coolers, thermoelectric coolers and optical cryocoolers for an optimized 
spacecraft application were calculated. An optical cryocooling will likely have the lowest system 
mass when the load is less than LOW and the temperature is between 80 and 200 K. Optical 
refrigeration has the potential to extend benefits of solid-state cooling to a new, lower temperature 
region. Optical cryocooling can potentially be miniaturized to a much smaller level than conventional 
methods. We have a preliminary design for a cryocooler with a total volume of 0.3 cubic centimeters 
that could provide 3 milliwatts net refrigeration at 80 K.' 

Feed hole 

Pump beam 

Dielectric mirrors Cooling element 
(ZBLANP glass) 

Figure 2. Dielectric mirrors provide long pump path. 
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A sketch of the laboratory optical refrigerator is shown in Fig. 3. The refrigerator is 
contained in a small vacuum chamber (not shown), which contains a window for the pump beam. 
The vacuum chamber is pumped to a pressure less than 10"* torr using a turbo molecular 
pumping station. The chamber is maintained at a constant temperature about 10°C above the 
ambient to eliminate the effect of swings in the laboratory temperature. This allows for more 
precise measurements of heat conductance and cooling. 

A copper heat sink completely surrounds the cooling assembly and is mounted to the 
vacuum chamber wall. A significant issue with the heat sink is the surface facing the coohng 
assembly. This surface needs to selectively absorb the near 1 micron fluorescence while having 
low emittance to the ambient radiation. The cooling assembly, which includes the fluorescent 
element, thermal hnk and the load mass, is mechanically supported within the heat sink using a 
fiberglass epoxy support. 

The fluorescent cooling element is made from Yb:doped Zirconium Fluoride glass 
(ZBLAN). It is cylindrical and coated on both ends with high performance dielectric mirrors. 
The fluorescent element is 12 mm in diameter and 13 mm long and weighs 8.5 grams. It is 
doped with 2% by mass Ytterbium Fluoride. 

A critical issue in the design of an optical refrigerator is that the load to be cooled will 
invariably be light absorbing and must be shielded from the light from the cooling element 
fluorescence while being in thermal contact with it. This occurs even when the load appears to 
be shielded by one the dielectric mirrors since it has been found that the dielectric mirrors leak a 
significant amount of fluorescence.'" The fluorescent element is attached to the load with a 
proprietary thermal link that provides high thermal conductance but prevents the leaked 
fluorescence from being absorbed by the load. 

The load mass is intended to simulate a small infirared focal plane or other small sensor. It 
consists of an aluminum cylinder 10 mm in diameter and 6 mm thick and weighs l.I grams, 
Fig 4. A silicon diode thermometer and an 1/8 watt, 240 ohm, carbon resistor are mounted with 
adhesive in a slot in the load mass cylinder. The carbon resistor is used as a heater to impose a 
heat load and can also serve as a backup thermometer. Four, 36-gauge phosphor bronze wires 
are connected to the silicon diode thermometer and carbon resistor. The load mass is thermally 
connected to the fluorescent cooling element through a device which isolates it from the light 
leaking through the dielectric mirror. 

25 mm 
(~1 inch) 

Fiberglass 
Support 

Flourescent Thermal 
Cooling Link 
Element to Load 

(not to scale) 

Figure 3. The laboratory optical refrigerator 
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Figure 4. A photo of the load mass. The top and sides have been polished and coated with gold and the 
heater resistor and silicon diode thermometer are bonded in a groove in the aluminum. 

The fluorescent element was pumped using a commercial Yb:YAG disk laser, which could 
be tuned from 1015 to 1050 nm. Tests were done at wavelengths of 1020 to 1040 nm. The laser 
could produce output powers of up to 25 watts but only near the 1030 nm optimum power 
wavelength. The laser powers reported here are our estimate of the laser power at the fluorescent 
element, based on the power measured at the laser and measurement of the feed optics 
attenuation. 

TEST REFRIGERATOR PERFORMANCE 

The test refrigerator was operated after carefully aligning and focusing the laser beam into 
the fluorescent element to achieve the maximum fluorescence as measured by a photodiode. The 
laser beam was then turned off, the vacuum chamber was pumped down and the cooling 
assembly was allowed to come into thermal equilibrium with the heat sink. The laser beam was 
then turned on and the temperatures of the load mass and heat sink were monitored. The beam 
remained focused on the fluorescent element until a near steady state condition was achieved. 
The beam was then turned off and the temperatures continued to be monitored. 

A typical result is shown in Fig. 5 for 7.4 watts of laser power. When the beam is 
introduced into the fluorescent element the load mass thermometer initially heats and then the 
cooling effect appears to take over and the assembly cools. When the beam is turned off, the 
assembly continues to cool for a brief period. We conclude from this, that there is a heat source 
that gets to the load mass very quickly once the beam is turned on and is eventually 
overwhelmed by the cooling effect of the fluorescent element. The most likely explanation is 
that some fluorescence is still being absorbed by the load mass. The fluorescence being 
absorbed by the heat sink caused its temperature to rise until it came into thermal equilibrium 
with the chamber wall. At equilibrium, the load mass was cooled 7.9°C below the starting 
temperature and 11.8°C below the heat sink. The maximum steady state temperature measured 
was 15.6°C for 14 watts of laser power. 
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Figure 5. Effect of pumping the fluorescent element with 7.4 watts of 1030 nm laser light for the 
indicated time period. 

We also explored the heat loads that could be lifted by a cooling assembly, for a given laser 
power, by putting various electric powers through the resistor. 

25 

20 

I" 
•; 10 

1 Laser Power] 

- • - 7.4 watts 

- * - 3 . 6 watts 

/ 

• 

^/ 
/ 

-12 -11 -10 -9 -8 -7 -6 -5 -4 -3 

Temperature below heat sink, K 

Figure 6. Test refrigerator load curve for the laser powers shown and a wavelength of 1030 nm. 
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The result is a load ciu^e for the test refrigerator as shown in Fig. 6. The power was also 
applied to the resistor without having the laser on to measure the thermal conductance between the 
cooling assembly and the heat sink. This was determined to be 4.32 watts/K. When the cooling 
assembly was 11.8°C below the heat sink, the refrigeration was 67.4 milliwatts. 

Modifications were made to reduce the radiation heat transfer between the cooling assembly 
and the heat sink. The conductance between the cooling assembly and the heat sink was modeled 
using standard thermal modeling techniques. The value estimated by the model was 2.5 milliwatt/K 
which is 17% less than the 3.0 milliwatts/Kelvin that was measured. 
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The refrigerator was operated at a variety of powers and wavelengths. The resulting tempera
tures are shovra in Fig. 7. As expected higher power levels produced increased cooUng and lower 
temperatures. At all power levels, the maximum cooling occurred at 1030 nm. Based on the 
measured conductance of the cooling assembly to the sink, the refrigeration power was determined 
and a specific refrigeration was calculated by dividing by the input power. The results are shown in 
Fig. 8. As the input power was increased, the specific refrigeration was reduced. This was ex
pected because as pump power, is increased, the electrons in the lower manifold are depleted. 

CONCLUSIONS 

We have developed a method for thermally attaching the fluorescent element to a load mass, 
while isolating it from the mirror leakage. This has allowed us to demonstrate optical refrigeration 
of a load mass that simulates an infrared focal plane or other small sensor. We have also created a 
refrigerator test bed that will allow accurate tests of the refrigeration capacity of fluorescent ele
ments. 

Our laboratory optical refrigerator was operated at various wavelengths and powers. The opti-
mirni wavelength was found to be 1030 nm at all powers. Operation of our laboratory refrigerator 
resulted in a maximum cooling of 15.6°C and a heat lift of 67.4 milliwatts. The highest specific 
cooling was 6.9 milliwatt/watt. As the input power was increased, the specific refrigeration was 
reduced. 

Further work on cooling assembly packaging and fluorescence control may further reduce the 
effect of fluorescence heating. We anticipate substantially increased refrigeration and lower tem
peratures as these and other refinements are made and higher laser powers are used. 
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A Thermal Storage Unit For Low Temperature 
Cryocoolers 

R.C. Levenduski and J.M. Lester 
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ABSTRACT 

The Air Force has developed a lOK Cryocooler based on a hybrid approach of combining 
different cooling technologies into a single cryocooler. The Air Force Hybrid lOK Cryocooler 
combines a Stirling cryocooler as a precooler and a Joule-Thomson cooling stage to create a 
cryocooler that produces cooling at lOK. 

Redstone Aerospace has completed a Small Business Innovation Research contract to 
develop a unique thermal storage unit (TSU) for the AFRL lOK cryocooler. The purpose of the 
development was to demonstrate an effective method of substantially increasing the cryocooler's 
peak cooling capacity for short periods of time. This would enable a cryocooler sized for the 
average load to meet the needs of future missions, thereby reducing the overall size, weight and 
input power of the cryocooler. This new TSU technology allows the AFRL 1 OK Cryocooler, 
which is based on the Redstone Interface concept, to maintain the sensor temperature at precisely 
lOK in the presence of a widely varying load. In addition, analysis has shown that this TSU 
technology can be effectively applied to systems down to 4K. 

Testing has demonstrated that the TSU is highly effective in increasing both the magnitude 
and duration of the AFRL 1 OK Cryocooler's peak cooling capacity. The peak cooling capacity 
at lOK increased in both magnitude and duration. This paper describes the cryocooler and 
presents the test results. 

INTRODUCTION 

Cryocoolers for space applications have traditionally supported low and steady cooling 
loads. Consequently, their input power requirements, size, and weight have been low and 
manageable for the spacecraft. We are now entering a period where cooling loads are becoming 
much larger and varying greatly in time. This new level of operation can seriously impact the 
design of the whole spacecraft as the peak power drain and other aspects of the cryocooler 
become less tolerable. This has driven the development of Thermal Storage Units (TSUs) as a 
way to satisfy the cooling requirements while minimizing impacts to the spacecraft. 
Incorporating a TSU minimizes the cryocooler's size, weight and peak input power and enables 
the sensor temperature to be held constant over widely varying load conditions. 

To date, development work has concentrated on fixed temperature TSUs. Fixed temperature 
TSUs absorb high heat loads at constant temperature by the mechanism of phase change in a 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 5 8 3 



584 

Precooler 

CRYOCOOLER INTEGRATION TECHNOLOGIES 

Compressor 

Heat Exchangers 

Flow Loop 

Cooled Sensor 

l \ W ^ I 

Figure 1. Schematic of the Redstone Interface 

cryogen located at the cooled device. A new approach using variable temperature TSUs has 
been investigated to solve the variable heat load problem without the need for phase-change 
cryogens. This approach is particularly useful for very low temperature applications (below 
15K) where there are no phase-change cryogens useful for TSUs. Variable temperature TSUs 
also have applications at higher temperatures. This approach has advantages in temperature 
control, weight reduction and system integration. The concept, called the Redstone Interface, is 
shown in Figure 1. 

The Redstone Interface comprises a precooler, a TSU and a flow loop. The precooler can be 
a Stirling, Pulse Tube, J-T or Reverse Brayton. The precooler runs at the constant average 
cooling load, thereby minimizing its power input and size. The TSU is integrated with the 
precooler and the flow loop remotely from the sensor. The TSU cools down when the cooling 
load is low because the precooler has excess capacity. In this way the TSU stores a reserve of 
cooling to support the following high load. The TSU warms up slowly when the cooling load is 
high thereby providing extra cooling capacity for a short time. The sensor temperature control 
function is implemented by active control of the flow loop. Sensor temperature is measured and 
a small circulator or compressor changes speed to adjust the loop flow in order to control 
temperature. 

DESIGN APPROACH FOR THE lOK CRYOCOOLER 

The 1 OK Cryocooler used for demonstrating the variable temperature TSU concept included 
a commercial G-M cryocooler, commercial compressors for the J-T loop with a bypass loop to 
control output, and a custom-designed, modular cold head. A schematic is shown in Figure 2. 
The cold head was designed with three stages of precooling to simulate a flight precooler. The 
cold head was also designed to operate with and without a TSU so that the relative performance 
could be determined. 

The variable temperature TSU concept does not require materials that change phase at 
constant temperature but does require materials that have high thermal capacity to keep the size 
and weight of the TSU manageable. The choice of thermal storage materials is very limited at 
low temperatures. The Phase 1 study revealed that even high specific heat materials such as lead 
or rare earths are not useful for I OK applications because of the large amount of material 
required. The study's conclusion was that helium and hydrogen are the only materials with 
acceptably high heat capacities in that temperature range. 
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Several designs were devised that incorporated a helium-fdied TSU onto the precooler. 
However, the variation in internal pressure from room temperature to operating temperature 
(15K) required that an additional bottle be used to store the gas at a reasonable pressure. This 
was unattractive from a packaging and heat leak perspective. Consequently, an approach that 
incorporated the TSU directly into the J-T loop was selected. In this approach, helium gas flows 
through the TSU and is cooled by the precooler to near liquid density. This stored mass of 
helium has significant heat capacity that is used to delay warming of the precooler during the 
high load period. Additionally, as the gas in the TSU warms, the pressure in the J-T loop 
increases, which increases the mass flow rate and cooling capacity to counteract the warming. 

An analysis showed that using charcoal adsorbent to concentrate helium in the TSU offered 
an improvement over using an empty volume, so this became the baseline approach. The TSU 
was designed as a toroid to enable it to be inserted in the high-pressure stream of the J-T loop 
and also be efficiently integrated with the G-M cold finger. The inside was filled with several 
layers of copper screens and charcoal. 

PREDICTED PERFORMANCE 

A mathematical model was created to analyze the performance of the cryocooler. The 
model links to a fluid properties program that calculates real gas properties over the entire 
operating range of pressure and temperature. The model is a dynamic simulation of the 
cryocooler that has inputs to define the hardware and outputs that describe its performance. 
Inputs include charge pressure, ambient temperature, heat exchanger volumes and supplemental 
gas volumes, heat exchanger efficiencies and parasitic heat leaks at design operating conditions, 
masses at each interface, compressor swept volume, internal leakage and operating speed range, 
an interface temperature control algorithm to control the compressor speed, isotherms for and the 
amount of charcoal in the TSU, and cooling capacity functions for each stage of the three-stage 
flight precooler. Outputs include pressure and temperature of the gas at each node, heat load on 
each interface, mass flow rate, and compressor input power. The output parameters are 
calculated and presented as a function of time. 

Two versions of the model were created to analyze the cryocooler. The Flight Cryocooler 
version includes performance projections for a 3-stage precooler that provides the necessary 
cooling capacity at each stage. A cryocooler having the specified performance has not yet been 
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built, so the performance projections were based on a combination of test data from an existing 
2-stage 30K cryocooler and other test results. 

The TSU Demo version was created to reflect the hardware that was built as opposed to a 
flight version that could be built. It includes performance data for the 2-stage commercial G-M 
refrigerator that was used as the precooler. This model contains several features that differ from 
the flight cryocooler model. One difference is the modeling of the 180K cooling stage. The 
flight model assumes the precooler has a separate cooling stage at 180K whereas the TSU Demo 
model creates an 180K stage by incorporating thermal isolators from the G-M refrigerator's 40K 
stage. This approach was used to create a 3-stage precooler from the 2-stage G-M so that the 
TSU Demo unit's performance could be extrapolated to a flight unit. Another major difference 
is that the G-M precooler had excess cooling capacity at 15K, which had to be offset with heaters 
in order to replicate the performance of the flight cooler. Both the Flight Cryocooler and TSU 
Demo versions include performance projections for a two-stage, variable speed, J-T loop 
compressor. 

The model assumed a cryocooler that was designed to provide 250mW of continuous 
cooling at lOK. The cold stage of the precooler was assumed to operate at 15K under the design 
conditions and the J-T compressor was assumed to produce a flow rate of 45mg/sec of helium at 
supply and return pressures of 140 psia and 70 psia, respectively. 

Baseline Load Profile Case (No TSU) 

The first task was to determine the cryocooler's predicted peak cooling capacity without a 
TSU for a given load profile scenario. The load profile specified in the requirements were: 

• Low load = 0.100 W 
• Load profile cycle time: 90 minutes 
• High load duty cycle = 15% (13.5 minutes at high load followed by 76.5 minutes at low 

load) 
The peak cooling capacity of the cooler was determined by trial and error. A peak load 

value was selected before each run and the temperature of the 1 OK interface was reviewed. The 
peak load was reduced in the subsequent run if the lOK interface exceeded lOK during any 
portion of the load profile. The peak load was reduced in 1 mW steps until the lOK interface 
remained at lOK throughout the load profile. 

The baseline load profile run established that the peak cooling capacity of the flight lOK 
cryocooler was 307 mW. This is shown in Figure 3. This was 57 mW greater its designed 
steady state cooling capacity of 250 mW. The increase in the short term cooling capacity arises 
from two factors: a greater pressure ratio and mass flow rate during the high load period and an 
initially lower precooler temperature than the design point of 15K. 

The heat load during the low load period is only 100 mW, so the compressor, which is 
designed to produce 250 mW of cooling at its design speed of 24 Hz, operates at a slower speed 
to match the lower heat load. The slower operating speed decreases the compressor's pressure 
ratio and mass flow rate, which in turn decreases the load on the precooler. Figure 3 shows that 
the 15K Interface drops to 11.2K under low load conditions. Figure 4 shows the cryocooler's 
pressures and flow before and during the load profile. The pressures clearly exceeded the 
nominal design values during the high load period, giving rise to additional cooling capacity. 
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Figure 4. Model results: Cryocooler pressures and flow during load profile without TSU. 

Load Profile Case with Charcoal TSU 

A charcoal Thermal Storage Unit (TSU) was added to the cold head model to investigate its 
impact on the peak cooling capacity of the 10K cryocooler. The charcoal TSU was modeled as a 
container filled with charcoal that was intimately attached to the 15K Interface and through 
which the working gas flowed. The helium adsorption isotherms for the Barnabey-Cheney 580-
26 (carbon A) were used to calculate the amount of helium adsorbed by the charcoal and the 
associated heat of adsorption. 

The model was used to investigate the effects of various amounts of charcoal and the effects 
of placing the TSU in the high-pressure and low-pressure sides of the cold head. Charcoal 
amounts of 10, 20, 40, 60 and 80 grams were analyzed. The modeling results for a TSU 
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containing 40 grams of charcoal will be discussed here because that is what the cold head was 
tested with. However, Table 1 summarizes the key performance parameters for all runs. 

Figure 5 shows that the cryocooler's predicted peak cooling capacity increased from 
307mW to 458mW for the same duration of high load when the TSU was placed in the high-
pressure side of the cold head. This increase is attributed to the helium gas that was desorbed 
from the charcoal as the TSU warmed. The extra gas in the system increased the pressures and 
flow rate beyond the values attained in the baseline case, as shown in Figure 6, thereby 
increasing the cooling capacity. The 15K Interface warmed more slowly during the high load 
period because much of the additional heat load went into liberating the helium from the 
charcoal in the TSU. This kept the gas temperature at the J-T valve colder longer than in the 
baseline case, further increasing the cooling capacity. Note too however, that the TSU 

Table 1. Summary Of Load Profile Modeling Results 
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Figure 6. Model results: Cryocooler pressures and flow during load profile with TSU. 

temperature decreased more slowly during the subsequent low load period because of the heat of 
adsorption of the helium onto the charcoal. 

TEST RESULTS 

As noted previously, the G-M precooler had more cooling capacity at 15K than the flight 
precooler would have, so the excess capacity had to be offset with heaters to simulate the 
performance of the flight precooler. Another factor to consider was that the cooling capacity 
curve of the G-M precooler was steeper than the flight unit. This meant that the TSU would not 
warm as much or as quickly as it would with the flight precooler, so this effect also had to be 
negated with the heaters. A series of tests determined that an additional heat load of 0.77W had 
to be added to the TSU during the load profile to simulate the performance of the flight 
precooler. This additional heat load is evident in the data. 

Component testing of the cold head revealed a partial blockage in the high pressure tubing 
that caused a significant pressure drop. Since the pressure transducers were located outside the 
cold head, this significantly reduced the cooling capacity under the indicated supply and return 
pressures. Although the restriction reduced the net cooling capacity, the relative effect of the 
TSU could still be determined so the decision was made to proceed with the testing without 
reworking the hardware at that time. 

The test approach was to establish low load operating conditions as close to the model 
predictions as possible, i.e. at nearly the same pressures and flow with a 1 OOmW heat load, and 
then conduct load profile testing to determine the effect of the TSU. The low load conditions 
were best achieved with no applied heater load, so this became the baseline low load condition. 

Test Results Without TSU 

Testing was conducted without the TSU and with a small heat exchanger attached to the 
15K Interface to cool the gas. The peak cooling capacity was determined by trial and error, just 
like it was done for the model. The heat load was changed incrementally until the cryocooler 
maintained the load interface at lOK for seven minutes. The peak cooling capacity, shown in 
Figure 7, was 118mW. As expected, the 15K Interface temperature rose sharply during the load 
profile. Without the TSU, the operating pressures in the cold head change solely as a result of an 
increase in compressor pumping capacity (speed) and reaches its maximum value quickly. The 
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high pressure during this test, as shown in Figure 8, increased by 15 psia to 130 psia. This 
increased the mass flow rate to 58 mg/s, which provided the higher capacity. 
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Test Results with Charcoal TSU 

Testing with the charcoal TSU was conducted under the same low load conditions as 
without the TSU. The peak cooling capacity was again determined by incrementally changing 
the heat load until the cryocooler maintained the load interface at lOK for seven minutes. 

The applied heat loads during the load profile are shown in Figure 9. The graph shows that 
the peak cooling capacity increased from 118mW to 275 mW for seven minutes. The graph also 
shows that the TSU temperature warmed much more slowly than without a TSU. Figure 10 
shows that as expected, the gas that desorbed from the warming TSU increased the operating 
pressures and mass flow rate, thereby increasing the cooling capacity. This test demonstrated the 
effectiveness of a charcoal TSU in increasing the short term, peak cooling capacity of a lOK 
cryocooler. 
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'ĝ  120 

g"l10 

m 100 w 

0. 

80 

70 

60 

60 

['i^VlMaii 

^.«i<»...i..< 

'^^^ 

;iV 

r 
ry^f^ 

I 
*i\i \V 
•fe 

; 

rv 
1 ~*— 

PA 

_L._ 

PLC 

FLOW 

mm^ 
rnrrtiTTii 

i^sij^ 

75 

70 

65 

in 
55 ro 

E 
50 ui 

45 g 

40 I 
35 \f. 

30 

25 

85 90 95 100 105 110 115 120 125 130 

TIME, minutes 

Figure 10. Test results: Cryocooler pressures and flow during load profile with TSU. 



592 CRYOCOOLER INTEGRATION TECHNOLOGIES 

CONCLUSIONS 

A concept that incorporates a unique tliermal storage unit into a low temperature cryocooler 
comprising a precooler and J-T flow loop has been identified. An analytical model has been 
developed to parametrically analyze the cryocooler's performance and enables the design of a 
lOK cryocooler for variable load applications. Testing has demonstrated that a TSU filled with 
charcoal can be placed in the flow stream of a J-T stage to store helium and provide thermal 
capacity for intermittent high loads. 
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ABSTRACT 

A group of optical sensors is required to operate at a temperature of less than 77 K with 
minimum vibration. To that end, a thermosiphon integrated with a GM Cryocooler has been 
designed and fabricated. The thermosiphon system has the capability to operate at 77 K with a 
total heat lift rate of 120 watts. The system was required to cool two sets of sensors, therefore 
two thermosiphon loops shsiring one cryocooler have been designed, and each loop has the 
capability to operate independently. Based on the working conditions, nitrogen has been selected 
as the working fluid. A CryoMech AL200, which can supply 160 watts at 70 K, is utilized as the 
cooling source. A coil type condenser, which is easier to fabricate and less costly, was also 
selected. The condenser and evaporator are connected through flexible transfer lines. This paper 
provides the details of the system and component design. Descriptions of the test apparatus and 
temperature control system are also provided. Additionally, the cooldown process, the load map, 
and the effect of working fluid inventory on system performance are discussed in the paper. 

INTRODUCTION 

Thermosiphons provide a cooling method with reduced levels of vibration and tighter 
temperature control for a variety of cryogenic applications. Since the latent heat of the working 
fluid is used to absorb and reject heat, a thermosiphon enables the possibility of having a high 
thermal conductance interface between the cooling device and the cooling source over a long 
distance. In addition, the cooling of multiple cryogenic devices can easily be achieved by using 
a thermosiphon with multiple circulating loops but sharing one cooling source. The merits of a 
thermosiphon over other types of circulation cooling methods are greater simplicity and higher 
potential reliability due to the fact that there is no recuperative heat exchanger or driving device 
such as a pump. The major disadvantage of a thermosiphon system is the working temperature is 
limited by the properties of the available fluids. 

In this paper, the design of a thermosiphon with two circulating loops that share one 
cryocooler is presented. The paper also includes descriptions of the test apparatus and 
temperature control system, the cooldown process, the load map, and the effect of working fluid 
inventory on system performance. Tests indicate the system is capable of lifting a total of 120 
watts at 77 K over a distance of 12 feet with less than 7 K temperature gradient. 

Cryocoolers 13, edited by R. G. Ross, Jr. 
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INVENTORY SUPPLY VALVE 

BULKHEAD 

Figure 1. Thermosiphon system 

THERMOSIPHON DESIGN 

System Design 

The schematic configuration of the thermosiphon is illustrated in Fig. 1. Fundamental 
features of this system include one single stage GM cryocooler, one coil type condenser, two 
pairs of flexible transfer lines to link the condenser and evaporators, two cryogenic shutoff 
valves, two evaporators, two vacuum jackets, one gas management system and one temperature 
control system. The design objective was to have two thermosiphon loops with one cryocooler 
and have the two systems work independently. The required heat lift rate was 50 watts at 77 K 
for each loop. In order to independently control each loop, two cryogenic shutoff valves are 
connected in series with liquid flow passages. Vacuum Jacket " 1 " and Vacuum Jacket "2" are 
connected through insulated flexible transfer lines with bayonets. A coil type condenser which is 
easier to fabricate and less costly was used. The evaporators are tube type heat exchangers. Gas 
inventory is controlled by the gas management system. Condenser temperature is maintained by 
a temperature control system. 

In order for a thermosiphon to work properly, a few criteria must be met. The criteria 
include a pressure head limit, a sonic limit, a boiling limit and an entrainment limit. For a gravity 
driven thermosiphon, the pressure head limit is probably the most importEint one. During steady 
state operation of the thermosiphon, the working fluid in the vapor phase flows continuously 
from the evaporator to the condenser, and returns to the evaporator in the liquid phase. The 
maximum pressure head Pmax must be greater than the total pressure drop in the flow passages '. 

P >AP, 
max — I 

-AP„ (1) 

where AP, is the pressure drop over liquid flow passage £ind AP̂ , is the pressure drop over vapor 
flow passage. The pressure head of a thermosiphon is mainly due to the gravity force. The total 
pressure head is the summation of capillary head and gravitational head. 

r. 
Jgh (2) 
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where <T is the surface tension coefficient, re is effective capillary radius and h is the elevation 
difference between condenser and evaporator. Compared to the gravitational head, the capillary 
head is negligible in this case. The pressure drop of this system depends on circulating rate of 
working fluid, pipe diameter, pipe roughness and pipe length. The circulating rate of the working 
fluid can be readily obtained by the following relationship 

Q = ihL (3) 

where Q is the required heat lift rate, rh is the mass flow rate at steady state, and L is the latent 
heat of the working fluid. Key parameters of the system including the elevation of the condenser 
and the diameter of each flow passage can be obtained by applying Eq. (1), (2) and (3). 

Based on the system requirement, nitrogen has been selected as working fluid, which has a 
triple point temperature of 63.15 K and wide working temperature range up to 126 K. 

Component Design 

Cryocooler. Selection of the cryocooler was based on the required heat lift rate and the 
following temperature relationship 

^evaporator ~ ^coldhead "̂  "^condenser ^ *^^evaporator v^J 

where Tcoidhead is cold head temperature, 5T(,o„jj,„j,j.f is the temperature drop of condenser, and 
5Tevaporator is the temperature drop of the evaporator. Assuming the parasitic losses of the entire 
system are about 40 watts and a total temperature drop of about 7 K, to lift 100 watts at 77 K, a 
cryocooler has to have a minimum of 140 watts at 70 K. To that end, a CryoMech AL200, 
which can supply 160 watts at 70 K, is utilized as the cooling source. 

Condenser. A coil type condenser was used in the present design, which is easier to make 
and less costly. Two tubes coiled side by side are soldered onto a copper mandrel. Heating 
elements embedded inside copper mandrel are used to control the condensation temperature. 
During normal operation, vapor flows into the top section of the condenser and condenses inside 
the coiled tubing and flows down. Vapor condensation inside tubes depends strongly on the 
velocity of the vapor flowing through the tubes. When the vapor velocities are low (Re < 
35000), a correlation of the form 

: 0.555 ?Pi(Pi-Pv)kXj 
^(T.a , -TjD 

(5) 

has been recommended to obtain the convection coefficient, where h^^ is the modified latent 

heat, ki is liquid conductivity, Ts is tube wall temperature and D is tube diameter. To transfer 100 
watts with a temperature drop of 2 K, a Vi" copper tube with 75 cm length was selected. 

Flexible Transfer line. Four flexible transfer lines have been built based on a coaxial 
configuration. Two are for liquid flow while the other two are for vapor flow. Each transfer line 
consists of two corrugated stainless steel tubes, the inner small tube forms the flow passage for 
working fluid while the outer large tube forms the vacuum envelope. Multi layers of Mylar have 
been wrapped around inner tube to minimize thermal radiation. To avoid the inner tube having 
direct contact with outer tube, GIO spacers have been placed every 2 ft along transfer tube. 

Evaporator. A tube type evaporator has also been designed and fabricated. A "U" shape 
V2" copper tube is soldered onto a rectangular copper plate. The total length of copper tube is 
about 75 cm. The total heat transfer area of the evaporator is about 2.67x10" m .̂ To transfer 
50 watts, a 3 K temperature drop was expected. 
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Fill Tube. The fill tube provides the only access to the thermosiphon for evacuation and 
fluid charging. Since the fill tube is connected between the condenser and the charging bottle is 
at room temperature, a stainless steel tube of 1/4" diameter was used to reduce the heat leak from 
the ambient environment. 

Temperature Control System. The temperature control system consists of one trim heater, 
one type "E" thermocouple, one solid state relay, one Omega iSeries Temperature & Process 
Controller Cni8A23. 

Gas Management System. The gas management system consists of supply bottle, flow 
meter, evacuation port, relief valve and pressure gauge. The flow meter is used to control the 
working fluid inventory. 

THERMOSIPHON PERFORMANCE 

Test Setup 

The test apparatus is detailed schematically in Fig. 1. Both the condenser and the 
evaporators are contained within vacuum chambers which are evacuated to a pressure of 1 x 10" 
torr. In order to reduce the thermal radiation loss at low temperature, more than 20 layers of 
aluminized Mylar were wrapped around the inside of vacuum chambers. A 150-watt heater is 
placed inside of the condenser mandrel as a trim heater to control the condensation temperature. 
For test purposes, each evaporator has one heater block which can supply 150 watts to simulate 
the future application heat load. Two diode thermometers are placed on the condenser to 
monitor temperature, while one type "E" thermocouple is installed on the condenser to control 
the condensation temperature. Each evaporator has one diode to monitor evaporator temperature. 

Cool Down 

Tests have been carried out to study the system cooldown. The two thermosiphon loops 
were tested separately. After evacuating and purging both systems, the shutoff and supply valves 
of Loop "B" were closed while the shutoff and supply valves of Loop "A" were opened. At this 
time, both systems were charged with pure nitrogen gas at 20 psig. No extra heat load was added 
to both evaporators at initial setup. The temperature of cold head controller was set at 76 K and 
the nitrogen bottle supply regulator was set at 200 psig. A flow meter installed between the 
supply bottle and the thermosiphon was utilized to measure the system gas inventory. 

Fig. 2 shows the experimental results of the cooldown process. After turning on the cold 
head, the condenser rapidly cooled to 76 K and started to condense nitrogen. Nitrogen was 
continuously drawn in from the supply bottle and began to cool the liquid flow passage of Loop 
"A". After about 20 minutes, evaporator I started to cool down quickly and reached 77 K in 
about 90 minutes. After evaporator I reached steady state, the supply valve of Loop "A" was 
closed and total inventory for Loop "A" was found to be about 200 g. During this time period, 
evaporator II of Loop "B" was still at room temperature as the shutoff valve was still closed. 
After evaporator I reached the minimum temperature, the shutoff and inventory valves of Loop 
"B" were opened and evaporator II started to cool down in about 20 minutes. When evaporator 
II reached 225K, a 20W heat load was added to the evaporator to study the thermosiphon 
behavior with an additional heat load. As seen, the cooldown slope decreased slightly due to this 
extra heat load. After about 100 min, evaporator II reached 77 K. After evaporator II reached 
steady state, the supply valve of Loop "B" was closed. The total inventory for Loop "B" was the 
same as Loop "A". During the cool down process of both loops, system pressures were about 2 
psig. 

Parasitic Losses 

System parasitic losses have also been estimated based on zero heat load performance of the 
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Figure 2. Cooldown process 

thennosiphon. At zero heat load on the evaporators, the cold head temperature was set at 76 K 
and the trim heater was found to be supplying 145 watts. According to the performance data of 
coldhead, the total heat load was 185 watts at this temperature. Based on this information, we 
estimated that system parasitic losses were about 40 watts which is in very good agreement with 
our initial estimation. 

Load Map 

After both evaporators reached steady state a heat load was added on evaporators to map the 
system performance. In order to have performance data at 77 K, the temperature controller was 
set at 67K during the entire experiment. At this temperature, the cooling capacity of cryocooler is 
around 150 watts. When total heat load on the evaporators was less than 110 watts (150 watts 
subtracting 40 watts for parasitic losses), the condenser maintained a constant temperature of 67 
K by energizing the trim heater. The temperature of condenser increased slightly when the total 
heat load on evaporator was larger than 110 watts. With total heat load of 120 watts on the 
evaporators, the condenser temperature was found to be about 70.5 K. Fig. 3 presents the test 
results. As expected, the coupling effect between the two evaporator was relatively weak. As 

64 66 68 70 72 74 76 78 

Evaporator I Temperature (K) 

Figure 3. System load map 
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Figure 4. Effects of inventory on system performance 

Seen in the load map, when heat load on evaporator II was zero while heat load on evaporator I 
ramping from zero watts to 60 watts, the temperature of evaporator II only increased slightly. 
The performance of the two thermosiphons was slightly different. Loop "B" was 1 K better than 
Loop "A" when the heat loads were 60 watts on both evaporators. 

Effect of Inventory 

The effect of the working fluid inventory on the system performance has been investigated. 
Different inventories of Loop "A" were tested while the inventory of Loop "B" was kept the 
same during the entire test. For each inventory, a fixed heat load was applied to evaporator I and 
the temperature was recorded after it reached steady state. Figure 4 presents the test results. As 
observed, the inventory plays an important role in the system performance. In general, system 
performance increased with adding more inventory. However, this effect became insignificant 
when a certain inventory level has been reached. For the present test setup, 200 g was the 
minimum inventory. 

CONCLUSION 

A thermosiphon system with two circulating loops but sharing one cryocooler has been 
successfully designed, constructed and tested. Tests indicate that the thermosiphon can be 
utilized as a very efficient way to transfer heat loads over long distance. A low thermal resistance 
between the cooling device and the cooling source has been achieved in the present design. A 
coil type condenser has also been successfully tested. Test results show that present system has 
heat lift rate of 120 W at 77 K over distance of 12 ft with less than 7 K temperature gradient. 
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ABSTRACT 

The Air Force Research Laboratory (AFRL) sponsored creation of a database on the 
performance and maturity of space cryocoolers in the prototype, flight qualified, and flight 
categories. The database was originally developed by The Aerospace Corporation a few years 
ago and was presented to the community in printed as well as in electronics format. With the 
help of industry partners such as Ball Aerospace, Raytheon, Northrop Grumman, Lockheed, Jet 
Propulsion Laboratory, and others, the database has been updated with more current information. 
The additional information on the coolers, along with the interactive form and search feature, are 
presented in the paper. The data are supported with graphics indicating the changes in the 
performance trends. AFRL is actively soliciting input from space cryocooler industries and 
agencies to provide information for coolers not included in the survey. 

INTRODUCTION 

Mechanical cryocoolers, such as pulse tube, split Stirling and turbo-Bra)4on variants, have 
been reliably used on space missions involving infrared sensors for surveillance purpose. The Air 
Force Research Laboratory (AFRL), in cooperation with the Missile Defense Agency (MDA, 
previously BMDO), the Space Tracking and Surveillance System (STSS, previously SBIRS 
Low) and other Space Agencies, has played an instrumental role in their development over the 
last decade. In continuation with the role of supporting development of cryogenics technology 
and its space application, AFRL had sponsored building a database of long life cryocoolers. " 
The report was prepared by The Aerospace Corporation with assistance from AFRL. The 
information was communicated to the cryogenics community through a printed report, a CD, and 
a conference paper presentation. The objective was to consolidate available information from 
manufacturers and the user community, and provide a comparative assessment of technology, 
performance, and suitability for space application, for both military and civilian use. It also 
allowed independent data gathering and assessment without a bias for marketing. Since the initial 
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data collection was undertaken and was conveyed in the survey, many new developments have 
taken place that are reported as an update in this presentation. It is hoped that the presentation 
will prompt other space cooler developers that are missing from this presentation list to provide 
additional information that can be included in the survey report to be dated 2004. 

The coolers included in the survey have expected operational life expectancy of 5 to 10 
years. The category of "long-life" mentioned in the title is indicative of the requirement that 
cryocoolers developed for space use are reliable and continue to perform as designed for long 
missions. Their use depends on the duration of the mission. There have been a few coolers, not 
meant for long operation, that have flown on short space missions. These coolers will be 
included in the future version of the database consolidating all space applicable coolers. 

There have been a number of surveys done for cryocoolers over time'"" with recent 
overviews for NASA programs. ' Strobridge's survey " in 1969 and 1974 appears to be the 
first baseline for Camot efficiency comparison followed by others. ' The US Navy survey, 
conducted by then Nichols Research Corporation (NRC), was comprehensive.'"'" The most 
recent survey, an expanded version of NRC, was undertaken for cryocoolers by ter Brake and 
Wiegerinck at the Center for Interfacing Low Temperature Electronics and Coolers (CILTEC) 
involving 235 coolers in the 4-120 K range with emphasis on the use of 80 K improvements and 
also for non-military applications. The trends in performance, mass, as well as cost are included 
for different temperature and cooling power ranges. The cost is not a driving factor for space 
missions where reliability and performance are major issues. 

DATABASE SUMMARY 

There are approximately 50 cryocoolers in the current AFRL database. They are divided 
among the following categories: integral pulse tube, split Stirling, turbo and reverse Bra)4on, 
sorption, Joule-Thomson, and hybrids. Coolers added since the initial database preparation are 
listed in Table la and lb along with their performance summary, mass, and maturity. Sunpower 
and Thales are recently added vendors. Lockheed Martin ATC, Northrop-Grumman (formerly 
TRW), and Raytheon have introduced multi-stage pulse tube coolers in their inventory. Among 
hybrid coolers, to achieve a lower temperature than their individual units, Raytheon has a Stirling 
and pulse tube hybrid, Northrop-Grumman has a Joule-Thomson and pulse tube hybrid, and Ball 
Aerospace has a Joule-Thomson/split Stirling hybrid. Ball Aerospace continues with the 
multistage Stirling designs with advanced "next-generation" designation. The thrust to achieve 
6 K to 10 K temperatures is evident in the research pursued by Ball Aerospace, Creare, 
Raytheon, Northrop Grumman, and Lockheed Martin with support from MDA, NASA, AFRL, 
and their internal research and development (IRAD.) 

Figures 1 through 4 portray comparisons of coolers for the parameters Carnot efficiency, 
load-lift capacity (QL), specific power, and mass. Percent Camot efficiency is given by the ratio 
of coefficient of performance (COP=QL/Pin, an inverse of specific power) to the Camot 
Efficiency (Tc/(Th-Tc)) where Th (or TR) is the heat sink/rejection temperature. Pin the input 
power, and Tc the cold end temperature. For multistage coolers, percent Camot efficiency is 
calculated as second law efficiency combining the ratio QL*(Th-Tc)/Tc for individual stages. 
Thus for individual stages denoted by index "i," 

For COP calculation, the numerator is the combined load lifted by the cold end of the cooler. 
The percent Camot efficiency gauges the thermodynamic performance of the cooler. For space 
application, the combination of temperature, heat load capacity, required input power, reliability 
and maturity of the cooler and electronics provide a basis in the mission selection. 

%Camot = 100* IPin (1) 
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Figure 1. Percent Carnot efficiency comparison for AFRL database coolers. 
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Figure 2. Heat load capacity comparison for AFRL database coolers. 
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Figure 3. Specific power comparison for AFRL database coolers. 
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Figure 4. Mass of the thermo-mechanical unit for AFRL database coolers. 
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Figure 5. Percent Carnot Efficiency versus heat load of AFRL database coolers along with coolers 
covered by Strobridge (Ref 6) and ter Brake/ Wiegerinck (Ref 3.) 

It is instructional to compare the current database parameters with the surveys done in the 
past, notably the data available from previous surveys by Strobridge in 1974 and ter Brake and 
Wiegerinck in 2002. Both considered general types of non-military based cryocoolers and 
provided trends in efficiency, mass, and cost in historical perspective. In order to provide a 
comparative basis, the percent Carnot efficiency for AFRL database coolers is plotted along with 
their cooler data in Figure 5 and isolated in Figure 6. The categories presented by both the 
surveyors are retained. Curve fits are given as follows: 

AFRL Space coolers database: 
logC = 0.73719 + 0.45936* logQ -0.08743* logQ ^ 

Strobridge (Ref 6): 
logC = 0.264392 + 0.60539*logQ + 0.15656*logQ^ 

where C stands for percent Carnot efficiency and Q for the heat capacity of the cooler. 
Considering the scatter, a quadratic fit is sufficient for the AFRL coolers database. An accurate 
fourth order polynomial fit for Strobridge plot line is given for reference and was obtained from 
the original chart. Strobridge does mention that such lines "represent the author's judgment of 
an average and are thus subject to arbitration." It is seen that the coolers with very low cold end 
temperature are not efficient thermod}Tiamically although their advantage has to be weighed with 
their application for specific sensor design requirements. 

- 0.02452*logQ^ + 0.0015595*logQ'' 
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Figure 6. Percent Carnot Efficiency of AFRL database coolers. 

The cooler mass is plotted against the input power in Figure 7 for combined cooler database 
and in Figure 8 for AFRL cooler database. The trends are comparable with previous data fit. 
CILTEC survey gives m = 0.0711 Pin"""'. The AFRL survey shows m = 0.082 Pin'''*'l If the 
heavy sorption coolers and the optical low mass cooler are avoided, the curve gets shifted to 
0.1762 Pin"^^*^. There is much scatter in the data for it to be considered reliable estimate. 

DATABASE DISPLAY FEATURES 

A sample of the front panel capture of the MS Access AFRL cryocooler database is shown in 
Figure 9. It is a valuable tool for space cryogenics development. It includes geometrical and 
thermodynamical performance parameters, maturity status, company information, thumbnails of 
the coolers linked to images, and hyperlinks to references of individual coolers. The database 
also provides links and summaries of web pages (Figure 10) for agencies and manufacturers 
related to space cryogenics. 

FUTURE CONSIDERATIONS 

It is projected that future updates of the database will include all space-applicable coolers. 
Space cryocooler developments in Europe and Japan are not sufficiently represented in the 
present survey, and it will be usefiil to include them. 
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Active Versus Standby Redundancy for 
Improved Cryocooler Reliability in Space 

R.G. Ross, Jr. 

Jet Propulsion Laboratory 
California Institute of Technology 
Pasadena, CA 91109 

ABSTRACT 
Long-life space cryocooler applications, such as NASA's Atmospheric Infrared Sounder (AIRS) 

instrument, require that the cryocooler system possess a very high level of reliability This need 
for high reliability not only demands that high reliability coolers be used, but often requires that 
some form of redundancy be incorporated. One common implementation is standby redimdancy; 
however, active redundancy is another equally viable choice. Recently, experience with both 
types of redundancy has been gained with the AIRS instrument. The AIRS cryocoolers were 
initially designed and launched as standby redundant units; they were then switched over to 
active redimdancy after six months of in-space operation. 

This paper examines the performance trade for the two redundancy approaches with explicit 
treatment of the effect of operational level (off, versus low power, versus high power) on the 
reliability of the redundant and primary unit. This is accomplished through the derivation and 
use of a new reliability model that explicitly includes the probability of failure both prior to and 
after the time of a cooler failure. Also presented, is a discussion of the effect of the two redim
dancy approaches on the overall space-instrument system including input power level, robustness 
to transient single-event shutdowns, and robustness to in-space load increases—such as from in-
space contamination of cryogenic surfaces. The active redundancy approach is shown to have 
advantages in terms of improved reliability as well as improved overall system perfonnance. 

INTRODUCTION 

One key means of improving the reliability of systems required to provide continuous cool
ing during multi-year space missions is to incorporate redundant components to protect against 
individual failures. There are many options for incorporatmg redundancy; four common ones, 
highlighted in Fig. 1, have been analyzed previously by this author with respect to their total 
systems advantages and disadvantages.' Although most space cryocooler missions to date have 
not incorporated redundancy, the 'dual coolers with dual electronics and no switches' approach in 
the lower left comer of Fig. 1 was adopted by the NASA AIRS mission, which was launched ia 
May 2002.2-5 jhe original analysis of the reliability of that configuration utilized the classic 
equations for the reliability of a two-parallel redundant system as noted in Eq. 1. This classical 
equation describes the reliability (Relays) of the two-cooler system over (T) years of operation as: 

Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New Yorli, 2004 6 0 9 
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Figure 1. Example cryocooler redundancy options. 

R c . . s y s = l - ( P u - T ) ^ (1) 

where P̂  is the probability of failure per year of each integrated cooler unit (mechanical cooler 
plus electronics). Given that the electronics and mechanical cooler are in series (i.e. both must 
work for the integrated cooler unit to work) we get that 

P u ^ P e + P . (2) 

where P̂  is the probability of failure per year of the electronics and P̂^̂  is the probability of failure 
per year (failure rate) of the mechanical cooler. This simplified equation assumes that the prob
abilities of failure are small ( P « 1). More accurately 

P = P + P - P P (3) 
u e m e m ^ •' 

Also imbedded in these classical equations for series/parallel redundancy are assumptions as 
to how the coolers are operated. For example, is the redundant unit 'on' or 'off while the second 
unit is operating, and what is the effect of whether it is on or off on its probability of failure? 

For the AIRS instrument, an operational strategy referred to as standby redundancy was 
initially selected. With this approach, the second, or redundant cooler, was assumed to be not 
operating while the primary unit was operating; this minimizes the chance of failure of the 
backup unit during operation of the primary unit. A second operational strategy available with 
the AIRS cooler configuration was to operate both coolers at reduced power until one fails, then 
to depend on the remaining good cooler to operate alone for the rest of the mission life, or until 
it fails. This is referred to as active redundancy. 

For either operational strategy, each cooler must be sized to carry both the active cooling 
load of the instrument as well as the parasitic cooling load caused by heat conduction through the 
turned-off cooler. For the AIRS cryogenic system, the parasitic load through the off-cooler repre
sents nearly half of the total load on the operating cooler.̂  Thus, when two coolers are sharing 
the load, they have only about one quarter of the load carried when a single cooler is operating. 

To properly quantify and understand the reliability of these two operational strategies, one 
must explicitly address the effect of operational level (off, versus low power, versus high power) 
on the reliability of the redundant and primary imit during all periods of the mission This 
requires an analytical formulation for reliability that is considerably more complete than the 
classical representation presented above in Eqs. 1 to 3. Also, when considering the merits of the 
two operational strategies, it is important to consider the effect of the two redundancy approaches 
on the overall space-instrument system including input power level, robustness to transient single-
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event shutdowns, and robustness to in-space load increases—such as from in-space contammation 
of cryogenic surfaces. 

This paper first addresses this comparison through the derivation and use of a new reliability 
model that explicitly includes the probability of failure, both prior to, and after the time of a 
cooler failure. This is then followed by an examination of the effect of the two redundancy 
approaches on the overall space-instrument system. 

RELIABILITY MODEL DERIVATION 

To understand the reliability of the complex operational scenario associated with active 
redundancy it is necessary to examine the details of what it takes to survive the mission. Let us 
assume that there are two parallel cooler imits (A and B), and that cooler A fails first, and then 
cooler B continues on until cooler B fails. Successftil outcomes include both: 

a) Those cases when cooler A never fails and operates for the complete mission, and 

b) Those cases where cooler A fails, cooler B is still functional when cooler A fails, AND 
cooler B does not fail for the remainder of the mission. 

Examination of the above indicates that there are three failure-rate terms that govern the 
system-level reliability: 1) the probability of failure per year (P^) of cooler A prior to its failure, 
2) the probability of failure per year (Pgj) of cooler B prior to the failure of cooler A, and 3) the 
probability of failure per year (Pg^) of cooler B after the failure of cooler A. Introducing these 
three distinct failure-rate probabilities (P^, Pgj, and Pg^) allows us to assign different failure rates 
to the two coolers before and after the switch-over to the redundant unit. 

Stepping back to basic principals, we can now calculate the reliability of the complete system 
over mission length (T) as the fraction of successful outcomes out of all possible operational 
outcomes. Successful outcomes include: 1) cases where cooler A never fails, and 2) all cases 
where cooler A fails at time (t), cooler B is still functional (has not failed) at time (t), AND cooler 
B continues to run for the remainder of the mission (T-1). 

Mathematically, the fraction of possible outcomes where cooler A never fails is given by the 
reliability of cooler A, i.e. 

R A = 1 - P A T (4) 

For all other possible outcomes, consider the calculational process schematically illustrated 
in Fig. 2. Here, we divide up the mission duration (T) into numerous time intervals At, each 
defmed by the time (t) since the start of the mission. For each of these time intervals we ask what 
is the probability of a cooler A failure during this interval, and what is the fraction of these failure 
cases where cooler B successfully completes the mission. This fraction of cases where cooler B 
works successfully can be most easily computed as one minus the probability of cooler B failing 
either before or after the switch-over. Thus, the fraction of successful outcomes for each At 
interval at each time (t) is given by 

R. = P ^ A t ( l - V - P B 2 ( T - t ) ) (5) 

where P^At is the probability of a cooler A failure during time interval At, Pg t̂ is the probability 
of cooler B failmg prior to time (t), and PgjCT -1) is the probability of cooler B failing after tune (t). 

I '̂ I 
CoolerA ^ • • • • • • ^ • • • [ Z Z l l Z Z ] 

0 I T • • = Operating 
Time • Switchover 

Cooler B ^ S ^ S ^ S ^ S ^ S ^ H I 

- t - -T-t H 
= Non-operating 

SSS = Either 

Figure 2. Schematic illustration of reliability calculation interval (At) of mission life (T). 
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Now, the complete mission reliability (the fraction of successful outcomes out of all possible 
operational outcomes) is just Eq. 4 plus the sum of Eq. 5 over all possible At's from 0 to T, i.e. 

R*sys= l -PAT + Z R , (6) 

Converting this to an integral for a vanishingly small At we get 

Rcrsys = 1 - P A T + | p ^ ( l - P , , t - P , , ( T - t ) )d t (7) 

which gives 

or 

R = 1 -ViT^P <P + P ) 
'^clrsys ^ " ^ ^A '̂̂ ^Bl ^ ^B2-' 

P c l r s y s = ' / ^ T ^ P ^ ( P 3 , + P33) 

(8) 

(9) 

where 
Rj,, = reliability of cooler system over T years operation 
Pcirsys ~ probability of failure of cooler system in T years 

P^ = probability of failure/year of cooler A + electronics A, where unit A is the 1̂ ' to fail 
Pgj = probability of failure/year of cooler B + electronics B in period before imit A fails 
Pg2 = probability of failure/year of cooler B + electronics B in period after imit A fails 

In the above, recall that the probability of failure of the mechanical cooler plus electronics is 
given by Eqs. 2 and 3. For example, for cooler A 

PA-Pn.^+PeA (10) 

Comparing Eq. 9 with Eq. 1, we see that Eq. 1 assumes that Pgj = Pg^ = PA> i-̂ - tliat cooler 
B's probability of failure is mdependent of whether it is operating or not, or whether cooler A has 
failed or not. Equations 8 and 9 now provide access to these important ftmctional dependencies. 

SYSTEM IMPLICATIONS OF ACTIVE VERSUS PASSIVE REDUNDANCY 

Equations 8 and 9, provide one means for providing visibility into the reliability strengths 
and weaknesses behind active versus passive redimdancy. However, before conducting numeri
cal comparisons it is useful to first explore the system level implications of the two redimdancy 
options; this can provide insight into additional reliability factors that may need to be addressed. 

Important distinctions between active versus passive redundancy include: 
• The drive level (power, piston stroke, speed) associated with each cooler, both before and 

after a first cooler failure, and how the drive level reflects into the projected failure rate of 
the coolers and their electronics 

• The impact of two-cooler operation on the total input power required from the spacecraft 
and the amotmt of heat that must be rejected from the spacecraft heat rejection system 

• Possible implications of two-cooler operation on closed-loop temperature control of the 
cryogenic load 

• Possible implications of two-cooler operation on such things as closed-loop cryocooler 
vibration suppression systems and limits on allowable input ripple current to the space
craft power system 

• The extent to which two-cooler operation minimizes thermal cycling of the overall cryo
genic load to elevated temperatures during the mission due to things such as spurious safety 
trip-outs and warm-ups required to boil-off contamination condensed on cryogenic surfaces 

Each of these is discussed below. 

Implications on Required Range of Cooler Drive Levels 

With active redimdancy, both coolers (the primary and the backup) run simultaneously until 
one of the two coolers faUs. From an input-power perspective, the impact of simultaneous two-
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Figure 3. Cryocooler operating point in the AIRS instrument with single cooler operating O and 
with load shared by two coolers in active redundancy mode #. 

Table 1. Cooler drive status for the three operating regimes. 

Redundancy 
Implementation Cooler A 

Before Failure 

Cooler Drive Level 
Cooler B Before 
Cooler A Fails 

Cooler B After 
Cooler A Fails 

Standby Redundancy 85% drive unpowered 85% drive 
Active Redundancy 62% drive 62% drive 85% drive 

cooler operation may be greatly alleviated by the fact that, with some cooler designs, as much as 
50% of the total cryogenic load may be the parasitic load of the non-operating redundant cooler.' 
Specifically, with both coolers operating, the parasitic load of the standby cooler disappears, and 
the total cooling load shared by the two operating coolers may be only half of the load carried by 
a single operating cooler. This can result in each of the operating coolers in an active redundant 
system carrying only one quarter of the cryogenic load of the single operating cooler in a standby 
redundant system, and cause the required spacecraft power for the active redundant system to be 
comparable to that for the passive redundant system. 

As an example. Fig. 3 illustrates the operating points of the pulse tube cryocoolers in the 
AIRS instrument in both standby redundancy mode (single cooler operating) and active redun
dancy mode (both coolers sharing the load until one cooler fails). Table 1 summarizes the result
ing drive levels for this application in both the standby and active-redundancy implementations. 
For the AIRS cooler, '%-drive' is the relative input drive level that is cormnanded to the power 
amplifier; for the mechanical unit, it roughly equates to the percent of maximum available piston 
stroke. 

Implications of Cooler Drive Level on Failure Probabilities 

As shown in Table 1, active versus standby redimdancy leads to significantly different drive 
levels (stroke levels) on the coolers prior to a first cooler failure. Specifically, the trade is 
between a single, heavily-loaded cooler plus a non-operating standby imit and two lightly-loaded 
coolers. Estimating the failure rates associated with these drive levels depends heavily on the 
specific cooler design and must draw upon test experience and understanding of the governing 
physics underlying the individual failure mechanisms. 
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Table 2. Failure rate (%/year) vs. input power level for example cryocooler mechanical unit. 

FAILURE MECHANISM 

Coldend blockage by Internal Contamination 

Leakage from Seal or Feedthrough Failure 

Comp. Flexure Spring Breakage from Fatigue 

Comp. Motor Wiring Isolation Breakdown 

Compressor Piston Wear or Seizure 

Compressor Piston Position Sensor Failure 

Wear and Leakage of Internal O-ring Seals 

Total Failure Probability (%) 

0% Power 
0% Stroke 

0.05 

0.15 

0 

0.05 

0 

0 

0 

0.25 

40% Power 
65% Stroke 

0.05 

0.15 

0.02 

0.12 

0.06 

0.04 

0.06 

0.50 

60% Power 
75% Stroke 

0.08 

0.15 

0.03 

0.15 

0.09 

0.06 

0.09 

0.65 

75% Power 
85% Stroke 

0.15 

0.15 

0.05 

0.25 

0.15 

0.10 

0.15 

1,00 

100% Power 
95% Stroke 

0.22 

0.15 

0.07 

0.35 

0.22 

0.14 

0.20 

1.35 

Table 3. Failure rate (%/year) vs. input power level for example cryocooler drive electronics. 

FAILURE MECHANISM 

Transient/Peak Voltage-Current Stress 

Arrhenius Time-Temp-Voltage Mechanisms 

Thennal-cycle Fatigue Stress 

Long-term Radiation Damage 

Total Failure Probability (%) 

0% Power 
20°C 

0 

0.15 

0.05 

0.15 

0.35 

40% Power 
25°C 

0.20 

0.25 

0.10 

0.15 

0.70 

60% Power 
28°C 

0.25 

0.30 

0.15 

0.15 

0.85 

75% Power 
30°C 

0.30 

0.35 

0.20 

0.15 

1.00 

100% Power 
33°C 

0.40 

0.45 

0.25 

0.15 

1.25 

Tables 2 and 3 provide examples of mechanism-level failure-rate estimates for both the 
mechanical cooler and its drive electronics. Such estimates, based on the methodology published 
previously by this author,̂  allow the effect of drive level to be explicitly observed. These particu
lar estimates were generated by first scaling the mechanism failure rates at the 75% power level 
(which equates to an 85% stroke level) to give a total probability of failure of 1 %/year; this 
corresponds to a 95% reliability after five years—which is felt to be a representative value. To 
scale the probabilities for different drive levels, the mechanisms were categorized by their under
lying physics iato those that had minimal dependency on drive level (such as leakage and parts 
radiation damage), those with a strong dependency on stroke level (such as flexure fatigue, con
tamination, and O-ring wear), and those with an Arrhenius-like temperature dependence on case 
temperature (such as many electronic-parts failure mechanisms). Included in the column head
ings is an estimate of the variation in total cooler input power, the percent of maximum piston 
stroke, and the electronic part case temperature associated with the various drive levels; these 
data were drawn from the AIRS cooler application. '̂' 

For the stroke-sensitive failure mechanisms, the failure probability was assumed to increase 
1 Ox for each factor of two increase in stroke level (S), i.e. P̂  = P ĵ̂  x 10 ", where a = log (S/S ĵ̂ )/ log 2, 
and P^j^ and Ŝ j,̂  are the failure rate and stroke for 75% power. This is representative of the 
power-law dependence of fatigue life on strain level and is felt to perhaps be a useful model for 
piston-generated contamination and piston-head O-ring wear, since piston forces and compres
sion-space temperature both increase rapidly with increasing compressor stroke and input power. 
For Arrhenius mechanisms, where log failure rate is linearly proportional to inverse absolute 
temperature, P was assumed to increase 2x for each 10°C increase in case temperature (T), i.e. 
P = P ĵ̂ x 2P, where p = (T - T^j^)/!^ Note that these assimiptions result in a significant reduc
tion in failure probability at low drive-levels for both the cooler mechanical unit and its electronics. 

Implications on Closed-loop Temperature Control, Vibration Control, and EMI 

Another class of considerations that must be addressed in trading-off passive versus active 
redtmdancy is the effects on various control functions of running two coolers simultaneously. 
Specifically, closed-loop temperature control of the cryogenic load and closed-loop vibration 
suppression of cooler-generated vibration. The effect of ripple current fed back to the spacecraft 
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power subsystem and AC magnetic fields of two coolers running simultaneously are additional 
considerations. 

Closed-loop Temperature Control. For most space cryocooler applications, closed-loop 
control of the temperature of the cryogenic load is an extremely important function of the cooler 
system. Therefore, accommodating closed-loop temperature control with either one or both 
coolers operating is an important consideration in selecting cooler redundancy. As an example, 
with the AIRS cooler system, each of the two coolers is connected to the focal plane load with its 
own flexible braid that has a finite thermal impedance. This thermal impedance between the 
temperature-controlled cold tip and the focal plane allows the two coolers to run simultaneously, 
each with its own independent closed-loop temperature control. Thus, either active or standby 
redundancy is possible with this system 

Closed-loop Vibration Suppression. The closed-loop control of cooler-generated vibration 
is another common requirement of space cryocooler applications. Distinguishing between the 
vibration output of two simultaneously-operating coolers and applying the appropriate suppres
sion feedback often requires special design features and control algorithms that must be specifi
cally addressed in light of the cooler redundancy approach. 

Generated EMI. A third area affected by the redundancy approach is control of ripple 
currents fed back into the spacecraft power bus from the drive electronics as well as the magnetic 
fields radiated from the compressor drive motors. Since two coolers running at partial load are 
likely to have offending current and magnetic field levels similar to a single heavily-loaded 
cooler, EMI is probably not a decision driver, but h is a difference that should be considered at 
the systems level. 

Implications on Payload Thermal Cycling 

Cycling the cryocooler off for any reason will generally result in warm-up of the cryogenic 
payload elements such as focal planes, and require a cooldown and re-stabilization period that 
adversely impacts payload operational time. The resulting thermal cycling can also lead to 
mechanical fatigue of payload elements, with serious reliability consequences. Thus, the manner 
in which standby versus active redundancy influences the likelihood and number of payload 
warm-ups can be an important consideration. 

With the AIRS instrument,̂  two types of cooler outages were found to be significant during 
the first few months of space operation 1) planned warm-ups to decontaminate the cryogenic load 
elements and cooler coldend of high-emittance surface films (water ice), and 2) unplanned warm-
ups associated with spurious safety trips caused by single event effects (SEEs) associated with 
passage through the South Atlantic Anomaly (SAA) during times of exceptionally severe radia
tion levels. 

Implications of Redundancy on Deicing Warm-ups. Gettering of frozen contaminants on 
the cryogenic surfaces of the payload is a common space-instrument problem often addressed by 
planned periodic warm-ups to defrost the critical surfaces.* When the problem of contaminant 
buildup is solely an issue of cooler load increase, as opposed to degradation of optical or science 
performance, then a second active-standby cooler may be able to share the increased load and 
greatly extend the time between required decontamination events. In contrast, a single cooler in 
standby-redundant mode may be quickly overwhelmed by the contaminant-induced load increase 
and require frequent decontamination shutdowns. Over the mission life the rate of recontamina-
tion gradually diminishes, so the initial higher-power operation is likely to be well matched to the 
availability of the redundant unit and coincide with the availability of excess spacecraft power 
early in the mission. 

As an example. Fig. 4 highlights the large reduction in payload warm-ups of the AIRS instru
ment foUowkig the switch-over from standby-redundant operation to active-redimdant operation 
in November 2002. Since the switch-over, there has been only a single warm-up—that a precau
tionary shutdown of the entire instrument prior to the arrival of the radiation from a 100-year 
worst case solar storm spotted on the surface of the sun around the first of November 2003. 
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Figure 4. Overall summary of AIRS cooler drive level over the first two years of operation. 

Implications of Redundancy on Safety Shutdowns. Random safety shutdowns are a possi
bility with any cooler due to such things as radiation hits received by the cooler electronics when 
passing through particularly severe radiation environments. With a single cooler operating in 
standby redimdant mode, the safety shutdown is likely to cause a complete payload warm-up as 
the failure data is reviewed and a decision is made to resume cooler operation. By the time 
thermal equilibrium is returned, several days of operation may have been lost. 

With active redimdancy, the coolers may be programmed so that the second, imaffected 
cooler simply picks up the total load while the tripped-out cooler is being analyzed and restarted. 
For some applications, the reduced stroke and power associated with load sharing may also make 
the operating coolers less susceptible to shutdown events. 

TWO-COOLER SYSTEM-LEVEL RELIABILITY ANALYSIS 

With the reliability equations derived earlier and the system-level implications noted above, 
we are now prepared to work a numerical example assessing the reliability of the two redimdancy 
approaches. To the earlier equation (Eq. 9) we now add the dependency of a focal-plane failure 
rate on thermal cycling, and the additional probability of a cooler imit failing during launch. This 
lavmch failure risk is not a function of operating time, so it is added as a discrete new term. Thus: 

P -I- P (P AT + PL)(PBIT/2 + PB2T/2 + P„ ) + P T (10) 

where 

clrsys 

P . 

= probability of failure of total cryogenic payload system in T years 
= probability of failure of the redundant cryocooler system in T years 
= failure rate for cooler A + electronics A, where unit A is the first to fail 

Pgj = failure rate for cooler B -I- electronics B in period before unit A fails 
Pgj = failure rate for cooler B -I- electronics B in period after imit A fails 
P^ = probability of failure of a cooler/electronics imit during launch 
Ppp = failure rate per year for focal plane (assumed not redundant) 

Table 4 summarizes example values for the above failure probabilities. The cooler failure 
rates were derived from those in Tables 2 and 3 for the appropriate drive levels, while the focal 
plane failure rates are representative values selected for illustrative purposes. 
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Cooler 
Drive Level 

Cooler at 85% stroke 
Cooler at 65% stroke 
Cooler unpowered 
Launch Environment 

Focal Plane 
Thermal Cycling 

extensive 
minimal 

n/a 
n/a 

Mechanical 
Cooler 
0.010/yr 
0.005/yr 

0.0025/yr 
0.01 

Cooler 
Electronics 

O.OlO/yr 
0.007/yr 
0.0035/yr 

0.01 

Focal 
Plane 

0.010/yr 
0.002/yr 

n/a 
n/a 

Active Redundancy. Using the values from Table 4 for the case of active redtmdancy, and 
defining a cooler unit as a mechanical cooler plus its drive electronics gives: 

P^ = failure rate for unit A in operation = 0.005 + 0.007 = 0.012/year 
Pgj = failure rate for unit B before unit A fails = 0.005 + 0.007 = 0.0I2/year 
Pg2 = failure rate for unit B after unit A fails = O.OIO + 0.010 = 0.020/year 
Ppp = failure rate for focal plane = 0.002/year 
P^ = probability of a cooler imit failing during latmch = 0.01 + 0.01 = 0.02 

Entering these numbers into Eq. 10 for a mission duration of T=5 years gives: 

PActiv== (0012x5 + 0.02X0.012x2.5 + 0.02x2.5 + 0.02) + 0.002x5 

= 0.0080 (for coolers) + 0.010 (for focal plane) 0.018 (11) 

Noting that the system reliability is just one minus the probability of failure, we get 

RAc.,ve= 1-0.018 = 98.2% 

standby Redundancy. Using the values from Table 4 for the case of standby redtmdancy, 
and again defining a cooler unit as a mechanical cooler plus its drive electronics gives: 

P^ = failure rate/year for imit A in operation = 0.01 + 0.01 = 0.020/year 
Pgj = failure rate/year for unit B before unit A fails = 0.0025 + 0.0035 = 0.006/year 
Pgj = failure rate/year for unit B after unit A fails = 0.010 + 0.010 = 0.020/year 
Ppp = failure rate/year for focal plane = 0.010/year 
P^ = probability of a cooler unit failing during latmch = 0.01 + 0.01 = 0.02 

Entering these numbers into Eq. 10 for a mission duration of T=5 years gives: 

Pstandb,= (002x5 + 0.02)(0.006x2.5 + 0.02x2.5 + 0.02) + 0.01x5 

= 0.0102 (for coolers) + 0.050 (for focal plane) = 0.0602 

and Rs...dby= 1-0.0602 = 94.0% 

(12) 

Interpretation of the Results 

First, ignoring the contribution of the focal plane reliability, the numbers in Eqs. 11 and 12 
indicate that the analyzed coolers configured with active redtmdancy are aroimd 20% more reli
able than the same coolers configured in a standby redtmdancy configuratioiL However, when 
the effect of reduced thermal cycling on the focal plane is also included, the reliability of the 
active redundancy system is seen to be vastly superior. Thus, adding the systems considerations 
into the cooler reliability analysis can be an important factor in selecting the optimum cooler 
redtmdancy approach. 
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SUMMARY 

This paper has exammed the performance trade between active and standby redundancy 
through the derivation and use of a new reliability model that explicitly includes the probability 
of failure of the redundant tmit both prior to and after the time of a cooler failure. This allows the 
explicit treatment of the effect of operational level (off, versus low power, versus high power) on 
the reliability of the redtmdant and primary unit. Also presented, is a discussion of the effect of 
the two redundancy approaches on the overall space-instrument system including input power 
level, robustness to transient single-event shutdowns, and robustness to in-space load increases-
such as from in-space contamination of cryogenic surfaces. The active redundancy approach is 
shown to have advantages in terms of improved reliability as well as improved overall system 
performance. 

ACKNOWLEDGMENT 

The work described in this paper was carried out at the Jet Propulsion Laboratory, California 
Institute of Technology, and was sponsored by the NASA EOS AIRS Project through an agree
ment with the National Aeronautics and Space Administration. 

REFERENCES 

1. Ross, R.G., Jr., "Cryocooler Reliability and Redundancy Considerations for Long-Life Space Mis
sions," Cryocoolers 11, Kluwer Academic/Plenum Publishers, New York, 2001, pp. 637-648. 

2. Ross, R.G., Jr. and Green K., "AIRS Cryocooler System Design and Development," Cryocoolers 9, 
Plenum Publishing Corp., New York, 1997, pp. 885-894. 

3. Ross, R.G., Jr., Johnson, D.L., Collins, S.A., Green K. and Wickman, H. "AIRS PFM Pulse Tube 
Cooler System-level Performance," Cryocoolers 10, Plenum, New York, 1999, pp. 119-128. 

4. Ross, R.G., Jr., "AIRS Pulse Tube Cooler System Level Performance and In-Space Performance 
Comparison," Cryocoolers 12, Kluwer Academic/Plenum Publishers, New York, 2003, pp. 747-754. 

5. Ross, R.G., Jr. and Rodriguez, J.I., "Performance of the AIRS Pulse Tube Coolers and Instrument—A 
first Year in Space," Adv. in Cryogenic Engin., Vol 49B, Amer Inst, of Physics, New York, 2004, 
pp 1293-1300. 

6. Ross, R,G., Jr, "Cryocooler Load Increase due to External Contamination of Low-€ Cryogenic Sur
faces," Cryocoolers 12, Kluwer Academic/Plenum Publishers, New York, 2003, pp. 727-736. 



INTEGRAL Spectrometer Cryostat Design 
and Performance after 1.5 Years in Orbit 

R. Briet and F. Serene 

CNES - Centre National d'Etudes Spatiales 
Toulouse, 31401, France 

ABSTRACT 

The INTERnational Gamma-Ray Astrophysics Laboratory (INTEGRAL) is an ESA satellite 
that was launched on October 17, 2002. One of the payloads is a Spectrometer (20 keV-8 MeV 
energy range, 2.5 m high, 1.1 mdia., around 1300 kg). It was supplied by CNES who managed, devel
oped, assembled, and tested the instrument before delivery to ESA for satellite-level activities. 

This instrument uses a detection plane containing 19 Germanium detectors that need to be 
cooled to 85 K during observation and periodically annealed up to 379 K (106°C) to recover energy 
resolution. The 25 kg cold stage operational temperature is achieved by four 50-80 K EADS-Astrium 
Stirling coolers, while a passive radiator provides (through a heat pipe connection) a 210 K housing 
around the detectors. This intermediate stage results in a reduction of cryocooler heat loads, and 
provides a cold and stable temperature for the preamplifiers. The housing can be configured to be 
vacuum-tight for ground testing, while it is open in the launch/space configuration. 

This paper briefly reviews the flight model design of this double-stage cryostat and the main 
results from thermal vacuum testing at the satellite level. The excellent in-flight performance is 
then described together with data on the contamination-decontamination process that has been 
observed with the cold parts. Cryostat operability and lessons learned from the development and 
1.5 years of in-flight data are also discussed. 

INTRODUCTION 

Gamma-ray emissions coming from celestial objects represent a trace of violent phenomena 
that have occurred in the vicinity of particular objects such as supernovae, neutron stars, and black 
holes. Detailed observation of the emissions allows understanding of these phenomena and nucleo-
s}Tithesis in the universe. 

The European Space Agency 2"'' midterm scientific mission plan (ESA M2) includes the 
INTEGRAL observatory which carries four complementary instruments. The Spectrometer SPI, shown 
in Figs. 1 and 2, has a very high energy resolution of 2.5 keV in the range of 20 keV to 8 MeV. An 
Imager allows accurate location of the emitting sources, while the JEMX and OMC instruments 
complete the observation in the X-ray and visible wavelengths, respectively. The INTEGRAL 
satellite was launched on October 17, 2002 on a Proton launch vehicle; it reached an orbit with an 
altitude of 9000 km to 154000 km, a 300° perigee, 51.6° inclination, and a 72 hour period. 

Organizationally, management of the spectrometer, including its development plan, technical 
specifications, and its integration and validation tests were under CNES responsibility. Many sub-

Cryocoolers 13, edited by R. G. Ross, Jr. 
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Figure 1. General spectrometer design. 
Figures 2. Flight Model Spectrometer in 
CNES Integration facilities. 

systems were fiinded and provided by French and foreign laboratories involved in gamma-ray as
trophysics. CNES also took part in this instrument by providing "in-house," from conception to 
manufacturing and tests, some key subassemblies such as the main structure, the on-board soft
ware, and the cryostat (see Fig. 3). 

The core of the Spectrometer consists of 19 high purity Germanium Detectors (GeDs) requir
ing an operating temperature of 85-100 K to achieve a 2.5 keV resolution at 1.1 MeV. Resolution 
degradation occurs in time due to irradiation in space with a degradation rate proportional to tem
perature. A periodic annealing process at 106°C allows the recovery of initial performance. 

The 25 kg cold stage operational temperature is achieved by four fully redundant 50-80 K 
EADS-Astrium Stirling coolers (Fig. 4), while a passive radiator (PAC in Figs. 2 and 3) provides 
(through a heat pipe connection) a 210 K housing environment around the detectors. This interme
diate stage results in a reduction of cryocooler heat loads, provides a cold and stable preamplifier 
temperature, and eases grotmd testing. 

After a brief instrument and cryogenic system description, this paper reviews the main results 
from thermal testing at the satellite level, the in-flight performance after 17 months operations, the 
annealing process effect that benefits the contamination process identified, and lessons learned 
from this cryogenic system development up to and including operation in space. 

INSTRUMENT DESCRIPTION AND OPERATION 

During the operation of the scientific instrument, the incident radiation coming from sources 
located in the field of view is intercepted by a passive MASK composed of pixels that either stop 
rays (tungsten blocks) or allow them to pass through. Once the photon beam has been coded by the 
mask, it reaches a pixelized 500 cm^ detection plane and projects onto it a coded mask shadowgram 
characteristic of the source location in the sky. The energy range and the energy resolution impose 
the choice of Germanium crystal detectors. 

Photons react with the detectors that are polarized at 5000 volts by creating a current propor
tional to the energy deposited by the incoming photons. To achieve the needed sensitivity requires 
that the detectors be operated below 110 K. 
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Figure 3. Cryostat overview. 

Figure 4. SPI Cooler assembly on 
EADS-Astrium shaker (HBus i.e. cold 
I/F to Be Bus Bar). 

The optimized 85 K working temperature is achieved using two pairs of cryocoolers (ACC). 
The detection plane is enclosed in a Beryllium structure (CBX) controlled to around 208 K through 
a passive cooling device (PAC) to reduce the heat loads. 

In order to shield the Germanium detector from the background, the cryostat with its Ge detec
tor array is surrounded by an anticoincidence subassembly (UVS, LVS and VCU) composed of 
crystal scintillators and photomultipliers, keeping a free field of view. A plastic scintillator (PSAC), 
located under the mask, also reduces the background. All the signal output data produced from both 
detection plane and active shielding are then processed by several electronic modules (PSD, AFEEl 
and two DFEE). Mechanical loads are supported by the main structure (LSA), which also acts as a 
single mechanical interface with the platform. 

CRYOSTAT DESIGN 

The detection plane is composed of 19 Germanium Detectors (GeD) mounted on a Beryllium 
plate. The overall volume of this hardware is a 100 mm high by 305 mm diameter cylinder which 
weights 25 kg. The main requirements associated with the GeD are a 85-90 K temperature during 
observation in order to get high sensitivity and low degradation rate; they also have to be heated up 
once a year to 380 K for the annealing process. 

CNES thus conceived a cryostat composed of the three following subassemblies: 

Cold Box (CBX) 

The detection array and associated 19 preamplifiers are located inside a housing (CBX) con
trolled at about 208 K. Heat load reduction is mainly achieved by using MLI, GFRP plates, as well 
as low conductance wires. The heat lift of the cold stage is transferred to the cooler's cold tips 
through a Be Bus Bar and a complex 2-stage flexible link assembly.'-^ This design mainly results 
from meeting background noise constraints and insuring that the lateral forces imposed on the 
displacers are low. 

To limit the background noise, the detector plate, the chamber structure, and the cold bus bar 
are made of berylliiun. The enclosure, composed of this chamber and a tube surrounding the Be Bus 
Bar, is vacuum tight to allow simple and low-cost ground testing. A "pumping tube" is thus fitted to 
the bottom plate of the housing for connection to an external pump or space. This equipment, as 
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well as the GFRP detectors-to-chamber supports, the titanium chamber-to-main-structure supports, 
and the electrical harness, constitute the CBX. 

Passive Cooling (PAC) 

The location of the Spectrometer on the anti-solar face of this sun-pointed satellite was re
quested early since it eases the use of an intermediate stage. Indeed, the structural envelope of the 
cold box is cooled at about 208 K by a subassembly called Passive Cooling (PAC). It consists of 
two ammonia heat pipes linked to an external radiator that is supported from the instrument by 
means of GFRP struts. The thermal loads rejected by the radiator at 205 K include heat that leaks 
into the intermediate stage as well as dissipation of the preamplifiers and the antifreeze safety 
system heating power (see Table 1). Indeed, to optimize the intermediate stage efficiency, heat 
pipes are used near the freezing point (196 K). A thaw system is implemented to re-prime the heat 
pipes after any survival mode. 

Active Cooling (ACC) 

Detector cooling is provided by the four 50-80 K EADS-Astrium Stirling coolers shown ear
lier in Fig. 4. These coolers are mounted to an outside radiator to reduce background noise trans
mitted to the detectors, and they are controlled by "independent" command electronics (CDEs) 
located on the platform. The cryocooler system design and flight operability (TM/TC) is described 
later in this paper and by Gibson.^ 

Easier integration and system ground testing, with regards to the cold GeD in a lab environ
ment, was made possible by a specific design of the ACC radiator as well as by a special interface 
between the CBX airtight tube and the ACC structure. A bellows system allows for either a vacuum-
tight connection for ground testing or for a full disconnection in the launch and flight configuration. 
This operation can be achieved through a trap door located on the cooler's radiator, which also 
permits connection of cryogenic ground support equipment (for faster cool down) and gives access 
for integration of the flight cooling system to the Hbus, at the end of the bus bar and its first stage 
flexible link. 

Tables 1 and 2 summarize the cold-stage and intermediate-stage thermal loads, while Fig. 5 
presents a schematic view of the above described 3-stage thermal system: the 90 K stage for the 
detectors and the 1st stage of preamplifiers, the 205 K stage for the 2nd stage of preamplifiers and 
a cold-stage thermal shield, and the 300 K stage for coolers and electronics. 

CRYOGENIC SYSTEM OPERATIONS 

Global Thermal control 

Apart from the cryocooler drive electronics, operation and thermal management of the cryostat 
requires the following heater power lines (all fully redundant): 

- Antifreeze safety system (electronic regulation: 12 W installed under 28 volts), 
- Annealing / Outgassing heating system (electronic regulation: 15 W under 28 volts), 
- Heat Pipe thaw system (simple On/Off: 38 W) 
- Cryocooler switch-on system (mechanical thermostat: 87 W) 
- Cryocooler compensation heating system (mechanical thermostat: 37 W) 

The annealing/outgassing heater lines can be used in both outgassing and annealing modes by 
using a telecommandable threshold (37°C or 106°C). Heat pipe thaw nominal and redundant lines 
are both used to outgas the intermediate stage, which is the CBX and PAC, at 28°C. The cryocooler 
switch-on system guarantees start-up temperatures (-20°C), while compensation heaters ensure an 
acceptable minimum cooler operating temperature in nominal mode (4 coolers available). 

Cooler Configuration 

The cryostat uses two pairs of EADS-Astrium Stirling coolers as shown in Fig. 4 driven by 
two Cooler Drive Electronics (CDEs) for "standard" back-to-back operation. Even if a three-run
ning-coolers configuration is available, and acceptable with regards to micro-vibrations, the de-
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MLI Detectors 
Mechanical Supports 
LV and HV wires 
Annealing and UK wires 
MLI Cold rod -Tube 
Heat lift at HBus (86 K) 
Intermediate bus bar support 
MLI around coolers ends 
Coolers heat lift (79 K) 

Heat leaks 
=> 90 K stage 

500 mW 
450 mW 
120 mW 
30 mW 
150 mW 

1250 mW 
300 mW 
950 mW 

» 2500 mW 

Table 2. "200 K stage 

PA Dissipations 
MLI CBX and Tube 
Pumping tube 
CBX supports 
CBX wires 
Leaks => 90 K stage 
Heat pipes heat lift 
MLI radiator 
PAC Radiator supports 
PAC heaters and sensors 
Antifreeze power 
Radiator rejection 

" thermal balance. 

Worst 
cold case 

4.4 W 
1.5 W 
0.7 W 
2.9 W 
1.9 W 

-1.2W 
10.2 W 
0.4 W 
0.5 W 
0.9 W 
6.5 W 
18.5 W 

Worst 
hot case 
4.4 W 
2.8 W 
1.4 W 
5.9 W 
3.4 W 
-1.4 W 
16.5 W 
0.7 W 
LOW 
1.6 W 

0 
19.8 W 

graded case studied just assumes the availability of a single pair of coolers (CDE failure case). 
Full redundancy is not really available on this instrument for GeD degradation rate and peak 

power reasons. Indeed, a single pair of coolers is sufficient to cool the GeDs to 95-100 K, which 
satisfies resolution requirements, but with an important degradation rate in time. This implies a 
long annealing sequence is required every 1.5 months, which is not desirable due to reduced instru
ment availability for science (taking into accotmt a 15-day cooling sequence from 106°C to 100 K). 
Moreover, this configuration results in peak ctirrents of 11.5 A on the power bus. 

The ACC radiator was thus sized quite large (0.33 m^) to get an instnmient operability and 
reject high dissipations when using a single pair of coolers running nearly to full stroke in order to 
operate them at "low temperature", improving efficiency in a so-called "degraded mode." In nomi
nal mode, all four coolers are activated, resulting in a lower load, lower stroke setting, and less 
dissipation. This latter case is so low that the running coolers must be heated to maintain their 
temperature in the flight operating range and to pass eclipse with even less power. The solution of 
using a higher stroke to achieve a higher dissipation was not feasible, since this would result in the 
GeDs operating below their qualification temperature range. 

Cooler / Electronics Operation 

CDE modes available are Off, Standby, Laimch Lock, and Operating. In launch-lock mode, the 
piston's and displacer's position pick-off control loops (PPOs) are enabled and set to zero. In 
operating mode, displacer amplitudes are fixed at 3.4 mm peak to peak, while the compressor 
piston strokes are adjusted through a 6-bit telemetry command word from 0 to 9.0 mm peak to peak. 

No temperature control loop is available. In order to reduce peak currents seen from the bus, 
the CDEs are linked and operated in a Master/Slave condition with the two pairs of coolers having 
a 90° phase shift between them. This globally results in a reduced peak current, representing 60% 
of the total combined CDEl and 2 individual peak ctirrents.^ 
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In terms of telemetry, the CDE peak currents and the compressor drive and demand parameters 
are available. The demand telemetry reflects the telemetry command sent, this is the setting re
quired at the PPO loop entry, while drive telemetry reflects the exit of the PPO control loop; this is 
the current sent to the coils. 

In nominal configuration, all four coolers are operated with a typical 5.1 mm peak to peak 
compressor piston stroke (57%) resulting in a 60 W mean input power to the coolers (100 W to 
CDE). Master/Slave operation limits to 150 W the peak power drawn from the PLM PDU. In 
degraded mode, the two operating coolers are set at 8.7 mm compressor strokes, requiring 88 W of 
electrical input power to the coolers, 135 W to the CDEs, and peak currents up to 11.5 amps. 

MAIN THERMAL GROUND TEST RESULTS 

Thermal vacuum tests with the Flight Model (FM) instrument and at the FM satellite level 
validated the cryostat performance and power consumption. Electrical and mechanical thermostat 
controlled heater lines worked in accordance with manufacturing settings and predicted consump
tion. Stability of active regulation for antifreeze, outgassing, and annealing purposes was better 
than±0.5°C. 

The cryogenic chain performance was quite excellent, since 90 K was achieved for the GeDs in 
the 2-, 4- and even for the 3-cooler mode while respecting the 140 W electrical mean power budget. 
Nevertheless, some discrepancies occurred with respect to predictions. Indeed, cold stage thermal-
leak measurements were always lower than theoretical capabilities of the cooling system as mea
sured before delivery. At this time this was explained by dehas in the test configuration between the 
unit and system level, and was attributed to an increased heat load in the global thermal balance. As 
described below, long-term in-orbit operation subsequently demonstrated that during ground test
ing we were facing a contamination issue increasing the coolers' heat load. 

IN-ORBIT ACTIVITIES AND RESULTS 

Outgassing and First Cooling Phase 

The INTEGRAL satellite was launched on October 17, 2002 05:41 UT from Baikonour. 
Initial telemetry proved that the CDEs and coolers survived launch in active launch-lock mode. A 
few hours later, instruments and units were switched on to warm the satellite and start the outgas
sing process. The cryostat outgassing phase lasted 11 days with "cold parts" at 38°C plus 1 day at 
82°C. The intermediate stage, heated through the heat-pipe thaw lines, quickly reached 28°C, 
while the cryocooler's switch-on heaters maintained them cycling between -17°C and -11°C. 

Annealing and thaw heaters were then switched off, leading to natural cooling down of both 
the cold and intermediate stages. About two days later, the antifreeze system automatically stabi
lized the latter at 208 K with a typical 6 W consumption, while all cold parts were lower than 35°C, 
which was suitable for start-up of the coolers. Natural GeD cooling at roughly -l°C/hour was thus 
followed by active cooling with piston strokes set at 72% maximum. As expected from ground 
testing, 5 days were necessary before the 25 kg cold stage reached the 90 ±1 K operational range; 
this finally required 4x5.14 mm peak to peak piston stroke (56%> max). 

Observation Phases 

The first observation phase and commissioning activities occurred from November 5, 2002 to 
February 6,2003. During this period it was noticed that the performance of GeD# 15 was atypical 
in terms of leakage current and resolution, which might indicate contamination. Moreover the ac
tual radiation background was excessive with regards to predictions, which resulted in degrading 
detector resolution far quicker than expected. After 3 months in orbit, resolution was about 20% 
worse compared to the initial value, so the scientists decided to armeal the detectors before calibra
tion and to make future observations with the GeDs at 85 K to lower their degradation rate. 

As can be seen in Fig. 6, annealing was then requested two more times by the Principal Inves
tigator (PI) in July and November 2003, with the GeDs maintained at 106°C for 36 and 126 hours, 
respectively. 
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Figure 7. Temperatures and Cooler system power during a typical annealing sequence. 

Annealing Sequence 

Figure 7 shows temperature profiles for the coolers, cold box, HBus (cold interface with the 
coolers; this is a single interface connected to the four cold tips) and detectors during annealing #2 
and the subsequent cooling sequence. 

The compressor temperature profile (C) easily shows -7°C/-2°C oscillations due to the com
pensation heaters and thermostat cycling when the coolers are active. The switch-on thermostat 
cycling is then visible on 18-July when the CDEs remain in standby mode before compensation 
heaters and self-dissipations quickly reheat the coolers (24-July). This rate then decreases after the 
compensation thermostat is opened. Once the GeD temperature target is reached, the cooler stroke 
was reduced for fine tuning activities. As a consequence of the smaller input power, the compensa
tion heaters quickly cycle again. During this mode, the intermediate stage is heated, as it was 
during the initial outgassing phase. 

From the GeD temperature profile, we can easily extract a first phase up to "outgassing level" 
regulation at 310 K (37°C) to calibrate on-board annealing safety alarm, a second phase heating to 
annealing threshold followed by 106°C electronic regulation. Once the duration criteria defined by 
the PI is reached, the heaters are switched off, leading to natural cooling, which occurs during 3 
days before the coolers can be restarted for 5 more days of cooldown mode. The complete anneal
ing process thus lasts 11 days, remaining at 106°C for only 36 hours before a new observation is started. 

Piston stroke requested in phase 1 was 55 to 59% of maximum to maintain the GeDs at 90±1K. 
The stroke settings were in the range 54 to 63% of maximum to get 85±1K during other observation 
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Figure 8. Piston stroke adjustments and resulting GeD / HBus temperatures 

phases. Indeed, the cooler settings had to be adjusted to compensate for the GeD temperature drift. 
Note that the maximum temperature reached by the HBus during annealing is 90.1 °C, so the 

displacers tips were exposed (without degradation) to about 80°C—not far ftom their vacuum bakeout 
temperature level. 

Contamination Occurrence 

As can be seen in Fig. 8, the initial GeD temperature profde exhibited a positive drift that was 
easily compensated for by periodic increases of piston stroke to maintain the GeDs within the 
required range; this is 90±1 K up to February 2003, then 85±1 K. Analysis of cryocooler param
eters did not show any drift nor discrepancy with regards to ground testing and typical telemetry. 
Nominal fimctioning of the cryocooler system was conclusively demonstrated after the first anneal
ing occurred. Indeed, telemetry and efficiency during the subsequent cooling mode was similar to 
the first one (Nov 2002). Moreover, the piston stroke and power consumption required to achieve 
85 K on the detectors after the first annealing was identical to that required to reach 90 K two weeks 
before, prior to annealing (see circled area on Fig. 8). This also showed that venting occurred 
during this process. Thus, annealing not only benefits the GeD resolution, but also improves the 
thermal insulation efficiency and lowers the emissivity of the cold parts. 

Figure 9 presents the GeD temperature compared to the target temperature (either 90 or 85 K) 
during all mission phases, with time reset after each annealing. As expected from typical contami
nation, each phase temperature profile shows a drift that decreases in time.^ Whether this results 
firom a gradual decrease in the contamination source or only a saturation in its effect is not clear. 
This figure also shows that the GeD temperature profile and drift is fiilly repeatable from one phase 
to another (typically +1 K/month after 1.5 months and + 0.5 K/month after 4 months). 

This drift occurrence can be explained by two candidate mechanisms, the last one looking 
more probable: 1) we are facing a constant contamination flow through cryostat apertures from the 
instrument (internal) and platform (external), and 2) heating the cold parts makes the contaminants 
trapped inside MLl blankets go towards the external layers. Thus, each annealing makes the MLI a 
bit cleaner, but contaminants still trapped in the MLI come back in time on the coldest parts due to 
cryopumping. 

The location of the contaminated area can be assessed through analysis of thermal gradients 
(heat fluxes) along the cold chain. The total heat leak from the cold box towards the detection plane 
flows through the Be bus Bar and Flexible link reaching the HBus (see Figs. 3 and 5) before it is 
absorbed by the coolers. Since launch, the thermal gradient between the GeDs and the HBus has 
remained fully consistent, implying a stable heat flow in the observation phase: 3.90 K for GeDs at 
90 K and Cold Box at 208 K; this is 1050 mW. This implies that no contamination and no loss of 
thermal insulation efficiency has occurred in the cold box / detector enclosure. 
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Figure 10. Evolution of thermal heat loads at HBus. 

Any increase of emissivity and contamination is thus located in the HBus-displacer enclosure. 
Indeed, looking back on the HBus MLI as well as the overall displacer enclosure, the venting 
appears to be marginal. Moreover, the "hot" structure surrounding this volume—this is the coolers' 
support structure—has never been well outgassed in orbit. No specific heaters were foreseen to 
outgas this area, so during the so-called outgassing or annealing phases, the cooler switch-on heat
ers just maintained a temperature of about -15°C; a maximum +10°C was reached in cooldown mode. 

Huge Benefits of Decontamination Sequences 

Starting after launch with the same performance as during FM satellite thermal vacuum tests, 
successive annealing sequences highly benefited the thermal performance as shown in Fig. 10. 
Assuming the coolers' efficiency to be fully nominal after more than 14000 running hours allowed 
the cooler operating points to be used to compute the heat loads absorbed at HBus level. 

This plot clearly highlights that each annealing saves several hundred milliwatts! Contamina
tion is evident at the beginning, whereas its effect on heat load greatly decreases after 15 days post 
annealing sequence. The very first performance achieved after the annealing process tends to an 
asymptotic value that is in line with the predicted heat load as quantified in Table 1. 

Cryostat System Margins with Regards to Contamination Issues 

The heating sequence requested by the scientists to anneal the detectors, also highly benefited 
the cryostat thermal efficiency. As a result, contamination issues never had a real effect on instru-
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Figure 11. Mean CDEs (total CDEl + CDE2) power consumption. 

ment availability for science. Nevertheless, it is useful to examine the operational margin of the 
thermal design of the cryostat. Even without the annealing events performed, the GeDs can be 
maintained in the requested temperattire range for 1.5 years without exceeding the allocated power 
budget. This can be extrapolated from Fig. 11, which shows the CDE mean power consumption. As 
previously explained, successive stroke (compressors dissipation) increases are associated with a 
corresponding decrease in the thermostated compensation heaters, leading to a total of 120 W 
constant power for both CDEs and heaters. The CDE power reached a maximum of 118 W after 
5 months post-annealing. At this level, the CDE power increase due to contamination is assessed to 
be lower than 2 W per month. We can thus state a total capability of a minimum of 18 months 
before annealing would be requested only for thermal and power reasons. 

CONCLUSIONS 

The design, operation, and performance of the SPI cryostat has fiilly satisfied the technical 
objectives and the scientists. The cryocooler system, including electronics, exhibits nominal and 
stable performance and telemetry after 14000+ running hours. 

The piston stroke used to maintain the GeDs at 85±1 K has never exceeded 62% of maximum. 
As per the MOPITT instrument^, strokes have to be regularly increased to compensate for the 
contamination process (external to coolers). The annealing required to recover the resolution of the 
GeDs due to radiation damage greatly helps to outgas the cryostat. This allows the cryogenic per
formance to increase after each annealing and to be improved compared to system ground tests. 

Apart from typical development difficulties linked to cryogenic space projects, the main issue 
we can emphasize is validation by tests. Indeed, cost and planning are generally not compatible 
with the duration needed for outgassing, actual stabilization (criteria adapted to mass / thermal 
balance), and for tracking any drift. With in-flight experience, we can state that what was identified 
as a performance deviation on the ground was clearly due to contamination effects. 

Notably, the mission of this fully functional y-ray observatory has been extended to 6 years. 
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ABSTRACT 

The Ramaty High Energy Solar Spectroscopic Imager (RHESSI) spacecraft was launched 
on February 5, 2002. With two years of operation on-orbit, its Sunpower M77 cryocooler is 
maintaining the array of nine germanium detectors at 86K, at higher temperature and input 
power than intitial conditions. As commercial coolers similar to this are of some interest for 
other flight instruments, we offer an update on its status and health, and discuss the prospects 
for continued operation. 

CRYOCOOLERBEHAVIOR 

The Ramaty High Energy Solar Spectroscopic Imager (RHESSI) was launched in February 
2002 to observe solar flare activity near and slightly after the peak of the eleven-year solar cycle. 
The spectrometer uses an array of nine large germanium detectors, mounted in a cryostat on a 
common coldplate.'-^ An off-the-shelf Sunpower M77B Stirling-cycle cryocooler was chosen to 
maintain the coldplate at 75K and a thermal shield at 150K. The RHESSI cryocooler had seen 
approximately 11,000 hours of operation by the time it was launched, and has accumulated an 
additional 19,000 hours on orbit as of April 2004. Though the cooler is nominally non-contacting, 
wear products have been found in similar machines, so wear of this cooler has always been a 
possible concern. 

After approximately six months on orbit the instrument team noticed a trend in the cryocooler 
power as shown in Fig. 1, increasing at a rate of 13-15mW each day.' The cooler is driven with a 
constant drive voltage, and no temperature feedback, so the power trend was unexpected and unex
plained. The power increase seems to be consistent with the increase in temperature drop from the 
cryocooler to its radiator, and an increase in dissipation in the cryocooler drive electronics. During 
this time, heaters on the cryocooler radiator were gradually trimmed back, maintaining a roughly 
constant spectrometer shell temperature. Cryocooler vibration increased roughly in proportion to 
cryocooler power, suggesting that something was indeed changing within the cryocooler system. 
For the early part of the mission, the cryocooler cold tip temperature remained a constant, well-
behaved function of orbital conditions. There was no apparent effect from changes in the cryo
cooler. But around the twelve month mark, temperatures in the spectrometer began to change as 
well, increasing as a cubic function of time as shown in Fig. 2. The temperature drop across the 
sapphire cold link to the cold tip increased, but only in proportion to the decrease in the con
ductivity of the sapphire. The overall heat load on the cold tip seemed to remain constant, 
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Cyclic variations in power are the result of orbital variations in temperature. The long-term drift in power 
is apparently the result of decreasing impedance of the cooler. Vibration changes at 1, 2, and 3 
correspond to adjustments of the cryocooler counterbalance. Power changes at 4, 5 and 6 correspond to 
commanded changes in cryocooler power. 

suggesting that the spectrometer vacuum space was not suffering from contamination. The 
vacuum space was sealed, with a one-time vacuum valve mechanism available for contingency 
purposes, and the mechanism was not actuated until February 5, 2004. From the time the vacuum 
valve was opened, the temperature increase seems to have halted, suggesting that some sort of 
contamination was occurring in the spectrometer. 

POSSIBLE CAUSES 

Failure of instrumentation and electronics are certainly not unlikely causes of flight 
anomalies, and have been suggested to explain some of the data from the RHESSI cooler. But 
the rising power and vibration of the cryocooler together suggest a real mechanical cause, such 
as wear of the clearance seals, accumulation of wear products in the regenerator, leakage of 
helium from the cooler, or degradation of the cryocooler counterbalance. From the available 
instrumentation, there doesn't seem to be a way to discriminate among the possible failure 
modes, and experience with similar coolers has not been illuminating. 
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The temperature history of the system is also consistent with a degrading cryocooler, but the 
change in performance after opening the vacuum valve suggests a secondary contribution from 
contamination. The fact that the cold tip temperature did not actually decrease when the vacuum 
space was vented indicates that the contaminant was not helium. However, the thermal blankets in 
the spectrometer, composed of about 20 m^ each of Dacron mesh and 6 ixm Mylar, provide a large 
reservoir of water with a long time constant. While the temperature history of the spectrometer is 
quite different from what might be expected in a contaminated cryostaf, it's possible that design 
details could have played a role. In the volume between the 180K thermal shield and the 85K 
coldplate assembly is a zeolite getter, thermally anchored to the cryocooler cold tip at approxi
mately 75K. If the getter finally became saturated with water at around twelve months, deposition 
on the warmer surfaces within the spectrometer might have begun to affect the thermal perfor
mance. The sizing of the getter relative to the volume of MLI is currently under investigation. 

CONCLUSIONS 

The RHESSI cryocooler has successfully operated for over two years on orbit. Thermal opera
tion of the spectrometer has degraded since launch, but the cryocooler performance is still suffi
cient to allow normal operation of the instrument. Observation and occasional experimentation 
continue, with the hope that the cryocooler will last until ICC'14. 
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ABSTRACT 

A turbo-Brayton cryocooler was installed on the Hubble Space Telescope in March 2002 to 
restore cooling to the Near Infrared Camera and Multi-Object Spectrograph (NICMOS). The cryo
cooler delivers its refrigeration to the NICMOS cryostat by means of a separate cryogenic circulat
ing loop that was packaged with the cryocooler. During two years of on-orbit operation, the cooler 
has maintained the NICMOS detectors within specified bounds of temperature at approximately 
77 K. The cryocooler relies on temperature feedback from the gas stream into and out of the cry
ostat for temperature control. Compressor frequency is adjusted to increase or reduce net refrigera
tion available from the cryocooler to accommodate changes in the thermal environment and para
sitic heat loads. This paper reviews the cryocooler design, describes the means for temperature 
control, and reviews operational history during the first two years in space. 

INTRODUCTION 

The NICMOS Cooling System (NCS) was installed on the Hubble Space Telescope (HST) in 
March 2002. The cooling system replaces the solid nitrogen that had depleted from the NICMOS 
instrument in late 1998. The installation and activation of the cooling system represented the comple
tion of a five-year effort to restore cooling to the NICMOS instrument on the observatory. The 
program involved upgrading the technology from an earlier 5 W, 65 K engineering model turbo-
Brayton cryocooler' to meet the unique requirements of the HST—a slightly different operating 
temperature and load, continuous and extended operation in a space environment, delivery of re
frigeration to remote detectors, and low vibration. 

The NCS uses high-speed turbomachines with gas bearings and high-effectiveness heat ex
changers to achieve its performance, life, and operational characteristics with no vibration. Differ
ences between the NCS and the earlier engineering model are discussed in reference 2. These 
differences, coupled with the qualification requirements for use on the telescope, resulted in an 
extensive series of ground qualification tests and a flight qualification test during 1998.5''* Follow
ing the flight qualification test, the NCS was modified to improve the overall system performance. 
Electronics were changed to reduce EMI and the nominal operating conditions for the circulator 
loop were modified. Both changes had the effect of reducing the input power to the system. The 
NCS was re-qualified through ground tests, and software for on-orbit control of the system was 
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finalized and verified through operational and performance testing in thermal vacuum chambers at 
Goddard Space Flight Center. Extensive contamination control procedures to protect the circulator 
loop during pre-launch activities were developed and verified through test.^ 

The NCS was integrated with NICMOS during Servicing Mission 3B to the HST. The integra
tion included installation of the cryocooler and circulator loop, attaching bayonet-ended flexible 
tubes to the NICMOS cryostat panel, installing the electronics module to control the NCS, and the 
addition of a radiator and tubing connecting it to the cryocooler heat rejection interface. Following 
this installation, the NCS was activated, and a series of tests was performed to assess health and 
operational characteristics of the system.^ These tests verified the operational control algorithms, 
demonstrated that cooler induced vibration was well below requirements, and provided data re
garding the resolution of the detectors that was used to establish an operating temperature for the 
NCS. After more than three years of dormancy, the NICMOS instrument was returned to opera
tional service in May 2002. Except for a brief interruption in August 2003, it has remained opera
tional since that date. The following sections describe the cryocooler, its control features and its 
operational history during the past two years. 

THE NICMOS COOLING SYSTEM (NCS) 

The flow loops comprising the NCS are shown in Figure 1. They include a cryogenic 
circulator loop, a hermetic single stage turbo-Brayton cryocooler, and a capillary pumped loop 
to reject heat from the cryocooler. Details of the design are given in references 2 and 5. This 
section briefly reviews the functional elements of the system. 

Heat from the NICMOS detectors is transported by conduction from the detector support 
structure through an aluminum matrix within the cryostat to a cooling coil attached to the 
cryostat shell. The cooling coil is part of a flow loop that terminates at valved flanges and 
bayonet fittings on a panel at the end of the cryostat. This portion of the loop was used to 
maintain the nitrogen at cryogenic temperature prior to its initial launch. The NCS was de
signed so that flexible lines with matching bayonet fittings could be attached to the NICMOS 
tube connections during the servicing mission to the telescope. After the connections are made, 
the circulator loop is charged with neon from a pressurized gas fill bottle contained in the NCS 
assembly. A centrifugal circulator produces a flow of neon through the loop, exchanging heat 
with the cryocooler loop at the cold load interface (CLI). 

The closed loop cryocooler consists of a centrifugal compressor driven by a three-phase 
induction motor, a high-effectiveness recuperator, and a turbine that produces refrigeration by 
expansion of the neon. The work of expansion produced in the turbine is converted to electric 
power in the turboalternator and dissipated in resistors at the warm end of the system. The heat 
from the NICMOS cryostat (and from circulator loop parasitic loads) is absorbed at the cold 
load interface (CLI) and is rejected to the capillary pumped loop (CPL) at the heat rejection 
interface (HRI). Nominal operating parameters for the NCS are listed in Table 1. 

Table I. Nominal operating conditions for the NICMOS cooling system. 

Compressor input power 
Temperature at Heat Rejection Interface 
Compressor nominal speed 
Turboalternator nominal speed 
Cryocooler pressure ratio 
Cryocooler flow rate 
Heat load at Cold Load Interface 
Circulator nominal speed 
Circulator flow rate 
Control Temperature 

315W 
278 K 

7,200 rev/s 
3,100 rev/s 

1.6: 1 
1.8g/sNe 

7 W 
1,200 rev/s 
0.4 g/s Ne 

72.4 K 
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Figure 1. The NICMOS Cooling System (NCS). 

The CPL provides temperature modulation between the radiator surface and the heat 
rejection interface. The telescope has an orbital period of about 90 minutes. Orbital, seasonal 
and observatory pointing variations produce a range of radiation heat loads on the cryostat and 
variations in the heat rejection temperatures. In general, the temperature difference between the 
radiator surface and the HRI is about 20°C. The variation in HRI temperature during the year is 
about + 8°C around its nominal value of 278 K. 

During cooldown, the compressor is driven at maximum speed. A control temperature 
derived from circulator loop measurements is continually calculated and compared with a 
commanded set-point value. After the control temperature reaches the desired set point, NCS 
operation is controlled using PID algorithms to maintain the control temperature within +/- O.PC 
of the set-point. This is done by increasing or decreasing compressor speed to increase or 
decrease the amount of refrigeration produced by the cooler. 

TEMPERATURE CONTROL 

A temperature sensor on the optical bench near the detectors is used as the primary 
measurement for continuous monitoring of detector temperature. This sensor reads about 4.7 K 
above the temperature at the cooling coil, which is located at the opposite end of the aluminum 
matrix in the cryostat. The temperature difference is mildly sensitive to the radiation heat load 
on the cryostat which varies with orbit, season and pointing attitude of the telescope. Two 
temperattore sensors, labeled Tin and Tout in Figure 1, are attached to the outer surfaces of the 
solid tubes in close proximity to the cold load interface. These sensors give a relatively accurate 
indication of the temperature of the neon as it leaves the CO flowing to the cryostat, and as the 
fluid leaves the cryostat before entering the circulator. These temperature measurements. 
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together with the circulator flow rate and the neon properties, provide a reasonable estimate of 
the heat load in the circulator loop. 

An instrumented simulator of the tubing loop in the cryostat was used during ground tests to 
quantify the temperature distribution in the loop as a function of circulator operating conditions 
and environmental temperature. The simulator and the tests provided an empirical relationship 
between Tin, Tout and the control temperature - the temperature at a connection point between 
the aluminum matrix and the coil. This temperature (Tcontroi) is used as the control parameter for 
the operation of the cryocooler. Because the radiation heat load from the aft shroud to the 
detectors and to the circulator loop tubes was not known exactly, the final operating set-point for 
the cryocooler was determined during a series of tests following the installation and activation of 
the cooler on-orbit. During these tests, the temperature sensors at the optical bench in the 
cryostat were monitored while the set-point temperature of the cooler was systematically varied 
over temperatures between 71.5 K and 72.5 K. These orbital tests verified that the empirical 
relations determined during ground tests were sufficient for control without modification. 

COOLING SYSTEM PERFORMANCE 

The performance of the cryogenic portion of the cooling system over time can be assessed 
by treating the circulator loop and the cryocooler loop independently. There are several potential 
sources of degradation that can affect the performance of the combined system. 

1. Leakage. Some degree of degradation of performance in the circulator loop was 
expected because of the diffusion of neon through o-rings at the bayonet fittings. The 
cryocooler loop is hermetic, and no leakage is anticipated in this loop. 

2. External contaminants. Because the cryocooler and circulator loop tubing are the coldest 
surfaces in the aft shroud, it is possible that contaminants would migrate to the multi
layer insulation wrap surrounding these surfaces. This would reduce the effective 
insulation of the blankets and increase the parasitic heat load to the cooler. 

3. Internal contaminants. Outgassing and freeze out of contaminants within the cryocooler 
or the circulator loop would also decrease the effective performance of the two loops by 
either blocking flow passages or by reducing heat transfer in the recuperator or the 
thermal interfaces. 

To date the minor changes in performance are within the bounds of expectations and 
predictions, and appear to be solely the result of the diffusion of neon from the circulator loop. 
Figure 2 shows some of the key parameters that are used to monitor and assess behavior during 
operation. The figure shows temperatures at the cryostat inlet and outlet (Tin and Tout), the 
calculated control temperature (Tcontroi), and the temperature near the detectors on the optical 
bench (Tdetector). The figixre also shows the temperature rise through the circulator loop 
(ATNICMOS - Tout - Tin). The periodic fluctuations in ATNICMOS reflect the variations in 
radiation heat load on the cryostat caused by orientation of the telescope and orbital effects. 
Even the periodic change in solar flux intensity is visible within the data. The gap in the data 
was caused by a shutdown in August 2003. 

Circulator Loop 

The circulator loop is not hermetic. The bayonets are sealed within their fittings by means 
of elastomeric o-rings. Although the leakage is minimized by maintaining the temperature of the 
seals close to ambient, some diffusion of neon through the elastomers is to be expected. The 
predicted diffusion rate had been confirmed early in the development of the seals through tests. 
The tests and calculations resulted in an estimated leakage between 1 % and 5 % of the total 
neon mass in the circulator loop per year. 

On-orbit telemetry provides measurements of pressure in the circulator loop. The nominal 
pressure in this loop during cryogenic operation is approximately 3.67 atm (54 psia). The 
telemetry gives a resolution of 2.2 % of the nominal pressure. A detailed accounting of the mass 
distribution in the circulator loop is required to accurately assess mass depletion. Approximately 
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Figure 2. NCS on-orbit temperatures during the first two years of operation. 

90 % of the circulator loop volume is subject to the temperature changes in the fill tank (which is 
nominally at ambient temperature). At normal steady operating conditions, approximately 30 % 
of the neon mass is in the cryogenic portion of the circulator loop. Because of the limited 
number of temperature measurements through this loop, the distribution of temperature is only 
approximately known and is subject to some uncertainty beyond that introduced by the pressure 
transducer resolution. This distribution and that of the volumes affect the precision with which 
the inventory can be determined. 

Measurements and supporting calculations show that the mass of neon that has diffused 
through the bayonets is within the bounds of the initial estimates. At present the decrease in 
mass is about 2.3 % of the initial charge and is decreasing at a nearly constant rate. This 
decrease in mass inventory produces a small shift away from the optimum circulator operating 
point because the density of the circulated fluid is decreased. This results in a reduction in the 
mass flow rate and a corresponding increase in (Tom - Tin). The increase can be seen in Figure 2. 
The result is a minor decrease in the effective load temperature for the cryocooler and a slight 
decrease in the cryocooler cycle efficiency. Based on the other operating parameters in the loop 
and the margin of operation in the cryocooler, it is imlikely that the circulator loop will require 
recharging for at least two more years. If the recharge is required, only a negligible amount of 
the total capacity of the refill tank will be needed. 

Cryocooler 

The performance of the cryocooler can be assessed by calculating the cycle efficiency 
relative to Camot, and monitoring this figure of merit over time. Small variations in the value 
are expected because of the resolution of some of the instruments used in the calculation, and 
because the efficiency is mildly dependent on the cooling load and load temperature. However, 
over a long period of time, the average value should remain constant if there is no degradation. 

The efficiency of an ideal Camot cycle operating between a rejection temperature Trej and a 
load temperature T| reflects the amoimt of refrigeration Qi that could be expected for an input 
power P and is given by the relation: 

r|c = T| / (Trej - T i ) (1) 
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The refrigeration delivered by the cooler (Qi) is the sum of the input power to the circulator 
and the heat removed from the circulator loop. The power to the circulator is given by the 
product of voltage and current measurements, reduced by the inefficiency in the motor 
controller. The heat removed from the circulator loop is given by measurements Tin, Tout, the 
specific heat of the neon and the mass flow rate. Because there is no flow meter in the circulator 
loop, the flow rate is derived from performance data measured during ground tests. There is also 
a small additional heat load to the cryocooler due to radiation parasitics at the cold load interface 
and along the recuperator length. However, these contributions are low relative to the circulator 
loop heat load and are accounted for in the performance of the cryocooler. 

The rejection temperature used in the calculation is measured at the heat rejection surface on 
which the compressor is mounted. The load temperature is taken as the calculated value using 
the approximating relation derived for the control temperature. The input power to the 
compressor (Pc) is the product of current and voltage derived from telemetry for the compressor 
leads. The efficiency of the cryocooler relative to a Camot cycle is then given by: 

Tl = ( Q | / T l ) x ( T r e j - T , ) / ( P c ) (2) 

Figure 3 shows the cycle efficiency relative to Camot for the two-year period of operation to 
date. The average value has remained constant at about 6.25 %. Imposed on the changes that 
result from orbital, seasonal and pointing changes is a slight decrease in the value over time. 
This decrease is caused by the slight reduction in the effective load temperature caused by the 
diffusion of neon from the circulator loop. 

SHUTDOWN AND RESTART 

In August 2003, the NCS shut down for a period of about 6 days. The shutdown occurred 
during passage through the South American Anomaly (SAA) an area of elevated radiation. 
During this transit, an anomalous command was registered in the commanded circulator voltage, 
a parameter that is kept constant except by intervention from ground commanding. The event 
was diagnosed as a Single Event Upset (SEU) resulting in a commanded voltage that exceeded 
maximum limits set in the software. The control software shut down the cryocooler and the NCS 
cooling system. Following several days of telemetry review and diagnosis, the system was 
restarted without incident. Figure 4 shows temperatures at the cold end of the system and the 
temperature rise through the cryostat for the time period surrounding the shut down and restart. 
Temperatures in the circulator lines increased to about 200 K during the shutdown interval. 
However, because of the well insulated, large thermal mass in the cryostat, the cooldown was 
rapid. Detector temperatures stabilized within a few days, and NICMOS was returned to normal 
operation 13 days after the event. 

CONCLUSIONS 

The NICMOS cooling system has successfully met performance and operational 
expectations during its first two years on the HST. Temperature controls have maintained the 
detectors within desired stability bands, ad the system has recovered successfiilly from an SEU 
in an elevated radiation environment. Diffusion of neon through the bayonet o-rings is within 
predicted bounds, and a recharge of the circulating loop to restore the original design point 
pressure is not likely to be required for another two years. The system has confirmed the 
viability of turbo-Brayton cryooolers for use in space environments demanding low vibration and 
long life. 

ACKNOWLEDGMENT 

The development of the NICMOS cryocooler was sponsored by NASA, the Air Force and 
MDA. We are gratefiil for their support and for the additional contributions by the Hubble Space 
Telescope Project and their subcontractors. 



NICMOS TURBO-BRAYTON CRYOCOOLER: 2 YEARS IN ORBIT 

7.0% 

& 6.5% 

639 

l ^ ^ p f H j ^ ^ 
5" 6.0% 

0 2000 4000 6000 8000 10D00 12000 14000 18000 18000 

Hours at Temperature 

Figure 3. Cryocooler cycle efficiency during the first two years of operation at temperature. 

7/27/03 B/3/03 8/10/03 8/17/03 

Date (UTC) 

Figure 4. Cold end temperatures during the SEU shutdown and restart. 

REFERENCES 

1. Swift, W. L., "Single Stage Reverse Brayton Cryocooler: Performance of the Engineering Model," 
Cryocoolers 8, Plenum Press, New York, 1995, pp. 499-506. 

2. Nellis, G., et al, "Reverse Brayton Cryocooler for NICMOS," Cryocoolers 10, Plenum Press, New 
York, 1999,pp.431-438. 

3. Dolan, F.X., McCormick, J.A., Nellis, G.F., Sixsmith, H., Swift, W.L., Gibbon, J. A., "Flight Test 
Results for the NICMOS Cryocooler," Advances in Cryogenic Engineering, Vol. 45A. Kluwer 
Academic/Plenum Publishefs, New York (2000), pp. 481-488. 

4. Breedlove, J.J., Zagarola, M.V., Nellis, G.F., Gibbon, J.A., Dolan, F.X. and Swift, W.L., "Life and 
Reliability Characteristics of Turbo-Brayton Coolers," Cryocoolers 11, Kluwer Academic/Plenum 
Publishers, New York (2001), pp. 489-498. 

5. Swift, W.L., McCormick, J.A., Breedlove, J.J., Dolan, F.X. and Sixsmith H., "Initial Operation of 
the NICMOS Cryocooler on the Hubble Space Telescope," Cryocoolers 12, Kluwer 
Academic/Plenum Publishers, New York (2002), pp. 563-570 



Model for Orbit-Induced Temperature Oscillations 
in a Miniature Pulse Tube Cryocooler, 
Part 1: Warm End Components 

Daniel R. Ladner 

Lockheed Martin 
Space Systems Company 
Denver, Colorado, 80201, USA 

ABSTRACT 

An analysis of the thermal oscillations observed during the two-stage Miniature Pulse Tube 
Flight Cryocooler (MPTFC) experiment on STS-I08 (Dec. 2001) is presented. Orbit-induced ther
mal oscillations at the heat rejection surface produce sympathetic oscillations in the cryocooler 
warm components, which in turn propagate to the cold stages during cooler operation. The warm 
component analytical model discussed here was derived by solving a system of coupled differential 
equations that include heat flows from the experiment, the periodic solar incident radiation, and the 
IR heat rejection. In order to model the cold stage thermal behavior it is first necessary to ascertain 
the thermal behavior at both the heat rejection surface (EM?) and the aftercooler, which directly 
drives those oscillations. Unfortunately, there was relatively poor temperature resolution by sen
sors on those two components, but very high resolution on other warm end components. The model 
therefore seeks to determine unambiguously the EMP and aftercooler periodic thermal behavior. 
Results are compared graphically to the on-orbit temperature measurements. 

INTRODUCTION 

Background 

The NIST/Lockheed Martin Miniature Pulse Tube Flight Cryocooler (MPTFC) experiment 
was flown and operated successfijUy as a self-contained payload (G-785) aboard the Space Shuttle 
Endeavour in December 2001. The design and cooling performance of the MPTFC were previously 
reported.' -̂  The occurrence of orbit-induced thermal oscillations on the cryocooler warm components 
and cold stages was described briefly in Ref 2 and depicted there in Figs. 8 and 9. Orbit-induced 
temperature oscillations are typically observed on space hardware as a result of solar/earth albedo 
radiation absorption and nocturnal IR radiation cooling. However, it was noted that a pronounced 
increase (factor of ~3) in the oscillation amplitudes at the Experiment Mounting Plate (EMP) and 
other warm end components occurred almost simultaneously with the activation of the cryocooler 
from the standby mode. The uninsulated EMP is the lid of the flight canister and serves as the single 
heat sink and heat rejection surface for the experiment. The rest of the payload external surface, 
including the bottom end plate, is well insulated against the external thermal environment. The 

Cryocooters 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 6 4 1 
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Figure 1. G-785 Payload as viewed from the ISS. It is the canister located in the shadow on the top 
right side of the truss (Shuttle port side). 

preliminary explanation for the increase in the oscillation amplitudes given in Ref. 2 was that it was 
primarily attributable to the significant increase in experiment power from ~3 W in standby mode 
to ~38 W with the compressor operating. However, the model results presented in this paper do not 
substantiate that explanation, indicating only a slight effect from that source. The validity of this 
negative result is discussed below. 

Thermal Environment 

The G-785 payload was operated during flight days 1 to 5 during the STS-108 mission. The 
exact period of operation corresponds to the mission elapsed time (MET) from 00/19:19 to 04/ 
11:53 (last data). Flight day 1 begins at MET 00/00:00 (day, hr, min). The cooler performance was 
demonstrated from MET 01/03:05 to MET 01/22:43 as the Shuttle was approaching the Interna
tional Space Station (ISS). The position of the G-785 canister in the Shuttle bay is shown in Fig. 1. 
This NASA photo was taken from the ISS after the primary payload had been transferred from the 
bay to the ISS. Note that the EMP faces outward on the port side of the bay and is partially above 
it. This orientation obviously presents a quite complicated radiation view-factor, since the EMP 
looks at both the bay and space and/or earth depending on the Shuttle attitude. 

During the approach to the ISS the Shuttle maintains various attitudes that are described with 
respect to the Orbiter Dynamic Coordinate System, which has the positive X axis pointing in the 
Shuttle nose direction and the positive Z axis pointing perpendicular to and outward from the Shuttle 
belly. A fixed Shuttle attitude with respect to the earth is described as local vertical/velocity vector, 
or _LV VV, where the dynamic coordinate axes are inserted to specify the attitude. LV points 
toward earth center and VV points in the direction of the velocity.^ Therefore, -ZLV-XVV has the 
Shuttle flying with its cargo bay facing earth and tail forward, while -XLV+ZVV has the Shuttle 
flying with tail toward earth and belly forward. Different attitudes present quite different thermal 
radiation heating and cooling factors for experiments situated in the cargo bay. 

MODEL AND DERIVATION 

Model 

Figure 2 shows the G-785 payload during deintegration at NASA/KSC (as flown, but after the 
flight canister was detached). The EMP is the upper plate to which all parts of the experiment are 
fastened. The larger can, which is supported by four 6061 Al tubes comprising a cantilevered 
frame, contains the battery modules and the flight electronics. The electronics are located in a 
partitioned GN2-filled upper compartment within the larger can. This compartment contains the 
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Figure 2. G-785 Experiment at 
NASA/KSC. 
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Figure! Thermal model schematic. 

cryocooler compressor drive electronics as well as signal conditioners and power converters. It is 
thermally well coupled to the EMP via the four thick wall support tubes. The smaller can (experi
ment housing) attached to the underside of the EMP contains the cryocooler, including the com
pressor and cold head components. The compressor and cold head warm end (aftercooler) are 
separately fastened to the EMP by thick-wall 6061 Al support tubes/flanges such that their effective 
thermal resistances, including contact resistances, are about IK/W, as determined in pre-flight tests. 

The model schematic is shown in Fig. 3 and is configured as a four lump thermal system. A 
lumped system is a valid approximation when the temperature gradients within each lump compo
nent are small compared to the gradients across the resistive legs.'' The heat sink / heat rejection 
surface, depicted as capacity C. with surface area A., is the EMP. Radiation into and out of the 
0.576 m diameter EMP is characterized by the solar absorptivity constant a^ = 0.12 and the IR 
emissivity s = 0.76. These are the nominal values for the silverized teflon tape which covers the 
external surface of the uninsulated EMP.' The solar heat flux (~1400 W / m^) is denoted by W, and 
Tp is the effective (weighted average) environment temperature for IR radiation exchange. The 
components with capacities Cj, C^ and C^, temperatures Tj, T^, and T^, and dissipation powers Q2, 
Q, and Q., and legs with resistances Rj, R3 and R^, correspond to the compressor, the cold head 
aftercooler, and the flight electronics, respectively. Since the temperature difference between the 
EMP and the flight electronics is small and oscillations there are suppressed by the capacity C^, the 
resistance R4 is taken to be a thermal short, i.e., Q ^ is assumed to be an embedded non-negligible 
heat source within C.. This assumption reduces the thermal model to a system of three equations 
and simplifies the analytical solution without compromising its ability to describe the thermal be
havior of the components of interest. 

Values for the thermal capacities can be estimated from the known dimensions and materials 
of these components. Calculated resistances of the supports associated with the compressor and 
aftercooler are -0.27 K/W and 0.35 K/W. However, the effective thermal resistances Rj and R^ 
are dominated by contact resistance between the support flanges and the EMP, as observed in pre-
flight measurements. The dissipation powers 0 j . Q 3 and Q ^ can be determined from the labora
tory measurements of standby power (~3 W), total DC power input at the compressor drive elec
tronics, and the AC current, voltage, and phase angle at the driver output. The measured driver 
efficiency is 0.65. The driver pre-flight input power was set to -34 W, so -22 W is dissipated at the 
compressor/cold head. Approximate values of these parameters at the on-orbit initial experiment 
temperature of about 271 K are as follows: 
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C, =9970J/K, C2 = 910J/K, C3 = 380J/K 

Rj =~1K/W, R3 = ~1K/W 

Q , = 1 4 W , Q3 = 8W, Q4=12W + 3W(Q^,^„^,^)=15W,andQ,„,^ , = 37W. 

Derivation 

The three first-order linear differential equations describing the time dependence of the com
ponent temperatures are given by 

dT,/dt = k2i (T2 - Tj) + k3, (T3 - Tj) + K^ (1+ sin (mt + 5)) + K^CTg - T,) + Q^j (1) 

dT2/dt = k22(Tj-T2) + Q22 (2) 

dT3/dt = k33(Tj-T3) + Q33 (3) 
where 

k^i = l / R j C , 

k3. = I/R3C, 

kjj = I/R3C3 

KA = « s f s A , W / C , 
Kg = a e A j ( T , + Tj,)(T,2 + Tg2)/C, 

Q22 = 0 2 / C 2 
Q33 = 0 3 / 0 3 

Q4, = 0 4 / c , 

and 
a^ = solar absorptivity of BMP surface 

a = Stephan Boltzmarm constant 
8 = IR emissivity of BMP surface 

CO = orbital angular frequency 
5 = orbital initial phase angle 

Tg = effective environment temperature 
AI = BMP surface area 
W = solar heat flux 
f„ = effective solar heating factor 

The BMP emitted IR radiation term has been factored to separate the temperature difference 
(T] - Tg ) and treat the coefficient Kg (T,) as a constant to linearize Eq. (1) in T,. For small 
fractional changes in T,, this approximation introduces a small error in the solution. In the imple-
mentation of the model as an BXCBL spreadsheet, Kg is updated at each time increment using the 
previous value of Tj, further reducing the error. The parameter fg, the effective BMP solar heating 
factor, is associated with the duty cycle of incident solar radiation (-1400 W/ m^) and/or earth 
albedo. For a Shuttle attitude of-XLV +ZVV (see below), the albedo radiation is not applicable. 
The factor (1 -H sin (cot + 5)) is a simplification that nonetheless embodies the fiindamental period
icity of the incident radiation and makes the model's analytical solution more tractable. The phase 
angle S can in principle be determined irom the cyclic temperature pattern prior to compressor 
activation. Although a Fourier approximation for half wave rectification^ could be used with a 
numerical solution technique, the actual solar radiation waveform is typically neither purely sinu
soidal nor half wave sinusoidal, but rather it is strongly dependent on the Shuttle's orbital param
eters (beta angle and right ascension) and especially on the Shuttle attitude and the location / expo
sure orientation of the payload within the cargo bay.' 
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The system of equations (1) to (3) is solved analytically using the differential operator method 
directly to eliminate T2 and T3. Equivalently, a determinant method can be used. ^ In operator 
form, with D = d ( ) / dt , these equations become: 

(D + K323) T, = k2, T2 + kj , T3 + (K^4 + Kg Tg) + K^ sin (rat + 6) (4) 

(D + k22)T2 =k22T,+Q22 (5) 

(D + k33)T3 =k33T,+Q33 (6) 
where 

^B23 ^ B " ' " ' ^ 2 1 " ' " ^ 1 

KA4 = K A + Q 4 , 

Operating on Eq. (4) with (D + k^^) (D + ^3), Eq. (5) with (D + k^^) k^,, and Eq. (6) with (D + 
kjj) kjj and eliminating the T^ and T3 terms on the right side of Eq. (4) gives 

{ D ' + ( k22 + k33 + KB23 ) D^ + [k22 k33 + k2ik33 + kj j k22 + Kg (k22 + k33 )] D + 

^22 ksS^B^^I " ^33 k2, Q22 + k22 k3, Q33 + k22 k33 (K^4 + KgTg ) + 

[ D^ + (k22 + kjj ) D + k22 k33 ] K^ sin (mt + 6) (7) 

The complementary function for Eq. (7) is found from the cubic auxiliary equation 

m^+ pm^+qm + r = 0 (8) 

where 

P = k22+k33 + K323 
1 " k22k33 + k2jk33 +k3jk22 + Kg (k22 + k j j ) 

r = k22k33Kg 

Only real roots of Eq. (8) are admitted, and its analytical solution is expedited using the substi
tution X = m - p / 3 . ' In the analysis here there are no repeated roots, so the complementary function 
for Tj is of the form 

^1 c "̂  '̂ i 6xp(mjt) + Cj exp(m2t) + C3 expCmjt) (9) 

where the coefficients Cj, Cj, and C3 are to be determined from the initial conditions of Tj and its 
derivatives. The particular solution for Tj is determined by considering constant and time-depen
dent terms on the right side of Eq. (7) separately. By inspection, 

Ti PI = [k33 kji Q22 + k22k3] Q33 + kjj kjj (K^^ + KgT^)] / k22k33 Kg (10) 

The time-dependent particular solution of Eq. (7) is found by assuming the form 

T, p2 = A sin (rot + 5) + B cos (cot + 5) (11) 

and using the method of undetermined coefficients to solve for A and B. (Alternatively, a complex 
solution of the form C exp (i(cot + 5)) may be used.) Substituting Eq. (II) into Eq. (7), carrying out 
the indicated operations, and equating coefficients of the sin (cot + 5) and cos (rot + 6) terms, leads 
to 
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MA + NB = K^ (kjj k33 - m )̂ (12) 

- NA + MB = K^ (k22 + k33) CO (13) 

where 

M = k22k33Kg-(k22 + k33+K323)a)^ (14) 

N = m^ - [(k22 kjj + kjj k33 + k^j k22 + Kg (k22 + kjj )] a. (15) 

The solutions are 

B = K^ [N (kjj k33 - cô ) + M (k^j + kjj) co] / (M^ + N^) (16) 

andbyEq. (12) 
A = [K^ (k22 k33 - 0)2) - NB] / M (17) 

Then the general solution for Tj is the sum of the complementary and particular solutions, 
3 

Tj(t) = ] ^ Cj exp (m; t ) + Tj p, + A sin (cot + 5) + B cos (ot + S) (18) 

and the constants c., c, ,and c, can be determined by solving the three simultaneous equations (18), 
Tj(t), DT, (t), and D'^Tfi), evaluated at t = 0 using known initial values. 

Solutions for Tj and T3 follow immediately from the direct integration of the linear 
nonhomogeneous equations (2) and (3) using Eq. (18) for Tj. Equations (2) and (3) become 

dT2 + k22 T2 dt = (k22 TJ + Q22) dt (19) 

dTj + kjj T3 dt = (k33 T, + Q33) dt (20) 

with integrating factors exp ( | kjj dt) and exp (J k33 d t ) , respectively. 
The solutions for T2 and T3 are 

T2 (t) = k22 X { <=! / (k22 + n^i) [e'̂ P ("li t ) - exp (-k221)] } + {(Tj pj + Q22 / k22) x 

[1 - exp (- k221)]} + k22 / (k22 + CO ) { C [k22 sin (cot) - co cos (cot)] + 

E [co sin (cot) + k22 cos (cot)] + (Ceo - E k22 ) exp (-k221) } + T2(0) exp (-k221) (21) 

and 

T 3 (t) = k33 J^{c./ (k33 + m;) [exp (mj t ) - exp (-k33 t)] } + {(Tjp,+ Q33 / kjj) x 

[1 - exp (- k33 t)]} + k33 / (k^j^ + cô  ) { C [k33 sin (cot) - co cos (cot)] + 

E [ffl sin (cot) + kjj cos (cot)] + (Ceo - E k33 ) exp (-k33 t ) } + T3(0) exp (-k331) (22) 

where 
C = A cos 6 - B sin S and E = A sin 5 + B cos 5 (23) 

and Tj (0) and T3 (0) are the initial values of T, and T3 . 

RESULTS 

Implementation of the Model 

The foregoing sequence for analytically solving the system of equations (1) to (3) was imple
mented as an EXCEL® spreadsheet. The estimated input parameters as given above (cf Model) 
were used initially, and it was assumed that the EMP nominal values a„ =0.12 and E = 0.76 were 
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correct. Using initial values of C^ and C^ given above, more exact values of C, and C,, and 
therefore Rj and R^, were determined by iteration for consistency with the on-orbit measurements, 
particularly with the compressor data. The solar heating factor f„ was then determined in conjunc
tion with Cj so that the oscillation amplitude at the BMP was also consistent with the data. Finally, 
the effective environment temperature Tp was determined to provide the required energy balance 
between the sum of the solar and experiment input powers into the BMP and the radiated IR output 
power. Single entry parameter inputs to the spreadsheet and charting of the solutions over the time 
interval of interest resulted in rapid convergence of the model. 

Parameter Values 

The final input parameter values and resulting Bq. (9) constants were: 

C, = 9750J/K, C2 = 960J/K, C3 = 420J/K, R2 = 0.80K/W, R3 = 1.05K/W 

Q 2 = 14.3 W, Q 3 = 7.8 W, Q , = 14.9 W (incl. Q ^^,^^ ) and Q ^^^^ = 37.0 W 

fg = 0.40, Tg=189.5K, to = 1.1482E-3/s, 5 = 1.70 rad, a^ =0.12, E = 0.76 

m, = - 5.8730E-5 /s, m^ = - 2.5082E-3 /s, mj = - 1.3020B-3 /s 

c, = -3 .88955 K, c^ =-0 .36107 K, Cj = +0.24377 K 

Model Results 

Figure 4 compares the model results (dashed curves) to the experimental data (open symbols) 
as a function of the experiment elapsed time during compressor operation. Data were obtained 
using 4-wire 100 Q and 1 kQ RTDs at 100 mA excitation with 8 bit voltage digitization. It can be 
seen that the BMP and aftercooler data from the 100 Q RTDs are low resolution (± 0.4 K), although 
with regard to the BMP data, a periodic waveform is quite apparent. (Note that in Fig. 8 of Ref 2 
the data for those components are smoothed moving averages). The compressor data (1 kQ RTD) 
are high resolution (± 0.04 K), and the T^ model solution tracks very closely with that waveform. 
Data from the experiment vacuum housing (1 kQ RTD) are also included for enhanced clarity of 
the thermal oscillation waveforms in the warm end components. The housing provides a parallel 
conduction path for the compressor, and its resistance is used in the estimated value of R-. The 
measured orbit-induced oscillations are seen to be distorted sine waves, partly because of the up
ward temperature drift during equilibration, but also because the incident radiation intensity obeys 
a cosine squared law and because it is present for only ~ 40 % of each orbit. The solutions obtained 
here are nonetheless in reasonably good agreement with the overall system dynamic, including 
oscillation amplitudes, phase shifting of the compressor and aftercooler waveforms with respect to 
the BMP, and long relaxation times associated with system equilibrium. However, the solution 
initial transients slightly overshoot the data such that the model's first oscillation is remarkably 
absent in the data (note plateau at ~ 480 to 530 min.). A transient downward BMP temperature drift 
due to a Shuttle maneuver (see below) has been approximated in Figure 4 to ~ 600 min., but only 
partially corrects the solutions. Finally, it is noted that a true steady state equilibrium condition was 
never observed during the ~ 20 hour cooling performance, but for t > 980 min. the average radiation 
output was about -54 W, nearly balancing the 37 W of experiment power and the average solar 
input power of 18 W. 

Shuttle Attitude Maneuver 

The Shuttle orbital parameters of interest during the time interval of Fig. 4 were p = 16 degrees 
(orbit plane inclination with respect to the ecliptic) and right ascension of the ascending node 
(RAAN) = 304 degrees.'" The RAAN gives the orbit plane rotational direction with respect to the 
direction of the sxm. On Dec. 8 the RAAN was ~ 258 degrees, for which the rotation of the plane 
was ~ 46 degrees. Prior to the time interval shown in Fig. 4, the Shuttle had been flying with 
attitude -ZLV-XVV for several hours. The standby data for the cryocooler warm components 
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Figure 4. Model Results. T, (BMP), T̂  (compressor), and Tj (aftercooler) solutions (dashed lines) 
plotted with on-orbit data (open symbols). The housing profile is shown to illustrate the typical waveform. 

clearly show low amplitude (< 1 K) orbit-induced thermal oscillations over a seven hour period 
preceding Figure 4. However, a Shuttle maneuver to BIAS -XLV+ZVV was executed during MET 
001 /02:14 to 001 /02:19, or 415 to 419 min. experiment elapsed time, only 47 min. before compres
sor activation at 466 min. The bias (pitch) angle was established at 70 degrees, meaning that the 
Shuttle's nose was tipped 20 degrees off the vertical to earth center. 

One effect of this attitude change on the experiment temperatures was to upset the BMP ther
mal equilibrium, decreasing the average BMP temperature ftom -271.5 K to -270.5 K in the 47 min. 
preceding compressor activation. The downward temperature drift of the BMP may provide an 
explanation for the data plateau (noted above), because initial short-term drift was not included in 
Bq. (1). Secondly, the oscillations noted during standby were distorted by the downward drift after 
the maneuver, so it is impossible to determine the initial phase parameter 5 from the standby data. 
That parameter can only be determined directly firom the best fit to the data in Fig. 4, which gives 
6=1 .7 radians. The attitude maneuver also affected parameters f̂  and Tg such that fg increased 
while Tg decreased. In fact, this is the primary explanation, rather than the increase in experiment 
power, for larger oscillation amplitudes that occurred coincidently with experiment compressor 
activation. A secondary effect of the attitude change was to create a delay of - 20 min. in the 
occurrence of incident solar radiation at the BMP. This shift is clearly measurable when the standby 
oscillations (t < 415 min) are extrapolated to t > -550 min. in Fig. 4, while the orbital period 
remains at -91.2 min. 

CONCLUSIONS 

The analytical model results are in very close agreement with the flight data using the simple 
approximation given by Bq. (11) and three adjustable parameters, the solar heating factor, the effec
tive environment temperature, and the experimentally determined orbit phase angle at compressor 
activation. The model successfiilly describes the equilibriimi relaxation time, phase shifts between 
warm end component waveforms, and oscillation amplitudes. An improved approximation for the 
time dependent term in Bq. (1), based on better information regarding shadowing effects in the 
Shuttle cargo bay, might render improved fidelity to the observed waveforms, but a numerical 
solution would likely be required. One advantage to the analytical model as implemented here is to 
observe how small changes in critical parameters, such as fg and T^ (or equivalently a^ and 8 , 
which were not varied for the actual solution), can strongly affect the system thermal equilibriimi. 
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A preliminary conclusion of Ref. 2, viz., that oscillation amplitudes were strongly coupled to 
total input power at the BMP, turned out to be wrong. The actual cause was associated with an 
increase in the solar heating factor f̂  and a decrease in the temperature Tg due to a Shuttle attitude 
maneuver nearly coincident with compressor activation. The model result for the value of fg is 
0.40, which corresponds closely to the observed solar input duty cycle of 0.41. 

It is also noteworthy that the model is quite sensitive to values of the component heat capaci
ties, thermal resistances, and power inputs. The solution values for these parameters were found to 
be in excellent agreement with the experimental or calculated values, giving credibility to the lumped 
capacity model approach. Finally, a primary objective of the model, to ascertain the temperature 
waveform at the aftercooler as required for modeling the thermal behavior at the cold stages, was 
satisfactorily accomplished. 
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ABSTRACT 

An analysis of the thermal oscillations observed during the two-stage Miniature Pulse Tube 
Flight Cryocooler (MPTFC) experiment on STS-108 (Dec. 2001) is presented. The previous analy
sis (Part 1) was required to determine the magnitudes and phases of the aftercooler and heat rejec
tion surface temperature waveforms that drive the cold head responses. The aftercooler tempera
ture in particular was poorly resolved due to low resolution (± 0.40 K) on its flight sensors. In Part 
1 a system of differential equations describing the transient heat flow from parallel sources into the 
heat rejection surface was solved to recover the aftercooler waveform unambiguously. This com
panion paper analyzes the propagation of the warm aftercooler temperature waveform into the first 
and second stages of the MPTFC during cooler operation. This analysis comprises a similar system 
of equations that describe the series heat flow between the two stages and the aftercooler, including 
the stage cooldown from the on-orbit ambient temperature of ~ 271 K. The oscillating cold stage 
temperature waveforms were determined at high resolution (± 0.04 K) and their amplitudes were 
found to be significantly smaller than would be expected from the steady state pre-flight measure
ments at various rejection temperatures. Dynamic results of the model are compared graphically to 
the on-orbit data. 

INTRODUCTION 

Background 

The NIST/Lockheed Martin Miniature Pulse Tube Flight Cryocooler (MPTFC) experiment 
was flown and operated successfully as a self-contained payload (G-785) aboard the Space Shuttle 
Endeavour in December 2001. The design and cooling performance of the MPTFC were previ
ously reported.''^ The occurrence of orbit-induced thermal oscillations on the cryocooler warm 
components and cold stages was described briefly in Reference 2 and depicted there in Figs. 8 
and 9. Orbit-induced temperature oscillations are typically observed on space hardware as a result 
of solar/earth albedo radiation absorption and nocturnal IR radiation cooling. In Part 1 ,̂ it was 
noted that a simplified analysis of the thermal oscillations at the cold stages requires an unambigu
ous determination of the temperature waveform at the aftercooler where the cold head heat is re-
Cryocoolers 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 6 5 1 
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jected. This was satisfactorily accomplished and is consistent with the low resolution data from two 
sensors mounted to that component. The model results for the important warm components are 
given in Fig. 4 of Reference 3. 

MODEL AND DERIVATION 

Model 

A thermal model for ascertaining the parasitic heat loads into the MPTFC cold head and the 
thermal degradation factors of the regenerators was developed and presented in a previous paper."* 
A schematic of the two-stage MPTFC cold head and thermal model schematic are given in Fig. 2 of 
Reference 4. The estimated net parasitic heat loads from conduction and radiation were found to be 
-0.32 W into stage 1 at 198 K and -0.21 W into stage 2 at 112 K for a stable ambient laboratory 
temperature of 294 K. These temperatures were somewhat warmer than the space environment on 
STS-108, but the temperature differences between cold head components are comparable. Two 
primary differences, however, are that on-orbit the warm components do not have a convective 
environment for a heat sink and so warm up rapidly to higher temperatures, and secondly they 
exhibit orbit-induced diurnal thermal oscillations which are absent in the lab. 

Figure 1 shows the aftercooler data and the thermal waveform as deduced from the model in 
Part 1 and described there in Eq. (22) as component Tj. Also shown in the figure is a second 
waveform that is virtually identical but which is represented by a somewhat simpler equation (Eq. 
(3) below) for the purpose of expediting the cold head analysis. 

Figure 2 shows the thermal model schematic used in the derivation below. The thermal model 
is configured as a two lump thermal system with heat rejection to the aftercooler (Tj) having the 
dynamic temperature previously modeled. The stage 1 temperature is designated as T, and the 
stage 2 temperature as Tj, but these should not be confused with the same component nomenclature 
in Part 1 used for the EMP and compressor, respectively. A lumped system is a valid approxima
tion when the temperature gradients within each lump component are small compared to the gradi
ents across the resistive legs.' Several heat flows representing refrigerative cooling and parasitic 
heat loads are shown. These heat flows are all taken as positive values, with flow directions ac
counted for by signs in the equations. The thermal resistances Rj and R^ are effective values, com
bining both conduction and linearized radiation^ into single parameters. The parasitic heat flows 
associated with these resistances and temperature gradients are included as known refrigeration 
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Figure 1. Aftercooler temperature versus time. 
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Figure 2. Thermal model schematic. 

losses in the model. The capacity Cj represents the stage 1 headers and an attached radiation shield. 
The capacity Cj represents the stage 2 cold header and cold finger. Values for the thermal capacities 
can be estimated from the known dimensions and materials of these components. The approximate 
refrigerative powers Qjg and Qjg and loss Q jj^ (for stage 1, Fig. 3) can be determined directly from 
the experimental cooldown data, taking into account the known temperature-dependent parasitics 
that can be determined from laboratory warm-up rate data.'* The heater power Q i, is constant and 
represents a heat load at stage 2. It is equal to zero in the timeframe analyzed in this paper, but it is 
included in the model for analysis of other on-orbit data with heater power applied.^ 

It should be noted that any simplified modeling of the two-stage pulse tube (PT) cold head 
thermal performance is much less trivial than modeling the warm end components as described in 
Part 1 ? Because of the large temperature differences between initial and final steady state values, 
the equation coefficients are not constant, although the parameters of interest (e.g., k,.) typically 
vary by less than 5% because of offsetting temperature factors. However, final stage temperature 
differences are proportional to the effective cold thermal resistances, and oscillation amplitudes are 
inversely related to the stage cold heat capacities. But the more difficult problem is retaining 
equation linearity when modeling the nonlinear refrigeration. Pulse tube cooling efficiency is known 
to be proportional to the dynamic cold-to-hot end temperature ratio for each stage. This is clearly 
shown in Fig. 3 during the cooldown of the MPTFC. Since the stage 1 refrigeration is proportional 
to Tj/ T,, with the aftercooler temperature change being small compared to the stage 1 change, such 

D stage #1 Experimental Refrigeration dQIO/dt 
o Stage #2 Expermental Fiefrigeration dQ20/dt 

^ ^ L i n e a r (Stage #1 Experimental Refrigeration dQ10/dt) 
Linear (Stage #2 Expermental Refrigeration dQ20/dt) 

0.6 0.7 0.8 0.9 

Temperature Ratio (T1/T3 or T2/T1) 

Figure 3. Experimental refrigeration versus temperature ratio. 
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Figure 4. Experimental refrigeration versus time. 

a relation can be used to advantage for the differential equation involving Tj. Note that this plot 
provides a measure of non-parasitic losses, since such losses are not directly included in the model 
(cf. Fig. 2). For the stage 2 equation, however, the similar relation Tj / Tj would be problematical 
because Tj is not constant. 

Fortunately, both stages exhibit nearly exponential cooling rates over much of their tempera
ture change during cooldown, and this time dependence can be used to advantage for the stage 2 
equation. In the cooldown plots shown in Fig. 4 the non-parasitic losses are not so obvious and are 
absorbed into the exponential curvefit coefficients. 

Estimated values of the important model parameters are as follows: 

Cj = 26.6J/K (271K) 

Cj = 9.5 J/K (271 K) 

R, = 168K/W (271 K) 

R2 = 363K/W (271 K) 

'^ = 1.789 W, OiL = 

• ^ 

• ^ 

^ 
^ 

C, =22.6 J/K 

Cj = 6.0 J/K 

R 1 

^ 2 

^215K/W 

•• 564 K/W 

(184 K) 

(97 K) 

(184 K) 

(97 K) 

' 1 0 

' 2 0 

•0.845 W (all temperatures, per Figure 3 curvefit) 
^ 0.608 W , m- = 2.245E-4 / s (all temperatures, per Figure 4 curvefit) 

Qp, =0.32W (184 K) 

Qp2 =0.21 W (97 K) 

The initial R and C inputs are the 271 K estimated values and the model then calculates their 
variation with temperature as the cooldown proceeds. 

Derivation 

The two first-order linear differential equations describing the time dependence of the cold 
stage temperatures are given by 

and 

dT/dt = k „ ( T 3 - T , ) - k , , ( T , - T 2 ) - Q „ 

dT,/dt = k , , (T , -T , ) + Q , , - Q , , 

(1) 

(2) 

where 

k „ = l / R , C j 

Q i i = Q i o i T , - Q i L i where Q,oi = 0 lo /T3C, and Q I L I = Q I L / C , 

Ml ^ i ' i^i ^1 ^i l ^ ^ C j kjj l / R j C j 



MODEL FOR PT TEMPERATURE OSCILLATIONS , PART 2 655 

Q22 " Q202 expCm^ t) + Qp2 [1 - expCnij t)] where QJQJ = Q 20 ^ ^2 

Qh2 = Qh '^2 ' Qh = OW "off, 0.050 W o n " = stage 2 heater power 

Qpjj = Op, /C j , Qpj = the parasitic heat load into stage 1 

Qp22 = 0 p2 / C2 , 0 p2 = the parasitic heat load into stage 2 , and 

Tj = Cj sin (cot+ 8) + C2 cos (cot+ 6) + Cjexp(mjt) + c^exp(m^t) + c, (3) 

is an approximation for Eq. (22) in Part 1 ? The dummy parameters used in Eq. (3) that result in the 
curve shown in Fig. 1 above are found to be 

c, = - 0 . 9 2 K C2 = + 0.90K C3=-4.90K c^ = - 8 . 4 0 K C5 = + 283.8K 

mj = - 9.00 E-5/s m^ = -4 .50 E-3/s 6 = +2.14rad. co = 1.1482 E-3/s 

The system of equations (1) to (3) is solved analytically using the differential operator method 
directly to eliminate T2. In operator form, with D = d ( ) / dt, these equations become: 

(D + k ; , + k , j ) T , = k „ T 3 + k 2 , T 2 - Q „ (4) 

(D + k22)T2 = k 2 2 T , + Q , 2 - Q 2 2 (5) 

Operating on Eq. (4) with (D + k22) and Eq. (5) with k2p and eliminating T2 from the right side of 

Eq. (4) gives an equation for Tj in terms of T^ : 

[ D 2 + ( k „ +k2,+k22)D + k „ k , , ] T , = k „ ( D + k22)T3 + k2,(Q,2-Qp22) 

+ k^, ( Qp22 - Q202) exp(m51) - (D + k22) (Q,o, T, - Q,^,) ( 6) 

Substituting for T, from Eq. (3) and collecting the Tj terms gives 

[D2 + ( k „ + k „ + k22 + Q,o,)D + k22 ( k „ + Q,o,)]T, = 

[ kji ( Qj,2 - Qp22) + k22 ( QiLi + k „ C5) ] + k, jCj (k j j + mj) exp(m31) + 

^u^A^ h.2 + "^4) exp(m41) + k2, ( Qp22 - Q202) exp(m51) + 

k.. ( c.co + Cjkjj ) cos (cot + 5) + kj j ( Cjk22 - C2cn) sin (cot + 5) (7) 

The complementary function for Eq. (7) is found from the auxiliary equation 

m2+ pm + q = 0 (8) 

where P = kj , +k2j+k22 + Q]o, and q = k22 ( k , , + Q j o j ) 

Only real roots of Eq. (8) are admitted. In this analysis it is assumed that there are no repeated 
roots, so the complementary function for Tj is of the form 

Tj (̂  = k, exp(m,t) + k^ exp(m2t) (9) 

where m^ and m2 are given by the quadratic solutions to Eq. (8), and the coefficients kj and k2 are 
to be determined from the initial values of T, and its first derivative. The particular solutions for T. 
are determined by considering constant and time-dependent terms on the right side of Eq. (7) sepa
rately. 
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By inspection, 

T, p, = [ k^i (Q,2 - Qp22) + k,2 (QlLl + k,, =̂5 )] / [ ̂ 22 ( k „ + Q,^, )] (10) 

Tlie time-dependent exponential particular solutions of Eq. (7) are found by assuming 

Tj p2 = kj expCmjt) Tj pj = k^ exp(m^t) T, p^ = kj expCm^t) (11) 

By substitution into Eq. (7) the coefficients are found to be 

k3 = kj jCj (kjj + m^) / [m^^ + p m^ + q ] (12) 

k^= kj,C4(k22 + m4) / [m^2+pm^+q] (13) 

kj = k2i (Qp22 - Q202 ) I [mj^ + P mj + q] (14) 

The time-dependent sinusoidal particular solution of Eq. (7) is found from 

TJ p^ = A sin (fflt + d) + B cos (mt + d) (15) 

by using the method of undetermined coefficients to solve for A and B. Substituting Eq. (15) into 
Eq. (7), carrying out the indicated operations, and equating coefficients of the 
sin (cot + 6) and cos (rot + 5) terms, leads to 

MA + NB = k,j(CjCo + C2k22) = k^ (16) 
- N A + MB = k , j (c , k22-C2ro) = kg (17) 

M = q - 0)2 (18) 

N = p ffl. (19) 

where 

The solutions are 
A = [ M k g + N k , ] / ( M 2 + N2) (20) 

and 
B = [ M k ^ - N k J / ( M 2 + N2) (21) 

Then the general solution for T. is the sum of the complementary and particular solutions, 

5 

Tj(t) = X k i exp(mjt) + T, p, + A sin (cot+ 6) + B cos (rot+ 6) (22) 
1 

and the constants kj and k2 can be determined by solving the two simultaneous Eqs. (22), with Tj 
(t) and DT, (t) evaluated at t = 0 using known initial values. 

The solution for Tj follows immediately from the direct integration of the linear 
nonhomogeneous Eq. (2) using Eq. (22) for Tj. Equation (2) becomes 

dT2 + k22 T2 dt = k22 Tj dt + (Q^2 - Qp22 ) * + (Qp22 " ^202 ) ^xpCmj t) dt (23) 

for which the integrating factor is exp (J kjj dt) = exp (k j j t). The solution for 1^ is 
4 

^2© = ^22 Z {k; / (k22+ "1]) [exp {m. t) - exp (-k221)]} + [(Qp22 - Q202) / (k22 + m^)] X 

[exp (mj t ) - exp (-k221)] + [ T, p, + (Q̂ ^̂  - Qp22)'' k22] [̂  " ^^P (" k221)] + 

k22 / (k22^ + co'̂ ) { C [k22 sin (rot) - ro cos (cot)] + E [ro sin (rot) + k22 cos (rot)] + 

(Cro - Ek22 ) exp (-k22 t ) } + T2(0) exp (-k221) (24) 
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where T2 (0) is the initial value of T2 , and 

C = Acos (6 ) -Bs in (6 ) and E = A sin (5) + B cos (8) (25) 

RESULTS 

Implementation of the Model 

The foregoing sequence for analytically solving the system of equations (1) to (3) was imple
mented as an EXCEL '^ spreadsheet. The estimated values for the C, R and Q input parameters as 
given above (cf Model) were used initially; the T^ parameters were always fixed. More exact 
parameter values were then determined by iteration for consistency vidth the on-orbit temperature 
measurements. Single entry parameter inputs to the spreadsheet and charting of the solutions over 
the time interval of interest resulted in rapid convergence of the model. 

Parameter Values 

The final input parameter values were: 

Cj= 18.6 J/K (271 K) -> Cj=15.8J/K (184 K) 

C2=5 .9J /K (271 K) ^ €2 = 3.6 J/K (97 K) 

R j= 162K/W (271K) ^ R, =209K/W (184 K) 

R2= 344KAV (271K) ^ R2 = 540KAV (97 K) 

Q JO = 1.762 W, Q jL = -0.827 W (all temperatures) 

0 20 = 0.410 W , m^ = 4.000E-4 / s (all temperatures) 

Qpj =0.32W (184 K) 

Qp2 =0.16W (97 K) 

It is seen that the only parameters that required any significant variation from the nominal 
estimates for a best fit to the data were C2 (6.0 vs. 9.5 J/K) and the Q JQ parameters (the stage 2 
refrigeration). The -30% decrease from the calculated capacity Cj would seem to be larger than 
expected from experimental error. The stage 2 refrigeration parameters that were estimated using 
the Fig. 4 exponential curvefit were also incorrect; the model wanted a lower initial refrigeration 
and a longer time constant. These parameters are interrelated, since the magnitude of the net relrig-
eration power for stage 2 is Cjt^ - Q p^- However, the final input parameters are in reasonably 
good agreement with the initial estimates. An automatic optimization of all values (e.g., using 
"Solver") might reduce the differences between estimated and final parameter values. 

Model Results 

Figures 5 to 7 compare the model results to the experimental data (open symbols) as a fiinc-
tion of the experiment elapsed time during compressor operation. In Fig. 5 the model predictions 
are seen to overlie the data almost perfectly to within the resolution of the figure scale. Figure 6 is 
the comparison of the model to the high resolution (± 0.04 K) stage 1 data. Likewise Fig. 7 com
pares the model to the stage 2 data. For both stages it is seen that the qualitative features and 
amplitudes of the steady state oscillations in the data are closely duplicated by the model, although 
a slight phase difference is also evident. 

CONCLUSIONS 

The analytical model developed here provides reasonably good results in comparison to the 
MPTFC cold stage on-orbit temperature measurements. The cooldown curves are in very close 
agreement with the flight data with most of the adjustable parameters held very close to the original 
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Figure 5. Model compared to flight data for both stages. 
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best estimates. The model successfully describes the cold stage relaxation times and the subsequent 
upward temperature drift that follows the aftercooler and EMP heat-sink temperatures. It also 
predicts oscillation amplitudes for each stage that are close to the measured values, and which are 
approximately 50% lower than would be predicted by steady state laboratory measurements for the 
same dc variation of the heat rejection temperature (aftercooler).'-^ The predicted phase angles 
between the warm end aftercooler and the cold stage data waveforms are slightly greater than 
observed. This may reflect the temperature variation of the lump components, which causes the 
equation coefficients not to be constant, an assumption of the model. With some minor improve
ments the model could be used to accurately predict cryocooler coldhead behavior in any cyclical 
thermal environment, e.g., diurnal loading oscillations in space-based or lunar / planetary-based 
cryocoolers. 
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ABSTRACT 

A 90 K freezer, currently named CRYOS YSTEM, will support biological and medical experi
ments on board the International Space Station. The samples produced are intermediately stored 
under cryogenic conditions and downloaded to ground for further examination. Typical samples 
are animal tissue, organs, and plants, as well as organic fluids and protein crystals. 

A Development Model (DM) of the freezer has been manufactured and tested by AIR LIQUIDE. 
The system is composed of a vacuum insulated shell equipped with a revolving magazine capable 
of freezing and storing up to 880 2-ml vials. The cryogenic cooling is produced by an engineering 
model Stirling cryocooler specially adapted for the needs of CRYOSYSTEM from a THALES 
Cryogenics BV tactical cryocooler. 

This paper presents test results regarding the quick freezing of liquid samples, the snap freez
ing of solid samples, and the capability of the freezer to withstand power-off periods and to recover 
within the allocated time. Some preliminary correlations with ESATAN predictions are discussed. 

INTRODUCTION 

AL/DTA was selected by EADS in February 2002 for the delivery of the Cryogenic Sub-
System of the CRYOSYSTEM. CRYOSYSTEM will support biological experiments on board 
the ISS. The samples produced are intermediately stored under cryogenic conditions and down
loaded to ground for further examination. T5^ical samples are tissues of animals, organs, and plants, 
as well as organic fluids and protein crystals. The freezing and storage functions are performed by 
the so-called Cryogenic Vial Freezer (CVF), a 14 Panel Unit (PU) transportable drawer. On-orbit, 
up to three CVF may be accommodated inside the dedicated rack, called CRYORACK. The Cryo
genic Sub-System consists of the vial freezer, specimen storage containers (2 ml or 5 ml vials) for 
quick and snap freezing of biological samples, and Orbital Support Equipment (OSE) including all 
cryogenic tools and supplies needed for the on-orbit operations of the CRYOSYSTEM. An illustra
tion of the PDR design of the Vial Freezer is shovwi in the Fig. 1. 

Cryocooler^ 13, edited by R. G. Ross, Jr. 
Springer Science+Business Media, Inc., New York, 2004 6 6 1 



662 SPACE CRYOCOOLER APPLICATIONS 
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Figure 1. PDR design of the Cryogenic Vial Freezer (AL/DTA). 
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Figure 2. Cutaway view of the CRYOSYSTEM Dewar under design. 

As shown in Fig. 2, the cold parts of the CVF consist of an inner shell and a storage magazine; 
these are suspended inside the outer shell with appropriate supports. This cold assembly weighs 
about 42 kg. The relative displacement between the inner shell and the cold finger cold tip is 
predicted to be 0.42 mm for combined launch and thermo-elastic loads (CRYOSYSTEM being 
launched cold). This will be accommodated by a dedicated Liquid Thermal Link Assembly with a 
mechanical stiffness of about 18 N/mm and a thermal resistance in the range of 0.5 K/W.' 

VIAL FREEZER DM DESIGN 

The CRYOSYSTEM project constitutes a brand new development with very challenging func
tional and performance requirements. It is therefore mandatory to verify in the project Phase B that 
the design meets the most critical requirements. The objectives of the DM CVF is to validate the 
functional performance of the system from the thermal and operational point-of-view. It therefore 
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Figure 3. CRYOSYSTEM Dewar DM design. 

consists of a representative magazine (capacity of 880 of 2 ml vial samples) with a representative 
door aperture that is put into a system providing thermal boundary conditions identical to that of the 
flight system. In this respect, heat entries through the Multi Layer Insulation (MLI) and the supports 
shall be equivalent to that of the flight design even if the DM supports are not structurally represen
tative. This configuration corresponds to the ESATAN thermal simulations. The magazine is sup
ported by two thermally representative epoxy supports. The DM CVF is cooled by a representative 
Stirling cooler^ equipped with a copper-braid thermal link to the inner shell with characterized 
conductance. The outer shell is not flight representative and is demountable. The vacuum insula
tion will be dynamically pumped. All the upper interfaces are representative: upper faying surface 
and interface with the Cryogenic Orbital support equipment and Sample Containers (COSC pro
vided by DAMEC Research). All the cold parts, with the exception of the inner shell vacuum seals, 
are representative of the flight design: revolving magazine, rotation system, and bearings. The DM 
design is shown in the Fig. 3. 

Two photographs of the DM dewar, with and without insulation foam, are shown in the Fig. 4. 
The thermal insulation foam is used to prevent condensation during power OFF (the CVF being 
connected to the water loop of the ISS in order to remove heat from the cooler and the drive elec
tronics). 

For instrumentation, a series of PTIOO thermal sensors are bonded onto the inner shell, the 
cold fmger interface, and the outer shell. In particular, the rotating cold magazine contains twelve 
thermal sensors located in three different sections of the magazine (upper, mid, and lower) as shown 
in the Fig. 5. Four thermal sensors are located 90° apart at each section. 

The vials used for Quick Freezing experiments are equipped with a PTIOO thermal sensor 
plunged into saline solution, while the vials used for the Snap Freezing experiments contain a 
copper cylinder on which a PTIOO thermal sensor is bonded. Thus, direct measurement of the 
sample temperature is made during the test campaign. 
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Figure 4. CRYOSYSTEM Dewar DM hardware (with and without thermal insulation foam). 
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Figure 6. Quick Freezing simulation (ESATAN thermal model). 
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Figure 7. Temperature measurements during Quick Freezing (DM tests). 

DM TESTS RESULTS AND ANALYSIS 

Regulated Mode 

Thermal mapping of the magazine was performed in the Regulated Mode using a set-point 
temperature of 84.9 K ±0.2K applied at the cold finger connection to the inner shell. A maximal 
thermal gradient of 0.3 K was observed in the magazine, and a mean temperature difference was 
noticed between the inner shell and the magazine. 

Quick Freezing Tests 

Quick freezing consists of a rapid cooldown of the vials from ambient to 113 K in less than ten 
minutes. Once frozen, the vials must always remain colder than 93 K inside the cold storage maga
zine. The worst case operational scenario consists of inserting three batches of ten warm vials 
(ambient temperature) with a cadence of one vial per minute. A 15-minute pause is made between 
batches. The specification states that the vial freezer shall sustain this scenario and recover (in 
order to allow for performance of another identical scenario) in a 24-hour period. The ESATAN 
model prediction of this scenario is shown in the Fig. 6, where the temperature of the three vial 
batches and the temperature of the magazine are presented. In Fig. 7 we report the temperature 
measurements during the performance of the test. Notice that only three vials are instrumented per 
batch often vials due to operational constraints linked to the cold rotary magazine. 
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Figure 8. Magazine warm up during insertion of vials (ESATAN thermal model). 
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Figure 9. Magazine warm up records during insertion of vials (DM tests). 

1,4 

In Figs. 8 and 9 we report the warm up of the magazine during the insertion of the vials (ESATAN 
predictions and DM test performance, respectively). The magazine temperature rise predicted dur
ing insertion of the vials was greater than the measurements mainly due to the higher cooling 
capacity provided by the Stirling Engineering Model (the cooler used during the DM tests) in com
parison to the cooling capacity implemented in the ESATAN thermal modelling. Also, the large 
temperature increase shown in the ESATAN thermal model for the last batch is related to a very 
stringent scenario where the vials insertion is concentrated in the same area. 

After performance of the Quick Freezing scenario, the recovery capability of the freezer was 
investigated. The performance test results shown in Fig. 10 are compared to the simulations pre
sented in Fig. 11. Again, due to the cooling capacity of the Stirling cooler used, the recovery is 
achieved a bit more quickly than in the predictions. The recovery is achieved in about twenty hours, 
which is fully compliant with the specification. 

Snap Freezing Tests 

Snap freezing is an ultra-rapid freezing so that the cells are instantaneously frozen so that 
water does not destroy the subcellular structure. It is performed by thrusting a biological sample 
against a precooled piece of copper with the help of a piston rod as shown in Fig. 12. The main 
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Figure 10. Temperature recovery after Quick Freezing operations (DM tests). 
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Figure 12. Snap freezing vial type and snap freezing process used for DM tests. 



668 SPACE CRYOCOOLER APPLICATIONS 

Cytoplasm •vith 

^^MkP 
Cviiiii':d3im Willi 

I K . nli'''llli{l!!!!K-.X-..-M^ •Jff!."!' 

Ip.f- i im 

Figure 13. Electronic transmission microscope observations of snap frozen samples; left picture: cut 
depth 45 ^m, right picture: cut depth 80 |xm. 

requirement on the snap fi-eezing process is that the ice crystals shall be smaller than 10 nm to a 
depth of 15 nm. During the test campaign, ten samples of lettuce roots were snap frozen with the 
DM freezer apparatus. Compliance of the snap freezing with the requirements was confirmed by 
analysis using an electronic transmission microscope to view ultra fine cuts of the snap samples 
(cryo-substitution process). In Fig. 13, we show two examples of the observations made during the 
snap freezing analysis. The picture on the left is representative of a cut performed at a depth of 
45 |im (three times more than specified). The observation shows that there is no ice crystal forma
tion at this depth. As shown in the right hand picture, one must perform observations at a depth of 
80 |im in order to see the formation of ice crystals. With respect to the specification, the snap 
freezing process used with our DM freezer was declared successful. 

Power OFF Tests 

The definition of "power OFF" is an operational phase without any resources (power, water) 
from the International Space Station or the transportation module (MPLM). The maximal duration 
of the power-OFF state is 8 hours, during which the vials stored in the freezer shall remain colder 
than 93 K. Furthermore, the freezer shall be capable of recovering from a power OFF in less than 
2n hours (if the power OFF lasts n hours). The power-OFF scenario and the recovery phases were 
simulated with the ESATAN thermal model and experimentally investigated on the freezer DM. 
The worst-case condition used for sizing of the freezer (and for demonstration of compliance to the 
specification) involved performing the power OFF with an empty magazine (reduced thermal mass 
for faster warm up) and performing the recovery with a full magazine (highest thermal mass for 
slow cool down). 

Figures 14 and 15 show, respectively, the magazine temperatures predicted during the power 
OFF and the experimental results. The warm-up of the magazine is slightly quicker than predicted 
due to higher heat loads than expected. 

The temperature recovery after 8 hours power OFF and with a magazine filled with 500 of the 
5 ml vials (full capability) is shown in Fig. 16. After 16 hours of cooling down, the magazine is 
fully recovered so that it is capable of sustaining another power OFF or performing any other 
operational scenario (e.g. quick or nap freezing). 

CONCLUSIONS 

The Development Model of the CRYOSYSTEM freezer allowed for successful demonstra
tion of the operational constraints. The test results are in good agreement with the ESATAN model 
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predictions. The DM test results are currently being used to refine the thermal model, particularly 
the heat losses thermal budget. For better optimization, other vial arrangements have also been 
tested. 

Start of phase C/D for the CRYSOS YTEM is expected in October 2004. A Qualification Model 
(QM) of the freezer will be tested (thermal and mechanical) around end of 2005. 
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ABSTRACT 

This paper describes the performance measurements of a pulse tube refrigerator (PTR), origi
nally developed for cooling cryo-surgical probes (CryoPens) to about 180 K for dermatological 
applications. The linear compressor, which has a maximum swept volume of 3.9 cc, was instru
mented to measure the piston position with a laser position sensor shining through a sapphire win
dow on one end of the compressor. These results along with pressures measured at the reservoir, 
pulse tube, and compressor allowed us to determine the flow and PV power at various, locations, 
which were then compared with the predictions from our models. Comparisons were also made 
between the calculated and measured thermal load curve. The cooling rate for insertion of warm 
CryoPens was measured and the resulting thermal load on the PTR was determined, which agreed 
well with calculations. 

INTRODUCTION 

Background and Application 

One of the more interesting recent applications for cryogenics is the use of low temperatures to 
surgically remove or destroy human skin surface lesions, warts, and in some instances tumors. The 
only requirement for such cryo-ablation is the development of low temperatures, at or below -50 C, 
in the surrounding tissue of interest for a rather short time, 3 minutes or less. For some time now it 
has been common practice to dab liquid nitrogen on these skin irregularities. However, for deep 
tissue procedures liquid nitrogen spray, sublimated carbon dioxide, or even Joule Thompson type 
cooler probes (which often operate at fairly high pressures) have been employed. A simple easy to 
use approach using low cost reusable foam-insulated probes called CryoPens^"^ which are cooled 
to below -50 C (223 K) has been developed by CIMEX BioTech to perform this procedure. 

Surface lesions are removed by single or multiple short term contact with a cryogenic probe. 
The number of procedures and time of duration for cryo-ablation is determined from the amount, 
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size and depth of tissue needing to be removed. Usually there is little scarring and recovery times 
are reduced compared with conventional scalpel excision techniques. Furthermore, pain and dis
comfort are minimal and there is no blood loss associated with this procedure. 

The CryoPen system consists of the CryoPens and the pen manifold support and cooling as
sembly. The entire assembly is cooled by an appropriate cryocooler (pulse tube in this case) to 
about -90C (183 K). The tips of the pens are cooled through contact with a fluid heat transfer 
medium in a reservoir/manifold, which in turn is cooled by the pulse tube cooler. The pens make 
minimal direct contact with the cooler to allow for easy removal and replacement. Once cold, a pen 
of specific tip size is chosen (based upon the size of the lesion to be frozen) and removed from the 
cold reservoir. Then an appropriate sterile shield is placed over the tip of the pen, thus readying the 
pen for a procedure. The sterile shield consists of a foam plastic cylinder which holds a pre-formed 
51 |xm thick aluminum foil shield, which slips over the pen tip and makes direct contact with the 
patient's lesion. 

Each cryo-surgical probe consists of a central core of nickel plated copper that is surrounded 
by foam, which is injected in the annular space between the core and an injected/extruded plastic 
holder. The outer surface of the plastic holder remains at room temperature, thus the probe may be 
handled without any special handling equipment. The entire probe assembly is about 18 cm in 
length and 4 cm in diameter. Each pen (without insulation) has a mass of about 272 grams, slightly 
higher or lower depending upon tip size. Figures 1 and 2 show cool down times for the cooler with 
and without pen assembly and a representative operating duty cycle for the pens respectively. The 
cool down time for the cooler is quite rapid at less than 15 minutes from 295 K to 193 K. With the 
added mass and surface area the cool down for the pens is considerably longer at about 135 minutes 
from 295 K to 193 K (typical starting temperature to begin initiating an operating procedure). 
Figure 3 shows a CryoPen, assembly, and cooler during test evaluation. 

Pulse Tube Cooler 

To provide cooling for the CryoPen assembly a suitable cooler is needed. For this program a 
pulse tube cooler was chosen. It is a u-tube configuration with an inertance tube phase shifter. The 
cold end is upright to allow easy access for removal and replacement of the CryoPens. This design 
is simple and low cost to fabricate as standard off the shelf materials are incorporated where pos
sible. For instance polystyrene insulation is employed around the cold head rather than vacuum 
dewar insulation. This insulation is machined to fit closely around the cold head and is also used 
for the CryoPen and reservoir assembly. Additionally, standard off the shelf computer CPU heat 
sinks with fan assemblies are employed to remove heat from the aftercooler and pulse tube warm 
end heat exchangers. Figure 4 shows a cross-section view of the pulse tube cooler highlighting 
some of these elements. 

5-250 

Aflercoder ColdHead w/CrvoPens 
- Aflercooler (est 42 W PV) ColdHsad only 
-At lercoolertesteOWPV) ColdHeadQnl^ 

Cow Head (est 42 W PV) 
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Figure 1. Cool down times using 
DRS compressor. 
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Figure 2. Representative duty cycle for 
Pens w/DRS comp. 
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Cross-section of pulse tube 

The pulse tube refrigerator is designed using the analytical model for an orifice pulse tube 
refrigerator as outlined by Storch, et al.' and the NIST numerical model for regenerators, REGEN3.2 
(updated from REGEN3.1).^ The inertance tube portion is designed using the electrical transmis
sion line model developed by Radebaugh, et al.̂  Making reasonable assumptions for insulation 
and conduction losses for the CryoPen assembly (with pens) a goal of 10 W of net refrigeration at 
170 K was set. To meet this goal the cooler was designed to operate at 60 Hz with a 2.5 MPa 
average system pressure, a pressure ratio (P ĵ„/P î„) of 1.30 at the cold end, and heat rejected from 
the warm end at 300 K. 

Cooler Performance 

The pulse tube cooler has been operated with two similar linear opposed piston type compres
sors. They are off-the-shelf tactical compressors that are normally used with Stirling cold heads 
operating at about 50 Hz. Early performance was evaluated with a DRS compressor that has a 
nominal swept volume of about 3.9 cc but is not instrumented. Later performance was evaluated 
with an AIM compressor that has a maximum swept volume of about 3.8 cc and is instnmiented to 
measure the piston position with a laser position sensor shining through a sapphire window on one 
end of the compressor. The performance with both compressors is shown in Figs. 5 and 6. The 
cooler driven with the DRS compressor was operated at higher powers from the outset (deUvering 
pressure ratios above ~1.23 at the pulse tube) in order to rapidly optimize the inertance tube lengths 
for best performance. However, the cooler driven with the AIM compressor was operated at lower 
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powers, delivering pressure ratios of 1.18 to 1.25 at the pulse tube, to more thoroughly characterize 
the system performance. The cooler performance for a given pressure ratio, as shown in Fig. 5, 
compares quite well between the two compressors, as expected. 

Figure 6 shows the swept volume corresponding to pressure ratios for both compressors. At a 
given pressure ratio the swept volume for the first compressor differs somewhat from the second 
and requires an adjustment/correction. This difference is understandable since estimates of the 
swept volume for the first compressor are made based upon the piston position (or stroke) being 
proportional to the supplied voltage, making appropriate assumptions of adiabatic, sinusoidal com
pression and symmetry in piston oscillation (no inherent DC drift); Thus, at maximum stroke, the 
swept volume is calculated for the corresponding input voltage. This proportionality remains rela
tively constant for a given input voltage, so volume estimates at varying voltages can be made. 
This is only a relatively good estimate without position sensors to determine the actual stroke 
however as readily observed from Fig. 4. Without the piston position measurement, PV power can 
only be estimated based upon a sinusoidal, adiabatic compression. So the values from the measure
ments of the second compressor are used to anchor previous estimates for the PV power and swept 
volume with the first compressor. This is a valid approach, because a given swept volume results 
in a given pressure ratio delivered from the compressor to the pulse tube resulting in a given refrig
eration power (see Fig. 5). 

Swept volumes for the second compressor at any instant in time are calculated from the laser 
sensor that operates at 50 kHz. Both pistons are assumed to be in the same relative position at any 
instant in time with respect to the compression space. The second compressor has a maximum 
possible swept volume of about 3.8 cc. But due to a bias of the piston centering, which leads to 
hitting the inner stops, a maximum swept volume of only about 2.8 cc was attainable. This proved 
to be sufficient to obtain the desired measurements of phase shifts and for calculating the PV power 
at the compressor and power flows within the system to compare with the design models. 

MODEL AND MEASUREMENTS 

Phaser Model 

A very instructive and valuable technique to estimate and evaluate a cryocooler is to construct 
a mass flow phasor diagram. This can be done for each individual segment or component within 
the cooler such as for the regenerator, the pulse tube, the inertance tube, etc. An even more valu
able technique is to combine all of these elements into a single diagram that uses the cold end of the 
pulse tube as reference. From this diagram the magnitudes and phase angles, leading or lagging, 
can be visualized along with their importance and influence on the overall performance. Figure 7 
shows the design phasor diagram for the pulse tube cooler. From this we see that mass flows in the 
regenerator, aftercooler, and compressor lead the pulse tube pressure at the cold end, while mass 
flows at the inertance tube entrance and reservoir lag the pulse tube pressure at the cold end. The 
shape or relative skewing between different elements can show what type of process occurs such as 
whether compression at the compressor is isothermal, or pseudo-adiabatic. 

Cryocoolers often perform some\^hat differently than expected so it is quite useful to evaluate 
some key performance parameters. Some that are very helpful are phase shifts and mass flows in 
the reservoir, inertance tube, regenerator, and aftercooler. However, making flow measurements in 
the regenerator and inertance tube are more difficult to make directly and introduce additional 
volume to the system that can affect system performance, sometimes reducing or even detracting 
their value for a given system. In practice a good design with well understood system geometries 
can still lead to uncertainties about some elements within the system and their effects on perfor
mance. But at a development or prototype stage a little thought and consideration given to includ
ing a few simple and easy to install pressure and temperature sensors can provide for an easy 
method whereby flows and phase shifts can be evaluated. These flows and phase shifts can be 
plotted and compared with the design phasor diagram, thus providing particular insight to the per
formance of the compressor, transfer line, and inertance tube while providing additional informa
tion about unforeseen and often detrimental volumes within the system. 
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Figure 7. Design Phaser diagram for PT cooler. 

Flow and Phase Shift Measurements 

To evaluate the system we desire flow and phase shifts for the compressor, aftercooler, warm 
end of the pulse tube, and the reservoir. These can easily be found by installing sensors as follows. 
Pressure sensors (usually piezoresistive type) should be located at or near the transfer line leading 
from the compressor to the coldhead/aftercooler, the warm end of the pulse tube, and the reservoir. 
Temperature sensors should be placed on the compressor, transfer line, aftercooler, cold end of the 
pulse tube, and the reservoir (these can range from thermocouples for room temperatures to plati
num resistance temperature detectors or diode thermometers at the cold temperatures depending 
upon the accuracy desired). For the ambient temperatures type E thermocouples were employed at 
the compressor, reservoir, aftercooler, and transfer line. Diode thermometers were employed at the 
coldhead and type T thermocouples were employed within the CryoPens. 

The measurements we need are as follows. First we measure the phase between the pressure at 
the compressor and the warm end of the pulse tube. The value is rather low (at 2° to 4° for this 
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system) which can be measured using a lock-in amplifier or an oscilloscope. Second the phase 
between pressure and the mass flow at the piston of the compressor must be measured. Because 
mass flow m is in phase with the volume flow V, the phase between flow and pressure can simply 
be measured as the phase between the volume flow and the pressure at the compressor. The pres
sure is measured from the piezoresistive pressure transducer, while V is measured from the laser 
position sensor. With a measured V, combined with the temperature of the compressor along with 
the average pressure at the compressor a value for the mass flow at the piston face of the compres
sor (with or without coldhead) is calculated from; 

: 27lf\V \p = 'V camp \r 
W\v, comp mean 

ZRT (1) 

where/is the frequency of operation, | F̂ ^̂ l̂ is the amplitude of the volume variation, P^^.^^ is the 
average pressure at the compressor, Z is the compressibility factor for helium (=1), iJ is the gas 
constant, and T^ is the temperature of the compressor. 

We now need to determine the mass flow emd phase angle for the reservoir with respect to 
pressure at the warm end of the pulse tube. Using either a lock-in amplifier (or suitable oscillo
scope) to measure the pressure amplitude along with a known reservoir volume, operating fre
quency, and temperature of the reservoir the mass flow at the reservoir is found from; 

\m,„,\ = • (2) 

where/is the frequency of operation, \P\ is the amplitude of the pressure in the reservoir, V^^^ is the 
reservoir volume, y is the ratio of specific heats, R is the gas constant, and T^^^ is the temperature of 
the reservoir. To plot on the system phasor diagram |m ĵ.J must be multiplied by the temperature 
ratio Tf^/T^ (see Ref 2). The phase shift between the pressure at the pulse tube warm end and the 
reservoir is again found by employing a lock-in amplifier or suitable oscilloscope to measure the 
phase angle. Next, we measure the dead volume for the compressor: 1) with a cold head attached, 
^deadCH ^^'^ 2) without the cold head attached (referred to as blanked), V^^^^g,^^. These values are 
determined from the zero or null position about which the piston oscillates. Figures 8, 9, and 10 
show the mass flow, dead volume, and derived phase angles. 

Lastly, we calculate the average PV power delivered by the compressor to the coldhead. This 
is easy to accomplish since we measure the pressure at the compressor and the volume flow, V 
from the laser position sensor. From this we find the time averaged PV power to be; 

{PV) = Y\ PVdt = 1/2 |P| |F|cos^ (3) 

where r is the period of one cycle, P is the dynamic pressure, V is the volume flow, and 9 is the 

Compressor w/Coldhead 

Compressor Blanked off. 
w/o Coldliead 
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Pamplitude.(Pr-')'(Pr+^) 

Figure 8. Mass flow at piston face of compressor. 
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Figure 9. Dead volumes for compressor. 
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Figure 11. PV power from compressor. 

phase angle between V and the pressure. From this we find the PV power required for a given 
pressure ratio as shown in Fig. 11. 

Construct Phaser Model 

Now we construct the phasor diagram using the convention that all phase angles are relative to 
pressure at the warm end of the pulse tube which aligns with the real axis. Because we want to 
measure only the major elements (ones that are easy to measure) we must lump some of the ele
ments together for a more macroscopic comparison with the design phasor model. Thus, the phasors 
representing the rate of mass change in the regenerator, pulse tube, and inertance tube are lumped 
together while the phasors representing the rate of mass change in the volume due to the transfer 
line and compressor dead volume are lumped together as well. This simplifies the model which for 
comparative purposes proves quite valuable. 

We construct the diagram for a design pressure ratio of 1.34 at the compressor. First a phasor 
representing the pressure for the compressor leading the pulse tube warm end pressure is drawn 
(see Fig. 12). Next we construct the phasor representing mass changes in volumes for the transfer 
line and dead volume of the compressor, (average volume on front side of the piston) the magnitude 
of which is found from correcting the rhg,^^/. by multiplying by the ratio of the compressor dead 

Pseudoadiabatic 
processes 

compressor 

Imaginary 
Axis 

Figure 12. Phasor diagram for mass flow at aftercooler (dashed line). 
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Figure 13. Complete phasor diagram for measured (dashed lines )and 
design (solid lines) flows and phase shifts. 

volume, with coldhead attached, f'rfeajc/y divided by the compressor dead volume for blanked off 
condition, V^ t as follows 

F,„ 
m„. m, blank 

V. 
(4) 

deadBlank 

This phasor connects to phasor m^^, which represents the mass flow at the piston face of the com
pressor (with coldhead attached) at the same phase angle with respect to the pressure at the com
pressor. Once this portion is constructed the rh^j^^^^^^,^^ phasor is constructed from zero and con
nects to the start of the m^^ phasor. Now with trigonometry we calculate the magnitude and phase 
angle for m^f^^i.^^gi^^ labeled as m^ in Figs. 7, 12, and 13. 
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The reservoir mass flow phasor, wî ^̂  is constructed similarly but its magnitude must be cor
rected by multiplying by a ratio of the warm and cold temperatures, (T/T^). Now we construct the 
phasor that represents the lumped aftercooler, regenerator, pulse tube, and inertance tube by start
ing at the end of the reservoir mass flow phasor and connecting to the end of Wâ jercoofer > the magni
tude of which may be calculated with a little trigonometry. Figure 13 shows the completed diagram 
for design and measured flows and phase angles. 

From the diagram we observe quite a phase shift for the mass flow into the reservoir indicating 
that we have a greater than expected phase shift from the inertance tube. We also see that greater 
power and mass flow is required from the compressor than expected, thus leading toward a pseudo-
adiabatic process which is less efficient than the desired isothermal process. We also find that the 
volume estimates for the transfer line and the dead volume in the compressor are somewhat larger 
than that used in the model as well, though not significantly as evidenced from the cooler perfor
mance. The non-vertical nature of the phasor representing mass change in the aftercooler, regen
erator, pulse tube, and inertance tube indicates loses due to irreversible heat transfer not accounted 
for in the simple phasor analysis. 

CONCLUSIONS 

We discussed a very simple method to evaluate a cryocooler by making a few easy measure
ments of key operating parameters which can then be used to model the behavior for the cooler. 
This model is very easy to construct and provides very valuable information to compare and evalu
ate the system, for the overall design as well as for individual key elements such as the compressor 
and inertance tube. It also provides valuable insight into undesirable volumes that are often intro
duced unintentionally. From this information valuable knowledge and improvement of the system 
can be made. 
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ABSTRACT 

A superconducting maglev train is an innovative transportation system in which trains are 
levitated and driven at speeds of up to 311 mph. The Central Japan Railway Company and Japan 
Railway Technical Research Institute have developed and have been operating maglev trains on the 
Yamanashi Maglev Test Line for several years. 

The superconducting coils of the maglev vehicles are cooled by liquid helium, and the radia
tion shields of the magnets are cooled using liquid nitrogen. Currently, Gifford-McMahon and 
Stirling refrigerators are used in the cooling system of the maglev vehicles. However, in recent 
years pulse tube refrigerators have been developed. It is expected that this type of refrigerator will 
be able to reduce the cost of both maintenance and production. 

The Central Japan Railway Company, Aisin Seiki Co., Ltd., and Mitsubishi Electric Corpora
tion have developed an 80 K GM-type pulse tube refrigerator as a recondenser for the liquid nitro
gen used to cool the radiation shield plates of the magnets. The pulse tube refrigerator has achieved 
a cooling power of 170 W at 80 K and has operated safe and stably under the on-board conditions 
of the maglev running tests. 

We have been operating this cooling system on the maglev vehicle for the last ten months. As 
a result, it has been proven that the pulse tube refrigerator is applicable to the maglev cooling 
system for practical use. The results also show that the pulse tube refrigerator can possibly be 
applied to the 4K-level cooling system for the maglev vehicle. 

INTRODUCTION 

The superconducting maglev train is an innovative transportation system in which trains are 
levitated and driven at speeds of up to 311 mph. The Central Japan Railway Company and the 
Japan Railway Technical Research Institute have developed and have been operating maglev trains 
on the Yamanashi Maglev Test Line since April 1997. The Yamanashi Maglev Test Line, which is 
11.4 miles long, has several features presumed to be included in a commercial line; these include 
tunnels, curves and slopes. Tunnels, in particular, occupy 90% of the entire test line. The minimum 
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radius of the curve is five miles with 10 degrees superelevation. The steepest slope is 4% (about 
2.3-degrees). In this test line, the maglev train attained a world record with its maximum railway 
speed of 3 61 mph. The cumulative distance covered by the train has reached 213,000 miles, and the 
number of people who have experienced a test ride has exceeded 65,000. 

From the operational test results obtained to date, the prospective technical and economic 
performance has been estimated, and it has become clear that we must address three main issues. 
These are the verification of the reliability and durability over long-term operation, the reduction of 
initial/operational cost, and improvement of the aerodynamic characteristics of vehicles. 

The superconducting magnets of the maglev vehicles have been cooled by 4 K and 80 K refrig
erators. Currently, Gifford-McMahon and Stirling refrigerators are applied in the cooling system. 
These refrigerators have been safely and stably operating under the on-board conditions for seven 
years. However, these refrigerators need maintenance once a year, with high maintenance costs. It 
generally takes about two weeks or more for the maintenance. 

On the other hand, pulse tube refrigerators have made remarkable progress in recent years. It 
is expected that this type of refi-igerator will be able to reduce the costs of both maintenance and 
production. 

THE SUPERCONDUCTING MAGNET AND ITS COOLING SYSTEM ON THE 
MAGLEV VEHICLES 

Liquid helium and liquid nitrogen are used for cooling the superconducting coils and the radia
tion shields of the magnets of the maglev vehicles. Operation of the superconducting magnets 
without the need for a continual resupply of liquid helium and liquid nitrogen was achieved through 
the use of on-board refrigerators that have a large cooling capacity. 

To meet the future needs of maglev vehicles, the on-board refrigeration system for the magnets 
should have the following attributes: 

1. Achieve highly reliable operation in severe environments such as magnetic fields, vibration, 
humidity, and variable ambient temperature. 

2. Be consistent with the limited space and weight to be allowed in the vehicle. 

3. Meet restrictions on allowable on-board power supply and consumption. 

4. Have excellent cost performance and long-term operation without maintenance for about 10,000 
hours or longer. 

Figure 1 shows a schematic drawing of the superconducting magnet and refrigeration system 
of the maglev vehicles. The magnets have four superconducting racetrack-shape coils cooled with 
liquid helium and radiation shield plates cooled with liquid nitrogen. The liquid helium is kept 
liquid by a two-stage 4 K GM/JT refrigerator, and the liquid nitrogen is kept liquid by a single-stage 

Liquid helium tank gOK GIM refrigerator 

4K GIW/JT refrigerator / Liquid nitrogen tanl< 

Figure 1. Schematic drawing of superconducting magnet and refrigeration system. 



PULSE TUBE FOR SUPERCONDUCTING MAGLEV VEHICLES 

Table 1. Provisional specification of pulse tube refrigerator for the maglev. 

683 

80 K cooling power 

Circulating mass flow rate 

Tolerable acceleration 

Tolerable magnetic field 

Ambient temperature 

Mean time between maintenance 

>150W 

4 g/sec 

±10G 

0.06 T 

-20 °C ~ 40° C 

> 10,000 hours 

80 K GM refrigerator. High-pressure helium is supplied to both refrigerators by a common com
pressor unit mounted on the body of the vehicle. The flow rate balance must be adjusted because of 
the common use of the compressor for the 4 K and 80 K refrigerators. 

DEVELOPMENT OF A GM-TYPE PULSE TUBE REFRIGERATOR 
FOR MAGLEV VEHICLES 

In recent years, pulse tube refrigerators have been developed and improved. It is believed that 
pulse tube refrigerator will be the next generation refrigeration system for most of cryogenic appli
cations. This type of refrigerator is expected to reduce the costs of maintenance and production 
because of the lack of a displacer and having a simpler structure. 

The Central Japan Railway Company, Aisin Seiki Co., Ltd., and Mitsubishi Electric Corpora
tion originally planned to apply pulse tube refrigerators to the maglev vehicles. However, there was 
no pulse tube refrigerator that satisfied the required specifications for maglev use at that time. As a 
first task, we constructed an 80 K GM-type pulse tube refrigeration system and performed experi
ments and examinations evaluating the components of the pulse tube refrigerator. Table 1 shows 
the provisional specifications that were set up from requirements for maglev use. 

Increasing Cooling Power of the Refrigerator 

We studied ways to increase the cooling power of the refrigerator to more than 150 W at 80 K 
as a target value. The effort was focused on optimization of the shape and volume of the pulse tube, 
regenerator, and buffer tank, adjustment of the opening-and-closing time of the pressure switching 
valve, and improved heat removal in the vicinity of the hot end of the pulse tube. 

Firstly, several trial products that had different shapes and sizes were manufactured; then the 
optimal shape and size were determined by operational tests. The optimal opening-and-closing 
time adjustment of the pressure switching valve was determined by repeated trial and error. For 
improved heat removal at the hot end of the pulse tube wall, high-pressure helium gas was used; 
this was provided from the compressor through a pressure switching valve unit. These design changes 
gained an additional cooling power of 45 W and enabled the refrigerator to satisfy the target value. 

Improvement of the On-Board Refrigerator Performance in Severe Conditions 

The on-board refrigerator is required to safely operate in severe conditions, such as vibration, 
magnetic fields, humidity and variable ambient temperature. Some improvements of this refrigera
tor have been performed in order to operate under these severe conditions. 

The thermally insulated support of a pulse tube cold end was improved to tolerable vibration 
based on vibratory examinations. This improvement enabled the refrigerator to operate safely at 
10 G acceleration up to a frequency of 3 50 Hz. 

The magnetic shield was then developed considering the magnetic field distribution near the 
motor of the pressure switching valve unit. This shield enabled the refrigerator to operate safely just 
above the superconducting magnet. 
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The effect of atmospheric temperature on the cooling performance of the refrigerator was 
made clear by temperature environmental examinations. The results of these examinations proved 
that the pulse tube refrigerator satisfied the specifications of the maximum expected temperature. 

Furthermore, because the maglev system has characteristic track conditions, the on-board pulse 
tube refrigerator is inclined in the running tests. Therefore the inclined pulse tube was examined 
and sufficient cooling capability was confirmed in the refrigerator. 

Availability of the Refrigerator 

Availability of refrigerator means reducing the ratio of the non-operating time for maintenance 
work to the operating time. Improvement of the availability includes lengthening the maintenance 
interval, and shortening the time of the maintenance work. Generally, since there is no displacer in 
the pulse tube refrigerator, there is minimal wear of its seal ring in the low-temperature level, and 
therefore minimal contamination into the regenerator by powder fragments of seal ring wear. There
fore the maintenance interval of the pulse tube refrigerator can be made longer than that of a GM 
refrigerator. 

This pulse tube refrigerator was able to achieve mean time between maintenance 10,000 hours 
or longer by improving the durability of the frictional parts of the pressure switching valve that 
were the only wearing parts. The poppet-type valves have been applied to the pressure switching 
valve since it has a longer life-span than a conventional rotary-type valve. 

Moreover, in order to shorten the time of maintenance and to reduce liquid helium loss caused 
by the refrigerator stopping due to maintenance, the refrigerator was designed to enable mainte
nance without raising the temperature of the superconducting magnets. To achieve short and easy 
maintenance, the refrigerator was outfitted with self-sealing, quick-disconnect couplings to the 
pressure switching valve unit and to the pulse tube and buffer tanks; this allows easy change-out of 
the entire pressure switching valve. As all of the cormection ports are made with self-seal type 
coupUngs, atmospheric gases do not contaminate the refrigerator inside during maintenance. 

As a result of these design features, the maintenance time for the pulse tube refrigerator has 
been significantly shortened from that required by the GM refrigerator. 

The Refrigerator Manufactured as a Result of Development 

As a result of the various kinds of experimental investigations and trial production, the devel
opment of the on-board 80 K GM-t)fpe pulse tube refrigerator was successful. Figure 2 shows a 
schematic drawing of the developed refrigerator system. 

This refrigerator has a recondenser of nitrogen in the cold end of regenerator, and a heat 
exchanger cooled by helium gas in the hot end of pulse tube wall. The interface to the liquid nitro
gen tank is completely identical to that of the 80 K GM refrigerator. Although the GM refrigerator 
was inserted horizontally, the pulse tube refrigerator is set vertically to avoid a loss caused by 

Regenerator Recondenser 
Insert tube 

Pulse tube 

Vacuum chamber 

Figure 2. Schematic drawing of 80 K GM-type pulse tube refrigerator. 
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Figure 3. Flow diagram of pulse tube refrigerator. 
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Cooling performance of pulse tube refrigerator. 

natural convection in the pulse tube. The pressure switching valve unit, which has a phase shifting 
mechanism, is set next to the refrigerator, and connected with pipes. 

Figure 3 shows the flow diagram of this refrigerator, while Fig. 4 shows the cooling perfor
mance of the refrigerator. As seen, the refrigerator has 170 W at 80 K of recondensation capability 
when using a GIVI refrigerator compressor, which is more than the target value. When the condition 
of gas flow and pressure was optimized in a heater load examination, the highest performance was 
more than 200 W. 

RESULTS OF ACTUAL OPERATION ON THE YAMANASHI MAGLEV TEST LINE 

Since the development of the 80 K pulse tube refrigerator was successful, we attached the 
refrigerator on a maglev vehicle to operate for practical use on the Yamanashi IVIaglev Test Line. 
This refrigerator was transported to the Yamanashi IVIaglev Test Line in JVlay 2003, where initial 
checkout and operational adjustments were performed. The refrigerator has been operating smoothly, 
without any unfavorable influence on the combined operation of the 4 K GIVI/JT refrigerator. It was 
certified that this refrigerator had 170 W of cooling power at 80 K. In the operation of the refrigera
tor in magnetic fields, the waveform of the buffer tank pressure and the pressure of the nitrogen 
tank were measured, and they were compared for the conditions of energized and non-energized 
superconducting magnets. Since the results did not differ for these two conditions, the refrigerator 
was confirmed to operate smoothly in the magnetic fields of the maglev vehicle. 
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Figure 5. Traveled distance of pulse tube refrigerator. 
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Figure 6. Long-term cooling power of the pulse tube refrigerator. 

The vehicle running tests using this refrigerator on-board started in June 2003. The basic per
formance of the refrigerator, such as the cooling power, pressure waveforms of the buffer tank, and 
nitrogen tank pressure under vehicle running conditions were checked for speeds up to the maxi
mum speed of 311.5 mph. Consequently, the operation stability of this refrigerator has been certi
fied in actual vehicle running conditions in terms of the magnetic fields, vibration, track conditions 
of curves and slopes, acceleration, and deceleration. Furthermore, the maximum speed was in
creased up to 342.3 mph on October 29. 

The long-term operation of the refrigerator has been monitored continuously from the start of 
operation, and, as of March 1, 2004, operation time has exceeded 5,200 hours without any prob
lems. Figure 5 shows the distance traveled by the maglev vehicle carrying the pulse tube refrigera
tor, up to March 1. The total traveled distance amounts to more than 21,000 miles. 

The variation of cooling power during the long-term operation is shown in Fig. 6. This refrig
erator has had stable cooling power of 150 W or more, and its cooling power did not decrease as 
operation time passed and traveled distance was extended. 

CONCLUSION 

An 80 K GM-type pulse tube refrigerator for the maglev vehicle was developed successfully, 
satisfying specifications. Based on actual vehicle rurming tests carried out on the Yamanashi Maglev 
Test Line, it was confirmed that this refrigerator could be used for the cooling system of the super-
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conducting magnets on-board the maglev vehicle at speeds of over 311 mph. The continuous op
eration of this refrigeration system was satisfactory even after over 5,000 hours of operation. 
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ABSTRACT 

A high-power and high-temperature pulse tube cryocooler has been developed for xenon lique
faction and re-condensation for high-energy particle detectors. To meet a cooling power require
ment of around 70 W at 165 K, KEK and Nihon University have developed a co-axial pulse tube 
cryocooler with a configuration of inside regenerator. 

This proto-type cryocooler has been used for a liquid xenon calorimeter, which detects the 
scintillation light energized by incoming y-rays. The obtained cooling power is 70 W at 165 K by 
using a 2.2 kW GM-type compressor, and 120 W by using a 4.8 kW compressor. 

The basic technology of this coaxial pulse tube cryocooler with an inside-regenerator has been 
transferred to Iwatani Industrial Gases Corp (IIGC). IIGC fabricated a manufacture-level high quality 
cryocooler for a dedicated liquid xenon time projection chamber (TPC) at Columbia University in 
New York. This Iwatani-cryocooler has about 90 W of cooling power at 165 K by using a 3 kW 
compressor. 

Since a very clean liquid xenon atmosphere must be kept in this particle detector, the cold fm 
of the cryocooler is not directly reaching into the chamber, but installed on its outside. The cold 
stage of the cryocooler is attached to a copper plate, which works as an isolation flange and also as 
a re-condenser for evaporated xenon gas. Without liquid nitrogen, all the cooling procedures start
ing with initial cool-down, followed by xenon liquefaction and re-condensing operations were suc
cessfully completed without any troubles and difficulties. 

INTRODUCTION 

Recently, large-scale liquid xenon calorimeters have been proposed and fabricated for specific 
physics experiments, because of the fast response, large atomic number and high sensitivity of 
liquid xenon.' So called, MU-E-GAMMA (MEG), which detects rare muon decay has been 
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approved^ and a lot of R&D experiments have been carried out.^ A liquid xenon dark matter search 
experiment has also proposed.'* The key technology of these experiments lies in cryogenic 
engineering including xenon liquefaction and re-condensation to keep the liquid state for long-term 
physics experiments, typically a few years. There are several ways to liquefy and re-condense 
xenon gas for long-term physics experiments. Conventionally, liquid nitrogen (LNj) has been used 
for this purpose because of its simplicity. However, this method has disadvantages regarding 
temperature and pressure stability of the liquid xenon. It also wastes much LNj because of its 
inefficiency, and the handling of a cryogenic fluid might be troublesome in some cases. 

The idea to apply a pulse tube cryocooler in place of liquid nitrogen has been proposed and 
experimentally realized.^ The cryocooler has no moving parts in the low-temperature stage, result
ing in no vibration and ensuring highly reliable long-term operation. An in-house pulse tube cryo
cooler has been operating to meet the requirement for canceling the heat load in a large prototype 
LXe calorimeter for the MEG experiments. The basic technology of this cryocooler has been trans
ferred to Iwatani Industrial Gases Corp (IIGC). They fabricated a manufacture-level high quality 
cryocooler for the liquid xenon dark matter time projection chamber (TPC) development at Colum
bia University in New York. 

Since this TPC requires a very clean xenon atmosphere, the cryocooler was installed outside of 
the inner xenon chamber as a "built-in" cryocooler. The cold stage of the cryocooler is attached to 
a copper plate, which works not only as the isolation flange, but also as a re-condenser for evapo
rated xenon gas. The initial cool-down, xenon liquefaction, and gas re-condensing were repeatedly 
completed without any troubles or difficulties. 

LIQUID XENON PARTICLE DETECTORS 

Property of liquid xenon 

The detailed properties of xenon are given in Table 1.'' It must be noted that xenon has a three 
times higher density than that of water, and a very narrow temperature margin between the triple 
point and saturated liquid temperature imder atmospheric pressure. These properties imply the im
portance of temperature control during liquefaction and re-condensation. In these calorimeters a 
large number of photomultiplier tubes (PMT) are directly immersed into liquid xenon, and there
fore solidification of xenon by accidental overcooling could cause permanent damage to the deli
cate PMTs. As shown in Table 1, the temperature margin between the liquid and solid phases is 
3.4 K, and the latent heat for solidification is -1/100 of that of liquefaction. These characteristics 
are important when a liquid xenon cryostat and refrigeration schemes are designed. 

In addition to the physical properties of liquid xenon, we also investigated the heat transfer 
characteristics, such as convection and boiling heat transfer for the design of the calorimeter.^ 

Cooling requirements for particle detectors 

The main purpose of developing a pulse tube cryocooler is to eliminate the consumption of 
liquid nitrogen during long-term normal operation, such as data taking. Since physics experiments 
will be kept ruiming for a few years and more, cryocooler operation will make the maintenance of 
experiments much easier. 

Table 1. Physical properties of liquid, gas xenon and liquid nitrogen 

Property LXe (saturated) GXe (saturated) LN2 (saturated) 
T(K): temperature 
P(MPa); pressure 

Lv (kj/kg): latent heat (liquid) 
Ls (kJ/kg): latent heat (solid 

Cp(kJ/kgK); specific heat 
p(kg/ni^): density 

T(K); / P(MPa); Triple point 

164.78 
0.100 
95.8 
L2 

0.3484 
2947 

161.36/0.0815 

164.78 
0.100 

-
-

173.4 
9.883 

--

77.35 
0.1013 
199.1 
28.4 
2.03 
804 

63.148/0.0125 
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In case of the MEG experiments, the heat load of the final liquid xenon calorimeter is esti
mated to about 130 W at 165 K including heat dissipated by 1000 PMTs, conduction heat leak 
through a thousand of signal cables and static heat load to the cryostat. A large prototype calorim
eter has been constructed to study the sensitivity and stability of operation of a liquid xenon cry
ostat equipped with immersed PMTs. The system uses 120 L of liquid xenon and has 250 PMTs. 
The total heat load of this calorimeter is estimated to be about 52 W at 165 K. 

The pulse tube cryocooler was designed with a cooling capacity of about 65 W at 165 K to 
meet the heat load of the xenon calorimeter. A re-condenser attached to the cold stage of the pulse 
tube cryocooler was directly located in the xenon atmosphere to enhance heat transfer performance. 
In this case, the most serious contaminant is water because of its strong absorption of the vacuum 
ultra violet light in liquid xenon. 

For the dark matter proto-TPC at Columbia University, a heat load of the final detector is 
almost the same as that of the MEG calorimeter. Because the dark matter detector is very sensitive 
to many contaminants, such as water and oxygen, it requires ultra clean atmosphere. And so, we 
chose a way to install the cryocooler outside of the inner chamber. The cold stage of the cryocooler 
is attached to the copper plate, which works not only as isolation flange but also as re-condenser for 
evaporated xenon gas. More details are described later. 

PULSE TUBE CRYOCOOLER 

Coaxial configuration 

The design criteria for the pulse tube cryocooler are the following: (1) a large cooling power at 
relatively high temperature around 165 K, (2) a simple procedure for assembly and maintenance 
and (3) compactness for space saving. To evaluate the cooling performance of this pulse tube cryo
cooler, we used a simulation code, so-called 'equivalent PV work' program code developed by one 
of the co-authors.^ We calculated the cooling power to 65 W at 165 K under an assumption of using 
a 1.5-2 kW GM-type compressor. 

A prototype pulse tube cryocooler was then fabricated and tested at KEK. It delivered a design 
cooling power of 70 W with a 2.2 kW GM-type compressor. Then, this technology has been trans
ferred to Iwatani Industrial Gases (IIGC) to achieve much higher reUability and cooling perfor
mance. Figure 1 shows a conceptual drawing of the refrigerator designed and manufactured by 
IIGC. 

Figure 1. A conceptual drawing (left) and a picture (right) of the pulse tube cryocooler designed and fabri
cated by Iwatani Industrial Gases Corp. 
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Figure 2. Cooling power of KEK-Iwatani pulse tube cryocooler operated by a 3 kW compressor. 
Original KEK cryocooler performance is also shown. 

The diameter of the regenerator is 40 mm and the length is 80 mm. The regenerator is placed 
inside of a thin stainless pipe with 60 mm outer diameter, 0.5 mm wall thickness and 160 mm 
length. The gap between the outer pipe and a glass fiber reinforced plastic (GFRP) regenerator pipe 
works as a pulse tube. The cold-end heat exchanger was designed to absorb a relatively high heat 
load of about a few hundred watts. 

To ensure a high cooling power, the cold-end heat exchanger was made of copper with 40 mm 
diameter. Forty radial slits with 0.3 mm width were machined in order to get enough heat exchang
ing surface area. A regenerator pipe was made from a GFRP cylinder of 40 mm diameter and 2 mm 
thickness. About 1000 sheets of #200 stainless steel mesh were stacked in the cylinder. A heater-
mount with MINCG thermo-foil heaters ' was attached and fixed by screws at the end of the cold 
stage for cooling power test and temperature control. 

Cooling Power in Vacuum 

An Iwatani GM-type CW404 water-cooled helium compressor was used for the cooling per
formance test. It was operated with an input power of 3.0 kW at 60 Hz. A 1000 cm' buffer tank and 
a rotary valve imit were connected to the cold head by 10 m long flexible hoses for the performance 
test. The hot end of the cold head was cooled by chilled water during the test. The timing of high-
pressure charge and low-pressure expansion was controlled by the rotary valve operating system. 
The operating frequency was optimized by measuring the resulting lowest temperature at various 
frequencies. The frequency was changed between 2.4 and 3.6 Hz under a simple orifice mode 
keeping the orifice valve setting constant. The lowest temperature was obtained at an operating 
frequency of 2.4 Hz. 

Cooling power measurement was carried out in a vacuum chamber. Figure 2 shows the ob
tained cooling power characteristics at several temperatures. The lowest temperature was about 
63 K, and a cooling power of about 100 W was achieved at 165 K by using a 3 kW compressor. A 
calculated coefficient of performance (COP) is nearly 3%, which is similar to that of the original 
KEK cryocooler operated with a 2.2 kW compressor. The relationship between cooling power and 
temperature is well described by a straight line. This means that the cold end heat exchanger is 
capable to absorb more than 100 W. 

PERFORMANCE TEST OF DARK MATTER PROTO-TPC 

Preliminary Cooling Operation 

Figure 3 shows the conceptual drawing of the prototype liquid xenon TPC at Columbia Uni
versity with the pulse tube cryocooler. To ensure an ultra pure liquid xenon environment, the cold 
stage of the cryocooler is attached to the copper plate, which works as an isolation flange. Inside the 
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Figure 3. Schematic drawing of LXe proto-TPC at Figure 4. Picture of LXe dark matter proto-TPC. 
Columbia University with a "built-in cryocooler." 

chamber, a copper cylinder attached to the flange works as a re-condenser of evaporated xenon gas. 
The bellows shown in the figure is used to absorb thermal expansion of the pulse tube during 
operation. Figure 4 shows a picture of the chamber with the cryocooler. The bellows between the 
chamber and cryocooler can be seen. 

A preliminary cooling test was carried out to verify the performance of the detector during 
operation with the cryocooler. After evacuation down to ~10'' Pa, xenon gas was filled up to 0.2 MPa, 
and the cryocooler was operated for pre-cooling for about 12 hours. Then, only by using the cryo
cooler, 3 liters of liquid xenon were liquefied in the chamber. Once liquefied, a part of the gas was 
extracted, circulated through a purifier before re-condensing. 

A rough estimate of the heat budget during the preliminary test is as follows: cooling power for 
cooling and re-condensing of circulating gas with 0.46 g/sec is 52 W; heater input to keep the cold 
stage temperature constant (about 170 K) is 24 W; heat leak into the chamber is 18 W. 

The xenon temperature was kept constant within +/- 0.025 K by controlling the cold head with 
a Lakeshore Cryogenics temperature controller, model 340.'° These tests were successfiilly re
peated several times without experiencing any problems. During one of the tests the detector was 
operated continuously for about three weeks. 

SUMMARY 

A high-power and high-temperature pulse tube cryocooler was originally developed by KEK 
and Nihon University for xenon liquefaction and re-condensation in high-energy particle detectors. 

The basic technology of this coaxial pulse tube cryocooler has been transferred to Iwatani 
Industrial Gases Corp., and a manufacture-level high quality cryocooler was fabricated and tested 
in a dedicated liquid xenon experiments at Columbia University in New York. It is confirmed that 
the Iwatani-cryocooler has about 100 W of cooling power at 165 K by using a 3 kW compressor. 
The cryocooler was isolated by a copper flange from the high purity liquid xenon in order to avoid 
contamination of the liquid with impurities. The copper flange also works as the thermal path for 
re-condensing evaporated xenon gas. A preliminary performance test as the cryocooler-equipped 
chamber was carried out successfully for over 3 weeks. The temperature stability of the liquid was 
measured to +/-0.025 K. 
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ABSTRACT 

We developed a vibration-free cryocooler system based on a 4 K pulse tube (PT) cryo
cooler for a cryogenic interferometric gravitational wave detector. In this system, we incorpo
rated a vibration-reduction system that consists of a firm support for the cold head and a rigid 
cold table thermally linked to the cold stage to reduce both the vibrations of the overall cold 
head and those of the cold stage. Our cryocooler system reduced the cold-head vibration of the 
baseline PT cryocooler by over three orders of magnitude, where the vibration level was on the 
order of 10-9//2m/VHz. 

INTRODUCTION 

A vibration-free cryocooler can be useflil. In particular, it is essential in cryogenic interferometric 
gravitational wave detectors' where vibration of the optical mirrors is one of the sensitivity 
limitations of the detectors. Figure 1 shows a schematic diagram of the cooling system of the 
Cryogenic Laser Interferometer Observatory (CLIO)^, which is a prototype cryogenic 
gravitational wave interferometer being constructed in Japan. An optical mirror is cooled by 
conduction cooling using a 'vibration-free' cryocooler. 'Vibration-free' can be defined as the 
seismic vibration level, since mechanisms of any type are always moved by seismic vibration. 
Such vibration can not be eliminated without the use of special vibration isolators. The requirement 
concerning the vibration of the cryocooler in the CLIO is the seismic vibration level in the Kamioka 
mine (the site of the CLIO) where the seismic vibration level is 10"'//^ m/-vHz. The required 
cooling power of the cryocooler is 15 W at 40 K for the first stage and 0.5 W at 4.2 K for the second 
stage. 

Cryocoolers 13, edited by R. G. Ros^'i, Jr. 
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Figure 1. Schematic diagram of the mirror cooling system used in cryogenic interferometric 
gravitational wave detectors. Since the mirror has small laser power absorption (heat generation), it must 
be cooled continuously through heat links. 

In our previous study^, we confirmed that the vibration of a 4 K pulse tube (PT) cryocooler was 
much smaller than that of a 4 K Gifford-McMahon (GM) cryocooler.t However, even for the PT 
cryocooler, the observed vibration levels were too large for the requirement of the CLIO. 

Therefore, we developed a vibration-reduction system for the PT cryocooler for the CLIO. In 
this system, vibrations of the overall cold head and the cold stage, which are different vibration 
components observed in our previous study, were reduced. The names of parts of the cryocoolers 
used in this paper are defined in Fig. 1. 

In this paper, we report on the vibration-reduction method and the measurement for a vibration 
reduction of the overall cold head. Measurements of the cooling performance and the vibration 
reduction of the cold stage are reported elsewhere in this proceedings by Li.'' 

VIBRATION-REDUCTION SYSTEM 

Investigation of Vibrations for a 4 K PT Cryocooler 

Figure 2 shows vertical vibration spectra for a 4K PT cryocooler (SRP-052 A, Sumitomo Heavy 
Industries Ltd.5) measured in our previous study.^ The spectra can be described based on the dis
placement density*, which is defined as 

x((») = Van-\V'\(t)e^"" dt 
2-->oo 7 ' I •'-r/2 ^ ^ -r/2 

-1/2 

[m/VHz]̂  (1) 

where co is the angular frequency, 7 is the time length, and x{f) is the displacement as a function of 
time. 

t The vibration of the cold head for the 4K PT cryocooler was two orders of magnitude less than that of 
the 4K GM cryocooler. On the other hand, the cold-stage vibrations for both cryocoolers were at the same 
level. In this measuremenL we used a setup of the PT cryocooler such that the rotary valve unit was 
separated from the cold head and they were connected by a rigid copper tube, which was anchored onto 
the ground. 
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Figure 2. Vertical vibration spectra for a Sumitomo 4K PT cryocooler. The black lines 
show the vibration of the cryocooler and the gray lines show the sensor noise (background noise). 

The features of the vibration include two points: one is the cold-stage vibration with the 
driving frequency (1 Hz) and its higher harmonics. The other is the cold-head vibration with the 
frequency components above about 50 Hz. From a spectrum analysis of the pressure oscillation 
of the working gas and an ANS YS simulation, we identified that this cold-stage vibration came 
from an elastic deformation of the cylinder due to the pressure oscillation of the working gas. 
Therefore, this is an inevitable problem for cryocoolers using oscillating gas. The cold-head 
vibration mainly came from reactions of a connecting tube between the cold head and the rotary 
valve unit, and so on. 

Vibration-Reduction System 

Based on the above study, we designed a vibration-reduction system for the 4K PT 
cryocooler. The design principle of this system is to separate all vibration sources from the 
cryostat and to anchor them to the ground. Figure 3 shows a schematic diagram of the system 
and Fig. 4 shows photographs of the system. 

Figure 3. Schematic diagram of the vibration-reduction system for a 4K PT cryocooler. 
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Figure 4. Photographs of the developed vibration-reduction system, (a) Support frame of 
the cold head and the rotary valve table; (b) Vibration-reduction stage for the cold stage. 

To reduce the cold-head vibration of the PT cryocooler, we introduced a rigid frame to 
support the cold head, named 'support frame.' The cold head was mounted on the support frame 
and a welded bellows was connected between the cold head and the cryostat. A rotary valve unit, 
which could generate large vibrations, was not attached to the cold head directly, but was fixed 
onto an independent heavy table (rotary valve table). A connecting tube between the cold head 
and the rotary valve unit was also fixed on the rotary valve table. Flexible tubes from the 
compressor were converted to rigid pipes, and connected to the rotary valve unit. The pipes were 
also clamped onto the rotary valve table. 

To reduce the cold-stage vibration, we used a rigid table, named 'vibration-reduction stage'. 
The vibration reduction of the cold stage through the use of a vibration-reduction stage has been 
reported by Lienerth et al.' An improved point concerning our vibration-reduction stage is that 
we set it under a lower flange of the bellows (named 'lower flange'), which was installed on the 
cryostat. Since the lower flange has minimal vibration, owing to being separated from the cold 
head, we can expect an absolute reduction of the cold-stage vibration by the vibration-reduction 
stage. The vibration-reduction stage consisted of eight alumina-FRP pipes, a copper plate and 
about forty heat-link cables for each stage. The reason why we used alumina-FRP is that it has a 
smaller thermal conductivity at 4 K, and a two times larger Young's modulus than that of glass-
FRP. As the heat link, we used copper stranded cables for the first stage and pure aluminum 
stranded cables for the second stage (purity, 99.99%; size of each wire, (|)0.1mm; total number of 
wires in a cable, 1666). The thermal conductivities of the second-stage metals strongly depend 
on their purities around 4 K; in contrast, they had a weak dependence of their purities around 
40 K at the first stage. The reason why stranded cables with many thin wires were used is 
because the spring constant of the heat link is inversely proportional to the number of wires 
under the condition of a constant heat flow; therefore, the vibration conduction of the heat link 
could be reduced. 

VIBRATION MEASUREMENT OF OVERALL SYSTEM 

Since the vibration level of our system has been below the seismic vibration level in typical 
urban areas in our preliminary measurements, we checked the vibrations of the overall 
cryocooler system in Kamioka mine in Japan to reduce the background vibration noise. It is 
known that the seismic vibration in Kamioka mine is extremely small, the spectrum of which is 
about 10" ' / /^ m/VHz above a few hertz and two orders of magnitude smaller than that in the 
typical urban area. 
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Figure 5. Schematic diagram of the experimental setup for vibration measurements of the 
overall cryocooler system (See Fig. 4). The vibration of our cryocooler system was measured by 
a laser accelerometer through a jig. 

Figure 5 shows a schematic diagram of the experimental setup. The cold head was set onto a 
support frame through four posts of (j) 100mm in diameter and 90mm in height. The support 
frame was 690 mm in height and 670 mm in width, and consisted of H-beams of 100 mm in 
width. The lower flange of the bellows was mounted onto a cryostat. The length of the 
connecting tube between the rotary valve unit and the cold head was about 400 mm, and the 
weight of the rotary valve table was about 100 kg. The cryostat, the support frame and the rotary 
valve table were anchored onto the ground by thick bolts. The flexible tubes were 20 m in length 
and put on the ground in a coil. The distance between the cold head and the compressor was 
about 5 m. During the measurements, vacuum pumps were stopped so as to eliminate any 
influence of their vibration. We used a laser accelerometer (LA-50, Rion Co.) to measure the 
vibrations. The measured positions were on the ground and on the lower flange. Since the laser 
accelerometer had a large size, and it was difficult to set it onto the lower flange directly, we set 
it there by using a jig, which was a stainless-steel plate of 50 mm wide, 20 mm thick and 190 
mm long. 

Vibration spectra were acquired by a spectrum analyzer (Agilent 35670A). To achieve 
sufficient frequency resolution, we acquired the data by dividing them into three frequency 
ranges: 0.031 Hz resolution below 12.5 Hz, 0.25 Hz resolution between 12.5 Hz and 100 Hz, and 
2Hz resolution between 100 Hz and 800 Hz. In this paper, we described the spectra in the 
displacement density defined by Eq. (1). 

Figure 6 shows the measured results. The vibration level at the lower flange was two orders 
of magnitude smaller than the seismic vibration level in a typical urban area (our laboratory in 
KEK), and almost the same as the seismic vibration level in Kamioka mine. Since we observed 
that the seismic vibration in the Kamioka mine sometimes changed due to a change of the 
surrounding situations, and the maximum difference in the change was about one order of 
magnitude, the floor level in the seismic vibration spectrum could change by about one order of 
magnitude. Several jumps at the floor in the spectra also came from such a change of the 
surrounding situations, because the data were not acquired at the same time for all frequency 
ranges. A large peak at around 100 Hz came from a resonance of the jig for the laser 
accelerometer; we confirmed that this vibration did not come from the cryocooler system. 

We observed sharp peaks at the driving frequency (1.2 Hz) and its higher harmonics in the 
vibration spectrum of the lower flange. After moving the compressor to outside of the 
experimental room, which was partitioned by a concrete-block wall, these sharp peaks 
disappeared. Figure 7 shows a comparison of the vibration levels at the lower flange when the 
compressor was set inside and outside of the experimental room. Based on this result, these sharp 
peaks could come from the motion of the compressor and the flexible tubes. 
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Figure 6. Vertical vibration spectra of the overall vibration-reduction cryocooler system. The black 
line shows the vibration at the lower flange, the gray line shows the seismic vibration (background noise) 
in Kamioka mine and the dotted line shows the seismic vibration in a typical urban area (KEK). 
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Figure 7. Comparison of the vertical vibration spectra when the compressor located outside of the 
experimental room (black line) and inside (gray line), which were partitioned by a concrete-block wall. 
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Figure 8. Vertical vibration spectrum of the based PT cryocooier (black line). The dotted line shows 
the vibration spectrum at the lower flange of the vibration-reduction cryocooier system when the 
compressor was located outside of the experimental room, and the gray line shows the sensor noise of the 
piezo-electric accelerometer used in the vibration measurement of the baseline PT cryocooier. 

We also measured the cold-head vibration of the baseline 4K PT cryocooier in order to 
compare its vibration with that of our cryocooier system. We used the standard setup of the PT 
cryocooier, in which the rotary valve unit was attached to the cold head directly, the flexible 
tubes were connected to the rotary valve unit directly and the cold head was mounted on the 
cryostat directly. Figure 8 shows the measured result. Since we could not measure the vibration 
of the baseline PT cryocooier by the laser accelerometer, due to its large vibration, we used a 
piezo-electric accelerometer (Model 710, TEAC Co.) for the vibration measurement of the 
baseline PT cryocooier. Therefore, the sensor noise level of the piezo-electric accelerometer was 
larger than that of the laser accelerometer used in the measurement for the vibration-reduction 
cryocooier system. Above the 100 Hz frequency range, the vibration of the baseline PT 
cryocooier was over three orders of magnitude larger than that of the vibration-reduction 
cryocooier system. The motion of the rotary valve unit and the flexible tubes could generate this 
large vibration. 

From the above results, we concluded that our vibration-reduction system reduced the cold-
head vibration of the baseline PT cryocooier, and that the vibration level was almost the same as 
the seismic vibration level in Kamioka mine. 

CONCLUSION 

We developed a vibration-reduction system of a 4K PT cryocooier for the CLIO. The system 
consisted of a support frame and a vibration-reduction stage. The vibration sources in the 
cryocooier were separated from the cryostat and anchored onto the ground. From the vibration 
measurement for the overall system, we confirmed that the vibration of the system was more 
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than three orders of magnitude smaller than that of the baseline PT cryocooler. This vibration was 
much smaller than the seismic vibration level in a typical urban area (10"W mZ-vHz), and was 
almost the same as the seismic vibration level in Kamioka mine (lO'/P m/-vHz). Therefore, we 
concluded that our cryocooler system could be designated as being 'vibration-free.' 
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ABSTRACT 

A vibration-free pulse tube cryocooler system has been developed for gravitational wave de
tectors. A commercially available 4 K pulse tube cryocooler (SRP-052A, Sumitomo Heavy Indus
tries, Ltd.) with a cooling capacity of 0.5 W at 4.2 K was applied in the system. In order to reduce 
the vibration of the 4 K pulse tube cryocooler to an ultra low level: (1) two vibration reduction 
stages (VR stages), (2) a cold head supporting frame, and (3) a valve unit mounting table were 
introduced as major components of the system. The cooling capacities of 15 W at 45 K and 0.4 W 
at 4.2 K were available at the first and the second VR stages simultaneously. Concerning the 
vibration, on the other hand, the displacement due to the elastic deformation of the pulse tubes was 
effectively reduced to be less than ± 1 \xm. In the direction parallel to the pulse tubes, the displace
ment was lowered to +0.05 )j,m, which is two to three orders of magnitude less than that of the 
original 4 K pulse tube cryocooler, SRP-052A. 

INTRODUCTION 

A pulse tube cryocooler has no moving parts in its low temperature region, and in general has 
less vibration than a Gifford-McMahon (G-M) cycle cryocooler or Stirling cycle cryocooler. In the 
last ten years many kinds of pulse tube cryocoolers have for liquid nitrogen or liquid helium in 
various sensitive applications.'•'' 

As compared to a G-M or Stirling cycle cryocooler, the cold head of a pulse tube cryocooler 
has a significantly lower acceleration. A previous investigation indicated that the overall accelera
tion of the cold head of a 4 K pulse tube cryocooler is less than that of a 4 K G-M cryocooler by 
about two orders of magnitude.' However, the displacement of the cold stage is comparable be
tween the 4 K pulse tube cryocooler and the 4 K G-M cryocooler. Therefore, the vibration of a 
pulse tube cryocooler is still not low enough for many sensitive applications. In the Cryogenic 
Laser Interferometer Observatory (CLIO)'', which is a protot5fpe of the Large-scale Cryogenic Gravi
tational wave Telescope (LCGT)', a number of mirrors and radiation shields were designed to be 
cooled by pulse tube cryocoolers. Although there are several vibration isolation components in the 
CLIO as part of its basic design, a pulse tube cryocooler system with a vibration level as low as 
possible is still essential for reaching the desired sensitivity with the state-of-the-art detectors. 
Cryocoolers 13, edited by R. G. Ross, Jr. 
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By using a commercially available 4 K pulse tube cryocooler—SRP-052A, manufactured by 
Sumitomo Heavy Industries, Ltd.—a vibration-free pulse tube cryocooler system has been devel
oped in this work. The key components introduced for reducing the vibration from the 4 K pulse 
tube cryocooler include; (1) two vibration reduction stages (VR stages), (2) a cold head supporting 
frame, and (3) a valve unit mounting table. In the present paper, the design concept of the system 
and the major components are described. The cooling performance and the vibration characteris
tics of the vibration-free system are also reported and discussed elsewhere in this proceedings.* 

DESIGN OF CRYOCOOLER SYSTEM 

Design Concept 

As described by Tomaru, et al., the CLIO includes a number of mirrors that were designed to 
be cooled down to 20 K by about 10 pulse tube cryocooler units.* Liquid helium was a competitive 
option for cooling these mirrors without mechanical vibration. However, the Kamioka mine site of 
the CLIO is located in a remote area. For observation over long intervals, a regular refilling of 
liquid helium would be very inconvenient and uneconomic, and a cooling system based on 4 K 
pulse tube cryocoolers was chosen. 

There were two major design concepts for developing a pulse tube cryocooler system with 
ultra low level vibration for this application. One approach would be to develop a special pulse 
tube cryocooler that has very low vibration and a reasonable cooling capacity; this would be a 
considerable effort. The second concept was to make use of a commercially available 4 K pulse 
tube cryocooler. After a feasibility study from the viewpoint of development difficulty, time, and 
expense, it was decided to use a commercially available 4 K pulse tube cryocooler. 

A previous investigation had determined the vibration level and cold stage displacement of a 
commercially available 4 K pulse tube cryocooler.^ The investigation has also made it clear that 
there are two kinds of vibration in a pulse tube cryocooler. One is the overall cold head vibration 
that is caused by the movement of compressor, rotary valve unit, and working gas flow. The other 
is cold stage vibration that is generated by elastic deformation of the pulse tubes and the regenera
tors due to the periodic pressure oscillation inside of the cryocooler. 

Based on the investigation, the chosen design concept was to introduce several vibration re
duction components for separating these two kinds of vibration and for reducing them effectively. 
Figure 1 is a schematic drawing of the pulse tube cryocooler system developed for the CLIO that 
incorporates the design concepts mentioned above. 

Major Component 

Besides a 4 K pulse tube cryocooler, the major components of the vibration-free pulse tube 
cryocooler system were two vibration reduction stages, a cold head supporting frame, and a valve 
unit moimting table. The following are detailed descriptions of these components. 

4 K Pulse Tube Cryocooler. The 4 K pulse tube cryocooler employed in this development is 
manufactured by Sumitomo Heavy Industries Limited. The cryocooler is the SRP-052A, and its 
specified cooling capacity is 0.5 W at 4.2 K and 20 W at 45 K, simultaneously, with 7 kW power 
consumption. The cryocooler consists of a two-stage cold head, a rotary valve unit driven by a 
synchronous motor, two flexible hoses 20 meter long, and a helium compressor (the same as that 
used by a 4 K G-M cryocooler). The vibration of the pulse tube cryocooler has been previously 
investigated and compared with that of a 4 K G-M cryocooler.^ In brief, the overall acceleration of 
the cold head is less than that of the G-M cryocooler by about two orders of magnitude, and the 
displacement of the cold stage is almost the same as that of the G-M cryocooler. 

An attractive advantage of the SRP-052A is that the rotary valve unit is separated from the cold 
head with a self-sealing coupling. The standard setup recommended by the manufacture to achieve 
maximum cooling performance is to connect the rotary valve unit directly to the cold head without 
any extension connecting tube. From the viewpoint of vibration reduction, this configuration is 
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Figure 1. Schematic diagram of the vibration-free pulse tube cryocooler system. The compressor and 

the flexible hoses are not shown. 

inconsistent with separating the rotary valve unit away from the cold head so as to reduce the 
vibration from the compressor and the valve unit as much as possible. 

Vibration Reduction Stage. In order to reduce the cold stage vibration effectively, two vibra
tion reduction stages were introduced for the first and the second stages of the cold head, respec
tively (see Fig. 1). The VR stages are the interfaces for delivering cooling to the mirrors and 
radiation shields of the CLIO. They are made of copper, thermally linked to the original cold stages 
of the cryocooler with braided wires, and tightly supported by eight FRP pipes fixed to the top 
flange (the lower flange in Fig. 1) of the cryostat. 

For the first VR stage, the braided wires are made of oxygen free high conductivity copper, and 
for the second VR stage, they are braided wires of high purity aluminum. The copper wire has a 
higher thermal conductivity at temperatures above -45 K. The high purity aluminum wire has the 
advantages of light weight, excellent thermal conductivity below 20 K, and very low Young's modu
lus.' The Young's modulus of the aluminum wire is only about 1/3 of that of copper wire. 

The pipes for supporting the VR stages, on the other hand, are required to have poor thermal 
conductivity and a high Young's modulus. In this work, the FRP pipes applied to both VR stages 
are made of alumina fiber reinforced plastic (A-FRP). The A-FRP is well known for its low ther
mal conductivity below 40 K and its high Young's modulus compared with glass fiber reinforced 
plastic (G-FRP). 

Cold Head Supporting Frame. The cold head supporting frame is an important component 
for separating the overall cold head vibration and the cold stage vibration. The cold head is fixed 
on the upper flange and supported by the supporting frame (Fig. 1). The frame is made of I-beams 
and has four strong supporting poles. There is a welded bellows between the upper flange and the 
lower flange for creating a vacuum space for the cryocooler and for isolating the vibration from the 
upper flange. With this configuration, the weight of the cold head is fully supported by the upper 
flange and the supporting frame, and the whole weight of the VR stages is supported by the lower 
flange and the cryostat. It is expected that the vibration-reduction function of the VR stages will be 
maximized by this configuration. 

Valve Unit Mounting Table. Because the compressor and the drive motor of the rotary valve 
unit generate considerable mechanical vibration, effective vibration isolation between the rotary 
valve unit and the cold head is important for the present development. A steel table weighting more 
than 140 kg was used for mounting the rotary valve unit (Fig. 1). In addition, the table was also 
applied as an anchor for the helium gas lines from the compressor. Between the rotary valve unit 
and the cold head, a connecting tube of 40 cm long was employed. This configuration is not 
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Figure 2. Comparison of load maps with and without a connecting tube of 40 cm. 

recommended for getting the maximum cooling performance, but is important and convenient for 
reducing the vibration from the compressor and the valve drive motor. 

COOLING PERFORMANCE 

As described above, the VR stages and the valve unit mounting table were introduced into the 
pulse tube cryocooler system to reduce the vibration. From the point-of-view of cooling perfor
mance, these two improvements will negatively impact the cooling capacities available from the 
system. In particular, the extended connecting tube between the valve unit and the cold head is 
expected to reduce the cooling capacity compared with the original configuration. Also, the braided 
wires will produce a finite temperature difference between the VR stage and the original cold stage. 

Influence of Valve Unit Separation 

The influence of the valve tmit separation was evaluated by comparing load maps of the cryo
cooler with and without the connecting tube of 40 cm. In Figure 2, two load maps show the com
parison, but all data were measured without the VR stages. For the original configuration of the 
SRP-052A (i.e. without the connecting tube and with the rotary valve unit directly joined to the 
cold head), the cooling performance was 20 W at 40.8 K for the first stage and 0.5 W at 4.08 K for 
the second stage, simultaneously. After the introduction of the 40 cm long cormecting tube, the 
cooling capacities became 20 W at 42.2 K on the first stage and 0.5 W at 4.17 K on the second 
stage. The decreased cooling capacity is observable, but limited, and the cooling performance still 
meets the specification of SRP-052A, even though the connecting tube is employed. 

Load Map of VR Stage 

In the CLIO, there are several vibration isolations between the 4 K cryocooler system and the 
20 K mirrors. Because some of the isolation results in poor heat conduction, the cooling capacity 
available from the VR stages was required to be as large as possible. Figure 3 shows a load map of 
the VR stages with solid lines. As a reference, the load map of the cold stages measured at the same 
time is represented by broken lines in the figure. For a typical point with a head load of 15 W on the 
first stage and 0.5 W on the second stage, the temperature of the first VR stage was 43.7 K and that 
of the second VR stage was 4.43 K. At the same time, the cold stage temperatures were 41.2 K and 
4.15 K, respectively. 

Because the heat leak from room temperature via the A-FRP pipes was estimated to be only 
about 0.3 W to the first VR stage and about 10 mW to the second VR stage, the loss of cooling 
capacity was almost entirely caused by the thermal resistances of the braided-wire flex straps. The 
wires of the flex straps were made of high purity metals and were well heat treated. A high thermal 



VIBRATION-FREE PULSE TUBE CRYOCOOLER, PART II 

6.0 

707 

5.5 
g 
"2" 5.0 

E 4.5 
0) 
Q. 
E 4.0 
0) 
I -
S, 3.5 
i5 
OT 3.0 
T3 

^ 2.5 

2.0 

60 Hz - O - Cold Stage 

- < ^ - V R Stage 

0.7W 

15W 20W 

30 35 40 45 50 

1st Stage Temperature [K] 
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conductivity of the braided wires is expected. The dominant thermal resistance is considered to 
come from the contact interface surfaces between the straps and the cold stages or the VR stages. 

Although the VR stages have some negative effect on the cooling performance, the cryocooler 
system is able to deliver a net cooling capacity of at least 15 W at 45 K together with 0.4 W at 4.2 K. 

VIBRATION OF VR STAGE 

The overall vibration of the 4 K pulse tube cryocooler system has been reported by Tomaru 
et al. in the proceeding article of this proceedings.* The focus of the present paper is on the dis
placement of the cold stages and the VR stages. 

Setup for Vibration Measurement 

Figure 4 illustrates the vibration measurement setup for the pulse tube cryocooler system. The 
rotary valve unit was mounted on the valve unit table. The weights of the cold head and the VR 
stages were separately supported by an upper flange supporting frame and a lower flange support
ing iiame. The displacement was measured by a laser displacement sensor (LC-2420, Keyence, 
Co.), which was rigidly held on the lower flange supporting frame. An air damper was employed 

IS degrees 

Upper Flange 
Supporting Frame 

Valve Unit 

Displacement 
Sensor 

Figure 4. Setup of vibration measurement for the pulse tube cryocooler system. 
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Figure 6. Displacement of the second VR stage for both cases of cryocooler turned on and turned off 

for isolating the vibration from the floor. The vibration was measured at room temperature, and the 
pressure oscillation in the cold head was monitored during the measurement. The data of the 
displacement and the pressure were acquired by a spectrum analyzer (OR24, Oros, SA) and a per
sonal computer. 

As shown in the Fig. 4, the vertical direction parallel to the pulse tubes was defined as the 
Z-axis, and the direction of 15 degrees rotated from the central axis of the cormecting tube was 
defined as the X-axis. 

Displacement of VR Stage 

The measurement results for the second VR stage displacement are shown in Figs. 5, 6 and 
Table 1. For comparison, the displacements for the second cold stage (measured with the same 
setup) are also illustrated and listed. The displacements of the cold stage were ±5.3|Lim, +5.7 |^m 
and +8.5 |Lim for the X, Y and Z directions, respectively. However, for the VR stage, the displace
ments for each axis were reduced down to less than + l^m. The details of the VR stage displace
ment are shown in Fig. 6 by enlarging the vertical axis of Fig. 5. Figure 6 illustrates the second VR 
stage displacements for the cases of the pulse tube cryocooler turned off and turned on; it also 
shows the pressure wave inside of the cold head. From Fig. 6, it is seen that there is a higher level 
noise mixed in the displacement data for both cases of the cryocooler turned on and turned off. 
Including this noise, the displacements of the second VR stage were +0.42 |j,m, ±0.65 |^m and 
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Table 1. Comparison of displacements between VR stage and cold stage (units: ^g). 
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Figure 7. Spectrums of the second VR stage displacement. 

±0.05 |im for the X, Y and Z directions, respectively. Especially for the Z-axis, there was almost 
no difference between the cases of the cryocooler turned on and turned off for the displacement. 
This means that the vibration of the VR stage in this direction has been successfully reduced to the 
backgrotmd vibration level. In this sense, it can be said that the cryocooler system has achieved a 
vibration-free level—at least in the Z direction. 

Figure 7 shows the spectrum of the displacements of the cold stage and the VR stage. For the 
cold stage, the peaks corresponding to the operating frequency (1.2 Hz) and its higher harmonics 
are sharp and high. For the VR stage, the peak at the operating frequency is still confirmed, but it 
is remarkably lower than that of the cold stage. The peak value for the Z-axis is 6.4 [xm for the cold 
stage at 1.2 Hz, but is only 10 nm for the VR stage. For the X and Y directions, the peak value at 
1.2 Hz is reduced from 2.6 |am to 0.12 t̂m and from 4.6 |xm to 0.31 |xm, respectively, 

Both the time series data and the spectrum data indicate that the vibration has been reduced by 
one to two orders of magnitude in the X and Y directions and by two to three orders of magnitude 
in the Z direction. The effect of the VR stage was somewhat less for the X and Y directions. It is 
hypothesized that this was caused by the coupling of the pulse tubes and regenerators, but clarifica
tion with require more detailed investigation in the future. 

Concerning the vibration of the first cold stage and the first VR stage, it was also evaluated in 
this work. Since the results for the first stages were similar to those for the second stages, they were 
not reported on in this paper. The displacements of the first stages, however, were much smaller 
because the length of the first-stage pulse tube and the first-stage regenerator are shorter. 

CONCLUSION 

A vibration-fi-ee pulse tube cryocooler system has been developed for gravitational wave de
tectors. In the cryocooler system, a commercially available 4 K pulse tube cryocooler has been 
employed. To achieve the necessary vibration reduction, three new components were introduced 
into the system. These included: (1) two vibration reduction stages, (2) a cold head supporting 
frame, and (3) a valve unit mounting table. 

Although the VR stages and the valve unit mounting table affect the cooling performance 
negatively, the cryocooler system was able to deliver a net cooling capacity of 15 W at 45 K and 
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0.4 W at 4.2 K, simultaneously. This provides a large cooling margin for the mirrors and vibration 
isolation components of the CLIO. 

The major components introduced by this work substantially reduced the vibration from the 
original 4 K pulse tube cryocooler. For X-axis and Y-axis, the displacement was reduced by one to 
two orders of magnitude, and was down to less than +l|um. In particular, for the Z-axis, the 
displacement was lowered to be less than ±0.05 (xm and was two to three orders of magnitude less 
than that of the original cryocooler. The vibration level of the system was as low as expected for the 
gravitational wave detectors in the CLIO. 
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ABSTRACT 

The thermodynamic design on two-stage refrigeration cycles is performed as one of several 
feasibility studies for the densified propellant technologies funded by the NASA Glenn Research 
Center. The refrigeration is required to increase the density of liquid oxygen and liquid hydrogen 
by subcooling to 65 K and 15 K, respectively, and to reduce the gross lift-off weight of a launch 
vehicle by up to 20%. The objective of this study is to seek the most efficient and economic two-
stage refrigeration cycle, which satisfies the specific cooling requirements at the two temperature 
levels so that both densified propellants can be supplied simultaneously on a scheduled launch 
countdown. Recuperative cycles such as Claude and reverse Brayton refrigeration can be 
modified for subcooling liquid oxygen and liquid hydrogen in a manner commonly used for large 
capacity flows at lower temperatures. It is proposed to use a hybrid or cascade cycle, combining 
recuperative heat exchangers, expander and Joule-Thomson (J-T) valve at 65 K and 15 K. A 
variety of two-stage cycles derived from J-T, reverse Brayton and Claude cycles are examined in 
this paper. The essential features and characteristics of selected hybrid two-stage cycles are 
reported through a rigorous thermodynamic analysis. Among the examined cycles, the two-stage 
reverse Brayton helium refrigeration system shows a very suitable possibility for cryogenic 
propellant densification technology. 

INTRODUCTION 

Since 2002, the Florida Solar Energy Center has conducted intensive research and 
development on cryogenic propellant densification technologies funded by NASA Glenn 
Research Center through the NASA Hydrogen Research at Florida Universities Program. By use 
of cryogenic propellants densification technologies, the single-stage-to-orbit (SSTO) and the 
reusable launch vehicles (RLV) become more attractive because of the reduced vehicle mass. 
The 8 ~ 10% denser cryogenic propellants at temperatures lower than those of the normal boiling 
point (NBP) can reduce the gross lift-off weight (GLOW) of a launch vehicle by up to 20% or 
increased pay load capability.' 

As an initial investigation, several promising densification systems were investigated based 
on various launch scenarios, and a rigorous thermodynamic analysis using real propellant 
properties was performed to suggest the most feasible and reliable system for the launch vehicle 
application.^ It turned out from the investigation that a combination of a thermodynamic venting 
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system (TVS) and a Claude refrigerator for each propellant showed promise of being a highly 
efficient system from a thermodynamic point of view, but the system becomes rather compli
cated. The TVS system or subatmospheric boiling bath heat exchanger technology requires an 
additional gas compressor to density NBP cryogenic propellants by lowering the vapor pressure. 
Furthermore, this technology requires two independent densification systems for liquid oxygen 
and liquid hydrogen, even though they may be suitable for large cooling power requirements. 

In this paper, it is suggested for thermodynamic efficiency and economic practice that a two-
stage refrigeration cycle be used to satisfy the specific cooling requirements at the two 
densification temperatures. The two-stage refrigeration cycle provides specific cooling powers at 
the two temperatures so that both densified propellants can be supplied simultaneously on a 
scheduled launch coimtdown. This technology is achievable by employing recuperative cycles 
such as the reverse Brayton and the Claude refrigeration cycle, which are commonly used for 
large capacity applications at lower temperatures. By designing a hybrid or cascade cycle with 
recuperative heat exchangers, expander, and Joule-Thomson valve, it is possible for us to provide 
the specific cooling requirements at specific densification temperatures at the same time. To 
verify the feasibilify and characteristics of this new concept, rigorous thermodynamic analyses 
have been performed for a variety of two-stage cycles using combinations of J-T, reverse 
Brayton and Claude cycles. 

IDEAL (REVERSIBLE) CYCLES 

For the case where two cooling temperatures and their cooling capacities are given, we can 
classify possible refrigeration systems into three main categories as shown in Fig. 1. Figure 1 (a) 
shows a 'Two single-stage coolers' system. Two separate cooling systems with two input powers 
provide the required cooling capacities at each cooling temperature. As the densification 
temperatures, 65K and 15K are selected for oxygen and hydrogen, respectively. Fig. 1(b) shows 
a 'One two-stage cooler' system that provides two independent cooling powers at two cooling 
temperatures and requires one input power. Also, the 'cascade cooler system' in Fig. 1(c) can be 
considered as one of the candidates for the two cooling temperatures and two cooling powers 
application. For ideal reversible refrigeration cycles, however, the minimum required input 
power should be the same for the three cases. By combining the energy and entropy balances, the 
minimum required work input for the three cases in Fig. 1 can be expressed as Eq. (1). 
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Figure 1. Ideal reversible cycles operating at two cooling temperatures; (a) two single-stage cooler 
system, (b) one two-stage cooler system, (c) cascade cooler system. 
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This implies that when we construct ideal cycles, any variation of system configuration 
does not affect the thermodynamic performances unless operating temperatures and cooling 
requirements are changed. In reality, however, there must be differences among them since their 
performances depend on thermodynamic and mechanical efficiencies of system components. For 
instance, system (a) and (c) in Fig. 1 have at least two work input components which is, in 
general, compressors. The requirement of two compressors to run the system may result in a 
more complicated, more expensive, less reliable, and less efficient system. On the other hand, 
system (b) in Fig. 1 can be operated by only one compressor, so that it has an inherent simplicity 
in system constitution. Furthermore, it can be a versatile system to provide various cooling 
powers at each cooling stage by controlling system design parameters such as work input, and 
cooling-power distribution ratios. Therefore, the choice of the appropriate refrigeration system 
and optimal operating condition based on both thermodynamic and practical considerations 
should be made at the design stage. 

TWO-STAGE COOLERS 

Figure 2 schematically shows a few simplified variations of the two-stage refrigeration 
cycle. Figure 2(a) depicts a two-stage reverse Brayton helium cycle. Two expanders are located 
at each densification stage to densify cryogenic propellants. The gas temperatures at the exits of 
the I*' and the 2"'' expander are required to be low enough to densify saturated cryogenic 
propellants. Since helium is maintained in a gaseous state at the exit of the 2"'' (lower temper
ature) expander, a dry expander can be used. The helium gas temperatures at the expander exits 
and the required cooling powers at each stage can be controlled by varying the mass flow 
fraction at the inlet of the first expander, the total mass flow rate in the compressor, and the 
compressor discharge pressure. Figure 2(b) shows another two-stage cooling cycle, a combi
nation of reverse Brayton and Claude cycles with a J-T expansion valve. Even if a Claude cycle 
is self explanatory that it uses an expander in the I'" stage and a J-T expansion valve in the 2"^ 
stage, this configuration is referred to as a two-stage reverse Brayton-Claude cycle in this paper 
because of the additional densification heat exchanger at the exit of the l'̂ ' stage expander. Since 
the isenthalpic process in the J-T expansion valve is a major source of irreversibility, a lower 
system efficiency is expected and a higher operating pressure is required. For hydrogen as a 
working fluid, we expect a benefit of obtaining subcooled liquid hydrogen at the exit of the J-T 
valve to enhance heat transfer in densifying saturated liquid hydrogen. Figures 2(c) and 2(d) 
depict more complicated combinations of reverse Brayton, J-T and Claude systems as references. 
These hybrid systems consist of both an expander at the liquid oxygen stage and a J-T expansion 
valve at the liquid hydrogen stage; this gives two independent helium or hydrogen cycles to take 
advantage of each system component. However, the system configurations tend to be 
complicated and maintenance issues can be evolved. Therefore, the two configurations in 
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Figure 2. Two-stage cooler variations; (a) two-stage reverse Brayton helium cycle, 
Brayton-Claude helium/hydrogen cycle, (c) combination of reverse Brayton helium and J-
cycle, (d) combination of reverse Brayton helium and Claude hydrogen cycle. 
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(b) reverse 
T hydrogen 

Figs. 2(a) and 2(b) are chosen in this paper to explore the possibility of using two-stage coolers 
to provide the required cooling powers at the required densification temperatures. 

Two-Stage Reverse Brayton Helium Cycle 

Based on the preliminary investigation on the required cooling power for various launch 
scenarios^, the cooling powers that are required to densify 1 kg/s of liquid hydrogen and 6 kg/s of 
liquid oxygen are fixed in the rest of thermodynamic analysis. These flow rates depend on 
cooling the propellants before the start of the loading process. If the densification occurs during 
vehicle load, the rates become much higher. The corresponding cooling powers are 48 kW at 
15 K and 268 kW at 65 K, respectively. In this analysis, discharge and suction pressures of the 
compressors are set to 2020 kPa and 101 kPa, respectively. The mass flow fraction at the inlet of 
the 1̂ ' expander, J, is defined as follows: 

y = - (2) 

Figure 3 shows results of the thermodynamic cycle analysis for the two-stage reverse 
Bra5^on helium cycle. In this analysis, computerized real properties of helium are used.^ 
Figures 3(a) and 3(b) show the required total mass flow rates of system and mass flow fractions 
at the inlet of the 1̂ ' expander as functions of densification stage temperatures. To obtain 65K 
and 15K of cold helium gas after the expanders at the densification stages, the system requires 
about 1.2 kg/s of total mass flowrate in the compressor and the mass flow fraction should be 
slightly over 50% of the total mass flow rate from Fig. 3(a) and (b). Figures 3(c) and 3(d) show 
the same results from a different angle of view. By changing the total mass flow rate of the 
system and the mass flow fraction, it is possible to get various densification temperatures at each 
stage for a fixed compressor discharge pressure. For a given total mass flow rate, the liquid 
oxygen densification temperature decreases as the mass flow fraction increases, since the mass 
flow rate expanded in the T' expander increases for a fixed cooling power. However, the liquid 
hydrogen densification temperature has a minimum value, because the liquid hydrogen 
densification temperature is affected by the liquid oxygen densification temperature and mass 
flow rate at the 2" stage at a fixed cooling power. In this analysis, the Figure of Merit 
(FOM: %Carnot) is calculated to be 0.54. 
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Figure 3. Selected analysis results of two-stage reverse Brayton helium cycle i?^.^^^^^^=2020 kPa, 
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Two-Stage Reverse Brayton-Claude Helium Cycle 

The same analysis was performed for the two-stage reverse Brayton-Claude helium cycle, and 
the results are shown in Fig. 4. Since this cycle includes a J-T expansion valve, the calculated total 
mass flow rates of the system to satisfy the required cooling power at a given densification tempera
ture are much higher than those of the two-stage reverse Brayton helium cycle for the same dis
charge pressure. In addition, available densification temperature ranges, in particular, for liquid 
oxygen are too low; thus, oxygen may be frozen or frosted in the heat exchanger. The same analy
ses were performed for higher and lower compressor discharge pressures, total mass flow rates, and 
mass flow fractions. In spite of intensive efforts to obtain better densification temperature ranges 
and operating conditions, this configuration seems to be inappropriate for this specific propellant 
densifier application. 

Two-Stage Reverse Brayton-Claude Hydrogen Cycle 

As in the previous analysis, real properties of hydrogen'' are incorporated into the reverse Bray
ton-Claude hydrogen cycle analysis. First, various ranges of compressor discharge pressures were 
explored to obtain appropriate operating conditions that satisfy specific cooling requirements. Fig
ure 5 shows that it is difficult for this hydrogen cycle to find the densification temperatures within 
a reasonable range. Again, the main reason for these imbalances is associated with the assumption 
that the ratio of cooling requirements associated with the ratio of mass flow rates of densified 
propellants (hydrogen: oxygen = 1:6) at each densification temperature are fixed. Also, the system 
efficiency becomes much lower than that of a two-stage reverse Brayton helium cycle because of 
the higher pressure ratio for J-T expansion. In addition, using hydrogen to cool oxygen in a heat 
exchanger has safety issues and may not be allowed at a launch site. 
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Figure 4. Selected analysis results of the two-stage reverse Brayton-Claude helium cycle. 
.charge"̂  ^^^O kPa, P^^^^^= 101 kPa, heat exchanger effectiveness = 0.95, expander efficiency = 0.8) 

From the thermodynamic analysis for the three two-stage refrigeration configurations, one of 
the best candidates for the cryogenic propellants densifier apphcation seems to be the two-stage 
reverse Brayton helium cycle. This configuration has many attractive advantages. For instance, it 
uses helium as the working fluid, which is one of the most common fluids in the cryogenic engi
neering industry. It consists of heat exchangers, a helium compressor, and expanders; thus, all these 
system components are commercially available. This configuration can be dedicated to both pro
pellants or to one of them independently. The cooling temperature and cooling power can be 
controlled by the operating pressure, the total mass flow rate and the mass flow fraction through 
the P ' expander. In addition, this cycle has proven to be scalable from the range of a few 
watts—for example, for the Bubble's Near Infrared Camera and Multi-Object Spectrometer 
(NICMOS) cooler—to a few kilowatts for particle accelerators, to many megawatts for large 
hydrogen liquefiers. In general, efficiency increases with increased capacity of the refrigera
tor due to increases in cycle complexity and greater efficiency in physically larger compressors 
and turbines. A useful rule of thumb to estimate the power required for hydrogen liquefiers is 
a simplified assumption of 2 kWh/100 scf for midsized units^, so 834 kW of cooling power would 
be required for liquefaction of 1 million scf/day of hydrogen. This rate of hydrogen production 
is available via methane reformers in skid mounted systems, and an efficient liquefier to handle this 
capacity may have a market demand as hydrogen power becomes widely accepted. For this reason, 
this configuration might be a very promising design concept for other liquid hydrogen applications 
such as liquid hydrogen stationary storage facility for hydrogen fuel infrastructure development. 

1 0.2 0.3 0.4 0.5 0.6 0.7 

Figure 5. Selected analysis results of two-stage reverse Brayton-Claude hydrogen cycle. 
(Pjj: compressor discharge pressure, heat exchanger effectiveness=0.95, expander efficiency=0.8) 
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Table 1. Comparison of therniodynamic performances between selected two single-stage cycles 
and one two-stage cycle. 

Propellant System Power required POM 

Hydrogen 
(lkg/s,48kW@15K) 

Oxygen 
(6kg/s, 268kW@ 65K) 

Total 

TVS+Claude cycle 

TVS+Claude cycle 

Two single-stage cycles 3106 kW 

1408 kW 0.648 
(COPideal= 0.053) 

698 kW 0.571 
(COPid,ai= 0.277) 

Hydrogen(lkg/s)+Oxygen(6kg/s) One two-stage 3990 kW 
reverse Brayton helium cycle 

-0.54 

This cycle is also a candidate for a combined hydrogen and oxygen liquefier for use on the surface 
of the moon or Mars, if a water source is found. One of the main concerns in realizing this concept 
would be obtaining appropriate expanders that provide specific cooling requirements. 

COMPARISON WITH SINGLE-STAGE COOLERS 

In the previous section, three two-stage systems were examined to suggest an appropriate 
cooling system for cryogenic densified propellants. In the recent report by authors^, similar 
thermodjTiamic analyses were performed for various single-stage coolers for the same applica
tion. Now, it becomes interesting to compare their performance with that of two single-stage 
coolers for the same cooling requirements and densification temperatures. The detailed system 
configurations for various single-stage coolers can be found in the reference^, and the final 
analysis results are discussed in this paper. Table 1 shows a comparison of the thermodynamic 
performance of the two single-stage cycles with that of one two-stage reverse Brayton helium 
cycle. In the analysis of the single-stage cycle, the same required cooling power and densifica
tion temperature are used. For both hydrogen and oxygen densification, a combination of ther
modynamic venting system (TVS) and Claude cycle produces the best performance among 
selected single-stage systems. The total power required to operate independent hydrogen and 
oxygen systems becomes about 3 MW to densify 1 kg/s of liquid hydrogen and 6 kg/s of liquid 
oxygen. This value is comparable with the power required to operate the two-stage reverse 
Brayton cycle. For the same cooling requirements, the two-stage reverse Brayton helium cycle 
needs about 4 MW of work input and the overall system efficiency is about 54% of Carnot 
COP. Even if the two-stage cycle shows a slightly lower thermodynamic performance, it has 
considerable advantages over the combination of TVS and Claude cycle in reality regarding 
system reliability and potential safety concerns as listed in Table 2. 

Table 2. System characteristics comparison. 

Two single-stage TVS + Claude systems One two-stage reverse Brayton helium system 

Two II2 and N2 compressors for main cycles 

Additional gas compressors for TVS are required 

J-T expansion valve : potential clogging 

H2 is used in main cycle 

Liquid-to-liquid heat transfer in densification 

One He compressor for main cycle 

No gas compressor for TVS is needed 

Gas expanders 

Hj is used in densification heat exchanger 

Gas-to-liquid heat transfer in densification 
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CONCLUSIONS 

A two-stage hybrid refrigeration system is suggested to provide the most efficient, reliable and 
economic densification system for launch vehicle applications. A variety of hybrid systems, com
bining recuperative heat exchangers, expander and J-T expansion valve were examined by a rigor
ous thermodynamic analysis. In the analysis, three hybrid systems were selected based on their 
essential features and practical considerations to demonstrate system feasibilities. Thermodynamic 
cycle simulations using real fluid properties were performed for two-stage reverse Brayton helium 
system, two-stage reverse Brayton-Claude helium system and two-stage reverse Brayton-Claude 
hydrogen system. As a result, it is concluded that the two-stage reverse Brayton helium refrigera
tion system shows a very suitable possibility for the cryogenic propellant densification technology, 
and its feasibility in practical should be proved by a physical demonstration. 
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